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讀完本章後，你將能夠

 ■ 辨認各類的渦輪機與泵，並了解它們

的運作方式。

 ■ 應用因次分析設計與既有泵或渦輪機

在幾何上相似的新渦輪機或泵。

 ■ 對進出渦輪機或泵的流體，進行基本

的向量分析。

 ■ 使用比速度的方法，用於泵和渦輪機

的初步設計與選用。

14輪機機械
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T U R B O M A C H I N E RY

In this chapter we discuss the basic principles of a common and impor-
tant application of fluid mechanics, turbomachinery. First we classify 
turbomachines into two broad categories, pumps and turbines. Then we 

discuss both of these turbomachines in more detail, mostly qualitatively, 
explaining the basic principles of their operation. We emphasize prelimi-
nary design and overall performance of turbomachines rather than detailed 
design. In addition, we discuss how to properly match the requirements of 
a fluid flow system to the performance characteristics of a turbomachine. 
A significant portion of this chapter is devoted to turbomachinery scaling 
laws—a practical application of dimensional analysis. We show how the 
scaling laws are used in the design of new turbomachines that are geometri-
cally similar to existing ones.
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OBJECTIVES

When you finish reading this chapter, you 
should be able to

■ Identify various types of pumps 
and turbines, and understand 
how they work

■ Apply dimensional analysis to 
design new pumps or turbines 
that are geometrically similar to 
existing pumps or turbines

■ Perform basic vector analysis of 
the flow into and out of pumps 
and turbines

■ Use specific speed for 
preliminary design and selection 
of pumps and turbines

     CHAPTER

The jet engines on modern commercial airplanes 
are highly complex turbomachines that include 
both pump (compressor) and turbine sections.
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現代商用飛機的噴射引擎是非常複雜的輪機機

械，其中包含泵 (壓縮機) 和渦輪機兩部分。
© Stockbyte/PunchStock RF

在 本章中將以基本原理，討論流體力學應用於常用且重要的輪機機械。首

先，將輪機機械分類成渦輪機與泵兩大類，然後較為詳細的討論這兩類輪

機設備，解釋其運作的基本原理。我們將重點放在輪機機械的初步設計與整體性能

上，而非其詳細設計；並且討論如何將輪機機械的性能特性，正確的配合流體系統

的需求。本章以較多篇幅用於說明輪機機械的比例定律－因次分析的實務應用，

並示範比例定律用於設計一個與既有設備是幾何相似的新輪機機械。

學習目標



2 流 體 力 學

14-1　分類及專有名詞

首先將輪機機械分為兩大類，泵與渦輪機。在此，泵這個

字在通用術語中，指的是可對流體提供能量的流體機械，故泵

常被作者稱為吸收能量的設備。泵吸收能量後，再經由旋轉軸

部件，將大部分的能量傳遞給流體 (圖14-1a)，而流體所增加

的能量通常為流體的增壓。另一方面，渦輪機則為能量產生設

備，通常是以一旋轉軸的方式 (圖14-1b)，從流經渦輪機的流體

提取能量，將大部分的能量以某種機械能的方式傳遞輸出。流

體在渦輪機出口處的能量低於入口值，其能量損失通常以壓力

的損失表示。

一般人可能會認為，能量提供給泵，會增加流經泵的流

速，或是渦輪機從流經的流體中提取能量會降低流體的流速，

但這種情況並非一定會產生。當考量將泵的周圍視為控制容積

(圖14-2)，假設為穩定條件，則無論是質量流率還是旋轉葉片的

轉速都不會隨時間變化 (泵內鄰近旋轉葉片的流場是不穩定的，

但控制容積的分析不涉及內部的變化細節)。由質量守恆得知，

進入泵的質量流率要等於離開泵的質量流率，如果流體是不可

壓縮流，泵的進出口流體的體積流率也會是相同的。進一步

說，若是出口與入口的管徑是相同的，根據質量守恆原理，出

口流體的平均流速與入口流體的平均流速必須是相等的。換句話說，泵不一定會增

加流體通過泵的流速，而是會增加流體的壓力。當然若將泵關閉時就不會有流體流

動，因此若是相比於在系統中沒有泵的情況下，泵的確會增加流體的速度。然而，

在泵的入出口變化方面，流體的速度並不一定增加 (如果出口的管徑較入口的管徑

大，出口流速甚至可能比入口流速低)。

泵的目的是提供能量給流體，從而增加流體的壓力，不一定會增加流經泵的

流體的流速。

相似地，對渦輪機來說：

渦輪機的目的是從流體中提取能量，進而造成流體的壓力降，不一定會降低

流經渦輪機的流體的流速。

移動流體的流體機械被稱為泵，但移動氣體的流體機械卻有好幾種其它名稱

(圖14-3)。風扇為一種能建立低壓差和高流量的氣體泵，例如天花板風扇、室內風

圖 14-1　(a) 泵提供能量給流體，(b)
渦輪機從流體提取能量。
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14–1 ■  CLASSIFICATIONS AND TERMINOLOGY
There are two broad categories of turbomachinery, pumps and turbines. 
The word pump is a general term for any fluid machine that adds energy to 
a fluid. Some authors call pumps energy absorbing devices since energy is 
supplied to them, and they transfer most of that energy to the fluid, usually 
via a rotating shaft (Fig. 14–1a). The increase in fluid energy is usually felt 
as an increase in the pressure of the fluid. Turbines, on the other hand, are 
energy producing devices—they extract energy from the fluid and transfer 
most of that energy to some form of mechanical energy output, typically in 
the form of a rotating shaft (Fig. 14–1b). The fluid at the outlet of a turbine 
suffers an energy loss, typically in the form of a loss of pressure.
 An ordinary person may think that the energy supplied to a pump 
increases the speed of fluid passing through the pump and that a turbine 
extracts energy from the fluid by slowing it down. This is not necessar-
ily the case. Consider a control volume surrounding a pump (Fig. 14–2). 
We assume steady conditions. By this we mean that neither the mass flow 
rate nor the rotational speed of the rotating blades changes with time. (The 
detailed flow field near the rotating blades inside the pump is not steady of 
course, but control volume analysis is not concerned with details inside the 
control volume.) By conservation of mass, we know that the mass flow rate 
into the pump must equal the mass flow rate out of the pump. If the flow is 
incompressible, the volume flow rates at the inlet and outlet must be equal 
as well. Furthermore, if the diameter of the outlet is the same as that of the 
inlet, conservation of mass requires that the average speed across the outlet 
must be identical to the average speed across the inlet. In other words, the 
pump does not necessarily increase the speed of the fluid passing through 
it; rather, it increases the pressure of the fluid. Of course, if the pump were 
turned off, there might be no flow at all. So, the pump does increase fluid 
speed compared to the case of no pump in the system. However, in terms 
of changes from the inlet to the outlet across the pump, fluid speed is not 
necessarily increased. (The output speed may even be lower than the input 
speed if the outlet diameter is larger than that of the inlet.)

The purpose of a pump is to add energy to a fluid, resulting in an increase 
in fluid pressure, not necessarily an increase of fluid speed across 
the pump.

An analogous statement is made about the purpose of a turbine:

The purpose of a turbine is to extract energy from a fluid, resulting in a 
decrease of fluid pressure, not necessarily a decrease of fluid speed across 
the turbine.

 Fluid machines that move liquids are called pumps, but there are several 
other names for machines that move gases (Fig. 14–3). A fan is a gas pump 
with relatively low pressure rise and high flow rate. Examples include ceil-
ing fans, house fans, and propellers. A blower is a gas pump with relatively 
moderate to high pressure rise and moderate to high flow rate. Examples 
include centrifugal blowers and squirrel cage blowers in automobile ven-
tilation systems, furnaces, and leaf blowers. A compressor is a gas pump 
designed to deliver a very high pressure rise, typically at low to moderate 
flow rates. Examples include air compressors that run pneumatic tools and 
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FIGURE 14–1
(a) A pump supplies energy to a fluid, 
while (b) a turbine extracts energy 
from a fluid.
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FIGURE 14–2
For the case of steady flow, 
conservation of mass requires that 
the mass flow rate out of a pump 
must equal the mass flow rate into the 
pump; for incompressible flow with 
equal inlet and outlet cross-sectional 
areas (Dout � Din), we conclude that 
Vout � Vin, but Pout � Pin.
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FIGURE 14–3
When used with gases, pumps are 
called fans, blowers, or compressors, 
depending on the relative values of 
pressure rise and volume flow rate.
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圖  14-2　穩定流動下，進入泵的
質量流率須等於泵出口的質量流

率以符合質量守恆；對於不可壓縮

流且泵的入出口之截面積相同時

(Dout =Din)，可得結論 Vout =Vin，但
Pout >Pin。
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第 14 章　輪機機械 3

扇、螺旋槳等。風機是一種能建立中至高壓差，以及中至高流

量的氣體泵。實例包括離心式風機、汽車通風系統的鼠籠式風

機及葉片式風機。壓縮機則是一種能建立高壓差的氣體泵，流

量通常是低至中。實例包括空氣壓縮機運用在氣壓工具，和汽

車服務站的輪胎充氣機，以及熱泵、冰箱和空調機上所使用的

冷媒壓縮機。

一般而言，由旋轉軸供給或是提取能量的泵或渦輪機，皆

被稱作為輪機機械，輪機機械中的字首 turbo，在拉丁文中即為

“旋轉”的意思。然而，並非所有泵與渦輪機皆運用旋轉軸，

例如自行車輪胎充氣的手動空氣泵就是一個例子 (圖 14-4a)，這

種類型的泵是由柱塞或活塞上下往復運動來取代旋轉軸，與其

稱它為輪機機械，更適合稱為流體機械。老式的水井泵就是用

類似的原理方式來抽水而非空氣 (圖 14-4b)。然而文獻中，輪機

機械一詞不論其是利用旋轉軸，通常被泛指所有類型的泵和渦

輪機。

流體機械也可以根據能量傳遞的方式，大致上分類為正位

移式機械與動力式機械。在正位移式機械中，流體被引入到一

個密閉容積，能量傳遞給流體是藉由移動密閉容積的邊界來完

成，造成容積的膨脹或收縮，從而汲取或擠出流體。心臟即是

正位移式泵的最好例子 (圖 14-5a)，它是一個具有單向閥的設

計，當心臟膨脹時，閥門打開讓血液流入；當心臟壓縮時，另一單向閥打開讓血液

流出。另一個正位移式渦輪機的實例則是家中的水錶 (圖 14-5b)，水流進入一個密

閉膨脹腔體，將由一個旋轉軸的轉動將水引入；接著容積邊界縮小，旋轉軸繼續轉

圖  14-3　當工作流體為氣體時，
泵被稱為風扇、風機或壓縮機，這

取決於其建立的壓差與體積流率而

定。
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風扇 風機 壓縮機

低 中 高

高 中 低

圖 14-4　不是所有的泵都具有旋轉
軸；(a) 藉由人手臂上下運動，將
能量提供給一個手動的打氣筒；(b) 
老式的水井泵具有類似的機制來打

水。
(a) Photo by Andrew Cimbala, with 
permission. (b) © Bear Dancer 
Studios/Mark Dierker.
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inflate tires at automobile service stations, and refrigerant compressors used 
in heat pumps, refrigerators, and air conditioners.
 Pumps and turbines in which energy is supplied or extracted by a rotat-
ing shaft are properly called turbomachines, since the Latin prefix turbo 
means “spin.” Not all pumps or turbines utilize a rotating shaft, however. 
The hand-operated air pump you use to inflate the tires of your bicycle is 
a prime example (Fig. 14–4a). The up and down reciprocating motion of a 
plunger or piston replaces the rotating shaft in this type of pump, and it is 
more proper to call it simply a fluid machine instead of a turbomachine. 
An old-fashioned well pump operates in a similar manner to pump water 
instead of air (Fig. 14–4b). Nevertheless, the words turbomachine and tur-
bomachinery are often used in the literature to refer to all types of pumps 
and turbines regardless of whether they utilize a rotating shaft or not.
 Fluid machines may also be broadly classified as either positive-displace-
ment machines or dynamic machines, based on the manner in which energy 
transfer occurs. In positive-displacement machines, fluid is directed into a 
closed volume. Energy transfer to the fluid is accomplished by movement 
of the boundary of the closed volume, causing the volume to expand or 
contract, thereby sucking fluid in or squeezing fluid out, respectively. Your 
heart is a good example of a positive-displacement pump (Fig. 14–5a). It 
is designed with one-way valves that open to let blood in as heart cham-
bers expand, and other one-way valves that open as blood is pushed out of 
those chambers when they contract. An example of a positive-displacement 
turbine is the common water meter in your house (Fig. 14–5b), in which 
water forces itself into a closed chamber of expanding volume connected to 
an output shaft that turns as water enters the chamber. The boundary of the 
volume then collapses, turning the output shaft some more, and letting the 
water continue on its way to your sink, shower, etc. The water meter records 
each 360° rotation of the output shaft, and the meter is precisely calibrated 
to the known volume of fluid in the chamber.

FIGURE 14–4
Not all pumps have a rotating shaft; 

(a) energy is supplied to this manual 
tire pump by the up and down motion 

of a person’s arm to pump air; (b) a 
similar mechanism is used to pump 

water with an old-fashioned 
well pump.

(a) Photo by Andrew Cimbala, with permission. 
(b) © Bear Dancer Studios/Mark Dierker.

(a) (b)

FIGURE 14–5
(a) The human heart is an example of 

a positive-displacement pump; 
blood is pumped by expansion 

and contraction of heart chambers 
called ventricles. (b) The common 

water meter in your house is an 
example of a positive-displacement 

turbine; water fills and exits a 
chamber of known volume for each 

revolution of the output shaft.
(b) Courtesy of Badger Meter, Inc. 

Used by permission.(a) (b)
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圖 14-5　(a) 人的心臟是一個正位
移式的泵；血液藉由心臟心室的舒

張和收縮來輸送。(b) 家用的水錶
是一個正位移式的渦輪機；水充滿

已知體積的腔體然後離開，輸出軸

即轉動一圈。
(b) Courtesy of Badger Meter, Inc. 
Used by permission.
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and turbines regardless of whether they utilize a rotating shaft or not.
 Fluid machines may also be broadly classified as either positive-displace-
ment machines or dynamic machines, based on the manner in which energy 
transfer occurs. In positive-displacement machines, fluid is directed into a 
closed volume. Energy transfer to the fluid is accomplished by movement 
of the boundary of the closed volume, causing the volume to expand or 
contract, thereby sucking fluid in or squeezing fluid out, respectively. Your 
heart is a good example of a positive-displacement pump (Fig. 14–5a). It 
is designed with one-way valves that open to let blood in as heart cham-
bers expand, and other one-way valves that open as blood is pushed out of 
those chambers when they contract. An example of a positive-displacement 
turbine is the common water meter in your house (Fig. 14–5b), in which 
water forces itself into a closed chamber of expanding volume connected to 
an output shaft that turns as water enters the chamber. The boundary of the 
volume then collapses, turning the output shaft some more, and letting the 
water continue on its way to your sink, shower, etc. The water meter records 
each 360° rotation of the output shaft, and the meter is precisely calibrated 
to the known volume of fluid in the chamber.

FIGURE 14–4
Not all pumps have a rotating shaft; 

(a) energy is supplied to this manual 
tire pump by the up and down motion 

of a person’s arm to pump air; (b) a 
similar mechanism is used to pump 

water with an old-fashioned 
well pump.

(a) Photo by Andrew Cimbala, with permission. 
(b) © Bear Dancer Studios/Mark Dierker.

(a) (b)

FIGURE 14–5
(a) The human heart is an example of 

a positive-displacement pump; 
blood is pumped by expansion 

and contraction of heart chambers 
called ventricles. (b) The common 

water meter in your house is an 
example of a positive-displacement 

turbine; water fills and exits a 
chamber of known volume for each 

revolution of the output shaft.
(b) Courtesy of Badger Meter, Inc. 

Used by permission.(a) (b)
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4 流 體 力 學

動，使水持續流向家裡的水槽及蓮蓬頭等。當水流體流經過水

錶，水錶密閉腔體的體積已知，輸出軸每旋轉一圈 (360°) 時，

水錶就可準確記錄一次水的流量。

動力機械沒有密閉的容積，而是由旋轉葉片來提供或提取

能量給流體。對於泵而言，這些旋轉的葉片稱為葉輪葉片，而

對於渦輪機，旋轉的葉片稱為動輪葉片或轉桶 (buckets)。動力

式泵的實例包括封閉式泵與管路泵(葉片周圍有殼體包覆的泵，

例如汽車引擎的水泵)，與開放式泵(沒有殼體的泵，例如吊扇和

飛機或直昇機上的螺旋槳)。動力式渦輪機的實例包括封閉式渦

輪機，例如水力發電廠中從水提取能量的水輪機；及開放式渦

輪機，如風力渦輪從風中提取能量 (圖 14-6)。

14-2　泵

在分析泵的效率時會使用到一些基本的參數，泵流體的質

量流率  ⋅m 即為一個顯著的主要性能參數。對於不可壓縮流，更

普遍的是使用體積流率而非質量流率，在輪機機械工業中，體

積流率被稱為容量，是由質量流率除以流體密度所表示，

體積流率 (容量)： 
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 In dynamic machines, there is no closed volume; instead, rotating blades 
supply or extract energy to or from the fluid. For pumps, these rotating 
blades are called impeller blades, while for turbines, the rotating blades 
are called runner blades or buckets. Examples of dynamic pumps include 
enclosed pumps and ducted pumps (those with casings around the blades 
such as the water pump in your car’s engine), and open pumps (those with-
out casings such as the ceiling fan in your house, the propeller on an air-
plane, or the rotor on a helicopter). Examples of dynamic turbines include 
enclosed turbines, such as the hydroturbine that extracts energy from water 
in a hydroelectric dam, and open turbines such as the wind turbine that 
extracts energy from the wind (Fig. 14–6).

14–2 ■ PUMPS
Some fundamental parameters are used to analyze the performance of 
a pump. The mass flow rate m

.
 of fluid through the pump is an obvious 

primary pump performance parameter. For incompressible flow, it is more 
common to use volume flow rate rather than mass flow rate. In the tur-
bomachinery industry, volume flow rate is called capacity and is simply 
mass flow rate divided by fluid density,

Volume flow rate (capacity): V
#
5

m#

r
 (14–1)

The performance of a pump is characterized additionally by its net head H, 
defined as the change in Bernoulli head between the inlet and outlet of the 
pump,

Net head: H 5 a P
rg
1

V 2

2g
1 zb

out

2 a P
rg
1

V 2

2g
1 zb

in

 (14–2)

The dimension of net head is length, and it is often listed as an equivalent 
column height of water, even for a pump that is not pumping water.
 For the case in which a liquid is being pumped, the Bernoulli head at the 
inlet is equivalent to the energy grade line at the inlet, EGLin, obtained by 
aligning a Pitot probe in the center of the flow as illustrated in Fig. 14–7. 
The energy grade line at the outlet EGLout is obtained in the same manner, 
as also illustrated in the figure. In the general case, the outlet of the pump 
may be at a different elevation than the inlet, and its diameter and average 
speed may not be the same as those at the inlet. Regardless of these differ-
ences, net head H is equal to the difference between EGLout and EGLin,

Net head for a liquid pump: H 5 EGLout 2 EGLin

 Consider the special case of incompressible flow through a pump in 
which the inlet and outlet diameters are identical, and there is no change in 
elevation. Equation 14–2 reduces to

Special case with Dout � Din and zout � zin: H 5
Pout 2 Pin

rg

For this simplified case, net head is simply the pressure rise across the pump 
expressed as a head (column height of the fluid).

FIGURE 14–6
A wind turbine is a good example of a 
dynamic machine of the open type; air 
turns the blades, and the output shaft 
drives an electric generator.
The Wind Turbine Company. Used by permission.
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 (14-1)

此外，泵的性能特徵還可用淨水頭 H 表示，定義為泵入出口之

間的伯努利水頭之變化。

淨水頭： 
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 In dynamic machines, there is no closed volume; instead, rotating blades 
supply or extract energy to or from the fluid. For pumps, these rotating 
blades are called impeller blades, while for turbines, the rotating blades 
are called runner blades or buckets. Examples of dynamic pumps include 
enclosed pumps and ducted pumps (those with casings around the blades 
such as the water pump in your car’s engine), and open pumps (those with-
out casings such as the ceiling fan in your house, the propeller on an air-
plane, or the rotor on a helicopter). Examples of dynamic turbines include 
enclosed turbines, such as the hydroturbine that extracts energy from water 
in a hydroelectric dam, and open turbines such as the wind turbine that 
extracts energy from the wind (Fig. 14–6).

14–2 ■ PUMPS
Some fundamental parameters are used to analyze the performance of 
a pump. The mass flow rate m

.
 of fluid through the pump is an obvious 

primary pump performance parameter. For incompressible flow, it is more 
common to use volume flow rate rather than mass flow rate. In the tur-
bomachinery industry, volume flow rate is called capacity and is simply 
mass flow rate divided by fluid density,

Volume flow rate (capacity): V
#
5

m#

r
 (14–1)

The performance of a pump is characterized additionally by its net head H, 
defined as the change in Bernoulli head between the inlet and outlet of the 
pump,

Net head: H 5 a P
rg
1

V 2

2g
1 zb

out

2 a P
rg
1

V 2

2g
1 zb

in

 (14–2)

The dimension of net head is length, and it is often listed as an equivalent 
column height of water, even for a pump that is not pumping water.
 For the case in which a liquid is being pumped, the Bernoulli head at the 
inlet is equivalent to the energy grade line at the inlet, EGLin, obtained by 
aligning a Pitot probe in the center of the flow as illustrated in Fig. 14–7. 
The energy grade line at the outlet EGLout is obtained in the same manner, 
as also illustrated in the figure. In the general case, the outlet of the pump 
may be at a different elevation than the inlet, and its diameter and average 
speed may not be the same as those at the inlet. Regardless of these differ-
ences, net head H is equal to the difference between EGLout and EGLin,

Net head for a liquid pump: H 5 EGLout 2 EGLin

 Consider the special case of incompressible flow through a pump in 
which the inlet and outlet diameters are identical, and there is no change in 
elevation. Equation 14–2 reduces to

Special case with Dout � Din and zout � zin: H 5
Pout 2 Pin

rg

For this simplified case, net head is simply the pressure rise across the pump 
expressed as a head (column height of the fluid).

FIGURE 14–6
A wind turbine is a good example of a 
dynamic machine of the open type; air 
turns the blades, and the output shaft 
drives an electric generator.
The Wind Turbine Company. Used by permission.
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 (14-2)

淨水頭的單位為長度，即使泵的工作流體並不是水，通常仍以

等效的水柱高度來表示。

當液體被泵引入時，入口的伯努利水頭相當於入口的能

量坡度線 EGLin，可由皮托管置於入口流體中心平行於流場

而得，如圖 14-7 所示；而以同樣方法可得出口處的能量坡度

線 EGLout。在一般的情況下，泵的出口與入口的高度可能不相

同，管徑和平均流速或也不相同，但無論如何，淨水頭 H 等於 

EGLout 與 EGLin 之間的差，

水泵的淨水頭： H=EGLout−EGLin 

圖 14-6　風力渦輪機是開放式動力
機械的好實例，由風力轉動葉片，

然後以輸出軸驅動發電機。
The Wind Turbine Company. Used by 
permission.
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 In dynamic machines, there is no closed volume; instead, rotating blades 
supply or extract energy to or from the fluid. For pumps, these rotating 
blades are called impeller blades, while for turbines, the rotating blades 
are called runner blades or buckets. Examples of dynamic pumps include 
enclosed pumps and ducted pumps (those with casings around the blades 
such as the water pump in your car’s engine), and open pumps (those with-
out casings such as the ceiling fan in your house, the propeller on an air-
plane, or the rotor on a helicopter). Examples of dynamic turbines include 
enclosed turbines, such as the hydroturbine that extracts energy from water 
in a hydroelectric dam, and open turbines such as the wind turbine that 
extracts energy from the wind (Fig. 14–6).

14–2 ■ PUMPS
Some fundamental parameters are used to analyze the performance of 
a pump. The mass flow rate m

.
 of fluid through the pump is an obvious 

primary pump performance parameter. For incompressible flow, it is more 
common to use volume flow rate rather than mass flow rate. In the tur-
bomachinery industry, volume flow rate is called capacity and is simply 
mass flow rate divided by fluid density,

Volume flow rate (capacity): V
#
5

m#

r
 (14–1)

The performance of a pump is characterized additionally by its net head H, 
defined as the change in Bernoulli head between the inlet and outlet of the 
pump,

Net head: H 5 a P
rg
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 (14–2)

The dimension of net head is length, and it is often listed as an equivalent 
column height of water, even for a pump that is not pumping water.
 For the case in which a liquid is being pumped, the Bernoulli head at the 
inlet is equivalent to the energy grade line at the inlet, EGLin, obtained by 
aligning a Pitot probe in the center of the flow as illustrated in Fig. 14–7. 
The energy grade line at the outlet EGLout is obtained in the same manner, 
as also illustrated in the figure. In the general case, the outlet of the pump 
may be at a different elevation than the inlet, and its diameter and average 
speed may not be the same as those at the inlet. Regardless of these differ-
ences, net head H is equal to the difference between EGLout and EGLin,

Net head for a liquid pump: H 5 EGLout 2 EGLin

 Consider the special case of incompressible flow through a pump in 
which the inlet and outlet diameters are identical, and there is no change in 
elevation. Equation 14–2 reduces to

Special case with Dout � Din and zout � zin: H 5
Pout 2 Pin

rg

For this simplified case, net head is simply the pressure rise across the pump 
expressed as a head (column height of the fluid).

FIGURE 14–6
A wind turbine is a good example of a 
dynamic machine of the open type; air 
turns the blades, and the output shaft 
drives an electric generator.
The Wind Turbine Company. Used by permission.
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圖 14-7　泵的淨水頭 H 定義為從
泵的入口到出口伯努利水頭的變

化，流體為液體時，H 就等於能量
坡度線於任意基準平面時的變化，
H =EGLout −EGLin；bph 稱為制動
馬力，為供給泵的外部功率。
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 Net head is proportional to the useful power actually delivered to the 
fluid. It is traditional to call this power the water horsepower, even if the 
fluid being pumped is not water, and even if the power is not measured in 
units of horsepower. By dimensional reasoning, we must multiply the net 
head of Eq. 14–2 by mass flow rate and gravitational acceleration to obtain 
dimensions of power. Thus,

Water horsepower: W
#

water horsepower 5 m# gH 5 rgV
#
H (14–3)

All pumps suffer from irreversible losses due to friction, internal leakage, 
flow separation on blade surfaces, turbulent dissipation, etc. Therefore, the 
mechanical energy supplied to the pump must be larger than W

.
water horsepower. 

In pump terminology, the external power supplied to the pump is called the 
brake horsepower, which we abbreviate as bhp. For the typical case of a 
rotating shaft supplying the brake horsepower,

Brake horsepower: bhp 5 W
#

shaft 5 vTshaft (14–4)

where � is the rotational speed of the shaft (rad/s) and Tshaft is the torque 
supplied to the shaft. We define pump efficiency �pump as the ratio of useful 
power to supplied power,

Pump efficiency: hpump 5
W
#

water horsepower

W
#

shaft

5
W
#

water horsepower

bhp
5
rgV

#
H

vTshaft

 (14–5)

Pump Performance Curves and Matching 
a Pump to a Piping System
The maximum volume flow rate through a pump occurs when its net head 
is zero, H � 0; this flow rate is called the pump’s free delivery. The free 
delivery condition is achieved when there is no flow restriction at the pump 
inlet or outlet—in other words when there is no load on the pump. At this 
operating point, V

.
 is large, but H is zero; the pump’s efficiency is zero 

because the pump is doing no useful work, as is clear from Eq. 14–5. At 
the other extreme, the shutoff head is the net head that occurs when the 
volume flow rate is zero, V

.
 � 0, and is achieved when the outlet port of 

the pump is blocked off. Under these conditions, H is large but V
.
 is zero; 

the pump’s efficiency (Eq. 14–5) is again zero, because the pump is doing 
no useful work. Between these two extremes, from shutoff to free delivery, 
the pump’s net head may increase from its shutoff value somewhat as the 
flow rate increases, but H must eventually decrease to zero as the volume 
flow rate increases to its free delivery value. The pump’s efficiency reaches 
its maximum value somewhere between the shutoff condition and the free 
delivery condition; this operating point of maximum efficiency is appropri-
ately called the best efficiency point (BEP), and is notated by an asterisk 
(H*, V

.
*, bhp*). Curves of H, �pump, and bhp as functions of V

.
 are called 

pump performance curves (or characteristic curves, Chap. 8); typical 
curves at one rotational speed are plotted in Fig. 14–8. The pump perfor-
mance curves change with rotational speed.
 It is important to realize that for steady conditions, a pump can operate 
only along its performance curve. Thus, the operating point of a piping 

�

H

 (z = 0)

EGLoutEGLin bhp

Pout

Vout

Pin

Vin
zin

zout

Din

Dout

FIGURE 14–7
The net head of a pump, H, is defined 
as the change in Bernoulli head from 

inlet to outlet; for a liquid, this is 
equivalent to the change in the energy 

grade line, H � EGLout � EGLin, 
relative to some arbitrary datum plane; 

bhp is the brake horsepower, the 
external power supplied to the pump.
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第 14 章　輪機機械 5

考慮不可壓縮流之特殊情況，泵的入出口管徑相同且高度亦相同時，化簡式 

(14-2) 為

在 Dout =Din，zout = zin 的特殊情況： 

790
TURBOMACHINERY

 In dynamic machines, there is no closed volume; instead, rotating blades 
supply or extract energy to or from the fluid. For pumps, these rotating 
blades are called impeller blades, while for turbines, the rotating blades 
are called runner blades or buckets. Examples of dynamic pumps include 
enclosed pumps and ducted pumps (those with casings around the blades 
such as the water pump in your car’s engine), and open pumps (those with-
out casings such as the ceiling fan in your house, the propeller on an air-
plane, or the rotor on a helicopter). Examples of dynamic turbines include 
enclosed turbines, such as the hydroturbine that extracts energy from water 
in a hydroelectric dam, and open turbines such as the wind turbine that 
extracts energy from the wind (Fig. 14–6).

14–2 ■ PUMPS
Some fundamental parameters are used to analyze the performance of 
a pump. The mass flow rate m

.
 of fluid through the pump is an obvious 

primary pump performance parameter. For incompressible flow, it is more 
common to use volume flow rate rather than mass flow rate. In the tur-
bomachinery industry, volume flow rate is called capacity and is simply 
mass flow rate divided by fluid density,

Volume flow rate (capacity): V
#
5

m#

r
 (14–1)

The performance of a pump is characterized additionally by its net head H, 
defined as the change in Bernoulli head between the inlet and outlet of the 
pump,

Net head: H 5 a P
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 (14–2)

The dimension of net head is length, and it is often listed as an equivalent 
column height of water, even for a pump that is not pumping water.
 For the case in which a liquid is being pumped, the Bernoulli head at the 
inlet is equivalent to the energy grade line at the inlet, EGLin, obtained by 
aligning a Pitot probe in the center of the flow as illustrated in Fig. 14–7. 
The energy grade line at the outlet EGLout is obtained in the same manner, 
as also illustrated in the figure. In the general case, the outlet of the pump 
may be at a different elevation than the inlet, and its diameter and average 
speed may not be the same as those at the inlet. Regardless of these differ-
ences, net head H is equal to the difference between EGLout and EGLin,

Net head for a liquid pump: H 5 EGLout 2 EGLin

 Consider the special case of incompressible flow through a pump in 
which the inlet and outlet diameters are identical, and there is no change in 
elevation. Equation 14–2 reduces to

Special case with Dout � Din and zout � zin: H 5
Pout 2 Pin

rg

For this simplified case, net head is simply the pressure rise across the pump 
expressed as a head (column height of the fluid).

FIGURE 14–6
A wind turbine is a good example of a 
dynamic machine of the open type; air 
turns the blades, and the output shaft 
drives an electric generator.
The Wind Turbine Company. Used by permission.
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對此簡化的情況下，淨水頭 (流體的水柱高) 即表示泵的壓力升。

淨水頭正比於實際輸送到流體的有效功，傳統上稱為水馬力，即使泵輸送的流

體不是水，而且單位也不是馬力亦如此。基於因次分析的緣故，我們必須將式 (14-

2) 的淨水頭乘以流體質量流率及重力加速度才能得到功率的因次，所以，

水馬力： 
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 Net head is proportional to the useful power actually delivered to the 
fluid. It is traditional to call this power the water horsepower, even if the 
fluid being pumped is not water, and even if the power is not measured in 
units of horsepower. By dimensional reasoning, we must multiply the net 
head of Eq. 14–2 by mass flow rate and gravitational acceleration to obtain 
dimensions of power. Thus,

Water horsepower: W
#

water horsepower 5 m# gH 5 rgV
#
H (14–3)

All pumps suffer from irreversible losses due to friction, internal leakage, 
flow separation on blade surfaces, turbulent dissipation, etc. Therefore, the 
mechanical energy supplied to the pump must be larger than W

.
water horsepower. 

In pump terminology, the external power supplied to the pump is called the 
brake horsepower, which we abbreviate as bhp. For the typical case of a 
rotating shaft supplying the brake horsepower,

Brake horsepower: bhp 5 W
#

shaft 5 vTshaft (14–4)

where � is the rotational speed of the shaft (rad/s) and Tshaft is the torque 
supplied to the shaft. We define pump efficiency �pump as the ratio of useful 
power to supplied power,

Pump efficiency: hpump 5
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rgV
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 (14–5)

Pump Performance Curves and Matching 
a Pump to a Piping System
The maximum volume flow rate through a pump occurs when its net head 
is zero, H � 0; this flow rate is called the pump’s free delivery. The free 
delivery condition is achieved when there is no flow restriction at the pump 
inlet or outlet—in other words when there is no load on the pump. At this 
operating point, V

.
 is large, but H is zero; the pump’s efficiency is zero 

because the pump is doing no useful work, as is clear from Eq. 14–5. At 
the other extreme, the shutoff head is the net head that occurs when the 
volume flow rate is zero, V

.
 � 0, and is achieved when the outlet port of 

the pump is blocked off. Under these conditions, H is large but V
.
 is zero; 

the pump’s efficiency (Eq. 14–5) is again zero, because the pump is doing 
no useful work. Between these two extremes, from shutoff to free delivery, 
the pump’s net head may increase from its shutoff value somewhat as the 
flow rate increases, but H must eventually decrease to zero as the volume 
flow rate increases to its free delivery value. The pump’s efficiency reaches 
its maximum value somewhere between the shutoff condition and the free 
delivery condition; this operating point of maximum efficiency is appropri-
ately called the best efficiency point (BEP), and is notated by an asterisk 
(H*, V

.
*, bhp*). Curves of H, �pump, and bhp as functions of V

.
 are called 

pump performance curves (or characteristic curves, Chap. 8); typical 
curves at one rotational speed are plotted in Fig. 14–8. The pump perfor-
mance curves change with rotational speed.
 It is important to realize that for steady conditions, a pump can operate 
only along its performance curve. Thus, the operating point of a piping 

�

H

 (z = 0)

EGLoutEGLin bhp

Pout

Vout

Pin

Vin
zin

zout

Din

Dout

FIGURE 14–7
The net head of a pump, H, is defined 
as the change in Bernoulli head from 

inlet to outlet; for a liquid, this is 
equivalent to the change in the energy 

grade line, H � EGLout � EGLin, 
relative to some arbitrary datum plane; 

bhp is the brake horsepower, the 
external power supplied to the pump.
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 (14-3)

所有的泵都會因為摩擦、內部洩漏、葉片表面的流動、紊流發散等影響，受制於不

可逆的損失，因此供給泵的機械能必須大於輸出功水馬力。在泵的專有名詞中，供

給到泵的外部功率被稱為制動馬力，縮寫為 bhp。對於以旋轉軸作為供應制動馬力

的典型案例而言，

制動馬力： 
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 Net head is proportional to the useful power actually delivered to the 
fluid. It is traditional to call this power the water horsepower, even if the 
fluid being pumped is not water, and even if the power is not measured in 
units of horsepower. By dimensional reasoning, we must multiply the net 
head of Eq. 14–2 by mass flow rate and gravitational acceleration to obtain 
dimensions of power. Thus,

Water horsepower: W
#

water horsepower 5 m# gH 5 rgV
#
H (14–3)

All pumps suffer from irreversible losses due to friction, internal leakage, 
flow separation on blade surfaces, turbulent dissipation, etc. Therefore, the 
mechanical energy supplied to the pump must be larger than W

.
water horsepower. 

In pump terminology, the external power supplied to the pump is called the 
brake horsepower, which we abbreviate as bhp. For the typical case of a 
rotating shaft supplying the brake horsepower,

Brake horsepower: bhp 5 W
#

shaft 5 vTshaft (14–4)

where � is the rotational speed of the shaft (rad/s) and Tshaft is the torque 
supplied to the shaft. We define pump efficiency �pump as the ratio of useful 
power to supplied power,

Pump efficiency: hpump 5
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#
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shaft
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vTshaft
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Pump Performance Curves and Matching 
a Pump to a Piping System
The maximum volume flow rate through a pump occurs when its net head 
is zero, H � 0; this flow rate is called the pump’s free delivery. The free 
delivery condition is achieved when there is no flow restriction at the pump 
inlet or outlet—in other words when there is no load on the pump. At this 
operating point, V

.
 is large, but H is zero; the pump’s efficiency is zero 

because the pump is doing no useful work, as is clear from Eq. 14–5. At 
the other extreme, the shutoff head is the net head that occurs when the 
volume flow rate is zero, V

.
 � 0, and is achieved when the outlet port of 

the pump is blocked off. Under these conditions, H is large but V
.
 is zero; 

the pump’s efficiency (Eq. 14–5) is again zero, because the pump is doing 
no useful work. Between these two extremes, from shutoff to free delivery, 
the pump’s net head may increase from its shutoff value somewhat as the 
flow rate increases, but H must eventually decrease to zero as the volume 
flow rate increases to its free delivery value. The pump’s efficiency reaches 
its maximum value somewhere between the shutoff condition and the free 
delivery condition; this operating point of maximum efficiency is appropri-
ately called the best efficiency point (BEP), and is notated by an asterisk 
(H*, V

.
*, bhp*). Curves of H, �pump, and bhp as functions of V

.
 are called 

pump performance curves (or characteristic curves, Chap. 8); typical 
curves at one rotational speed are plotted in Fig. 14–8. The pump perfor-
mance curves change with rotational speed.
 It is important to realize that for steady conditions, a pump can operate 
only along its performance curve. Thus, the operating point of a piping 
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The net head of a pump, H, is defined 
as the change in Bernoulli head from 

inlet to outlet; for a liquid, this is 
equivalent to the change in the energy 

grade line, H � EGLout � EGLin, 
relative to some arbitrary datum plane; 

bhp is the brake horsepower, the 
external power supplied to the pump.
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其中 v 為旋轉軸的旋轉速度 (rad/s)、Tshaft 為供應給旋轉軸的轉矩，我們定義泵的

效率為輸入功率與有效功率的比值，

泵效率： 
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.
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In pump terminology, the external power supplied to the pump is called the 
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The maximum volume flow rate through a pump occurs when its net head 
is zero, H � 0; this flow rate is called the pump’s free delivery. The free 
delivery condition is achieved when there is no flow restriction at the pump 
inlet or outlet—in other words when there is no load on the pump. At this 
operating point, V

.
 is large, but H is zero; the pump’s efficiency is zero 

because the pump is doing no useful work, as is clear from Eq. 14–5. At 
the other extreme, the shutoff head is the net head that occurs when the 
volume flow rate is zero, V
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 � 0, and is achieved when the outlet port of 

the pump is blocked off. Under these conditions, H is large but V
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 is zero; 

the pump’s efficiency (Eq. 14–5) is again zero, because the pump is doing 
no useful work. Between these two extremes, from shutoff to free delivery, 
the pump’s net head may increase from its shutoff value somewhat as the 
flow rate increases, but H must eventually decrease to zero as the volume 
flow rate increases to its free delivery value. The pump’s efficiency reaches 
its maximum value somewhere between the shutoff condition and the free 
delivery condition; this operating point of maximum efficiency is appropri-
ately called the best efficiency point (BEP), and is notated by an asterisk 
(H*, V
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*, bhp*). Curves of H, �pump, and bhp as functions of V
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 are called 

pump performance curves (or characteristic curves, Chap. 8); typical 
curves at one rotational speed are plotted in Fig. 14–8. The pump perfor-
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 (14-5)

泵的性能曲線及與管路系統的匹配

當淨水頭為零時 (H =0)，泵輸送的體積流率為最大，此時流率稱為泵的自由

輸送流量。自由輸送流量之發生，為泵的入出口處均無任何的流動限制時，換句話

說就是在泵無負載的時候。在此工作點下，
⋅
V  為最大，但 H 為零，因為泵在作無

效的功，所以如從式 (14-5) 看出，泵的效率為零。另外一個極端情況，在關閉水頭

時的時候，體積流率為零，
⋅
V =0，在泵的出口端被遮斷時所造成。於此條件下，

H 為最大，但 
⋅
V  為零，泵還是作無效的功，效率一樣為零 [式 (14-5)]。從關閉水頭

到自由輸送這兩種操作情形之間，隨著流率的增加，泵的淨水頭從關斷水頭開始至

自由輸送之間，雖然有時候在靠關閉水頭附近，淨水頭會隨流率增加而增加，但 H 

最終在體積流率達到最大的自由輸送值時會降至零。在關閉和自由輸送條件之間的



6 流 體 力 學

某個狀態點，有泵效率的最大值，這個泵效率最大值的運轉點

稱為最佳效率點 (BEP)，且以 * 表示為最大值 (H*、
⋅
V *、bhp*)。

以 
⋅
V  為函數的 H、hpump 和 bhp 的曲線稱為泵性能曲線或特性

曲線 (參見第 8 章)，在某個轉速的典型曲線則繪製於圖 14-8 之

中，泵性能曲線隨轉速而變化。

必須了解在穩定情況下，泵只能沿著性能曲線運轉，所以

一個管路系統操作條件取決於系統需求 (所需淨水頭) 與泵性能 

(可用的淨水頭) 之間的配合。在一個典型的應用當中，Hrequired 

與 Havailable 在唯一的流率值下相配－此即該系統的操作點或負

載點。

一個管路系統穩定操作點的體積流率，建立於當 

Hrequired =Havailable 時。

一個管路系統會有主要和次要壓損，以及位高變化等等，其所

需的淨水頭會隨著體積流率增加而增加；另一方面，如圖 14-8 

所示，大部分的泵的可用淨水頭則會隨體積流率的增加而減

少。因此，如圖 14-9 所示系統曲線與泵的性能曲線相交於一

點，此點稱為操作點。幸運時，操作點會落於或接近於泵的最

佳效率點。但在大部分的情況，則如圖 14-9 所示，泵並不會運

轉在最佳效率點。如果效率是主要的考量因素，泵就應該要慎

選 (或設計新的泵)，使得操作點儘量接近最佳效率點。在某些

情況下，可以改變轉泵的軸轉速，使既有的泵能夠操作運轉於

接近其設計點 (最佳效率點)。

較為不幸的情況為，管路系統曲線與泵性能曲線交會不只

在一個操作點，這個情況會發生在淨水頭性能曲線有下沉段的

泵，且管路系統曲線相當平坦時，如圖 14-10 所示。上述雖然

不常見但也是有可能發生且應該要避免，發生時系統可能會追

逐某個操作點，導致不穩定流動情況。

管路系統與泵的匹配應是直截了當的，尤其我們明白用水頭表示的能量方程式 

(第 5 章)，其中的可用的泵水頭 (hpump, u)，與本章節所使用的淨水頭 (H) 是相同的。

例如考量一個具有位高變化、主要與次要損失和流體加速度的普通管路系統 (圖 

14-11)，然後就用能量方程式求解所需淨水頭 Hrequired，
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system is determined by matching system requirements (required net head) 
to pump performance (available net head). In a typical application, Hrequired 
and Havailable match at one unique value of flow rate—this is the operating 
point or duty point of the system.

The steady operating point of a piping system is established at the volume 
flow rate where Hrequired � Havailable.

For a given piping system with its major and minor losses, elevation 
changes, etc., the required net head increases with volume flow rate. On the 
other hand, the available net head of most pumps decreases with flow rate, 
as in Fig. 14–8, at least over the majority of its recommended operating 
range. Hence, the system curve and the pump performance curve intersect 
as sketched in Fig. 14–9, and this establishes the operating point. If we are 
lucky, the operating point is at or near the best efficiency point of the pump. 
In most cases, however, as illustrated in Fig. 14–9, the pump does not run 
at its optimum efficiency. If efficiency is of major concern, the pump should 
be carefully selected (or a new pump should be designed) such that the 
operating point is as close to the best efficiency point as possible. In some 
cases it may be possible to change the shaft rotation speed so that an exist-
ing pump can operate much closer to its design point (best efficiency point).
 There are unfortunate situations where the system curve and the pump 
performance curve intersect at more than one operating point. This can 
occur when a pump that has a dip in its net head performance curve is mated 
to a system that has a fairly flat system curve, as illustrated in Fig. 14–10. 
Although rare, such situations are possible and should be avoided, because 
the system may “hunt” for an operating point, leading to an unsteady-flow 
situation.
 It is fairly straightforward to match a piping system to a pump, once we 
realize that the term for useful pump head (hpump, u) that we used in the head 
form of the energy equation (Chap. 5) is the same as the net head (H) used 
in the present chapter. Consider, for example, a general piping system with 
elevation change, major and minor losses, and fluid acceleration (Fig. 14–11). 
We begin by solving the energy equation for the required net head Hrequired,

 Hrequired5 hpump, u5
P2 2 P1

rg
1
a2V 2

2 2 a1V 1
2

2g
1 (z2 2 z1)1 hL, total (14–6)

where we assume that there is no turbine in the system, although that term 
can be added back in, if necessary. We have also included the kinetic energy 
correction factors in Eq. 14–6 for greater accuracy, even though it is com-
mon practice in the turbomachinery industry to ignore them (�1 and �2 are 
often assumed to be unity since the flow is turbulent).
 Equation 14–6 is evaluated from the inlet of the piping system (point 1, 
upstream of the pump) to the outlet of the piping system (point 2, down-
stream of the pump). Equation 14–6 agrees with our intuition, because it 
tells us that the useful pump head delivered to the fluid does four things:

• It increases the static pressure of the fluid from point 1 to point 2 (first 
term on the right).

• It increases the dynamic pressure (kinetic energy) of the fluid from point 
1 to point 2 (second term on the right).
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FIGURE 14–8
Typical pump performance curves for 
a centrifugal pump with backward-
inclined blades; the curve shapes for 
other types of pumps may differ, and 
the curves change as shaft rotation 
speed is changed.

0

0
BEP

Havailable

H

Hrequired

•
V

FIGURE 14–9
The operating point of a piping system 
is established as the volume flow rate 
where the system curve and the pump 
performance curve intersect.
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圖 14-8　後傾葉片離心式泵的典型
泵效率曲線；曲線形狀和其它型式

的泵可能不同，且隨軸的旋轉速度

改變而變化。
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system is determined by matching system requirements (required net head) 
to pump performance (available net head). In a typical application, Hrequired 
and Havailable match at one unique value of flow rate—this is the operating 
point or duty point of the system.

The steady operating point of a piping system is established at the volume 
flow rate where Hrequired � Havailable.

For a given piping system with its major and minor losses, elevation 
changes, etc., the required net head increases with volume flow rate. On the 
other hand, the available net head of most pumps decreases with flow rate, 
as in Fig. 14–8, at least over the majority of its recommended operating 
range. Hence, the system curve and the pump performance curve intersect 
as sketched in Fig. 14–9, and this establishes the operating point. If we are 
lucky, the operating point is at or near the best efficiency point of the pump. 
In most cases, however, as illustrated in Fig. 14–9, the pump does not run 
at its optimum efficiency. If efficiency is of major concern, the pump should 
be carefully selected (or a new pump should be designed) such that the 
operating point is as close to the best efficiency point as possible. In some 
cases it may be possible to change the shaft rotation speed so that an exist-
ing pump can operate much closer to its design point (best efficiency point).
 There are unfortunate situations where the system curve and the pump 
performance curve intersect at more than one operating point. This can 
occur when a pump that has a dip in its net head performance curve is mated 
to a system that has a fairly flat system curve, as illustrated in Fig. 14–10. 
Although rare, such situations are possible and should be avoided, because 
the system may “hunt” for an operating point, leading to an unsteady-flow 
situation.
 It is fairly straightforward to match a piping system to a pump, once we 
realize that the term for useful pump head (hpump, u) that we used in the head 
form of the energy equation (Chap. 5) is the same as the net head (H) used 
in the present chapter. Consider, for example, a general piping system with 
elevation change, major and minor losses, and fluid acceleration (Fig. 14–11). 
We begin by solving the energy equation for the required net head Hrequired,

 Hrequired5 hpump, u5
P2 2 P1

rg
1
a2V 2

2 2 a1V 1
2

2g
1 (z2 2 z1)1 hL, total (14–6)

where we assume that there is no turbine in the system, although that term 
can be added back in, if necessary. We have also included the kinetic energy 
correction factors in Eq. 14–6 for greater accuracy, even though it is com-
mon practice in the turbomachinery industry to ignore them (�1 and �2 are 
often assumed to be unity since the flow is turbulent).
 Equation 14–6 is evaluated from the inlet of the piping system (point 1, 
upstream of the pump) to the outlet of the piping system (point 2, down-
stream of the pump). Equation 14–6 agrees with our intuition, because it 
tells us that the useful pump head delivered to the fluid does four things:

• It increases the static pressure of the fluid from point 1 to point 2 (first 
term on the right).

• It increases the dynamic pressure (kinetic energy) of the fluid from point 
1 to point 2 (second term on the right).
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system is determined by matching system requirements (required net head) 
to pump performance (available net head). In a typical application, Hrequired 
and Havailable match at one unique value of flow rate—this is the operating 
point or duty point of the system.

The steady operating point of a piping system is established at the volume 
flow rate where Hrequired � Havailable.

For a given piping system with its major and minor losses, elevation 
changes, etc., the required net head increases with volume flow rate. On the 
other hand, the available net head of most pumps decreases with flow rate, 
as in Fig. 14–8, at least over the majority of its recommended operating 
range. Hence, the system curve and the pump performance curve intersect 
as sketched in Fig. 14–9, and this establishes the operating point. If we are 
lucky, the operating point is at or near the best efficiency point of the pump. 
In most cases, however, as illustrated in Fig. 14–9, the pump does not run 
at its optimum efficiency. If efficiency is of major concern, the pump should 
be carefully selected (or a new pump should be designed) such that the 
operating point is as close to the best efficiency point as possible. In some 
cases it may be possible to change the shaft rotation speed so that an exist-
ing pump can operate much closer to its design point (best efficiency point).
 There are unfortunate situations where the system curve and the pump 
performance curve intersect at more than one operating point. This can 
occur when a pump that has a dip in its net head performance curve is mated 
to a system that has a fairly flat system curve, as illustrated in Fig. 14–10. 
Although rare, such situations are possible and should be avoided, because 
the system may “hunt” for an operating point, leading to an unsteady-flow 
situation.
 It is fairly straightforward to match a piping system to a pump, once we 
realize that the term for useful pump head (hpump, u) that we used in the head 
form of the energy equation (Chap. 5) is the same as the net head (H) used 
in the present chapter. Consider, for example, a general piping system with 
elevation change, major and minor losses, and fluid acceleration (Fig. 14–11). 
We begin by solving the energy equation for the required net head Hrequired,

 Hrequired5 hpump, u5
P2 2 P1

rg
1
a2V 2

2 2 a1V 1
2

2g
1 (z2 2 z1)1 hL, total (14–6)

where we assume that there is no turbine in the system, although that term 
can be added back in, if necessary. We have also included the kinetic energy 
correction factors in Eq. 14–6 for greater accuracy, even though it is com-
mon practice in the turbomachinery industry to ignore them (�1 and �2 are 
often assumed to be unity since the flow is turbulent).
 Equation 14–6 is evaluated from the inlet of the piping system (point 1, 
upstream of the pump) to the outlet of the piping system (point 2, down-
stream of the pump). Equation 14–6 agrees with our intuition, because it 
tells us that the useful pump head delivered to the fluid does four things:

• It increases the static pressure of the fluid from point 1 to point 2 (first 
term on the right).

• It increases the dynamic pressure (kinetic energy) of the fluid from point 
1 to point 2 (second term on the right).
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• It raises the elevation (potential energy) of the fluid from point 1 to point 2 
(third term on the right).

• It overcomes irreversible head losses in the piping system (last term on 
the right).

In a general system, the change in static pressure, dynamic pressure, and 
elevation may be either positive or negative, while irreversible head losses 
are always positive. In many mechanical and civil engineering problems in 
which the fluid is a liquid, the elevation term is important, but when the 
fluid is a gas, such as in ventilation and air pollution control problems, the 
elevation term is almost always negligible.
 To match a pump to a system, and to determine the operating point, we 
equate Hrequired of Eq. 14–6 to Havailable, which is the (typically known) net 
head of the pump as a function of volume flow rate.

Operating point: Hrequired 5 Havailable (14–7)

The most common situation is that an engineer selects a pump that is some-
what heftier than actually required. The volume flow rate through the piping 
system is then a bit larger than needed, and a valve or damper is installed in 
the line so that the flow rate can be decreased as necessary.

EXAMPLE 14–1    Operating Point of a Fan in a Ventilation System

A local ventilation system (hood and exhaust duct) is used to remove air 
and contaminants produced by a dry-cleaning operation (Fig. 14–12). 
The duct is round and is constructed of galvanized steel with longitudinal 
seams and with joints every 0.76 m. The inner diameter (ID) of the duct 
is D � 0.230 m, and its total length is L � 13.4 m. There are five CD3-9 
elbows along the duct. The equivalent roughness height of this duct is 
0.15 mm, and each elbow has a minor (local) loss coefficient of KL � C0 
� 0.21. Note the notation C0 for minor loss coefficient, commonly used in 
the ventilation industry (ASHRAE, 2001). To ensure adequate ventilation, 
the minimum required volume flow rate through the duct is V

.
 � 600 cfm 

(cubic feet per minute), or 0.283 m3/s at 25°C. Literature from the hood 
manufacturer lists the hood entry loss coefficient as 1.3 based on duct 
velocity. When the damper is fully open, its loss coefficient is 1.8. A cen-
trifugal fan with 22.9-cm inlet and outlet diameters is available. Its per-
formance data are shown in Table 14–1, as listed by the manufacturer. 
Predict the operating point of this local ventilation system, and draw a plot 
of required and available fan pressure rise as functions of volume flow rate. 
Is the chosen fan adequate?

SOLUTION  We are to estimate the operating point for a given fan and duct 
system and to plot required and available fan pressure rise as functions of 
volume flow rate. We are then to determine if the selected fan is adequate.
Assumptions  1 The flow is steady. 2 The concentration of contaminants in 
the air is low; the fluid properties are those of air alone. 3 The flow at the 
outlet is fully developed turbulent pipe flow with � � 1.05.
Properties  For air at 25°C, � � 1.562 � 10�5 m2/s and � � 1.184 kg/m3. 
Standard atmospheric pressure is Patm � 101.3 kPa.
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FIGURE 14–10
Situations in which there can be 

more than one unique operating point 
should be avoided. In such cases a 

different pump should be used.
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Equation 14–6 emphasizes the role of 
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可能的
操作點
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此式假設系統中沒有渦輪機，若有需要仍可將此項加入到以上

的公式。為了使計算更加準確，在式 (14-6) 中加入動能修正係

數，即使在流體機械裡，通常將能量修正係數忽略不計 (流場為

紊流，所以 a1 和 a2 通常假設為 1)。

式 (14-6) 可以評估從管路系統的入口 (點 1，泵的上游) 到

管路系統的出口 (點 2，泵的下游) 所需的水頭，式 (14-6) 與一

般的直覺一致，它告知我們傳遞給流體可用的泵水頭，達成以

下四種功能：

• 增加從點 1 到點 2 的流體的靜壓 (方程式右邊第一項)。

• 增加從點 1 到點 2 的流體的動壓 (動能) (方程式右邊第二

項)。

• 提升從點 1 到點 2 的流體的位高 (位能) (方程式右邊第三

項)。

• 它克服了管路系統中的不可逆水頭損失 (方程式右邊最後一項)。

在一般的系統中，靜壓、動壓與位高的變化可能有正有負，但不可逆水頭損失總是

為正。在機械或土木工程問題中，流體為液體時，位高項是很重要的，但當流體為

氣體時，像是通風與空氣污染控制的問題時，位高項幾乎是可以忽略的。

為了匹配泵與管路系統，並找出其操作點，我們使式 (14-6) 的 Hrequired 與 

Havailable 相等，Havailable (一般已知) 為泵的淨水頭，是體積流率的函數。

操作點： Hrequired =Havailable (14-7)

最普遍的情況工程師選取稍微高出實際所需值的泵，這樣通過管路系統的體積流率

會比所需的值大一些，並且於管路上裝設閥件或調節風門，使得流率能依所需作調

降。

圖 14-11　式 (14-6) 強調管路系統中
泵所扮演的角色，即泵增加 (或減
少) 靜壓、動壓和流體的位高，且克
服不可逆的損失。
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• It raises the elevation (potential energy) of the fluid from point 1 to point 2 
(third term on the right).

• It overcomes irreversible head losses in the piping system (last term on 
the right).

In a general system, the change in static pressure, dynamic pressure, and 
elevation may be either positive or negative, while irreversible head losses 
are always positive. In many mechanical and civil engineering problems in 
which the fluid is a liquid, the elevation term is important, but when the 
fluid is a gas, such as in ventilation and air pollution control problems, the 
elevation term is almost always negligible.
 To match a pump to a system, and to determine the operating point, we 
equate Hrequired of Eq. 14–6 to Havailable, which is the (typically known) net 
head of the pump as a function of volume flow rate.

Operating point: Hrequired 5 Havailable (14–7)

The most common situation is that an engineer selects a pump that is some-
what heftier than actually required. The volume flow rate through the piping 
system is then a bit larger than needed, and a valve or damper is installed in 
the line so that the flow rate can be decreased as necessary.

EXAMPLE 14–1    Operating Point of a Fan in a Ventilation System

A local ventilation system (hood and exhaust duct) is used to remove air 
and contaminants produced by a dry-cleaning operation (Fig. 14–12). 
The duct is round and is constructed of galvanized steel with longitudinal 
seams and with joints every 0.76 m. The inner diameter (ID) of the duct 
is D � 0.230 m, and its total length is L � 13.4 m. There are five CD3-9 
elbows along the duct. The equivalent roughness height of this duct is 
0.15 mm, and each elbow has a minor (local) loss coefficient of KL � C0 
� 0.21. Note the notation C0 for minor loss coefficient, commonly used in 
the ventilation industry (ASHRAE, 2001). To ensure adequate ventilation, 
the minimum required volume flow rate through the duct is V

.
 � 600 cfm 

(cubic feet per minute), or 0.283 m3/s at 25°C. Literature from the hood 
manufacturer lists the hood entry loss coefficient as 1.3 based on duct 
velocity. When the damper is fully open, its loss coefficient is 1.8. A cen-
trifugal fan with 22.9-cm inlet and outlet diameters is available. Its per-
formance data are shown in Table 14–1, as listed by the manufacturer. 
Predict the operating point of this local ventilation system, and draw a plot 
of required and available fan pressure rise as functions of volume flow rate. 
Is the chosen fan adequate?

SOLUTION  We are to estimate the operating point for a given fan and duct 
system and to plot required and available fan pressure rise as functions of 
volume flow rate. We are then to determine if the selected fan is adequate.
Assumptions  1 The flow is steady. 2 The concentration of contaminants in 
the air is low; the fluid properties are those of air alone. 3 The flow at the 
outlet is fully developed turbulent pipe flow with � � 1.05.
Properties  For air at 25°C, � � 1.562 � 10�5 m2/s and � � 1.184 kg/m3. 
Standard atmospheric pressure is Patm � 101.3 kPa.
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 例題 14-1　　通風系統風扇的操作點

一個區域通風系統 (風罩與排氣管)，用於乾洗排氣及排除污染物 (圖 14-12)，排氣管為鍍鋅鋼材製

成的縱向有縫圓形管，每 0.76 m 有接合縫。管內徑 (ID) 為 D =0.230 m，其總長為 L =13.4 m。

沿著管路有五個 CD3-9 的肘管，此管的等效粗糙高度為 0.15 mm，並且每個肘管的壓損失係數 

KL =C0 =0.21，符號 C0 為次要損失係數，一般用於通風工業 (ASHRAE, 2001)。為了確保有足夠風

量，在 25°C 下通過管路的最小所需體積流率為 
⋅
V =600 cfm (每分鐘立方英尺) 或 0.283 m3/s。風罩

製造商所列，基於管內流速的風罩進風之壓損係數為 1.3。當節風門全開時，其壓損係數為 1.8。可

用入出口管徑為 22.9 cm 的離心式風扇，製造商所列之效率數據呈於表 14-1。預測此區域通風系統

之操作點，並畫出以體積流率為函數之所需和可用風扇的壓升圖。此風扇是否適用？
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解答：對已知風扇與管路系統預測其操作點，並畫出以體積流率

為函數之所需和可用風扇的壓升圖，然後決定此風扇是否適用。

假設：1. 此流動為穩定流。2. 因為空氣中污染物的濃度很低，流

體性質僅為空氣的性質。3. 出口流場 a=1.05 之完全發展紊流。

性質：25°C 的空氣，n =1.562 ×10−5 m2/s，且 r =1.184 kg/m3。

標準大氣壓力為 Patm =101.3 kPa。

分析：我們將室內空氣停滯區域視為點 1 到管路出口視為點 2，

應用以水頭表示穩定能量之方程式 (14-6)，
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Analysis  We apply the steady energy equation in head form (Eq. 14–6) from 
point 1 in the stagnant air region in the room to point 2 at the duct outlet,

 Hrequired 5
P2 2 P1

rg
1
a2V 2

2 2 a1V 1
2

2g
1 (z2 2 z1) 1 hL, total (1)

In Eq. 1 we may ignore the air speed at point 1 since it was chosen (wisely) 
far enough away from the hood inlet so that the air is nearly stagnant. At 
point 1, we let P1 � Patm. At point 2, P2 is then equal to Patm � �g (z2 � z1) 
since the jet discharges into stagnant outside air at higher elevation z2 on 
the roof of the building. Thus, the pressure terms cancel with the elevation 
terms, and Eq. 1 reduces to

 Required net head: Hrequired 5
a2V 2

2

2g
1 hL, total (2)

 The total head loss in Eq. 2 is a combination of major and minor losses 
and depends on volume flow rate. Since the duct diameter is constant,

 Total irreversible head loss: hL, total 5 af 
L

D
1 aKLb

V 2

2g
 (3)

The dimensionless roughness factor is �/D � (0.15 mm)/(230 mm) � 
6.52 � 10�4. The Reynolds number of the air flowing through the duct is

 Reynolds number: Re 5
DV
n
5

D
n

 
4V
#

pD2 5
4V
#

npD
 (4)

The Reynolds number varies with volume flow rate. At the minimum required 
flow rate, the air speed through the duct is V � V2 � 6.81 m/s, and the 
Reynolds number is

Re 5
4(0.283 m3/s)

(1.562 3 1025 m2/s)p(0.230 m)
5 1.00 3 105

From the Moody chart (or the Colebrook equation) at this Reynolds number 
and roughness factor, the friction factor is f � 0.0209. The sum of all the 
minor loss coefficients is

 Minor losses: aKL 5 1.3 1 5(0.21) 1 1.8 5 4.15 (5)

Substituting these values at the minimum required flow rate into Eq. 2, the 
required net head of the fan at the minimum flow rate is

 
 Hrequired 5 aa2 1 f 

L

D
1 aKLb

V 2

2g
 

 
 5 a1.05 1 0.0209 

13.4 m

0.230 m
1 4.15b (6.81 m/s)2

2(9.81 m/s2)
5 15.2 m of air (6)

Note that the head is expressed naturally in units of equivalent column 
height of the pumped fluid, which is air in this case. We convert to an equiv-
alent column height of water by multiplying by the ratio of air density to 
water density,

2

z2

z11

•
V

FIGURE 14–12
The local ventilation system for 
Example 14–1, showing the fan 
and all minor losses.

TABLE 14–1

Manufacturer’s performance data for 
the fan of Example 14–1*

  Havailable, 
 V

.
, cfm inches H2O

 0
250
500
750

1000
1200

 0.90
0.95
0.90
0.75
0.40

0.0

  
  
  
  
  

* Note that the head data are listed as inches of 
water, even though air is the fluid. This is common 
practice in the ventilation industry.
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 (1)

在式 (1) 中我們可以忽略點 1 空氣的速度項，因所選取的位置距

離管罩入口足夠遠，空氣幾乎是為靜止。在點 1，我們讓壓力 P1 

等於大氣壓力 Patm；在點 2，我們讓壓力 P2 等於 Patm −rg(z2 −
z1)，基於是將室內空氣排放至更高點 z2 屋頂的室外。因此式 (1) 

中的壓力項位高項消除，並簡化為

所需淨水頭： 
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Analysis  We apply the steady energy equation in head form (Eq. 14–6) from 
point 1 in the stagnant air region in the room to point 2 at the duct outlet,

 Hrequired 5
P2 2 P1

rg
1
a2V 2

2 2 a1V 1
2

2g
1 (z2 2 z1) 1 hL, total (1)

In Eq. 1 we may ignore the air speed at point 1 since it was chosen (wisely) 
far enough away from the hood inlet so that the air is nearly stagnant. At 
point 1, we let P1 � Patm. At point 2, P2 is then equal to Patm � �g (z2 � z1) 
since the jet discharges into stagnant outside air at higher elevation z2 on 
the roof of the building. Thus, the pressure terms cancel with the elevation 
terms, and Eq. 1 reduces to

 Required net head: Hrequired 5
a2V 2

2

2g
1 hL, total (2)

 The total head loss in Eq. 2 is a combination of major and minor losses 
and depends on volume flow rate. Since the duct diameter is constant,

 Total irreversible head loss: hL, total 5 af 
L

D
1 aKLb

V 2

2g
 (3)

The dimensionless roughness factor is �/D � (0.15 mm)/(230 mm) � 
6.52 � 10�4. The Reynolds number of the air flowing through the duct is

 Reynolds number: Re 5
DV
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4V
#

npD
 (4)

The Reynolds number varies with volume flow rate. At the minimum required 
flow rate, the air speed through the duct is V � V2 � 6.81 m/s, and the 
Reynolds number is

Re 5
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(1.562 3 1025 m2/s)p(0.230 m)
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From the Moody chart (or the Colebrook equation) at this Reynolds number 
and roughness factor, the friction factor is f � 0.0209. The sum of all the 
minor loss coefficients is

 Minor losses: aKL 5 1.3 1 5(0.21) 1 1.8 5 4.15 (5)

Substituting these values at the minimum required flow rate into Eq. 2, the 
required net head of the fan at the minimum flow rate is
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Note that the head is expressed naturally in units of equivalent column 
height of the pumped fluid, which is air in this case. We convert to an equiv-
alent column height of water by multiplying by the ratio of air density to 
water density,
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FIGURE 14–12
The local ventilation system for 
Example 14–1, showing the fan 
and all minor losses.

TABLE 14–1

Manufacturer’s performance data for 
the fan of Example 14–1*

  Havailable, 
 V

.
, cfm inches H2O
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250
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750
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 0.90
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* Note that the head data are listed as inches of 
water, even though air is the fluid. This is common 
practice in the ventilation industry.
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 (2)

在式 (2) 之中的總水頭損失是主要與次要損失的組合，並隨體積

流率變化。因為管徑是固定的，

不可逆總水頭損失： 
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Analysis  We apply the steady energy equation in head form (Eq. 14–6) from 
point 1 in the stagnant air region in the room to point 2 at the duct outlet,

 Hrequired 5
P2 2 P1

rg
1
a2V 2

2 2 a1V 1
2

2g
1 (z2 2 z1) 1 hL, total (1)

In Eq. 1 we may ignore the air speed at point 1 since it was chosen (wisely) 
far enough away from the hood inlet so that the air is nearly stagnant. At 
point 1, we let P1 � Patm. At point 2, P2 is then equal to Patm � �g (z2 � z1) 
since the jet discharges into stagnant outside air at higher elevation z2 on 
the roof of the building. Thus, the pressure terms cancel with the elevation 
terms, and Eq. 1 reduces to

 Required net head: Hrequired 5
a2V 2

2

2g
1 hL, total (2)

 The total head loss in Eq. 2 is a combination of major and minor losses 
and depends on volume flow rate. Since the duct diameter is constant,

 Total irreversible head loss: hL, total 5 af 
L

D
1 aKLb

V 2

2g
 (3)

The dimensionless roughness factor is �/D � (0.15 mm)/(230 mm) � 
6.52 � 10�4. The Reynolds number of the air flowing through the duct is

 Reynolds number: Re 5
DV
n
5

D
n
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#
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npD
 (4)

The Reynolds number varies with volume flow rate. At the minimum required 
flow rate, the air speed through the duct is V � V2 � 6.81 m/s, and the 
Reynolds number is
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From the Moody chart (or the Colebrook equation) at this Reynolds number 
and roughness factor, the friction factor is f � 0.0209. The sum of all the 
minor loss coefficients is

 Minor losses: aKL 5 1.3 1 5(0.21) 1 1.8 5 4.15 (5)

Substituting these values at the minimum required flow rate into Eq. 2, the 
required net head of the fan at the minimum flow rate is
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height of the pumped fluid, which is air in this case. We convert to an equiv-
alent column height of water by multiplying by the ratio of air density to 
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FIGURE 14–12
The local ventilation system for 
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TABLE 14–1

Manufacturer’s performance data for 
the fan of Example 14–1*
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* Note that the head data are listed as inches of 
water, even though air is the fluid. This is common 
practice in the ventilation industry.
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 (3)

無因次粗糙度因子 ε/D = (0.15 mm)/(230 mm) =6.52×10−4，空氣

在管內流動的雷諾數為

雷諾數： 
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Analysis  We apply the steady energy equation in head form (Eq. 14–6) from 
point 1 in the stagnant air region in the room to point 2 at the duct outlet,

 Hrequired 5
P2 2 P1

rg
1
a2V 2

2 2 a1V 1
2

2g
1 (z2 2 z1) 1 hL, total (1)

In Eq. 1 we may ignore the air speed at point 1 since it was chosen (wisely) 
far enough away from the hood inlet so that the air is nearly stagnant. At 
point 1, we let P1 � Patm. At point 2, P2 is then equal to Patm � �g (z2 � z1) 
since the jet discharges into stagnant outside air at higher elevation z2 on 
the roof of the building. Thus, the pressure terms cancel with the elevation 
terms, and Eq. 1 reduces to

 Required net head: Hrequired 5
a2V 2

2

2g
1 hL, total (2)

 The total head loss in Eq. 2 is a combination of major and minor losses 
and depends on volume flow rate. Since the duct diameter is constant,

 Total irreversible head loss: hL, total 5 af 
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D
1 aKLb

V 2

2g
 (3)

The dimensionless roughness factor is �/D � (0.15 mm)/(230 mm) � 
6.52 � 10�4. The Reynolds number of the air flowing through the duct is

 Reynolds number: Re 5
DV
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4V
#

pD2 5
4V
#

npD
 (4)

The Reynolds number varies with volume flow rate. At the minimum required 
flow rate, the air speed through the duct is V � V2 � 6.81 m/s, and the 
Reynolds number is
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and roughness factor, the friction factor is f � 0.0209. The sum of all the 
minor loss coefficients is

 Minor losses: aKL 5 1.3 1 5(0.21) 1 1.8 5 4.15 (5)

Substituting these values at the minimum required flow rate into Eq. 2, the 
required net head of the fan at the minimum flow rate is
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height of the pumped fluid, which is air in this case. We convert to an equiv-
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Manufacturer’s performance data for 
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* Note that the head data are listed as inches of 
water, even though air is the fluid. This is common 
practice in the ventilation industry.
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 (4)

雷諾數會隨體積流率而變化。在最小所需流率下，流經管內的空

氣流速為 V=V2 =6.81 m/s，雷諾數為
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Analysis  We apply the steady energy equation in head form (Eq. 14–6) from 
point 1 in the stagnant air region in the room to point 2 at the duct outlet,

 Hrequired 5
P2 2 P1

rg
1
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In Eq. 1 we may ignore the air speed at point 1 since it was chosen (wisely) 
far enough away from the hood inlet so that the air is nearly stagnant. At 
point 1, we let P1 � Patm. At point 2, P2 is then equal to Patm � �g (z2 � z1) 
since the jet discharges into stagnant outside air at higher elevation z2 on 
the roof of the building. Thus, the pressure terms cancel with the elevation 
terms, and Eq. 1 reduces to
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 The total head loss in Eq. 2 is a combination of major and minor losses 
and depends on volume flow rate. Since the duct diameter is constant,
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The dimensionless roughness factor is �/D � (0.15 mm)/(230 mm) � 
6.52 � 10�4. The Reynolds number of the air flowing through the duct is
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water density,
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FIGURE 14–12
The local ventilation system for 
Example 14–1, showing the fan 
and all minor losses.

TABLE 14–1

Manufacturer’s performance data for 
the fan of Example 14–1*

  Havailable, 
 V

.
, cfm inches H2O

 0
250
500
750

1000
1200

 0.90
0.95
0.90
0.75
0.40

0.0

  
  
  
  
  

* Note that the head data are listed as inches of 
water, even though air is the fluid. This is common 
practice in the ventilation industry.
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從穆迪圖 (或科爾布魯克方程式) 中可知，在此雷諾數與粗糙度因子之下，摩擦係數 f =0.0209。所

有次要損失係數的總和為：

次要損失： 
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Analysis  We apply the steady energy equation in head form (Eq. 14–6) from 
point 1 in the stagnant air region in the room to point 2 at the duct outlet,

 Hrequired 5
P2 2 P1

rg
1
a2V 2

2 2 a1V 1
2

2g
1 (z2 2 z1) 1 hL, total (1)

In Eq. 1 we may ignore the air speed at point 1 since it was chosen (wisely) 
far enough away from the hood inlet so that the air is nearly stagnant. At 
point 1, we let P1 � Patm. At point 2, P2 is then equal to Patm � �g (z2 � z1) 
since the jet discharges into stagnant outside air at higher elevation z2 on 
the roof of the building. Thus, the pressure terms cancel with the elevation 
terms, and Eq. 1 reduces to

 Required net head: Hrequired 5
a2V 2

2

2g
1 hL, total (2)

 The total head loss in Eq. 2 is a combination of major and minor losses 
and depends on volume flow rate. Since the duct diameter is constant,

 Total irreversible head loss: hL, total 5 af 
L

D
1 aKLb

V 2

2g
 (3)

The dimensionless roughness factor is �/D � (0.15 mm)/(230 mm) � 
6.52 � 10�4. The Reynolds number of the air flowing through the duct is

 Reynolds number: Re 5
DV
n
5

D
n

 
4V
#

pD2 5
4V
#

npD
 (4)

The Reynolds number varies with volume flow rate. At the minimum required 
flow rate, the air speed through the duct is V � V2 � 6.81 m/s, and the 
Reynolds number is

Re 5
4(0.283 m3/s)

(1.562 3 1025 m2/s)p(0.230 m)
5 1.00 3 105

From the Moody chart (or the Colebrook equation) at this Reynolds number 
and roughness factor, the friction factor is f � 0.0209. The sum of all the 
minor loss coefficients is

 Minor losses: aKL 5 1.3 1 5(0.21) 1 1.8 5 4.15 (5)

Substituting these values at the minimum required flow rate into Eq. 2, the 
required net head of the fan at the minimum flow rate is
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 5 a1.05 1 0.0209 

13.4 m

0.230 m
1 4.15b (6.81 m/s)2

2(9.81 m/s2)
5 15.2 m of air (6)

Note that the head is expressed naturally in units of equivalent column 
height of the pumped fluid, which is air in this case. We convert to an equiv-
alent column height of water by multiplying by the ratio of air density to 
water density,
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FIGURE 14–12
The local ventilation system for 
Example 14–1, showing the fan 
and all minor losses.

TABLE 14–1

Manufacturer’s performance data for 
the fan of Example 14–1*

  Havailable, 
 V

.
, cfm inches H2O

 0
250
500
750

1000
1200

 0.90
0.95
0.90
0.75
0.40

0.0

  
  
  
  
  

* Note that the head data are listed as inches of 
water, even though air is the fluid. This is common 
practice in the ventilation industry.
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 (5)

將這些最低所需流率的數據代入式 (2)，在最低流率下的風扇所需淨水頭為

圖 14-12　例題 14-1 的局部通風系
統，其中顯示風扇以及所有微小的

損失。
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Analysis  We apply the steady energy equation in head form (Eq. 14–6) from 
point 1 in the stagnant air region in the room to point 2 at the duct outlet,

 Hrequired 5
P2 2 P1

rg
1
a2V 2

2 2 a1V 1
2

2g
1 (z2 2 z1) 1 hL, total (1)

In Eq. 1 we may ignore the air speed at point 1 since it was chosen (wisely) 
far enough away from the hood inlet so that the air is nearly stagnant. At 
point 1, we let P1 � Patm. At point 2, P2 is then equal to Patm � �g (z2 � z1) 
since the jet discharges into stagnant outside air at higher elevation z2 on 
the roof of the building. Thus, the pressure terms cancel with the elevation 
terms, and Eq. 1 reduces to

 Required net head: Hrequired 5
a2V 2

2

2g
1 hL, total (2)

 The total head loss in Eq. 2 is a combination of major and minor losses 
and depends on volume flow rate. Since the duct diameter is constant,

 Total irreversible head loss: hL, total 5 af 
L

D
1 aKLb

V 2

2g
 (3)

The dimensionless roughness factor is �/D � (0.15 mm)/(230 mm) � 
6.52 � 10�4. The Reynolds number of the air flowing through the duct is

 Reynolds number: Re 5
DV
n
5

D
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4V
#

pD2 5
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#

npD
 (4)

The Reynolds number varies with volume flow rate. At the minimum required 
flow rate, the air speed through the duct is V � V2 � 6.81 m/s, and the 
Reynolds number is

Re 5
4(0.283 m3/s)

(1.562 3 1025 m2/s)p(0.230 m)
5 1.00 3 105

From the Moody chart (or the Colebrook equation) at this Reynolds number 
and roughness factor, the friction factor is f � 0.0209. The sum of all the 
minor loss coefficients is

 Minor losses: aKL 5 1.3 1 5(0.21) 1 1.8 5 4.15 (5)

Substituting these values at the minimum required flow rate into Eq. 2, the 
required net head of the fan at the minimum flow rate is
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 5 a1.05 1 0.0209 

13.4 m

0.230 m
1 4.15b (6.81 m/s)2

2(9.81 m/s2)
5 15.2 m of air (6)

Note that the head is expressed naturally in units of equivalent column 
height of the pumped fluid, which is air in this case. We convert to an equiv-
alent column height of water by multiplying by the ratio of air density to 
water density,
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FIGURE 14–12
The local ventilation system for 
Example 14–1, showing the fan 
and all minor losses.

TABLE 14–1

Manufacturer’s performance data for 
the fan of Example 14–1*

  Havailable, 
 V

.
, cfm inches H2O

 0
250
500
750

1000
1200

 0.90
0.95
0.90
0.75
0.40

0.0

  
  
  
  
  

* Note that the head data are listed as inches of 
water, even though air is the fluid. This is common 
practice in the ventilation industry.
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風扇

節風門

風罩

⋅
V，cfm

Havailable，

英寸 H2O

0
250
500
750

1000
1200

0.90
0.95
0.90
0.75
0.40
0.0

*  注意雖然流體為空氣，但是壓力上升
數據之單位為英寸水柱高，在通風產
業常用這種單位。

表 14-1　例題 14-1 使用風扇
的效率數據*
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Analysis  We apply the steady energy equation in head form (Eq. 14–6) from 
point 1 in the stagnant air region in the room to point 2 at the duct outlet,

 Hrequired 5
P2 2 P1

rg
1
a2V 2

2 2 a1V 1
2

2g
1 (z2 2 z1) 1 hL, total (1)

In Eq. 1 we may ignore the air speed at point 1 since it was chosen (wisely) 
far enough away from the hood inlet so that the air is nearly stagnant. At 
point 1, we let P1 � Patm. At point 2, P2 is then equal to Patm � �g (z2 � z1) 
since the jet discharges into stagnant outside air at higher elevation z2 on 
the roof of the building. Thus, the pressure terms cancel with the elevation 
terms, and Eq. 1 reduces to

 Required net head: Hrequired 5
a2V 2

2

2g
1 hL, total (2)

 The total head loss in Eq. 2 is a combination of major and minor losses 
and depends on volume flow rate. Since the duct diameter is constant,

 Total irreversible head loss: hL, total 5 af 
L

D
1 aKLb

V 2

2g
 (3)

The dimensionless roughness factor is �/D � (0.15 mm)/(230 mm) � 
6.52 � 10�4. The Reynolds number of the air flowing through the duct is

 Reynolds number: Re 5
DV
n
5

D
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4V
#

pD2 5
4V
#

npD
 (4)

The Reynolds number varies with volume flow rate. At the minimum required 
flow rate, the air speed through the duct is V � V2 � 6.81 m/s, and the 
Reynolds number is

Re 5
4(0.283 m3/s)

(1.562 3 1025 m2/s)p(0.230 m)
5 1.00 3 105

From the Moody chart (or the Colebrook equation) at this Reynolds number 
and roughness factor, the friction factor is f � 0.0209. The sum of all the 
minor loss coefficients is

 Minor losses: aKL 5 1.3 1 5(0.21) 1 1.8 5 4.15 (5)

Substituting these values at the minimum required flow rate into Eq. 2, the 
required net head of the fan at the minimum flow rate is

 
 Hrequired 5 aa2 1 f 
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1 aKLb

V 2

2g
 

 
 5 a1.05 1 0.0209 

13.4 m

0.230 m
1 4.15b (6.81 m/s)2

2(9.81 m/s2)
5 15.2 m of air (6)

Note that the head is expressed naturally in units of equivalent column 
height of the pumped fluid, which is air in this case. We convert to an equiv-
alent column height of water by multiplying by the ratio of air density to 
water density,
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FIGURE 14–12
The local ventilation system for 
Example 14–1, showing the fan 
and all minor losses.

TABLE 14–1

Manufacturer’s performance data for 
the fan of Example 14–1*

  Havailable, 
 V

.
, cfm inches H2O

 0
250
500
750

1000
1200

 0.90
0.95
0.90
0.75
0.40

0.0

  
  
  
  
  

* Note that the head data are listed as inches of 
water, even though air is the fluid. This is common 
practice in the ventilation industry.
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 (6)

須注意以上水頭以被加壓流體的等效水柱高度來表示，此題中流

體為空氣，所以我們藉由將此數字乘上空氣密度與水密度的比

值，將其轉換到等效的水柱高，
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Hrequired, inches of water 5 Hrequired, air 
rair

rwater
 

 
 5 (15.2 m) 

1.184 kg/m3

998.0 kg/m3 a 1 in

0.0254 m
b

 5 0.709 inches of water  (7)

We repeat the calculations at several values of volume flow rate, and com-
pare to the available net head of the fan in Fig. 14–13. The operating point 
is at a volume flow rate of about 650 cfm, at which both the required and 
available net head equal about 0.83 inches of water. We conclude that the 
chosen fan is more than adequate for the job.
Discussion  The purchased fan is somewhat more powerful than required, 
yielding a higher flow rate than necessary. The difference is small and is 
acceptable; the butterfly damper valve could be partially closed to cut back 
the flow rate to 600 cfm if necessary. For safety reasons, it is clearly bet-
ter to oversize than undersize a fan when used with an air pollution control 
system.

 It is common practice in the pump industry to offer several choices of 
impeller diameter for a single pump casing. There are several reasons for 
this: (1) to save manufacturing costs, (2) to enable capacity increase by 
simple impeller replacement, (3) to standardize installation mountings, and 
(4) to enable reuse of equipment for a different application. When plotting 
the performance of such a “family” of pumps, pump manufacturers do not 
plot separate curves of H, �pump, and bhp for each impeller diameter in the 
form sketched in Fig. 14–8. Instead, they prefer to combine the performance 
curves of an entire family of pumps of different impeller diameters onto a 
single plot (Fig. 14–14). Specifically, they plot a curve of H as a function 
of V

.
 for each impeller diameter in the same way as in Fig. 14–8, but cre-

ate contour lines of constant efficiency, by drawing smooth curves through 
points that have the same value of �pump for the various choices of impel-
ler diameter. Contour lines of constant bhp are often drawn on the same 
plot in similar fashion. An example is provided in Fig. 14–15 for a family 
of centrifugal pumps manufactured by Taco, Inc. In this case, five impeller 
diameters are available, but the identical pump casing is used for all five 
options. As seen in Fig. 14–15, pump manufacturers do not always plot their 
pumps’ performance curves all the way to free delivery. This is because the 
pumps are usually not operated there due to the low values of net head and 
efficiency. If higher values of flow rate and/or net head are required, the 
customer should step up to the next larger casing size, or consider using 
additional pumps in series or parallel.
 It is clear from the performance plot of Fig. 14–15 that for a given pump 
casing, the larger the impeller, the higher the maximum achievable effi-
ciency. Why then would anyone buy the smaller impeller pump? To answer 
this question, we must recognize that the customer’s application requires a 
certain combination of flow rate and net head. If the requirements match a 
particular impeller diameter, it may be more cost effective to sacrifice pump 
efficiency in order to satisfy these requirements.
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FIGURE 14–13
Net head as a function of volume 

flow rate for the ventilation system 
of Example 14–1. The point where 

the available and required values of H 
intersect is the operating point.
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 (7)

可由數種體積流率數值重複計算，並比較圖 14-13 中風扇的可用

淨水頭，操作點的體積流率大約為 650 cfm，在所需淨水頭與可

用淨水頭大約等於 0.83 in 水柱高的情況下，我們推論為所選取的

風扇足以應付此工作。

討論：所選購之風扇功率比所需值大一些，體積流率比需求值還

高，但其差異很小可接受，如果有需要，可調整節風門使流率降

低至 600 cfm。當使用於空氣污染控制系統時，為了安全緣故，選用較大的風扇比小尺寸的風扇來

得好。

泵產業通常對單一泵的外殼，提供不同種選擇的葉輪直

徑，這樣的安排有幾個理由：(1) 為了節省製造成本；(2) 只更

換葉輪就可達到增加容量；(3) 標準化安裝設置；以及 (4) 為

了可重新使用設備於不同的應用中。當繪製這種系列泵的性能

時，泵的製造商不會分別對每個葉輪直徑繪出 H、hpump 與 bhp 

的曲線，如圖 14-8 所示，而是會偏向將整個系列不同的葉輪直

徑泵的性能曲線組合成一張圖 (圖 14-14)。他們以相同的方式對

每一種葉輪直徑繪出以 
⋅
V  為函數的 H 曲線，如圖 14-8 所示，也

設計出等效率線，藉由將多種選擇不同葉輪直徑曲線上相同的 

hpump 的點，連接繪製成平滑曲線，同時以類似方式畫上等 bhp 

線。實例提供如圖 14-15，Taco 公司製作一系列之離心式泵，在本例題中，可使用

五種葉輪直徑，但是對這五種選項都使用同一個特定的外殼。如圖 14-15 製造商並

未將性能曲線一直畫至自由輸送處，原因是泵通常不會操作於低的淨水頭和效率的

情況下。若需要較高的體積流率和淨水頭，消費者應選擇往上一級較大尺寸的外

圖 14-14　一系列有相同的外殼直徑
但有不同葉片直徑的離心式泵之典

型泵效率曲線。
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Hrequired, inches of water 5 Hrequired, air 
rair

rwater
 

 
 5 (15.2 m) 

1.184 kg/m3

998.0 kg/m3 a 1 in

0.0254 m
b

 5 0.709 inches of water  (7)

We repeat the calculations at several values of volume flow rate, and com-
pare to the available net head of the fan in Fig. 14–13. The operating point 
is at a volume flow rate of about 650 cfm, at which both the required and 
available net head equal about 0.83 inches of water. We conclude that the 
chosen fan is more than adequate for the job.
Discussion  The purchased fan is somewhat more powerful than required, 
yielding a higher flow rate than necessary. The difference is small and is 
acceptable; the butterfly damper valve could be partially closed to cut back 
the flow rate to 600 cfm if necessary. For safety reasons, it is clearly bet-
ter to oversize than undersize a fan when used with an air pollution control 
system.

 It is common practice in the pump industry to offer several choices of 
impeller diameter for a single pump casing. There are several reasons for 
this: (1) to save manufacturing costs, (2) to enable capacity increase by 
simple impeller replacement, (3) to standardize installation mountings, and 
(4) to enable reuse of equipment for a different application. When plotting 
the performance of such a “family” of pumps, pump manufacturers do not 
plot separate curves of H, �pump, and bhp for each impeller diameter in the 
form sketched in Fig. 14–8. Instead, they prefer to combine the performance 
curves of an entire family of pumps of different impeller diameters onto a 
single plot (Fig. 14–14). Specifically, they plot a curve of H as a function 
of V

.
 for each impeller diameter in the same way as in Fig. 14–8, but cre-

ate contour lines of constant efficiency, by drawing smooth curves through 
points that have the same value of �pump for the various choices of impel-
ler diameter. Contour lines of constant bhp are often drawn on the same 
plot in similar fashion. An example is provided in Fig. 14–15 for a family 
of centrifugal pumps manufactured by Taco, Inc. In this case, five impeller 
diameters are available, but the identical pump casing is used for all five 
options. As seen in Fig. 14–15, pump manufacturers do not always plot their 
pumps’ performance curves all the way to free delivery. This is because the 
pumps are usually not operated there due to the low values of net head and 
efficiency. If higher values of flow rate and/or net head are required, the 
customer should step up to the next larger casing size, or consider using 
additional pumps in series or parallel.
 It is clear from the performance plot of Fig. 14–15 that for a given pump 
casing, the larger the impeller, the higher the maximum achievable effi-
ciency. Why then would anyone buy the smaller impeller pump? To answer 
this question, we must recognize that the customer’s application requires a 
certain combination of flow rate and net head. If the requirements match a 
particular impeller diameter, it may be more cost effective to sacrifice pump 
efficiency in order to satisfy these requirements.
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圖 14-13　例題 14-1 通風系統以體
積流率為函數之淨水頭，在可用的 
H 或需求的 H 交會點為操作點。
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Hrequired, inches of water 5 Hrequired, air 
rair

rwater
 

 
 5 (15.2 m) 

1.184 kg/m3

998.0 kg/m3 a 1 in

0.0254 m
b

 5 0.709 inches of water  (7)

We repeat the calculations at several values of volume flow rate, and com-
pare to the available net head of the fan in Fig. 14–13. The operating point 
is at a volume flow rate of about 650 cfm, at which both the required and 
available net head equal about 0.83 inches of water. We conclude that the 
chosen fan is more than adequate for the job.
Discussion  The purchased fan is somewhat more powerful than required, 
yielding a higher flow rate than necessary. The difference is small and is 
acceptable; the butterfly damper valve could be partially closed to cut back 
the flow rate to 600 cfm if necessary. For safety reasons, it is clearly bet-
ter to oversize than undersize a fan when used with an air pollution control 
system.

 It is common practice in the pump industry to offer several choices of 
impeller diameter for a single pump casing. There are several reasons for 
this: (1) to save manufacturing costs, (2) to enable capacity increase by 
simple impeller replacement, (3) to standardize installation mountings, and 
(4) to enable reuse of equipment for a different application. When plotting 
the performance of such a “family” of pumps, pump manufacturers do not 
plot separate curves of H, �pump, and bhp for each impeller diameter in the 
form sketched in Fig. 14–8. Instead, they prefer to combine the performance 
curves of an entire family of pumps of different impeller diameters onto a 
single plot (Fig. 14–14). Specifically, they plot a curve of H as a function 
of V

.
 for each impeller diameter in the same way as in Fig. 14–8, but cre-

ate contour lines of constant efficiency, by drawing smooth curves through 
points that have the same value of �pump for the various choices of impel-
ler diameter. Contour lines of constant bhp are often drawn on the same 
plot in similar fashion. An example is provided in Fig. 14–15 for a family 
of centrifugal pumps manufactured by Taco, Inc. In this case, five impeller 
diameters are available, but the identical pump casing is used for all five 
options. As seen in Fig. 14–15, pump manufacturers do not always plot their 
pumps’ performance curves all the way to free delivery. This is because the 
pumps are usually not operated there due to the low values of net head and 
efficiency. If higher values of flow rate and/or net head are required, the 
customer should step up to the next larger casing size, or consider using 
additional pumps in series or parallel.
 It is clear from the performance plot of Fig. 14–15 that for a given pump 
casing, the larger the impeller, the higher the maximum achievable effi-
ciency. Why then would anyone buy the smaller impeller pump? To answer 
this question, we must recognize that the customer’s application requires a 
certain combination of flow rate and net head. If the requirements match a 
particular impeller diameter, it may be more cost effective to sacrifice pump 
efficiency in order to satisfy these requirements.
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殼，或者考慮使用額外串聯或並聯的泵。

從圖 14-15 已知泵的外殼的性能曲線圖可以清楚地看到，越大的葉輪直徑，所

達到的最大效率也越高。那麼為什麼會有人要買較的小葉輪泵呢？要回答這個問

題，我們必須了解消費者要求的流率與淨水頭的組合應用，如果需求符合某個特定

的葉輪直徑的話，為了滿足這些需求，犧牲泵的效率可能使其更具經濟效益。

 例題 14-2　　泵輪葉尺寸之選擇

一座發電廠的清洗運轉需要每分鐘 370 加侖 (gpm) 或 0.0233 m3/s 的水，在此流率下所需淨水頭為 

24 ft (7.3 m)，一位新雇用的工程師查詢了型錄，並決定採購如圖 14-15 所示由 Taco 公司製作，型號 

4013 FI 系列，葉輪 8.25 in (203 mm) 的離心式泵。如果泵在 1160 rpm 運轉，如性能圖所示，他推論

在 H=24 ft (7.3 m) 時，體積流率為 370 gpm (0.0233 m3/s) 下之。一位非常在意效率的總工程師看了

此性能曲線，並注意到這個泵在相同的體積流率下，於操作點時的效率只有 70%，他看到 12.75 in 

(241.3 mm) 的葉輪在相同的體積流率下可達較高的效率 (約 76.5%)，注意到可在泵的下游處裝置節

流閥以增加所需淨水頭，使得泵可在較高效率下運轉，所以他要求這位晚輩工程師確認對葉輪直徑

的選擇，要求她計算哪一種葉輪 (8.25 in 或 12.75 in) 運轉所需之電力較少 (圖 14-16)，進行比較並討

論。

解答：已知體積流率與淨水頭，我們要計算耗功最低的葉輪尺寸，並討論結果。
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EXAMPLE 14–2    Selection of Pump Impeller Size

A washing operation at a power plant requires 370 gallons per minute (gpm) 
or 0.0233 m3/s of water. The required net head is about 24 ft (7.3 m) at this 
flow rate. A newly hired engineer looks through some catalogs and decides to 
purchase the 8.25-in (203-mm) impeller option of the Taco Model 4013 FI 
Series centrifugal pump of Fig. 14–15. If the pump operates at 1160 rpm, as 
specified in the performance plot, she reasons, its performance curve inter-
sects 370 gpm (0.0233 m3/s) at H � 24 ft (7.3 m). The chief engineer, 
who is very concerned about efficiency, glances at the performance curves and 
notes that the efficiency of this pump at this operating point is only 70 per-
cent. He sees that the 12.75-in (241.3-mm) impeller option achieves a higher 
efficiency (about 76.5 percent) at the same flow rate. He notes that a throttle 
valve can be installed downstream of the pump to increase the required net 
head so that the pump operates at this higher efficiency. He asks the junior 
engineer to justify her choice of impeller diameter. Namely, he asks her to 
calculate which impeller option (8.25-in or 12.75-in) would need the least 
amount of electricity to operate (Fig. 14–16). Perform the comparison and 
discuss.
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FIGURE 14–15
Example of a manufacturer’s performance plot for a family of centrifugal pumps. Each pump has the same casing, but a 
different impeller diameter.
Courtesy of Taco, Inc., Cranston, RI. Used by permission.
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圖 14-15　由廠商提供對一系列的離心式泵效率曲線之實例，每個泵具有相同的外殼，但是葉片直徑不同。
Courtesy of Taco, Inc., Cranston, RI. Used by permission.
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假設：1. 水溫 20°C。2. 流體條件 (體積流率與水頭) 為固定值。

性質：20°C 的水其密度 r=998 kg/m3。

分析：從圖 14-15 性能圖的制動馬力圖中可知，資淺的工程師估

計較小葉輪的泵需要馬達提供 3.2 hp (2.4 kW) 之功率。她利用式 

(14-5) 來證實其估算：

對選用 8.25 in 葉輪所需之 bhp： 
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SOLUTION  For a given flow rate and net head, we are to calculate which 
impeller size uses the least amount of power, and we are to discuss our 
results.
Assumptions  1 The water is at 20°C. 2 The flow requirements (volume flow 
rate and head) are constant.
Properties  For water at 20°C, � � 998 kg/m3.
Analysis  From the contours of brake horsepower that are shown on the per-
formance plot of Fig. 14–15, the junior engineer estimates that the pump 
with the smaller impeller requires about 3.2 hp (2.4 kW) from the motor. 
She verifies this estimate by using Eq. 14–5,

Required bhp for the 8.25-in impeller option:

 bhp 5
rgV

#
H

hpump
5

(998 kg/m3)(9.81 m/s2)(0.0233 m3/s)(7.3 m)

0.70

 3 a 1 N

1 kg·m/s2b a
1 kW

1000 N·m/s
b 5 2.38 kW

Similarly, the larger-diameter impeller option requires

 Required bhp for the 12.75-in impeller option: bhp 5 6.56 kW

using the operating point of that pump, namely, V
.
 � 370 gpm (0.0233 m3/s),

H � 72.0 ft (22.0 m) and �pump � 76.5 percent (Fig. 14–15). Clearly, the 
smaller-diameter impeller option is the better choice in spite of its lower effi-
ciency, because it uses less than half the power.
Discussion  Although the larger impeller pump would operate at a somewhat 
higher value of efficiency, it would deliver about 72 ft (22 m) of net head 
at the required flow rate. This is overkill, and the throttle valve would be 
required to make up the difference between this net head and the required 
flow head of 24 ft (7.3 m) of water. A throttle valve does nothing more than 
waste mechanical energy, however; so the gain in efficiency of the pump 
is more than offset by losses through the throttle valve. If the flow head or 
capacity requirements increase at some time in the future, a larger impeller 
can be purchased for the same casing.

Pump Cavitation and Net Positive Suction Head
When pumping liquids, it is possible for the local pressure inside the pump 
to fall below the vapor pressure of the liquid, Pv. (Pv is also called the 
saturation pressure Psat and is listed in thermodynamics tables as a func-
tion of saturation temperature.) When P � Pv, vapor-filled bubbles called 
cavitation bubbles appear. In other words, the liquid boils locally, typically 
on the suction side of the rotating impeller blades where the pressure is lowest 
(Fig. 14–17). After the cavitation bubbles are formed, they are transported 
through the pump to regions where the pressure is higher, causing rapid col-
lapse of the bubbles. It is this collapse of the bubbles that is undesirable, since 
it causes noise, vibration, reduced efficiency, and most importantly, damage 
to the impeller blades. Repeated bubble collapse near a blade surface leads to 
pitting or erosion of the blade and eventually catastrophic blade failure.
 To avoid cavitation, we must ensure that the local pressure everywhere 
inside the pump stays above the vapor pressure. Since pressure is most easily 

FIGURE 14–16
In some applications, a less efficient 

pump from the same family of pumps 
may require less energy to operate. An 
even better choice, however, would be 

a pump whose best efficiency point 
occurs at the required operating point 

of the pump, but such a pump is not 
always commercially available.
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同樣地對大直徑葉輪，

選用 12.75 in 葉輪計算所需之 bhp： bhp=6.56 kW 

使用此泵的操作點，為  
⋅
V =370 gpm (0.0233 m3/s)、H =72.0 ft 

(22.0 m) 與 hpump =76.5% (圖 14-15)，這清楚地表示，即使效率較

差但選用較小直徑的葉輪為較好的選擇，因為其所消耗功率比選

用較大直徑的葉輪少了一半。

討論：雖然具較大直徑葉輪的泵操作效率稍微高一些，但是在所

需流率時可傳遞 72 ft (22 m) 的淨水頭，這太誇張了，且需要節流

閥調節此淨水頭與所需 24 ft (7.3 m) 水柱之間的差異。其實節流閥

沒什麼作用，只是浪費機械能而已，泵增加的效率都被流經節流

閥的損失給抵消了。如果未來要增加流動水頭或容量的話，對相

同的外殼下，可採購較大直徑的葉輪。

圖 14-16　在一群類似的泵的實務應
用上，效率較差的泵可能需要較少

的能量。然而，最好的選擇是在操

作點運轉上最有效率的泵，但這樣

的泵並不是這麼好找的。

797
CHAPTER 14

SOLUTION  For a given flow rate and net head, we are to calculate which 
impeller size uses the least amount of power, and we are to discuss our 
results.
Assumptions  1 The water is at 20°C. 2 The flow requirements (volume flow 
rate and head) are constant.
Properties  For water at 20°C, � � 998 kg/m3.
Analysis  From the contours of brake horsepower that are shown on the per-
formance plot of Fig. 14–15, the junior engineer estimates that the pump 
with the smaller impeller requires about 3.2 hp (2.4 kW) from the motor. 
She verifies this estimate by using Eq. 14–5,

Required bhp for the 8.25-in impeller option:
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Similarly, the larger-diameter impeller option requires

 Required bhp for the 12.75-in impeller option: bhp 5 6.56 kW

using the operating point of that pump, namely, V
.
 � 370 gpm (0.0233 m3/s),

H � 72.0 ft (22.0 m) and �pump � 76.5 percent (Fig. 14–15). Clearly, the 
smaller-diameter impeller option is the better choice in spite of its lower effi-
ciency, because it uses less than half the power.
Discussion  Although the larger impeller pump would operate at a somewhat 
higher value of efficiency, it would deliver about 72 ft (22 m) of net head 
at the required flow rate. This is overkill, and the throttle valve would be 
required to make up the difference between this net head and the required 
flow head of 24 ft (7.3 m) of water. A throttle valve does nothing more than 
waste mechanical energy, however; so the gain in efficiency of the pump 
is more than offset by losses through the throttle valve. If the flow head or 
capacity requirements increase at some time in the future, a larger impeller 
can be purchased for the same casing.

Pump Cavitation and Net Positive Suction Head
When pumping liquids, it is possible for the local pressure inside the pump 
to fall below the vapor pressure of the liquid, Pv. (Pv is also called the 
saturation pressure Psat and is listed in thermodynamics tables as a func-
tion of saturation temperature.) When P � Pv, vapor-filled bubbles called 
cavitation bubbles appear. In other words, the liquid boils locally, typically 
on the suction side of the rotating impeller blades where the pressure is lowest 
(Fig. 14–17). After the cavitation bubbles are formed, they are transported 
through the pump to regions where the pressure is higher, causing rapid col-
lapse of the bubbles. It is this collapse of the bubbles that is undesirable, since 
it causes noise, vibration, reduced efficiency, and most importantly, damage 
to the impeller blades. Repeated bubble collapse near a blade surface leads to 
pitting or erosion of the blade and eventually catastrophic blade failure.
 To avoid cavitation, we must ensure that the local pressure everywhere 
inside the pump stays above the vapor pressure. Since pressure is most easily 
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In some applications, a less efficient 

pump from the same family of pumps 
may require less energy to operate. An 
even better choice, however, would be 

a pump whose best efficiency point 
occurs at the required operating point 

of the pump, but such a pump is not 
always commercially available.
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她是否試著告訴我，
較低效率的泵事實上
可以節省能源成本？

泵空蝕與淨正吸水頭

當泵送液體時，泵內局部的壓力可能會低於液體的蒸氣壓

力 Pv (Pv 也稱為飽和壓力 Psat，並以飽和溫度函數列於熱力性質

表中)。當 P <Pv 時，蒸氣充滿氣泡，稱為空蝕泡的產生。換句

話說，基本上液體的局部沸騰會發生在旋轉葉輪葉片吸入端壓

力最低處 (圖 14-17)。在空蝕泡形成後，經過泵送至壓力較高的

地方，造成氣泡快速崩潰。氣泡崩潰的情況有不良效果，因為

氣泡崩潰會產生噪音、振動、降低效率，最重要的是對葉輪葉

片造成損壞。於接近葉片的表面重複的氣泡崩潰，會導致葉片

的凹陷或侵蝕，甚至導致葉片失效。

為了避免空蝕，必須確保泵內部各處的局部壓力高於蒸氣壓力，在泵的入口量

圖 14-17　於葉片吸入端，空蝕泡的
形成和崩潰。
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measured (or estimated) at the inlet of the pump, cavitation criteria are typi-
cally specified at the pump inlet. It is useful to employ a flow parameter 
called net positive suction head (NPSH), defined as the difference between 
the pump’s inlet stagnation pressure head and the vapor pressure head,

Net positive suction head: NPSH 5 a 
P
rg
1

V 2

2g
b

pump inlet

2
Pv

rg
 (14–8)

 Pump manufacturers test their pumps for cavitation in a pump test facility 
by varying the volume flow rate and inlet pressure in a controlled manner. 
Specifically, at a given flow rate and liquid temperature, the pressure at the 
pump inlet is slowly lowered until cavitation occurs somewhere inside the 
pump. The value of NPSH is calculated using Eq. 14–8 and is recorded at 
this operating condition. The process is repeated at several other flow rates, 
and the pump manufacturer then publishes a performance parameter called 
the required net positive suction head (NPSHrequired), defined as the mini-
mum NPSH necessary to avoid cavitation in the pump. The measured value 
of NPSHrequired varies with volume flow rate, and therefore NPSHrequired is 
often plotted on the same pump performance curve as net head (Fig. 14–18). 
When expressed properly in units of head of the liquid being pumped, 
NPSHrequired is independent of the type of liquid. However, if the required 
net positive suction head is expressed for a particular liquid in pressure units 
such as pascals or psi, the engineer must be careful to convert this pressure 
to the equivalent column height of the actual liquid being pumped. Note that 
since NPSHrequired is usually much smaller than H over the majority of the 
performance curve, it is often plotted on a separate expanded vertical axis for 
clarity (see Fig. 14–15) or as contour lines when being shown for a family 
of pumps. NPSHrequired typically increases with volume flow rate, although 
for some pumps it decreases with V

.
 at low flow rates where the pump is not 

operating very efficiently, as sketched in Fig. 14–18.
 In order to ensure that a pump does not cavitate, the actual or available 
NPSH must be greater than NPSHrequired. It is important to note that the value 
of NPSH varies not only with flow rate, but also with liquid temperature, 
since Pv is a function of temperature. NPSH also depends on the type of liq-
uid being pumped, since there is a unique Pv versus T curve for each liquid. 
Since irreversible head losses through the piping system upstream of the inlet 
increase with flow rate, the pump inlet stagnation pressure head decreases 
with flow rate. Therefore, the value of NPSH decreases with V

.
, as sketched 

in Fig. 14–19. By identifying the volume flow rate at which the curves of 
actual NPSH and NPSHrequired intersect, we estimate the maximum volume 
flow rate that can be delivered by the pump without cavitation (Fig. 14–19).

EXAMPLE 14–3    Maximum Flow Rate to Avoid Pump Cavitation

The 11.25-in (229 mm) impeller option of the Taco Model 4013 FI Series 
centrifugal pump of Fig. 14–15 is used to pump water at 25°C from a res-
ervoir whose surface is 4.0 ft (1.2 m) above the centerline of the pump 
inlet (Fig. 14–20). The piping system from the reservoir to the pump con-
sists of 10.5 ft (3.2 m) of cast iron pipe with an ID of 4.0 in (10.2 cm) 
and an average inner roughness height of 0.02 in (0.51 mm). There are 

�

FIGURE 14–17
Cavitation bubbles forming and 
collapsing on the suction side of an 
impeller blade.

NPSHrequired

H

0
0

•
V

FIGURE 14–18
Typical pump performance curve 
in which net head and required net 
positive suction head are plotted 
versus volume flow rate.

NPSH

H

NPSH required

0
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•
Vmax

•
V

FIGURE 14–19
The volume flow rate at which the 
actual NPSH and the required NPSH 
intersect represents the maximum flow 
rate that can be delivered by the pump 
without the occurrence of cavitation.
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測 (或估計) 壓力為最簡單，所以基本上空蝕臨界值都指定在泵的入口處，一個具

有參考的流動參數，稱為淨正吸水頭 (net positive suction head, NPSH)，其定義為泵

入口處水頭與蒸氣壓力水頭之間的差，

淨正吸水頭： 
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measured (or estimated) at the inlet of the pump, cavitation criteria are typi-
cally specified at the pump inlet. It is useful to employ a flow parameter 
called net positive suction head (NPSH), defined as the difference between 
the pump’s inlet stagnation pressure head and the vapor pressure head,

Net positive suction head: NPSH 5 a 
P
rg
1

V 2

2g
b

pump inlet

2
Pv

rg
 (14–8)

 Pump manufacturers test their pumps for cavitation in a pump test facility 
by varying the volume flow rate and inlet pressure in a controlled manner. 
Specifically, at a given flow rate and liquid temperature, the pressure at the 
pump inlet is slowly lowered until cavitation occurs somewhere inside the 
pump. The value of NPSH is calculated using Eq. 14–8 and is recorded at 
this operating condition. The process is repeated at several other flow rates, 
and the pump manufacturer then publishes a performance parameter called 
the required net positive suction head (NPSHrequired), defined as the mini-
mum NPSH necessary to avoid cavitation in the pump. The measured value 
of NPSHrequired varies with volume flow rate, and therefore NPSHrequired is 
often plotted on the same pump performance curve as net head (Fig. 14–18). 
When expressed properly in units of head of the liquid being pumped, 
NPSHrequired is independent of the type of liquid. However, if the required 
net positive suction head is expressed for a particular liquid in pressure units 
such as pascals or psi, the engineer must be careful to convert this pressure 
to the equivalent column height of the actual liquid being pumped. Note that 
since NPSHrequired is usually much smaller than H over the majority of the 
performance curve, it is often plotted on a separate expanded vertical axis for 
clarity (see Fig. 14–15) or as contour lines when being shown for a family 
of pumps. NPSHrequired typically increases with volume flow rate, although 
for some pumps it decreases with V

.
 at low flow rates where the pump is not 

operating very efficiently, as sketched in Fig. 14–18.
 In order to ensure that a pump does not cavitate, the actual or available 
NPSH must be greater than NPSHrequired. It is important to note that the value 
of NPSH varies not only with flow rate, but also with liquid temperature, 
since Pv is a function of temperature. NPSH also depends on the type of liq-
uid being pumped, since there is a unique Pv versus T curve for each liquid. 
Since irreversible head losses through the piping system upstream of the inlet 
increase with flow rate, the pump inlet stagnation pressure head decreases 
with flow rate. Therefore, the value of NPSH decreases with V

.
, as sketched 

in Fig. 14–19. By identifying the volume flow rate at which the curves of 
actual NPSH and NPSHrequired intersect, we estimate the maximum volume 
flow rate that can be delivered by the pump without cavitation (Fig. 14–19).

EXAMPLE 14–3    Maximum Flow Rate to Avoid Pump Cavitation

The 11.25-in (229 mm) impeller option of the Taco Model 4013 FI Series 
centrifugal pump of Fig. 14–15 is used to pump water at 25°C from a res-
ervoir whose surface is 4.0 ft (1.2 m) above the centerline of the pump 
inlet (Fig. 14–20). The piping system from the reservoir to the pump con-
sists of 10.5 ft (3.2 m) of cast iron pipe with an ID of 4.0 in (10.2 cm) 
and an average inner roughness height of 0.02 in (0.51 mm). There are 
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FIGURE 14–17
Cavitation bubbles forming and 
collapsing on the suction side of an 
impeller blade.
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Typical pump performance curve 
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positive suction head are plotted 
versus volume flow rate.

NPSH

H

NPSH required

0
0

•
Vmax

•
V

FIGURE 14–19
The volume flow rate at which the 
actual NPSH and the required NPSH 
intersect represents the maximum flow 
rate that can be delivered by the pump 
without the occurrence of cavitation.
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 (14-8)

泵製造商在測試空蝕對他們的泵設備的影響時，藉由變化

體積流率與入口壓力來測試。特別是在已知流率與液體溫度

下，泵入口之壓力慢慢地降低，直到泵內部某處發生空蝕現象

為止，使用式 (14-8) 計算 NPSH 的值，並記錄在此操作條件

下。重複步驟在幾種體積流率的條件下，然後泵製造商會公佈

一項稱為所需淨正吸水頭 (NPSHrequired) 的性能參數，其定義為

避免泵中空蝕所需的最低淨正吸水頭。因為所需淨正吸水頭的

量測值會隨體積流率而改變，通常在相同的泵性能曲線上以淨

水頭繪出 (圖 14-18)。當以被加壓的液體的水頭單位適當的表

示時，NPSHrequired 與液體的種類無關，但是，如果一個特定液體所需的淨正吸水

頭是以壓力單位如 Pa 或 psi 表示時，工程師就必須小心地將此壓力轉換至實際被

加壓液體的等效液柱高度。需注意在性能曲線大部分的範圍中，通常 NPSHrequired 

比 H 還要來得低，而為了使其清晰，通常相對於另一個分開擴增的垂直軸繪製

曲線 (見圖 14-15)，或針對一家族系列的泵時，以等高線的方式繪製。基本上， 

NPSHrequired 會隨體積流率的增加而增加，雖然對某些泵來說，在低流率且操作效

率不佳時，NPSHrequired 會隨體積流率的增加而減少 (如圖 14-18 所示)。

為了確保泵不會產生空蝕現象，實際或可用的 NPSH 必須

大於 NPSHrequired，注意 NPSH 的值不只是隨流率而改變，而且

也隨液體溫度變化是很重要的，因為 Pv 為溫度的函數。NPSH 

也依據被加壓的液體種類而定，因為每一種液體的 Pv 與 T 的曲

線是獨特的。由於經過泵入口上游管路系統的不可逆水頭損失

會隨流率增加而增加，所以泵入口壓水頭會隨流率的增加而減

少，因此 NPSH 的值會隨 
⋅
V  的增加而降低，如圖 14-19。確認實

際的 NPSH 曲線與 NPSHrequired 曲線交點的體積流率之後，可估

計由泵傳遞不會發生空蝕現象的最大體積流率 (圖 14-19)。

圖 14-18　典型的泵效率曲線繪出淨
水頭和所需淨正吸水頭與體積流率

之關係。

798
TURBOMACHINERY

measured (or estimated) at the inlet of the pump, cavitation criteria are typi-
cally specified at the pump inlet. It is useful to employ a flow parameter 
called net positive suction head (NPSH), defined as the difference between 
the pump’s inlet stagnation pressure head and the vapor pressure head,

Net positive suction head: NPSH 5 a 
P
rg
1

V 2

2g
b

pump inlet

2
Pv

rg
 (14–8)

 Pump manufacturers test their pumps for cavitation in a pump test facility 
by varying the volume flow rate and inlet pressure in a controlled manner. 
Specifically, at a given flow rate and liquid temperature, the pressure at the 
pump inlet is slowly lowered until cavitation occurs somewhere inside the 
pump. The value of NPSH is calculated using Eq. 14–8 and is recorded at 
this operating condition. The process is repeated at several other flow rates, 
and the pump manufacturer then publishes a performance parameter called 
the required net positive suction head (NPSHrequired), defined as the mini-
mum NPSH necessary to avoid cavitation in the pump. The measured value 
of NPSHrequired varies with volume flow rate, and therefore NPSHrequired is 
often plotted on the same pump performance curve as net head (Fig. 14–18). 
When expressed properly in units of head of the liquid being pumped, 
NPSHrequired is independent of the type of liquid. However, if the required 
net positive suction head is expressed for a particular liquid in pressure units 
such as pascals or psi, the engineer must be careful to convert this pressure 
to the equivalent column height of the actual liquid being pumped. Note that 
since NPSHrequired is usually much smaller than H over the majority of the 
performance curve, it is often plotted on a separate expanded vertical axis for 
clarity (see Fig. 14–15) or as contour lines when being shown for a family 
of pumps. NPSHrequired typically increases with volume flow rate, although 
for some pumps it decreases with V

.
 at low flow rates where the pump is not 

operating very efficiently, as sketched in Fig. 14–18.
 In order to ensure that a pump does not cavitate, the actual or available 
NPSH must be greater than NPSHrequired. It is important to note that the value 
of NPSH varies not only with flow rate, but also with liquid temperature, 
since Pv is a function of temperature. NPSH also depends on the type of liq-
uid being pumped, since there is a unique Pv versus T curve for each liquid. 
Since irreversible head losses through the piping system upstream of the inlet 
increase with flow rate, the pump inlet stagnation pressure head decreases 
with flow rate. Therefore, the value of NPSH decreases with V

.
, as sketched 

in Fig. 14–19. By identifying the volume flow rate at which the curves of 
actual NPSH and NPSHrequired intersect, we estimate the maximum volume 
flow rate that can be delivered by the pump without cavitation (Fig. 14–19).

EXAMPLE 14–3    Maximum Flow Rate to Avoid Pump Cavitation

The 11.25-in (229 mm) impeller option of the Taco Model 4013 FI Series 
centrifugal pump of Fig. 14–15 is used to pump water at 25°C from a res-
ervoir whose surface is 4.0 ft (1.2 m) above the centerline of the pump 
inlet (Fig. 14–20). The piping system from the reservoir to the pump con-
sists of 10.5 ft (3.2 m) of cast iron pipe with an ID of 4.0 in (10.2 cm) 
and an average inner roughness height of 0.02 in (0.51 mm). There are 

�

FIGURE 14–17
Cavitation bubbles forming and 
collapsing on the suction side of an 
impeller blade.

NPSHrequired

H

0
0

•
V

FIGURE 14–18
Typical pump performance curve 
in which net head and required net 
positive suction head are plotted 
versus volume flow rate.
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NPSH required

0
0

•
Vmax
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V

FIGURE 14–19
The volume flow rate at which the 
actual NPSH and the required NPSH 
intersect represents the maximum flow 
rate that can be delivered by the pump 
without the occurrence of cavitation.
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需淨正吸水頭曲線交點處的體積流

率，表示泵可輸送之最大且不發生

氣蝕現象的體積流率。
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measured (or estimated) at the inlet of the pump, cavitation criteria are typi-
cally specified at the pump inlet. It is useful to employ a flow parameter 
called net positive suction head (NPSH), defined as the difference between 
the pump’s inlet stagnation pressure head and the vapor pressure head,

Net positive suction head: NPSH 5 a 
P
rg
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pump inlet
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Pv

rg
 (14–8)

 Pump manufacturers test their pumps for cavitation in a pump test facility 
by varying the volume flow rate and inlet pressure in a controlled manner. 
Specifically, at a given flow rate and liquid temperature, the pressure at the 
pump inlet is slowly lowered until cavitation occurs somewhere inside the 
pump. The value of NPSH is calculated using Eq. 14–8 and is recorded at 
this operating condition. The process is repeated at several other flow rates, 
and the pump manufacturer then publishes a performance parameter called 
the required net positive suction head (NPSHrequired), defined as the mini-
mum NPSH necessary to avoid cavitation in the pump. The measured value 
of NPSHrequired varies with volume flow rate, and therefore NPSHrequired is 
often plotted on the same pump performance curve as net head (Fig. 14–18). 
When expressed properly in units of head of the liquid being pumped, 
NPSHrequired is independent of the type of liquid. However, if the required 
net positive suction head is expressed for a particular liquid in pressure units 
such as pascals or psi, the engineer must be careful to convert this pressure 
to the equivalent column height of the actual liquid being pumped. Note that 
since NPSHrequired is usually much smaller than H over the majority of the 
performance curve, it is often plotted on a separate expanded vertical axis for 
clarity (see Fig. 14–15) or as contour lines when being shown for a family 
of pumps. NPSHrequired typically increases with volume flow rate, although 
for some pumps it decreases with V

.
 at low flow rates where the pump is not 

operating very efficiently, as sketched in Fig. 14–18.
 In order to ensure that a pump does not cavitate, the actual or available 
NPSH must be greater than NPSHrequired. It is important to note that the value 
of NPSH varies not only with flow rate, but also with liquid temperature, 
since Pv is a function of temperature. NPSH also depends on the type of liq-
uid being pumped, since there is a unique Pv versus T curve for each liquid. 
Since irreversible head losses through the piping system upstream of the inlet 
increase with flow rate, the pump inlet stagnation pressure head decreases 
with flow rate. Therefore, the value of NPSH decreases with V

.
, as sketched 

in Fig. 14–19. By identifying the volume flow rate at which the curves of 
actual NPSH and NPSHrequired intersect, we estimate the maximum volume 
flow rate that can be delivered by the pump without cavitation (Fig. 14–19).

EXAMPLE 14–3    Maximum Flow Rate to Avoid Pump Cavitation

The 11.25-in (229 mm) impeller option of the Taco Model 4013 FI Series 
centrifugal pump of Fig. 14–15 is used to pump water at 25°C from a res-
ervoir whose surface is 4.0 ft (1.2 m) above the centerline of the pump 
inlet (Fig. 14–20). The piping system from the reservoir to the pump con-
sists of 10.5 ft (3.2 m) of cast iron pipe with an ID of 4.0 in (10.2 cm) 
and an average inner roughness height of 0.02 in (0.51 mm). There are 
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FIGURE 14–17
Cavitation bubbles forming and 
collapsing on the suction side of an 
impeller blade.
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FIGURE 14–18
Typical pump performance curve 
in which net head and required net 
positive suction head are plotted 
versus volume flow rate.
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FIGURE 14–19
The volume flow rate at which the 
actual NPSH and the required NPSH 
intersect represents the maximum flow 
rate that can be delivered by the pump 
without the occurrence of cavitation.
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第 14 章　輪機機械 13

 例題 14-3　　避免產生泵空蝕的最大流率

選取如圖 14-15 Taco 公司 4013 FI 系列的離心式泵，直徑為 11.25 

in (229 mm) 的葉輪，用來泵送水槽裡 25°C 的水，其液面高於泵

入口中心線 4.0 ft (1.2m) (圖14-20)。從水槽到泵之間的管路系統

由內徑為 4.0 in (10.2 cm)，長 10.5 ft (3.2 m) 的鑄鐵管組成，且

內部平均粗糙高度為 0.02 in (0.51 mm)。其中有幾個次要損失：

鋒利邊緣的入口 (KL =0.5)，三個具法蘭接頭的 90° 肘彎管 (每個 

KL =0.3)，和一個全開法蘭接頭的球閥 (KL =6.0)。預估泵在不發

生空蝕情況下所能泵送的最大體積流率 (以 gpm 為單位)，如果有

較高水溫的水，此最大流率會增加還是減少？為什麼？討論如何

在避免空蝕的情況下，增加此最大流率。

解答：對已知的泵與管路系統中，估計泵送時不會產生空蝕的最

大體積流率，並討論水溫的影響與增加最大流率的方式。

假設：1.  此流動為穩流。2.  液體為不可壓縮流體。3.  泵入口之流動為完全發展之紊流，其

a=1.05。

性質：T =25°C 的水，r =997.0 kg/m3、m =8.91×10−4 kg/m ⋅ s，且 Pv =3.169 kPa，標準大氣壓力

Patm =101.3 kPa 。

分析：應用水頭型式穩定能量方程式，沿著流線從儲水槽液面的點 1 到泵入口的點 2，
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several minor losses: a sharp-edged inlet (KL � 0.5), three flanged smooth 
90° regular elbows (KL � 0.3 each), and a fully open flanged globe valve (KL 
� 6.0). Estimate the maximum volume flow rate (in units of gpm) that can 
be pumped without cavitation. If the water were warmer, would this maxi-
mum flow rate increase or decrease? Why? Discuss how you might increase 
the maximum flow rate while still avoiding cavitation.

SOLUTION  For a given pump and piping system we are to estimate the 
maximum volume flow rate that can be pumped without cavitation. We are 
also to discuss the effect of water temperature and how we might increase 
the maximum flow rate. 
Assumptions  1 The flow is steady. 2 The liquid is incompressible. 3 The 
flow at the pump inlet is turbulent and fully developed, with � � 1.05.
Properties  For water at T � 25°C, � � 997.0 kg/m3, � � 8.91 � 10�4 kg/m · s, 
and Pv � 3.169 kPa. Standard atmospheric pressure is Patm � 101.3 kPa.
Analysis  We apply the steady energy equation in head form along a stream-
line from point 1 at the reservoir surface to point 2 at the pump inlet,

 
P1

rg
1
a1V 1

2

2g
1 z1 1 hpump, u 5

P2

rg
1
a2V 2

2

2g
1 z2 1 hturbine, e 1 hL, total (1)

In Eq. 1 we have ignored the water speed at the reservoir surface (V1 ≅ 0). 
There is no turbine in the piping system. Also, although there is a pump in 
the system, there is no pump between points 1 and 2; hence the pump head 
term also drops out. We solve Eq. 1 for P2/�g, which is the pump inlet pres-
sure expressed as a head,

 Pump inlet pressure head: 
P2

rg
5

Patm

rg
1 (z1 2 z2) 2

a2V 2
2

2g
2 hL, total (2)

Note that in Eq. 2, we have recognized that P1 � Patm since the reservoir 
surface is exposed to atmospheric pressure.
 The available net positive suction head at the pump inlet is obtained from 
Eq. 14–8. After substitution of Eq. 2, we get

 Available NPSH: NPSH 5
Patm 2 Pv

rg
1 (z1 2 z2) 2 hL, total 2

(a2 2 1)V 2
2

2g
 (3)

Since we know Patm, Pv, and the elevation difference, all that remains is to 
estimate the total irreversible head loss through the piping system, which 
depends on volume flow rate. Since the pipe diameter is constant,

 Irreversible head loss: hL, total 5 af 
L

D
1 aKLb

V 2

2g
 (4)

The rest of the problem is most easily solved on a computer. For a given 
volume flow rate, we calculate speed V and Reynolds number Re. From Re and 
the known pipe roughness, we use the Moody chart (or the Colebrook equation) 
to obtain friction factor f. The sum of all the minor loss coefficients is

 Minor losses: aKL 5 0.5 1 3 3 0.3 1 6.0 5 7.4 (5)

 We make one calculation by hand for illustrative purposes. At V
.
 � 400 gpm 

(0.02523 m3/s), the average speed of water through the pipe is

 
V 5

V
#

A
5

4V
#

pD2 5
4(0.02523 m3/s)

p(4.0 in)2 a 1 in

0.0254 m
b

2

5 3.112 m/s (6)

z2

2

z1

1

FIGURE 14–20
Inlet piping system from the 

reservoir (1) to the pump inlet (2) 
for Example 14–3.
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 (1)

在式 (1) 中，我們忽略水在儲水槽液面的速度 (V1 ≅0) ，在管路系統中沒有水輪機，雖然在系統中

有一個泵，但是在點 1 與點 2 之間沒有泵，因此泵水頭項也去除掉。我們求解式 (1) 的 P2/rg，其為

泵入口壓力以水頭表示，

泵入口壓力水頭： 
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several minor losses: a sharp-edged inlet (KL � 0.5), three flanged smooth 
90° regular elbows (KL � 0.3 each), and a fully open flanged globe valve (KL 
� 6.0). Estimate the maximum volume flow rate (in units of gpm) that can 
be pumped without cavitation. If the water were warmer, would this maxi-
mum flow rate increase or decrease? Why? Discuss how you might increase 
the maximum flow rate while still avoiding cavitation.

SOLUTION  For a given pump and piping system we are to estimate the 
maximum volume flow rate that can be pumped without cavitation. We are 
also to discuss the effect of water temperature and how we might increase 
the maximum flow rate. 
Assumptions  1 The flow is steady. 2 The liquid is incompressible. 3 The 
flow at the pump inlet is turbulent and fully developed, with � � 1.05.
Properties  For water at T � 25°C, � � 997.0 kg/m3, � � 8.91 � 10�4 kg/m · s, 
and Pv � 3.169 kPa. Standard atmospheric pressure is Patm � 101.3 kPa.
Analysis  We apply the steady energy equation in head form along a stream-
line from point 1 at the reservoir surface to point 2 at the pump inlet,
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1
a1V 1
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rg
1
a2V 2

2

2g
1 z2 1 hturbine, e 1 hL, total (1)

In Eq. 1 we have ignored the water speed at the reservoir surface (V1 ≅ 0). 
There is no turbine in the piping system. Also, although there is a pump in 
the system, there is no pump between points 1 and 2; hence the pump head 
term also drops out. We solve Eq. 1 for P2/�g, which is the pump inlet pres-
sure expressed as a head,

 Pump inlet pressure head: 
P2

rg
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Patm
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1 (z1 2 z2) 2

a2V 2
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2 hL, total (2)

Note that in Eq. 2, we have recognized that P1 � Patm since the reservoir 
surface is exposed to atmospheric pressure.
 The available net positive suction head at the pump inlet is obtained from 
Eq. 14–8. After substitution of Eq. 2, we get

 Available NPSH: NPSH 5
Patm 2 Pv
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1 (z1 2 z2) 2 hL, total 2

(a2 2 1)V 2
2

2g
 (3)

Since we know Patm, Pv, and the elevation difference, all that remains is to 
estimate the total irreversible head loss through the piping system, which 
depends on volume flow rate. Since the pipe diameter is constant,

 Irreversible head loss: hL, total 5 af 
L

D
1 aKLb

V 2
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 (4)

The rest of the problem is most easily solved on a computer. For a given 
volume flow rate, we calculate speed V and Reynolds number Re. From Re and 
the known pipe roughness, we use the Moody chart (or the Colebrook equation) 
to obtain friction factor f. The sum of all the minor loss coefficients is

 Minor losses: aKL 5 0.5 1 3 3 0.3 1 6.0 5 7.4 (5)

 We make one calculation by hand for illustrative purposes. At V
.
 � 400 gpm 

(0.02523 m3/s), the average speed of water through the pipe is
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FIGURE 14–20
Inlet piping system from the 

reservoir (1) to the pump inlet (2) 
for Example 14–3.
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 (2)

注意因儲水槽液面在大氣壓力環境中，所以在式 (2) 中已知 P1 =Patm。

可由式 (14-8) 獲得泵入口的可用淨正吸水頭，將式 (2) 代入之後得到

可用之 NPSH： 
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several minor losses: a sharp-edged inlet (KL � 0.5), three flanged smooth 
90° regular elbows (KL � 0.3 each), and a fully open flanged globe valve (KL 
� 6.0). Estimate the maximum volume flow rate (in units of gpm) that can 
be pumped without cavitation. If the water were warmer, would this maxi-
mum flow rate increase or decrease? Why? Discuss how you might increase 
the maximum flow rate while still avoiding cavitation.

SOLUTION  For a given pump and piping system we are to estimate the 
maximum volume flow rate that can be pumped without cavitation. We are 
also to discuss the effect of water temperature and how we might increase 
the maximum flow rate. 
Assumptions  1 The flow is steady. 2 The liquid is incompressible. 3 The 
flow at the pump inlet is turbulent and fully developed, with � � 1.05.
Properties  For water at T � 25°C, � � 997.0 kg/m3, � � 8.91 � 10�4 kg/m · s, 
and Pv � 3.169 kPa. Standard atmospheric pressure is Patm � 101.3 kPa.
Analysis  We apply the steady energy equation in head form along a stream-
line from point 1 at the reservoir surface to point 2 at the pump inlet,
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1 z1 1 hpump, u 5
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In Eq. 1 we have ignored the water speed at the reservoir surface (V1 ≅ 0). 
There is no turbine in the piping system. Also, although there is a pump in 
the system, there is no pump between points 1 and 2; hence the pump head 
term also drops out. We solve Eq. 1 for P2/�g, which is the pump inlet pres-
sure expressed as a head,

 Pump inlet pressure head: 
P2

rg
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rg
1 (z1 2 z2) 2

a2V 2
2

2g
2 hL, total (2)

Note that in Eq. 2, we have recognized that P1 � Patm since the reservoir 
surface is exposed to atmospheric pressure.
 The available net positive suction head at the pump inlet is obtained from 
Eq. 14–8. After substitution of Eq. 2, we get

 Available NPSH: NPSH 5
Patm 2 Pv

rg
1 (z1 2 z2) 2 hL, total 2

(a2 2 1)V 2
2

2g
 (3)

Since we know Patm, Pv, and the elevation difference, all that remains is to 
estimate the total irreversible head loss through the piping system, which 
depends on volume flow rate. Since the pipe diameter is constant,

 Irreversible head loss: hL, total 5 af 
L

D
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 (4)

The rest of the problem is most easily solved on a computer. For a given 
volume flow rate, we calculate speed V and Reynolds number Re. From Re and 
the known pipe roughness, we use the Moody chart (or the Colebrook equation) 
to obtain friction factor f. The sum of all the minor loss coefficients is

 Minor losses: aKL 5 0.5 1 3 3 0.3 1 6.0 5 7.4 (5)

 We make one calculation by hand for illustrative purposes. At V
.
 � 400 gpm 

(0.02523 m3/s), the average speed of water through the pipe is
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FIGURE 14–20
Inlet piping system from the 

reservoir (1) to the pump inlet (2) 
for Example 14–3.
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 (3)

因為我們知道 Patm、Pv 與高度差，只剩下預估經過管路系統的不可逆總水頭損失，這與體積流率有

關，因為管徑是為定值，

不可逆水頭損失： 
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several minor losses: a sharp-edged inlet (KL � 0.5), three flanged smooth 
90° regular elbows (KL � 0.3 each), and a fully open flanged globe valve (KL 
� 6.0). Estimate the maximum volume flow rate (in units of gpm) that can 
be pumped without cavitation. If the water were warmer, would this maxi-
mum flow rate increase or decrease? Why? Discuss how you might increase 
the maximum flow rate while still avoiding cavitation.

SOLUTION  For a given pump and piping system we are to estimate the 
maximum volume flow rate that can be pumped without cavitation. We are 
also to discuss the effect of water temperature and how we might increase 
the maximum flow rate. 
Assumptions  1 The flow is steady. 2 The liquid is incompressible. 3 The 
flow at the pump inlet is turbulent and fully developed, with � � 1.05.
Properties  For water at T � 25°C, � � 997.0 kg/m3, � � 8.91 � 10�4 kg/m · s, 
and Pv � 3.169 kPa. Standard atmospheric pressure is Patm � 101.3 kPa.
Analysis  We apply the steady energy equation in head form along a stream-
line from point 1 at the reservoir surface to point 2 at the pump inlet,
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In Eq. 1 we have ignored the water speed at the reservoir surface (V1 ≅ 0). 
There is no turbine in the piping system. Also, although there is a pump in 
the system, there is no pump between points 1 and 2; hence the pump head 
term also drops out. We solve Eq. 1 for P2/�g, which is the pump inlet pres-
sure expressed as a head,

 Pump inlet pressure head: 
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Note that in Eq. 2, we have recognized that P1 � Patm since the reservoir 
surface is exposed to atmospheric pressure.
 The available net positive suction head at the pump inlet is obtained from 
Eq. 14–8. After substitution of Eq. 2, we get

 Available NPSH: NPSH 5
Patm 2 Pv
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1 (z1 2 z2) 2 hL, total 2

(a2 2 1)V 2
2
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Since we know Patm, Pv, and the elevation difference, all that remains is to 
estimate the total irreversible head loss through the piping system, which 
depends on volume flow rate. Since the pipe diameter is constant,

 Irreversible head loss: hL, total 5 af 
L

D
1 aKLb

V 2

2g
 (4)

The rest of the problem is most easily solved on a computer. For a given 
volume flow rate, we calculate speed V and Reynolds number Re. From Re and 
the known pipe roughness, we use the Moody chart (or the Colebrook equation) 
to obtain friction factor f. The sum of all the minor loss coefficients is

 Minor losses: aKL 5 0.5 1 3 3 0.3 1 6.0 5 7.4 (5)

 We make one calculation by hand for illustrative purposes. At V
.
 � 400 gpm 

(0.02523 m3/s), the average speed of water through the pipe is
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 (4)

剩餘的問題交由電腦解答是最簡單的，對一個已知的體積流率，我們可計算流速與雷諾數 Re，從 

圖 14-20　例題 14-3 從儲水槽 (1) 到
泵入口 (2) 的入口管路系統。
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several minor losses: a sharp-edged inlet (KL � 0.5), three flanged smooth 
90° regular elbows (KL � 0.3 each), and a fully open flanged globe valve (KL 
� 6.0). Estimate the maximum volume flow rate (in units of gpm) that can 
be pumped without cavitation. If the water were warmer, would this maxi-
mum flow rate increase or decrease? Why? Discuss how you might increase 
the maximum flow rate while still avoiding cavitation.

SOLUTION  For a given pump and piping system we are to estimate the 
maximum volume flow rate that can be pumped without cavitation. We are 
also to discuss the effect of water temperature and how we might increase 
the maximum flow rate. 
Assumptions  1 The flow is steady. 2 The liquid is incompressible. 3 The 
flow at the pump inlet is turbulent and fully developed, with � � 1.05.
Properties  For water at T � 25°C, � � 997.0 kg/m3, � � 8.91 � 10�4 kg/m · s, 
and Pv � 3.169 kPa. Standard atmospheric pressure is Patm � 101.3 kPa.
Analysis  We apply the steady energy equation in head form along a stream-
line from point 1 at the reservoir surface to point 2 at the pump inlet,

 
P1

rg
1
a1V 1

2

2g
1 z1 1 hpump, u 5

P2

rg
1
a2V 2

2

2g
1 z2 1 hturbine, e 1 hL, total (1)

In Eq. 1 we have ignored the water speed at the reservoir surface (V1 ≅ 0). 
There is no turbine in the piping system. Also, although there is a pump in 
the system, there is no pump between points 1 and 2; hence the pump head 
term also drops out. We solve Eq. 1 for P2/�g, which is the pump inlet pres-
sure expressed as a head,

 Pump inlet pressure head: 
P2

rg
5

Patm
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1 (z1 2 z2) 2

a2V 2
2

2g
2 hL, total (2)

Note that in Eq. 2, we have recognized that P1 � Patm since the reservoir 
surface is exposed to atmospheric pressure.
 The available net positive suction head at the pump inlet is obtained from 
Eq. 14–8. After substitution of Eq. 2, we get

 Available NPSH: NPSH 5
Patm 2 Pv

rg
1 (z1 2 z2) 2 hL, total 2

(a2 2 1)V 2
2

2g
 (3)

Since we know Patm, Pv, and the elevation difference, all that remains is to 
estimate the total irreversible head loss through the piping system, which 
depends on volume flow rate. Since the pipe diameter is constant,

 Irreversible head loss: hL, total 5 af 
L
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The rest of the problem is most easily solved on a computer. For a given 
volume flow rate, we calculate speed V and Reynolds number Re. From Re and 
the known pipe roughness, we use the Moody chart (or the Colebrook equation) 
to obtain friction factor f. The sum of all the minor loss coefficients is

 Minor losses: aKL 5 0.5 1 3 3 0.3 1 6.0 5 7.4 (5)

 We make one calculation by hand for illustrative purposes. At V
.
 � 400 gpm 

(0.02523 m3/s), the average speed of water through the pipe is

 
V 5

V
#

A
5

4V
#

pD2 5
4(0.02523 m3/s)

p(4.0 in)2 a 1 in

0.0254 m
b

2

5 3.112 m/s (6)

z2

2

z1

1

FIGURE 14–20
Inlet piping system from the 

reservoir (1) to the pump inlet (2) 
for Example 14–3.

787-878_cengel_ch14.indd   799 7/3/13   3:39 PM

儲水槽

入口
管路
系統

泵

閥



14 流 體 力 學

Re 與已知的管粗糙度，使用穆迪圖 (或是科爾布魯克方程式) 來獲得摩擦係數 f。次要損失係數的總
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several minor losses: a sharp-edged inlet (KL � 0.5), three flanged smooth 
90° regular elbows (KL � 0.3 each), and a fully open flanged globe valve (KL 
� 6.0). Estimate the maximum volume flow rate (in units of gpm) that can 
be pumped without cavitation. If the water were warmer, would this maxi-
mum flow rate increase or decrease? Why? Discuss how you might increase 
the maximum flow rate while still avoiding cavitation.

SOLUTION  For a given pump and piping system we are to estimate the 
maximum volume flow rate that can be pumped without cavitation. We are 
also to discuss the effect of water temperature and how we might increase 
the maximum flow rate. 
Assumptions  1 The flow is steady. 2 The liquid is incompressible. 3 The 
flow at the pump inlet is turbulent and fully developed, with � � 1.05.
Properties  For water at T � 25°C, � � 997.0 kg/m3, � � 8.91 � 10�4 kg/m · s, 
and Pv � 3.169 kPa. Standard atmospheric pressure is Patm � 101.3 kPa.
Analysis  We apply the steady energy equation in head form along a stream-
line from point 1 at the reservoir surface to point 2 at the pump inlet,

 
P1

rg
1
a1V 1

2

2g
1 z1 1 hpump, u 5
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rg
1
a2V 2

2
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1 z2 1 hturbine, e 1 hL, total (1)

In Eq. 1 we have ignored the water speed at the reservoir surface (V1 ≅ 0). 
There is no turbine in the piping system. Also, although there is a pump in 
the system, there is no pump between points 1 and 2; hence the pump head 
term also drops out. We solve Eq. 1 for P2/�g, which is the pump inlet pres-
sure expressed as a head,

 Pump inlet pressure head: 
P2

rg
5

Patm
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1 (z1 2 z2) 2

a2V 2
2

2g
2 hL, total (2)

Note that in Eq. 2, we have recognized that P1 � Patm since the reservoir 
surface is exposed to atmospheric pressure.
 The available net positive suction head at the pump inlet is obtained from 
Eq. 14–8. After substitution of Eq. 2, we get

 Available NPSH: NPSH 5
Patm 2 Pv

rg
1 (z1 2 z2) 2 hL, total 2

(a2 2 1)V 2
2

2g
 (3)

Since we know Patm, Pv, and the elevation difference, all that remains is to 
estimate the total irreversible head loss through the piping system, which 
depends on volume flow rate. Since the pipe diameter is constant,

 Irreversible head loss: hL, total 5 af 
L

D
1 aKLb

V 2

2g
 (4)

The rest of the problem is most easily solved on a computer. For a given 
volume flow rate, we calculate speed V and Reynolds number Re. From Re and 
the known pipe roughness, we use the Moody chart (or the Colebrook equation) 
to obtain friction factor f. The sum of all the minor loss coefficients is

 Minor losses: aKL 5 0.5 1 3 3 0.3 1 6.0 5 7.4 (5)

 We make one calculation by hand for illustrative purposes. At V
.
 � 400 gpm 

(0.02523 m3/s), the average speed of water through the pipe is
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 (5)

我們示範用手算的方式計算一次，在  
⋅
V =400 gpm (0.02523 m3/s) 時，水通過管路的平均流速為
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several minor losses: a sharp-edged inlet (KL � 0.5), three flanged smooth 
90° regular elbows (KL � 0.3 each), and a fully open flanged globe valve (KL 
� 6.0). Estimate the maximum volume flow rate (in units of gpm) that can 
be pumped without cavitation. If the water were warmer, would this maxi-
mum flow rate increase or decrease? Why? Discuss how you might increase 
the maximum flow rate while still avoiding cavitation.

SOLUTION  For a given pump and piping system we are to estimate the 
maximum volume flow rate that can be pumped without cavitation. We are 
also to discuss the effect of water temperature and how we might increase 
the maximum flow rate. 
Assumptions  1 The flow is steady. 2 The liquid is incompressible. 3 The 
flow at the pump inlet is turbulent and fully developed, with � � 1.05.
Properties  For water at T � 25°C, � � 997.0 kg/m3, � � 8.91 � 10�4 kg/m · s, 
and Pv � 3.169 kPa. Standard atmospheric pressure is Patm � 101.3 kPa.
Analysis  We apply the steady energy equation in head form along a stream-
line from point 1 at the reservoir surface to point 2 at the pump inlet,
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a1V 1

2

2g
1 z1 1 hpump, u 5
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1
a2V 2
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1 z2 1 hturbine, e 1 hL, total (1)

In Eq. 1 we have ignored the water speed at the reservoir surface (V1 ≅ 0). 
There is no turbine in the piping system. Also, although there is a pump in 
the system, there is no pump between points 1 and 2; hence the pump head 
term also drops out. We solve Eq. 1 for P2/�g, which is the pump inlet pres-
sure expressed as a head,

 Pump inlet pressure head: 
P2

rg
5

Patm

rg
1 (z1 2 z2) 2

a2V 2
2

2g
2 hL, total (2)

Note that in Eq. 2, we have recognized that P1 � Patm since the reservoir 
surface is exposed to atmospheric pressure.
 The available net positive suction head at the pump inlet is obtained from 
Eq. 14–8. After substitution of Eq. 2, we get

 Available NPSH: NPSH 5
Patm 2 Pv

rg
1 (z1 2 z2) 2 hL, total 2

(a2 2 1)V 2
2

2g
 (3)

Since we know Patm, Pv, and the elevation difference, all that remains is to 
estimate the total irreversible head loss through the piping system, which 
depends on volume flow rate. Since the pipe diameter is constant,

 Irreversible head loss: hL, total 5 af 
L

D
1 aKLb

V 2

2g
 (4)

The rest of the problem is most easily solved on a computer. For a given 
volume flow rate, we calculate speed V and Reynolds number Re. From Re and 
the known pipe roughness, we use the Moody chart (or the Colebrook equation) 
to obtain friction factor f. The sum of all the minor loss coefficients is

 Minor losses: aKL 5 0.5 1 3 3 0.3 1 6.0 5 7.4 (5)

 We make one calculation by hand for illustrative purposes. At V
.
 � 400 gpm 

(0.02523 m3/s), the average speed of water through the pipe is
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 (6)

這使得雷諾數 Re =rVD/m=  3.538×105，在此雷諾數值與相對粗糙度係數 ε/D=0.005，從科爾布魯

克方程式得出 f=0.0306。將已知性質 f、D、L 與式 (4)、(5)、(6) 代入式 (3)，可計算在此體積流率

下的可用淨正吸入水頭，
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which produces a Reynolds number of Re � �VD/� � 3.538 � 105. At this 
Reynolds number, and with roughness factor �/D � 0.005, the Colebrook 
equation yields f � 0.0306. Substituting the given properties, along with 
f, D, L, and Eqs. 4, 5, and 6, into Eq. 3, we calculate the available net 
positive suction head at this flow rate,

 
 NPSH 5

(10,300 2 3169) N/m2

(997.0 kg/m3)(9.81 m/s2)
akg·m/s2

N
b 1 1.219 m

 
 2 a0.0306 

10.5 ft

0.3333 ft
1 7.4 2 (1.05 2 1)b  

(3.112 m/s)2

2(9.81 m/s2)

 5 7.148 m 5 23.5 ft   (7)

The required net positive suction head is obtained from Fig. 14–15. At our 
example flow rate of 400 gpm, NPSHrequired is just above 4.0 ft. Since the 
actual NPSH is much higher than this, we need not worry about cavitation at 
this flow rate. We use EES (or a spreadsheet) to calculate NPSH as a func-
tion of volume flow rate, and the results are plotted in Fig. 14–21. It is clear 
from this plot that at 25°C, cavitation occurs at flow rates above approximately 
600 gpm—close to the free delivery.
 If the water were warmer than 25°C, the vapor pressure would increase, 
the viscosity would decrease, and the density would decrease slightly. 
The calculations are repeated at T � 60°C, at which � � 983.3 kg/m3, 
� � 4.67 � 10�4 kg/m · s, and Pv � 19.94 kPa. The results are also plotted 
in Fig. 14–21, where we see that the maximum volume flow rate without cavi-
tation decreases with temperature (to about 555 gpm at 60°C). This decrease 
agrees with our intuition, since warmer water is already closer to its boiling 
point from the start.
 Finally, how can we increase the maximum flow rate? Any modification 
that increases the available NPSH helps. We can raise the height of the 
reservoir surface (to increase the hydrostatic head). We can reroute the pip-
ing so that only one elbow is necessary and replace the globe valve with a 
ball valve (to decrease the minor losses). We can increase the diameter of 
the pipe and decrease the surface roughness (to decrease the major losses). 
In this particular problem, the minor losses have the greatest influence, but 
in many problems, the major losses are more significant, and increasing the 
pipe diameter is most effective. That is one reason why many centrifugal 
pumps have a larger inlet diameter than outlet diameter.
Discussion  Note that NPSHrequired does not depend on water temperature, 
but the actual or available NPSH decreases with temperature (Fig. 14–21).

Pumps in Series and Parallel
When faced with the need to increase volume flow rate or pressure rise by 
a small amount, you might consider adding an additional smaller pump in 
series or in parallel with the original pump. While series or parallel arrange-
ment is acceptable for some applications, arranging dissimilar pumps in 
series or in parallel may lead to problems, especially if one pump is much 
larger than the other (Fig. 14–22). A better course of action is to increase 
the original pump’s speed and/or input power (larger electric motor), replace 
the impeller with a larger one, or replace the entire pump with a larger one. 
The logic for this decision can be seen from the pump performance curves, 
realizing that pressure rise and volume flow rate are related. Arranging 
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FIGURE 14–21
Net positive suction head as a function 
of volume flow rate for the pump of 
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 (7)

從圖 14-15 可得出所需淨正吸水頭。在本例題中，體積流率為 

400 gpm， NPSHrequired 剛好大於 4.0 ft。因為實際的 NPSH 比這個

值還要高，我們不需要擔心在此流率下會發生空蝕的問題。利用 

EES (或計算表) 計算以體積流率為函數的 NPSH，並將結果繪製

於圖 14-21 之中。從圖中可清楚地看出在 25°C 下，發生空蝕的體

積流率大約在 600 gpm－接近自由輸送值。

如果水溫高於 25°C，水的蒸氣壓力會增加，水的黏度會降

低且密度也會稍微降低，重複計算於水溫 T =60°C 下，r =983.3 

kg/m3、m =4.67×10−4 kg/m ⋅ s 和 Pv =19.94 kPa，結果也繪製於

圖 14-21 當中，其中看到不發生空蝕的最大體積流率會隨溫度的

增加而降低 (在 60°C 時大約為 555 gpm)，此結果與我們的推論一

致，因為從一開始溫度較高的水就比較接近沸騰的溫度。

最後，要如何增加最大體積流率呢？任何增加可用的 NPSH 

的改善都有幫助。我們可以提高水槽液面的高度 (為了增加水力

水頭)；可以重新安排管路，使得只需要一個彎管並以球型閥置換

此球閥 (減少次要損失)，也可以增加管徑大小來減低表面粗糙度 

(降低主要損失)。在這個特殊的問題中，次要的損失具最大的影

響，但是在許多的問題當中，主要的損失是更為顯著，而增加管徑大小則是最有影響的方式。這也

是許多離心式泵的入口管徑比出口管徑大一些的原因之一。

討論：注意 NPSHrequired 並不隨水溫變化，但是實際或可用的 NPSH 則隨溫度增加而減少 (圖  

14-21)。

圖 14-21　例題 14-3 所使用的泵，
在兩種溫度下以體積流率為函數之

淨正吸水頭，預測出空蝕發生在大

約可用和所需之 NPSH 交會點的體
積流率。
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which produces a Reynolds number of Re � �VD/� � 3.538 � 105. At this 
Reynolds number, and with roughness factor �/D � 0.005, the Colebrook 
equation yields f � 0.0306. Substituting the given properties, along with 
f, D, L, and Eqs. 4, 5, and 6, into Eq. 3, we calculate the available net 
positive suction head at this flow rate,

 
 NPSH 5

(10,300 2 3169) N/m2

(997.0 kg/m3)(9.81 m/s2)
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N
b 1 1.219 m
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10.5 ft

0.3333 ft
1 7.4 2 (1.05 2 1)b 

(3.112 m/s)2

2(9.81 m/s2)

 5 7.148 m 5 23.5 ft   (7)

The required net positive suction head is obtained from Fig. 14–15. At our 
example flow rate of 400 gpm, NPSHrequired is just above 4.0 ft. Since the 
actual NPSH is much higher than this, we need not worry about cavitation at 
this flow rate. We use EES (or a spreadsheet) to calculate NPSH as a func-
tion of volume flow rate, and the results are plotted in Fig. 14–21. It is clear 
from this plot that at 25°C, cavitation occurs at flow rates above approximately 
600 gpm—close to the free delivery.
 If the water were warmer than 25°C, the vapor pressure would increase, 
the viscosity would decrease, and the density would decrease slightly. 
The calculations are repeated at T � 60°C, at which � � 983.3 kg/m3, 
� � 4.67 � 10�4 kg/m · s, and Pv � 19.94 kPa. The results are also plotted 
in Fig. 14–21, where we see that the maximum volume flow rate without cavi-
tation decreases with temperature (to about 555 gpm at 60°C). This decrease 
agrees with our intuition, since warmer water is already closer to its boiling 
point from the start.
 Finally, how can we increase the maximum flow rate? Any modification 
that increases the available NPSH helps. We can raise the height of the 
reservoir surface (to increase the hydrostatic head). We can reroute the pip-
ing so that only one elbow is necessary and replace the globe valve with a 
ball valve (to decrease the minor losses). We can increase the diameter of 
the pipe and decrease the surface roughness (to decrease the major losses). 
In this particular problem, the minor losses have the greatest influence, but 
in many problems, the major losses are more significant, and increasing the 
pipe diameter is most effective. That is one reason why many centrifugal 
pumps have a larger inlet diameter than outlet diameter.
Discussion  Note that NPSHrequired does not depend on water temperature, 
but the actual or available NPSH decreases with temperature (Fig. 14–21).

Pumps in Series and Parallel
When faced with the need to increase volume flow rate or pressure rise by 
a small amount, you might consider adding an additional smaller pump in 
series or in parallel with the original pump. While series or parallel arrange-
ment is acceptable for some applications, arranging dissimilar pumps in 
series or in parallel may lead to problems, especially if one pump is much 
larger than the other (Fig. 14–22). A better course of action is to increase 
the original pump’s speed and/or input power (larger electric motor), replace 
the impeller with a larger one, or replace the entire pump with a larger one. 
The logic for this decision can be seen from the pump performance curves, 
realizing that pressure rise and volume flow rate are related. Arranging 
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泵的串聯與並聯

當面對需要增加少量的體積流率或壓升時，可考慮加上額

外串聯或並聯的小型泵在原本的泵上。雖然一些實務應用中接

受串聯或並聯的安排時，安排不同的泵在串聯或並聯管路可

能導致一些問題，特別是其中一個泵比另一個泵大的時候 (圖  

14-22)。比較好的方法是增加原泵的流速或輸入功 (較大的電動

馬達) 以較大的葉輪取代，或是以較大的泵整個取代。這個決定

的邏輯可從泵性能曲線看出，知道壓升與體積流率是有關的。

串連兩個性能不相似的泵可能會產生些許問題，原因在於

流經每個泵的體積流率必須相同，而整體的壓升是兩個泵的壓

力相加。如果這些泵的性能曲線差異過大，較小的泵被強制操

作在超過其自由輸送流量的體積流率的情況，在此情況下，較

小的泵運作就好比是水頭損失，會降低總體積流率值。將兩個

性能差異過大的水泵並聯在一起也會產生些許問題，原因在於

並聯時兩者的壓升必須相同，體積流率為兩者相加。如果這些泵的性能沒有安排妥

當，較小的泵可能無法維持較大的淨水頭，導致流體會在從較小的泵逆流，會導致

整體壓升下降。在上述兩種情況中，輸入較小的泵之功率就浪費了。

要注意的是，在許多實務應用當中，會有兩個或更多類似的 (通常是一樣的) 

泵，以串聯或並聯運轉。當使用串聯運轉時，運作的淨水頭即為每一個泵的淨水頭

之和 (在已知的體積流率下)，

串聯泵的組合淨水頭： 
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dissimilar pumps in series may create problems because the volume flow 
rate through each pump must be the same, but the overall pressure rise is 
equal to the pressure rise of one pump plus that of the other. If the pumps 
have widely different performance curves, the smaller pump may be forced 
to operate beyond its free delivery flow rate, whereupon it acts like a head 
loss, reducing the total volume flow rate. Arranging dissimilar pumps in 
parallel may create problems because the overall pressure rise must be the 
same, but the net volume flow rate is the sum of that through each branch. 
If the pumps are not sized properly, the smaller pump may not be able to 
handle the large head imposed on it, and the flow in its branch could actu-
ally be reversed; this would inadvertently reduce the overall pressure rise. 
In either case, the power supplied to the smaller pump would be wasted.
 Keeping these cautions in mind, there are many applications where two or 
more similar (usually identical) pumps are operated in series or in parallel. 
When operated in series, the combined net head is simply the sum of the 
net heads of each pump (at a given volume flow rate),

Combined net head for n pumps in series: Hcombined 5 a
n

i51
Hi (14–9)

Equation 14–9 is illustrated in Fig. 14–23 for three pumps in series. In this 
example, pump 3 is the strongest and pump 1 is the weakest. The shutoff 
head of the three pumps combined in series is equal to the sum of the shut-
off head of each individual pump. For low values of volume flow rate, the 
net head of the three pumps in series is equal to H1 � H2 � H3. Beyond the 
free delivery of pump 1 (to the right of the first vertical dashed red line in 
Fig. 14–23), pump 1 should be shut off and bypassed. Otherwise it would be 
running beyond its maximum designed operating point, and the pump or its 
motor could be damaged. Furthermore, the net head across this pump would 
be negative as previously discussed, contributing to a net loss in the system. 
With pump 1 bypassed, the combined net head becomes H2 � H3. Simi-
larly, beyond the free delivery of pump 2, that pump should also be shut 
off and bypassed, and the combined net head is then equal to H3 alone, as 
indicated to the right of the second vertical dashed gray line in Fig. 14–23. 

H1 + H2 + H3

H2 + H3

0

0

H

•
V

FIGURE 14–23
Pump performance curve (dark blue) 
for three dissimilar pumps in series. 

At low values of volume flow rate, the 
combined net head is equal to the sum 
of the net head of each pump by itself. 

However, to avoid pump damage 
and loss of combined net head, any 
individual pump should be shut off 

and bypassed at flow rates larger than 
that pump’s free delivery, as indicated 
by the vertical dashed red lines. If the 
three pumps were identical, it would 

not be necessary to turn off any of the 
pumps, since the free delivery of each 

pump would occur at the same volume 
flow rate.
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 (14-9)

三個串聯的泵，使用式 (14-9) 計算後得結果繪於圖 14-23 之中，在這個例子當中，

泵 3 的性能最強，有較大的體積流率和水頭，而泵 1 的性能最弱。在關斷 (體積流

率為零) 時所得串聯淨水頭為三個水泵關斷淨水頭的加總，當操作於比較小的體積

流率時，其組合淨水頭等於 H1 +H2 +H3。超過泵 1 自由輸送值的體積流率 (圖 14-

23 中第一條垂直虛線的右邊) 運轉時，應關閉泵 1 並使流體旁通，否則會在超過泵 

1 最大設計操作點之下運轉，導致此泵或馬達毀損。再者，正如之前已討論過的，

此泵的淨水頭會為負值，則對此系統形成一項淨損失。當對泵 1 旁通時，組合淨水

頭則成為 H2 +H3。同樣地，超過泵 2 的自由輸送值的體積流率運轉時，也應關閉

泵 2 並使流體旁通，然後組合淨水頭僅等於 H3，如圖 14-23 第二條垂直虛線的右

邊所表示的情形。

在此案例中，就算其中兩個泵為旁通條件，單一個泵和三個泵的自由輸送體積

圖 14-22　安排兩個類似的泵以 (a) 
串聯或 (b) 並聯，有時候會造成一些
問題。
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which produces a Reynolds number of Re � �VD/� � 3.538 � 105. At this 
Reynolds number, and with roughness factor �/D � 0.005, the Colebrook 
equation yields f � 0.0306. Substituting the given properties, along with 
f, D, L, and Eqs. 4, 5, and 6, into Eq. 3, we calculate the available net 
positive suction head at this flow rate,

 
 NPSH 5

(10,300 2 3169) N/m2

(997.0 kg/m3)(9.81 m/s2)
akg·m/s2

N
b 1 1.219 m

 
 2 a0.0306 

10.5 ft

0.3333 ft
1 7.4 2 (1.05 2 1)b 

(3.112 m/s)2

2(9.81 m/s2)

 5 7.148 m 5 23.5 ft   (7)

The required net positive suction head is obtained from Fig. 14–15. At our 
example flow rate of 400 gpm, NPSHrequired is just above 4.0 ft. Since the 
actual NPSH is much higher than this, we need not worry about cavitation at 
this flow rate. We use EES (or a spreadsheet) to calculate NPSH as a func-
tion of volume flow rate, and the results are plotted in Fig. 14–21. It is clear 
from this plot that at 25°C, cavitation occurs at flow rates above approximately 
600 gpm—close to the free delivery.
 If the water were warmer than 25°C, the vapor pressure would increase, 
the viscosity would decrease, and the density would decrease slightly. 
The calculations are repeated at T � 60°C, at which � � 983.3 kg/m3, 
� � 4.67 � 10�4 kg/m · s, and Pv � 19.94 kPa. The results are also plotted 
in Fig. 14–21, where we see that the maximum volume flow rate without cavi-
tation decreases with temperature (to about 555 gpm at 60°C). This decrease 
agrees with our intuition, since warmer water is already closer to its boiling 
point from the start.
 Finally, how can we increase the maximum flow rate? Any modification 
that increases the available NPSH helps. We can raise the height of the 
reservoir surface (to increase the hydrostatic head). We can reroute the pip-
ing so that only one elbow is necessary and replace the globe valve with a 
ball valve (to decrease the minor losses). We can increase the diameter of 
the pipe and decrease the surface roughness (to decrease the major losses). 
In this particular problem, the minor losses have the greatest influence, but 
in many problems, the major losses are more significant, and increasing the 
pipe diameter is most effective. That is one reason why many centrifugal 
pumps have a larger inlet diameter than outlet diameter.
Discussion  Note that NPSHrequired does not depend on water temperature, 
but the actual or available NPSH decreases with temperature (Fig. 14–21).

Pumps in Series and Parallel
When faced with the need to increase volume flow rate or pressure rise by 
a small amount, you might consider adding an additional smaller pump in 
series or in parallel with the original pump. While series or parallel arrange-
ment is acceptable for some applications, arranging dissimilar pumps in 
series or in parallel may lead to problems, especially if one pump is much 
larger than the other (Fig. 14–22). A better course of action is to increase 
the original pump’s speed and/or input power (larger electric motor), replace 
the impeller with a larger one, or replace the entire pump with a larger one. 
The logic for this decision can be seen from the pump performance curves, 
realizing that pressure rise and volume flow rate are related. Arranging 

30

5

0

300 400 500 700

10

25

20

15

600
•

V, gpm

FIGURE 14–21
Net positive suction head as a function 
of volume flow rate for the pump of 
Example 14–3 at two temperatures. 
Cavitation is predicted to occur at flow 
rates greater than the point where the 
available and required values of NPSH 
intersect.

(a)

(b)

FIGURE 14–22
Arranging two very dissimilar pumps 
in (a) series or (b) parallel can 
sometimes lead to problems.
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率值相同。

當兩個或更多相同的 (或類似的) 泵以並聯運轉時，則將個別的體積流率 (非淨

水頭) 值相加，得到

並聯泵的組合容量： 

802
TURBOMACHINERY

In this case, the combined free delivery is the same as that of pump 3 alone, 
assuming that the other two pumps are bypassed.
 When two or more identical (or similar) pumps are operated in parallel, 
their individual volume flow rates (rather than net heads) are summed,

Combined capacity for n pumps in parallel: V
#

combined 5 a
n

i51
V
#

i (14–10)

As an example, consider the same three pumps, but arranged in parallel 
rather than in series. The combined pump performance curve is shown in 
Fig. 14–24. The free delivery of the three combined pumps is equal to the 
sum of the free delivery of each individual pump. For low values of net
head, the capacity of the three pumps in parallel is equal to V

.
1 � V

.
2 � V

.
3. 

Above the shutoff head of pump 1 (above the first horizontal dashed red 
line in Fig. 14–24), pump 1 should be shut off and its branch should be 
blocked (with a valve). Otherwise it would be running beyond its maximum 
designed operating point, and the pump or its motor could be damaged. Fur-
thermore, the volume flow rate through this pump would be negative as pre-
viously discussed, contributing to a net loss in the system. With pump 1 shut 
off and blocked, the combined capacity becomes V

.
2 � V

.
3. Similarly, above 

the shutoff head of pump 2, that pump should also be shut off and blocked.
The combined capacity is then equal to V

.
3 alone, as indicated above, the 

second horizontal dashed gray line in Fig. 14–24. In this case, the combined 
shutoff head is the same as that of pump 3 alone, assuming that the other 
two pumps are shut off and their branches are blocked.
 In practice, several pumps may be combined in parallel to deliver a large 
volume flow rate (Fig. 14–25). Examples include banks of pumps used to 
circulate water in cooling towers and chilled water loops (Wright, 1999). 
Ideally all the pumps should be identical so that we don’t need to worry 
about shutting any of them off (Fig. 14–24). Also, it is wise to install 
check valves in each branch so that when a pump needs to be shut down 

0

0

H

.
 V

 V2 +  V3
⋅ ⋅

 V1 +  V2 +  V3
⋅ ⋅ ⋅

FIGURE 14–24
Pump performance curve (dark blue) for 
three pumps in parallel. At a low value 
of net head, the combined capacity 
is equal to the sum of the capacity of 
each pump by itself. However, to avoid 
pump damage and loss of combined 
capacity, any individual pump should 
be shut off at net heads larger than that 
pump’s shutoff head, as indicated by 
the horizontal dashed gray lines. That 
pump’s branch should also be blocked 
with a valve to avoid reverse flow. If the 
three pumps were identical, it would 
not be necessary to turn off any of the 
pumps, since the shutoff head of each 
pump would occur at the same net head.
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 (14-10)

另外，將圖 14-23 中的三個泵以並聯方式相接，其組合的泵性能曲線如圖 14-24 所

示，這三個組合泵的自由輸送體積流率等於每個個別泵的自由輸送值的總和。對較

低淨水頭的情況下，三個泵並聯的容量等於 
⋅
V 1 +⋅

V 2 +⋅
V 3。當輸送水頭高於泵 1 之

關閉淨水頭 (在圖 14-24 中第一條水平虛線之上) 時，應關閉泵 1 並阻斷其支流 (使

用閥件)，否則會超過泵 1 最大設計操作點之下運轉，會導致此泵或馬達毀損。更

進一步說明，流經此泵的體積流率會成為負值，對此系統形成一項淨損失。當關閉

泵 1 並阻斷此支流時，組合的容量則成為 
⋅
V 2 +⋅

V 3。同樣地，超過泵 2 的關閉水頭

運轉時，也應關閉泵 2 並將其支流阻斷，然後組合淨水頭僅等於 
⋅
V 3，如圖 14-24 中

第二條水平虛線之上所表示的情形。在這樣的情況下，假設關閉另外兩個泵並阻斷

其支流時，組合的關閉水頭也與泵 3 的值相同。

在實際的應用中，可能會將幾個泵以並聯的方式組合來輸送較大體積流率的流

體 (圖 14-25)。這些實例包括使用多個泵來推動冷卻水塔的冷卻水和冰水 (Wright, 

1990)，理想的情況下所有的泵性能應該相同，所以我們不需要考慮關閉其中任一

個泵 (圖 14-24)，而且設計者會在每個支流上裝設逆止閥，這樣當需要關閉泵的時

候 (維修或所需的流率較低時)，即可避免泵的迴流。注意在泵的並聯管路中裝設額

外的閥件與管線，會增加系統的水頭損失，因此多個水泵加總的性能會稍微差些。

圖 14-23　三個類似的泵串聯之效率
曲線 (實線)。在體積流率較低時，
淨水頭值為各個泵淨水頭的總和。

然而，為了避免泵的毀損與組合淨

水頭的損失，每個泵在體積流率大

於其自由輸送值 (如圖為垂直的虛
線) 時，應關閉泵並將流體旁通。如
果這三個泵是相同的，則不一定需

將三個泵的任何一個關閉，因為每

一個泵的自由輸送值會發生在相同

的體積流率值。
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dissimilar pumps in series may create problems because the volume flow 
rate through each pump must be the same, but the overall pressure rise is 
equal to the pressure rise of one pump plus that of the other. If the pumps 
have widely different performance curves, the smaller pump may be forced 
to operate beyond its free delivery flow rate, whereupon it acts like a head 
loss, reducing the total volume flow rate. Arranging dissimilar pumps in 
parallel may create problems because the overall pressure rise must be the 
same, but the net volume flow rate is the sum of that through each branch. 
If the pumps are not sized properly, the smaller pump may not be able to 
handle the large head imposed on it, and the flow in its branch could actu-
ally be reversed; this would inadvertently reduce the overall pressure rise. 
In either case, the power supplied to the smaller pump would be wasted.
 Keeping these cautions in mind, there are many applications where two or 
more similar (usually identical) pumps are operated in series or in parallel. 
When operated in series, the combined net head is simply the sum of the 
net heads of each pump (at a given volume flow rate),

Combined net head for n pumps in series: Hcombined 5 a
n

i51
Hi (14–9)

Equation 14–9 is illustrated in Fig. 14–23 for three pumps in series. In this 
example, pump 3 is the strongest and pump 1 is the weakest. The shutoff 
head of the three pumps combined in series is equal to the sum of the shut-
off head of each individual pump. For low values of volume flow rate, the 
net head of the three pumps in series is equal to H1 � H2 � H3. Beyond the 
free delivery of pump 1 (to the right of the first vertical dashed red line in 
Fig. 14–23), pump 1 should be shut off and bypassed. Otherwise it would be 
running beyond its maximum designed operating point, and the pump or its 
motor could be damaged. Furthermore, the net head across this pump would 
be negative as previously discussed, contributing to a net loss in the system. 
With pump 1 bypassed, the combined net head becomes H2 � H3. Simi-
larly, beyond the free delivery of pump 2, that pump should also be shut 
off and bypassed, and the combined net head is then equal to H3 alone, as 
indicated to the right of the second vertical dashed gray line in Fig. 14–23. 

H1 + H2 + H3

H2 + H3

0

0

H

•
V

FIGURE 14–23
Pump performance curve (dark blue) 
for three dissimilar pumps in series. 

At low values of volume flow rate, the 
combined net head is equal to the sum 
of the net head of each pump by itself. 

However, to avoid pump damage 
and loss of combined net head, any 
individual pump should be shut off 

and bypassed at flow rates larger than 
that pump’s free delivery, as indicated 
by the vertical dashed red lines. If the 
three pumps were identical, it would 

not be necessary to turn off any of the 
pumps, since the free delivery of each 

pump would occur at the same volume 
flow rate.
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組合泵的關閉水頭
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通)

組合淨水頭

合泵的自由輸送流量

泵 3泵 2
泵 1

僅 H3
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正位移式泵

在數個世紀之間，許多人已經設計出許多樣式的正位移式泵，在每一種設計當

中，流體由體積擴張的入口吸入，然後隨著泵體積收縮而受到擠壓，但是在不同的

設計中，造成體積變化的機構則差異甚大。有些設計很簡單，像是彈性管蠕動式

泵 (圖 14-26a)，利用小型轉輪壓縮管子而推擠流體前進 (此機構有些類似於人體體

內食道或腸子的蠕動，透過肌肉擠壓將物品推動，此案例的滾輪和肌肉類似)。此

圖 14-24　三個並聯的泵之效率曲
線 (實線)，在淨水頭較低時，其組
合容量等於各個泵之容量的組合。

但是為了避免毀損泵與組合容量的

損失，每個泵在淨水頭大於泵的關

閉水頭時 (如圖為虛線)，應將其關
閉，而且該泵管線需用一個閥門阻

隔以避免逆流。如果這三個泵是相

同的，則不一定需將任何一個泵關

閉，因為每一個泵的關閉水頭產生

在相同的淨水頭。

圖 14-25　通常幾種相同的泵會以並
聯方式運轉，可以在操作時時可獲

得較大的體積流率，圖中顯示三個

並聯的泵。
Courtesy of Goulds Pumps, ITT 
Corporation. Used by permission.
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In this case, the combined free delivery is the same as that of pump 3 alone, 
assuming that the other two pumps are bypassed.
 When two or more identical (or similar) pumps are operated in parallel, 
their individual volume flow rates (rather than net heads) are summed,

Combined capacity for n pumps in parallel: V
#

combined 5 a
n

i51
V
#

i (14–10)

As an example, consider the same three pumps, but arranged in parallel 
rather than in series. The combined pump performance curve is shown in 
Fig. 14–24. The free delivery of the three combined pumps is equal to the 
sum of the free delivery of each individual pump. For low values of net
head, the capacity of the three pumps in parallel is equal to V

.
1 � V

.
2 � V

.
3. 

Above the shutoff head of pump 1 (above the first horizontal dashed red 
line in Fig. 14–24), pump 1 should be shut off and its branch should be 
blocked (with a valve). Otherwise it would be running beyond its maximum 
designed operating point, and the pump or its motor could be damaged. Fur-
thermore, the volume flow rate through this pump would be negative as pre-
viously discussed, contributing to a net loss in the system. With pump 1 shut 
off and blocked, the combined capacity becomes V

.
2 � V

.
3. Similarly, above 

the shutoff head of pump 2, that pump should also be shut off and blocked.
The combined capacity is then equal to V

.
3 alone, as indicated above, the 

second horizontal dashed gray line in Fig. 14–24. In this case, the combined 
shutoff head is the same as that of pump 3 alone, assuming that the other 
two pumps are shut off and their branches are blocked.
 In practice, several pumps may be combined in parallel to deliver a large 
volume flow rate (Fig. 14–25). Examples include banks of pumps used to 
circulate water in cooling towers and chilled water loops (Wright, 1999). 
Ideally all the pumps should be identical so that we don’t need to worry 
about shutting any of them off (Fig. 14–24). Also, it is wise to install 
check valves in each branch so that when a pump needs to be shut down 

0

0

H

.
 V

 V2 +  V3
⋅ ⋅

 V1 +  V2 +  V3
⋅ ⋅ ⋅

FIGURE 14–24
Pump performance curve (dark blue) for 
three pumps in parallel. At a low value 
of net head, the combined capacity 
is equal to the sum of the capacity of 
each pump by itself. However, to avoid 
pump damage and loss of combined 
capacity, any individual pump should 
be shut off at net heads larger than that 
pump’s shutoff head, as indicated by 
the horizontal dashed gray lines. That 
pump’s branch should also be blocked 
with a valve to avoid reverse flow. If the 
three pumps were identical, it would 
not be necessary to turn off any of the 
pumps, since the shutoff head of each 
pump would occur at the same net head.
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(for maintenance or when the required flow rate is low), backflow through 
the pump is avoided. Note that the extra valves and piping required for a 
parallel pump network add additional head losses to the system; thus the 
overall performance of the combined pumps suffers somewhat.

Positive-Displacement Pumps
People have designed numerous positive-displacement pumps throughout the 
centuries. In each design, fluid is sucked into an expanding volume and then 
pushed along as that volume contracts, but the mechanism that causes this 
change in volume differs greatly among the various designs. Some designs 
are very simple, like the flexible-tube peristaltic pump (Fig. 14–26a) that 
compresses a tube by small wheels, pushing the fluid along. (This mecha-
nism is somewhat similar to peristalsis in your esophagus or intestines, 
where muscles rather than wheels compress the tube.) Others are more com-
plex, using rotating cams with synchronized lobes (Fig. 14–26b), interlock-
ing gears (Fig. 14–26c), or screws (Fig. 14–26d). Positive-displacement 
pumps are ideal for high-pressure applications like pumping viscous liquids 
or thick slurries, and for applications where precise amounts of liquid are to 
be dispensed or metered, as in medical applications.

FIGURE 14–25
Several identical pumps are often run 

in a parallel configuration so that a 
large volume flow rate can be achieved 
when necessary. Three parallel pumps 

are shown.
Courtesy of Goulds Pumps, ITT Corporation. 

Used by permission.
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外也有更複雜的泵，像是利用具同步葉瓣的旋轉凸輪 (圖 14-26b)、互相連結的齒輪 

(圖 14-26c) 或螺桿 (圖 14-26d)。正位移式泵適合於高壓的應用，像是對黏性高的流

體或是濃稠的泥漿加壓，以及需要準確液體用量之應用，如醫藥的應用。

為了示範正位移式泵的操作方式，我們繪製一個簡易的旋轉泵 (rotary pump)，

在半個循環中繪製其四個相位動作之位置圖 (圖 14-27)，每個轉子有兩個葉片。此

二轉子藉由外部的齒輪盒得以同步轉動，所以能以相同的角速度旋轉，但是兩者相

反方向轉動。在圖中，上方的轉子以順時針方向轉動，而下方的轉子則以逆時針方

向轉動，從左邊吸入流體並由右邊排放，在每個轉子的其中葉片畫上一個白點，可

幫助你對轉子旋轉的現象能夠更具體地了解。
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(a) (b)

(c) (d)

FIGURE 14–26
Examples of positive-displacement 
pumps: (a) flexible-tube peristaltic 
pump, (b) three-lobe rotary pump, 
(c) gear pump, and (d) double screw 
pump.
Adapted from F. M. White, Fluid Mechanics 4/e. 
Copyright © 1999. The McGraw-Hill Companies, 
Inc. With permission.
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FIGURE 14–27
Four phases (one-eighth of a turn 
apart) in the operation of a two-lobe 
rotary pump, a type of positive-
displacement pump. The blue region 
represents a chunk of fluid pushed 
through the top rotor, while the red 
region represents a chunk of fluid 
pushed through the bottom rotor, 
which rotates in the opposite direction. 
Flow is from left to right.

 To illustrate the operation of a positive-displacement pump, we sketch four 
phases of half of a cycle of a simple rotary pump with two lobes on each 
rotor (Fig. 14–27). The two rotors are synchronized by an external gear box 
so as to rotate at the same angular speed, but in opposite directions. In the dia-
gram, the top rotor turns clockwise and the bottom rotor turns counterclock-
wise, sucking in fluid from the left and discharging it to the right. A white dot 
is drawn on one lobe of each rotor to help you visualize the rotation.
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圖 14-26　正位移式泵之實例：(a) 
彈性管蠕動泵；(b) 三葉瓣旋轉泵；
(c) 齒輪泵；和 (d) 雙螺桿泵。
Adapted from F. M. White, Fluid 
Mechanics 4/e. Copyright © 1999. The 
McGraw-Hill Companies, Inc. With 
permission.
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圖 14-27　雙葉片旋轉泵為正位移式
泵之一種，其運轉之四個相位 (間隔 
1/8 轉)。淺色區域表示由頂端轉子
所擠壓的流體，而深色區域則表示

由底部轉子所擠壓之流體，其轉動

方向與頂端轉子之方向相反，流動

方向是從左到右。

流進 流出
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轉子與殼體之間以及轉子本身之間有間隙存在，圖 14-27 繪出其間隙，並且誇

大之。流體會經過這些間隙洩漏，降低泵的性能，高黏度的流體則無法輕易地穿越

這些間隙，因此旋轉式泵的淨水頭 (與效率) 一般會隨黏度的增加而增加，如圖 14-

28 所示。這是對高黏度流體與泥漿加壓時，採用旋轉式泵 (與其它型式的正位移式

泵) 的原因之一。例如引擎機油泵與食品工業設備，如糖漿、番茄醬、巧克力等的

黏稠流體加壓，都使用旋轉式泵。

旋轉式泵的性能曲線 (淨水頭與容量關係) 在整個建議操作

範圍中幾乎為垂直線，由於在已知旋轉速率之下，不論負荷多

大，其體積流率幾乎為常數 (圖 14-28)。但是如圖 14-28 之中紅

色虛線所表示，在非常高的淨水頭操作之下，即非常高的輸出

壓力的情況，洩漏的情形會變嚴重，高黏度流體時會更嚴重。

此外，驅動泵的馬達無法克服由此較高的輸出壓力所需求較大

的扭矩，馬達產生失速或過載的情況，這可能導致馬達毀損。

所以旋轉式泵的製造商不建議淨水頭值在高於某個值的情況下

運轉，這個值基本上較關斷水頭低許多。製造商所供應的泵性

能曲線通常不會顯示超出建議操作範圍的性能曲線。

正位移式泵比動力式泵有許多優點，例如正位移式泵處理

對剪應力敏感的液體時性能較佳，在類似的壓力與體積流率的

操作條件下，正位移式泵所產生出之剪應力會比動力式泵小很

多。血液即為一種剪應力敏感的液體，這是人工心臟使用正位

移式泵的原因之一。一個密封完整的正位移式泵能夠在其入口

產生極大的真空，甚至在乾燥的時候能夠從低於泵幾公尺的位

置將液體吸入，稱這種泵為自注泵 (self-priming pump) (圖 14-

29)。最後，在相似的負載下，正位移式泵的轉子比動力式泵的

轉子 (葉輪) 的運轉速率低，可延長其使用年限等等。

而正位移式泵也有一些缺點，其體積流率無法改變，除非旋轉速度改變 (這並

不像聽起來那樣簡單，因為大部分的交流電馬達都是設計在一個或多個固定旋轉速

度下運轉)。它們在出口端產生非常高的壓力，而且如果出口被擋住的話，會如之

前所討論的，可能造成泵的破裂或電動馬達過熱的情況。因上述原因，通常需要過

壓保護 (例如洩壓閥)，因為正位移式泵的設計，可能產生振動流，這對某些應用來

說是不可接受的。

正位移式泵的分析是相當直接的，我們可從泵的幾何形狀計算旋轉軸

每 n 圈旋轉所充滿的密閉體積 (closed volume, V closed)，則體積流率等於旋轉速 

 ⋅n 率乘上 V closed 除以 n，

圖 14-28　比較不同黏度的流體下，
相同轉速運轉的旋轉泵效率曲線，

為了避免馬達過載，泵不應該在灰

影區域下運轉。
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 Gaps exist between the rotors and the housing and between the lobes 
of the rotors themselves, as illustrated (and exaggerated) in Fig. 14–27. 
Fluid can leak through these gaps, reducing the pump’s efficiency. High-
viscosity fluids cannot penetrate the gaps as easily; hence the net head 
(and efficiency) of a rotary pump generally increases with fluid viscosity, as 
shown in Fig. 14–28. This is one reason why rotary pumps (and other types of 
positive-displacement pumps) are a good choice for pumping highly viscous 
fluids and slurries. They are used, for example, as automobile engine oil 
pumps and in the foods industry to pump heavy liquids like syrup, tomato 
paste, and chocolate, and slurries like soups.
 The pump performance curve (net head versus capacity) of a rotary pump 
is nearly vertical throughout its recommended operating range, since the 
capacity is fairly constant regardless of load at a given rotational speed 
(Fig. 14–28). However, as indicated by the dashed blue curve in Fig. 14–28, at 
very high values of net head, corresponding to very high pump outlet pres-
sure, leaks become more severe, even for high-viscosity fluids. In addition, 
the motor driving the pump cannot overcome the large torque caused by this 
high outlet pressure, and the motor begins to suffer stall or overload, which 
may burn out the motor. Therefore, rotary pump manufacturers do not rec-
ommend operation of the pump above a certain maximum net head, which 
is typically well below the shutoff head. The pump performance curves sup-
plied by the manufacturer often do not even show the pump’s performance 
outside of its recommended operating range.
 Positive-displacement pumps have many advantages over dynamic pumps. 
For example, a positive-displacement pump is better able to handle shear 
sensitive liquids since the induced shear is much less than that of a dynamic 
pump operating at similar pressure and flow rate. Blood is a shear sensitive 
liquid, and this is one reason why positive-displacement pumps are used 
for artificial hearts. A well-sealed positive-displacement pump can create 
a significant vacuum pressure at its inlet, even when dry, and is thus able 
to lift a liquid from several meters below the pump. We refer to this kind 
of pump as a self-priming pump (Fig. 14–29). Finally, the rotor(s) of a 
positive- displacement pump run at lower speeds than the rotor (impeller) of 
a dynamic pump at similar loads, extending the useful lifetime of seals, etc.
 There are some disadvantages of positive-displacement pumps as well. 
Their volume flow rate cannot be changed unless the rotation rate is 
changed. (This is not as simple as it sounds, since most AC electric motors 
are designed to operate at one or more fixed rotational speeds.) They cre-
ate very high pressure at the outlet side, and if the outlet becomes blocked, 
ruptures may occur or electric motors may overheat, as previously discussed. 
Overpressure protection (e.g., a pressure-relief valve) is often required for 
this reason. Because of their design, positive-displacement pumps sometimes 
deliver a pulsating flow, which may be unacceptable for some applications.
 Analysis of positive-displacement pumps is fairly straightforward. From 
the geometry of the pump, we calculate the closed volume (Vclosed) that is 
filled (and expelled) for every n rotations of the shaft. Volume flow rate is 
then equal to rotation rate n

.
 times Vclosed divided by n,

Volume flow rate, positive-displacement pump: V
#
5 n#  

Vclosed

n
 (14–11)

0

0

H

•

FIGURE 14–28
Comparison of the pump performance 

curves of a rotary pump operating 
at the same speed, but with fluids of 

various viscosities. To avoid motor 
overload the pump should not be 

operated in the shaded region.

FIGURE 14–29
A pump that can lift a liquid even 

when the pump itself is “empty” is 
called a self-priming pump.
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圖 14-29　泵能抽起液體，甚至在內
部是 (空的) 情況都可進行，此泵稱
為自注泵。

自注泵
排出

水管

吸入



20 流 體 力 學

排量式泵的體積流率： 

805
CHAPTER 14

 Gaps exist between the rotors and the housing and between the lobes 
of the rotors themselves, as illustrated (and exaggerated) in Fig. 14–27. 
Fluid can leak through these gaps, reducing the pump’s efficiency. High-
viscosity fluids cannot penetrate the gaps as easily; hence the net head 
(and efficiency) of a rotary pump generally increases with fluid viscosity, as 
shown in Fig. 14–28. This is one reason why rotary pumps (and other types of 
positive-displacement pumps) are a good choice for pumping highly viscous 
fluids and slurries. They are used, for example, as automobile engine oil 
pumps and in the foods industry to pump heavy liquids like syrup, tomato 
paste, and chocolate, and slurries like soups.
 The pump performance curve (net head versus capacity) of a rotary pump 
is nearly vertical throughout its recommended operating range, since the 
capacity is fairly constant regardless of load at a given rotational speed 
(Fig. 14–28). However, as indicated by the dashed blue curve in Fig. 14–28, at 
very high values of net head, corresponding to very high pump outlet pres-
sure, leaks become more severe, even for high-viscosity fluids. In addition, 
the motor driving the pump cannot overcome the large torque caused by this 
high outlet pressure, and the motor begins to suffer stall or overload, which 
may burn out the motor. Therefore, rotary pump manufacturers do not rec-
ommend operation of the pump above a certain maximum net head, which 
is typically well below the shutoff head. The pump performance curves sup-
plied by the manufacturer often do not even show the pump’s performance 
outside of its recommended operating range.
 Positive-displacement pumps have many advantages over dynamic pumps. 
For example, a positive-displacement pump is better able to handle shear 
sensitive liquids since the induced shear is much less than that of a dynamic 
pump operating at similar pressure and flow rate. Blood is a shear sensitive 
liquid, and this is one reason why positive-displacement pumps are used 
for artificial hearts. A well-sealed positive-displacement pump can create 
a significant vacuum pressure at its inlet, even when dry, and is thus able 
to lift a liquid from several meters below the pump. We refer to this kind 
of pump as a self-priming pump (Fig. 14–29). Finally, the rotor(s) of a 
positive- displacement pump run at lower speeds than the rotor (impeller) of 
a dynamic pump at similar loads, extending the useful lifetime of seals, etc.
 There are some disadvantages of positive-displacement pumps as well. 
Their volume flow rate cannot be changed unless the rotation rate is 
changed. (This is not as simple as it sounds, since most AC electric motors 
are designed to operate at one or more fixed rotational speeds.) They cre-
ate very high pressure at the outlet side, and if the outlet becomes blocked, 
ruptures may occur or electric motors may overheat, as previously discussed. 
Overpressure protection (e.g., a pressure-relief valve) is often required for 
this reason. Because of their design, positive-displacement pumps sometimes 
deliver a pulsating flow, which may be unacceptable for some applications.
 Analysis of positive-displacement pumps is fairly straightforward. From 
the geometry of the pump, we calculate the closed volume (Vclosed) that is 
filled (and expelled) for every n rotations of the shaft. Volume flow rate is 
then equal to rotation rate n

.
 times Vclosed divided by n,

Volume flow rate, positive-displacement pump: V
#
5 n#  

Vclosed

n
 (14–11)

0

0

H

•

FIGURE 14–28
Comparison of the pump performance 

curves of a rotary pump operating 
at the same speed, but with fluids of 

various viscosities. To avoid motor 
overload the pump should not be 

operated in the shaded region.

FIGURE 14–29
A pump that can lift a liquid even 

when the pump itself is “empty” is 
called a self-priming pump.

787-878_cengel_ch14.indd   805 7/3/13   3:39 PM

 (14-11)

 例題 14-4　　經過正位移式泵的體積流率

一個類似圖 14-27 的二葉片排量式泵，每一葉瓣體積 V lobe 輸送 

0.45 cm3 的 SAE 30 機油，如圖 14-30 所示。試計算  ⋅n =900 rpm 

時機油的體積流率。

解答：對已知葉片體積與轉速，計算機油經過排量式泵的體積流

率。

假設：1. 此流場的平均值是穩定的。2. 在葉片與葉片之間或葉片

與殼體之間的間隙沒有洩漏。3. 機油是不可壓縮流體。

分析：經過分析圖 14-27 之後，我們可看出兩個方向相反的軸每

旋轉半圈 (n =0.5 圈即為 180°)，加壓機的總體積為 V closed =2V lobe，則從式 (14-11) 計算的體積流率

為
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EXAMPLE 14–4     Volume Flow Rate through 
a Positive-Displacement Pump

A two-lobe rotary positive-displacement pump, similar to that of Fig. 14–27, 
moves 0.45 cm3 of SAE 30 motor oil in each lobe volume Vlobe, as sketched 
in Fig. 14–30. Calculate the volume flow rate of oil for the case where 
n
.
 � 900 rpm.

SOLUTION  We are to calculate the volume flow rate of oil through a positive-
displacement pump for given values of lobe volume and rotation rate.
Assumptions  1 The flow is steady in the mean. 2 There are no leaks in 
the gaps between lobes or between lobes and the casing. 3 The oil is 
incompressible.
Analysis  By studying Fig. 14–27, we see that for half of a rotation (180° 
for n � 0.5 rotations) of the two counter-rotating shafts, the total volume of 
oil pumped is Vclosed � 2Vlobe. The volume flow rate is then calculated from 
Eq. 14–11,

V
#
5 n

#
 
Vclosed

n
5 (900 rot/min)

2(0.45 cm3)

0.5 rot
5 1620 cm3/min

Discussion  If there were leaks in the pump, the volume flow rate would be 
lower. The oil’s density is not needed for calculation of the volume flow rate. 
However, the higher the fluid density, the higher the required shaft torque 
and brake horsepower.

Dynamic Pumps
There are three main types of dynamic pumps that involve rotating blades 
called impeller blades or rotor blades, which impart momentum to the 
fluid. For this reason they are sometimes called rotodynamic pumps or 
simply rotary pumps (not to be confused with rotary positive-displacement 
pumps, which use the same name). There are also some nonrotary dynamic 
pumps, such as jet pumps and electromagnetic pumps; these are not dis-
cussed in this text. Rotary pumps are classified by the manner in which flow 
exits the pump: centrifugal flow, axial flow, and mixed flow (Fig. 14–31). In 
a centrifugal-flow pump, fluid enters axially (in the same direction as the 
axis of the rotating shaft) in the center of the pump, but is discharged radi-
ally (or tangentially) along the outer radius of the pump casing. For this rea-
son centrifugal pumps are also called radial-flow pumps. In an axial-flow 
pump, fluid enters and leaves axially, typically along the outer portion of 
the pump because of blockage by the shaft, motor, hub, etc. A mixed-flow 
pump is intermediate between centrifugal and axial, with the flow enter-
ing axially, not necessarily in the center, but leaving at some angle between 
radially and axially.

Centrifugal Pumps
Centrifugal pumps and blowers can be easily identified by their snail-shaped 
casing, called the scroll (Fig. 14–32). They are found all around your 
home—in dishwashers, hot tubs, clothes washers and dryers, hairdryers, 

⋅⋅

FIGURE 14–30
The two-lobe rotary pump of 
Example 14–4. Flow is from left 
to right.

�

(a)

�

(b)

�

(c)

FIGURE 14–31
The impeller (rotating portion) of 
the three main categories of dynamic 
pumps: (a) centrifugal flow, (b) mixed 
flow, and (c) axial flow.
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討論：如果泵有洩漏，則體積流率會低一些，計算體積流率時不需要考慮機油的密度，但是密度越

大，所需要的軸扭力與制動馬力也越大。

圖 14-30　例題 14-4 的二葉片旋
轉，流體流動方向由左至右。
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son centrifugal pumps are also called radial-flow pumps. In an axial-flow 
pump, fluid enters and leaves axially, typically along the outer portion of 
the pump because of blockage by the shaft, motor, hub, etc. A mixed-flow 
pump is intermediate between centrifugal and axial, with the flow enter-
ing axially, not necessarily in the center, but leaving at some angle between 
radially and axially.

Centrifugal Pumps
Centrifugal pumps and blowers can be easily identified by their snail-shaped 
casing, called the scroll (Fig. 14–32). They are found all around your 
home—in dishwashers, hot tubs, clothes washers and dryers, hairdryers, 

⋅⋅

FIGURE 14–30
The two-lobe rotary pump of 
Example 14–4. Flow is from left 
to right.

�

(a)

�

(b)

�

(c)

FIGURE 14–31
The impeller (rotating portion) of 
the three main categories of dynamic 
pumps: (a) centrifugal flow, (b) mixed 
flow, and (c) axial flow.
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動力式泵

動力式泵有三種主要類型，它們具有可旋轉葉片，分類方式主要透過葉輪葉片 

(impeller blades) 或轉子葉片 (rotor blades) 的形式，其功能賦予流體動量。因此，它

們有時也被稱為旋轉動力泵 (rotodynamic pumps) 或旋轉式泵 (rotary pumps) (為了不

和旋轉式排量泵混淆，故改稱旋轉式泵)。也有一些非旋轉的動力泵，諸如噴流泵

和電磁泵，不在本書討論範圍。旋轉泵的分類方式，由流體離開泵的方式分類，可

分為：離心式泵、軸流泵以及混流式 (圖 14-31)。對離心式水泵而言，流體沿軸向

進入泵的中心 (在相同的方向作為旋轉軸的軸線)，再沿泵外徑之徑向 (或切線) 方

向排出，基於此特色，此離心泵也稱為徑向流泵 (radial-flow pumps)。軸流泵從進

入到離開，會經過中間軸、馬達、輪轂等等設備。混流式泵是離心式和軸流式之間

的混合產品，進入方向與流進軸方向相同，但離開不一定在中央，會介在徑向和軸

向的角度之間。

離心泵

離心泵和鼓風機可由其蝸牛狀的外殼認出，稱為蝸形 (scroll) (圖 14-32)，它在

家中很常見，如：洗碗機、澡盆、洗衣機和烘衣機、吹風機、吸塵器、廚房排風
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機、浴室排風扇、排氣扇、空氣加熱爐等等。離心泵也常使用

在車中：引擎的水泵、空調／加熱器的風扇等等，離心扇出現

在各行業的各種設備中，它們使用於建築物的通風系統、洗滌

操作、冷卻池和冷卻水塔和其它眾多工業設備的流體泵。

離心泵的示意圖如圖 14-33 所示，可以發現有側板 (shroud)

環繞著輪葉葉片，以增加葉片的穩定度。在泵的術語中，旋轉

組件，包含軸、輪轂、葉片、葉輪側板，被稱為葉輪或轉子，

流體由軸向進入、穿過泵的中央部位 (又稱為眼心)，之後再遇

到轉動葉片，流體由葉片施與動量，使流體得到切向與徑向速

度，並由於離心力而獲得額外的徑向速度，這事實上是缺乏足

夠向心力以維持圓周運動的結果。流體離開葉片後，因為被葉

片帶動，獲得速度和壓力，流體沿葉片徑向向外被擠壓到蝸形 

[又稱渦捲 (volute)]。如圖 14-33 中，蝸形是一個蝸牛形狀的擴

散器 (diffuser)，其功能是用來減緩葉片後緣流出高速流體的流

速，進而將能量轉為壓力，並引導流體朝向特定出口。前面有

提到，如果流體的平均流量是穩定的，流體是不可壓縮的，而

且假設泵出口和入口的直徑相同，這樣進出口的平均流速就會

相同。因此，流經離心泵的流體，速度不一定會增加，但會增

加進出口的壓力差。

如圖 14-34 所示，離心泵的葉片可以分為三種形式，分

別為：後傾式、徑向式、前傾式葉片。後傾式葉片 (backward-

inclined blades) (圖 14-34a) 是離心泵當中最常使用的，因為它

的效率在三者之中最高。流體在流入葉片後，以最少轉彎的角

度流出葉片，有時候翼型葉片也可以得到類似的性能，甚至有

更高的效率；後傾式離心泵的壓力上升介於其它兩種離心泵之

圖 14-31　三種輪葉動力泵的分別：
(a) 離心泵，(b) 混合式泵，(c) 軸流
泵。
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EXAMPLE 14–4     Volume Flow Rate through 
a Positive-Displacement Pump

A two-lobe rotary positive-displacement pump, similar to that of Fig. 14–27, 
moves 0.45 cm3 of SAE 30 motor oil in each lobe volume Vlobe, as sketched 
in Fig. 14–30. Calculate the volume flow rate of oil for the case where 
n
.
 � 900 rpm.

SOLUTION  We are to calculate the volume flow rate of oil through a positive-
displacement pump for given values of lobe volume and rotation rate.
Assumptions  1 The flow is steady in the mean. 2 There are no leaks in 
the gaps between lobes or between lobes and the casing. 3 The oil is 
incompressible.
Analysis  By studying Fig. 14–27, we see that for half of a rotation (180° 
for n � 0.5 rotations) of the two counter-rotating shafts, the total volume of 
oil pumped is Vclosed � 2Vlobe. The volume flow rate is then calculated from 
Eq. 14–11,

V
#
5 n

#
 
Vclosed

n
5 (900 rot/min)

2(0.45 cm3)

0.5 rot
5 1620 cm3/min

Discussion  If there were leaks in the pump, the volume flow rate would be 
lower. The oil’s density is not needed for calculation of the volume flow rate. 
However, the higher the fluid density, the higher the required shaft torque 
and brake horsepower.

Dynamic Pumps
There are three main types of dynamic pumps that involve rotating blades 
called impeller blades or rotor blades, which impart momentum to the 
fluid. For this reason they are sometimes called rotodynamic pumps or 
simply rotary pumps (not to be confused with rotary positive-displacement 
pumps, which use the same name). There are also some nonrotary dynamic 
pumps, such as jet pumps and electromagnetic pumps; these are not dis-
cussed in this text. Rotary pumps are classified by the manner in which flow 
exits the pump: centrifugal flow, axial flow, and mixed flow (Fig. 14–31). In 
a centrifugal-flow pump, fluid enters axially (in the same direction as the 
axis of the rotating shaft) in the center of the pump, but is discharged radi-
ally (or tangentially) along the outer radius of the pump casing. For this rea-
son centrifugal pumps are also called radial-flow pumps. In an axial-flow 
pump, fluid enters and leaves axially, typically along the outer portion of 
the pump because of blockage by the shaft, motor, hub, etc. A mixed-flow 
pump is intermediate between centrifugal and axial, with the flow enter-
ing axially, not necessarily in the center, but leaving at some angle between 
radially and axially.

Centrifugal Pumps
Centrifugal pumps and blowers can be easily identified by their snail-shaped 
casing, called the scroll (Fig. 14–32). They are found all around your 
home—in dishwashers, hot tubs, clothes washers and dryers, hairdryers, 

⋅⋅

FIGURE 14–30
The two-lobe rotary pump of 
Example 14–4. Flow is from left 
to right.

�

(a)

�

(b)

�

(c)

FIGURE 14–31
The impeller (rotating portion) of 
the three main categories of dynamic 
pumps: (a) centrifugal flow, (b) mixed 
flow, and (c) axial flow.
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圖 14-32　典型的離心泵，其特色有
一個蝸牛狀的流道。
Courtesy of The New York Blower 
Company, Willowbrook, IL. Used by 
permission.
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vacuum cleaners, kitchen exhaust hoods, bathroom exhaust fans, leaf blow-
ers, furnaces, etc. They are used in cars—the water pump in the engine, 
the air blower in the heater/air conditioner unit, etc. Centrifugal pumps are 
ubiquitous in industry as well; they are used in building ventilation systems, 
washing operations, cooling ponds and cooling towers, and in numerous 
other industrial operations in which fluids are pumped. 
 A schematic diagram of a centrifugal pump is shown in Fig. 14–33. Note 
that a shroud often surrounds the impeller blades to increase blade stiffness. 
In pump terminology, the rotating assembly that consists of the shaft, the 
hub, the impeller blades, and the impeller shroud is called the impeller or 
rotor. Fluid enters axially through the hollow middle portion of the pump 
(the eye), after which it encounters the rotating blades. It acquires tangen-
tial and radial velocity by momentum transfer with the impeller blades, and 
acquires additional radial velocity by so-called centrifugal forces, which are 
actually a lack of sufficient centripetal forces to sustain circular motion. 
The flow leaves the impeller after gaining both speed and pressure as it is 
flung radially outward into the scroll (also called the volute). As sketched in 
Fig. 14–33, the scroll is a snail-shaped diffuser whose purpose is to decel-
erate the fast-moving fluid leaving the trailing edges of the impeller blades, 
thereby further increasing the fluid’s pressure, and to combine and direct 
the flow from all the blade passages toward a common outlet. As mentioned 
previously, if the flow is steady in the mean, if the fluid is incompressible, 
and if the inlet and outlet diameters are the same, the average flow speed 
at the outlet is identical to that at the inlet. Thus, it is not necessarily the 
speed, but the pressure that increases from inlet to outlet through a centrifu-
gal pump.
 There are three types of centrifugal pump that warrant discussion, based 
on impeller blade geometry, as sketched in Fig. 14–34: backward-inclined 
blades, radial blades, and forward-inclined blades. Centrifugal pumps with 
backward-inclined blades (Fig. 14–34a) are the most common. These 
yield the highest efficiency of the three because fluid flows into and out of 
the blade passages with the least amount of turning. Sometimes the blades 
are airfoil shaped, yielding similar performance but even higher efficiency. 
The pressure rise is intermediate between the other two types of centrifugal 
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FIGURE 14–33
Side view and frontal view of a typical 
centrifugal pump. Fluid enters axially 

in the middle of the pump (the eye), 
is flung around to the outside by the 
rotating blade assembly (impeller), 

is diffused in the expanding diffuser 
(scroll), and is discharged out the side 

of the pump. We define r1 and r2 as 
the radial locations of the impeller 
blade inlet and outlet, respectively; 
b1 and b2 are the axial blade widths 

at the impeller blade inlet and outlet, 
respectively.

FIGURE 14–32
A typical centrifugal blower with its 

characteristic snail-shaped scroll. 
Courtesy of The New York Blower Company, 

Willowbrook, IL. Used by permission.
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圖 14-33　典型離心泵的示意圖，流體由
軸向進入泵的中央部位 (又稱為眼心)，流
體由周圍葉片甩至外圍，被甩到擴散器 
(蝸形)，再排至泵的側邊，我們定義 r1 和 
r2 為葉片進出口的半徑，b1 和 b2 分別為
輪葉葉片的寬度。
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vacuum cleaners, kitchen exhaust hoods, bathroom exhaust fans, leaf blow-
ers, furnaces, etc. They are used in cars—the water pump in the engine, 
the air blower in the heater/air conditioner unit, etc. Centrifugal pumps are 
ubiquitous in industry as well; they are used in building ventilation systems, 
washing operations, cooling ponds and cooling towers, and in numerous 
other industrial operations in which fluids are pumped. 
 A schematic diagram of a centrifugal pump is shown in Fig. 14–33. Note 
that a shroud often surrounds the impeller blades to increase blade stiffness. 
In pump terminology, the rotating assembly that consists of the shaft, the 
hub, the impeller blades, and the impeller shroud is called the impeller or 
rotor. Fluid enters axially through the hollow middle portion of the pump 
(the eye), after which it encounters the rotating blades. It acquires tangen-
tial and radial velocity by momentum transfer with the impeller blades, and 
acquires additional radial velocity by so-called centrifugal forces, which are 
actually a lack of sufficient centripetal forces to sustain circular motion. 
The flow leaves the impeller after gaining both speed and pressure as it is 
flung radially outward into the scroll (also called the volute). As sketched in 
Fig. 14–33, the scroll is a snail-shaped diffuser whose purpose is to decel-
erate the fast-moving fluid leaving the trailing edges of the impeller blades, 
thereby further increasing the fluid’s pressure, and to combine and direct 
the flow from all the blade passages toward a common outlet. As mentioned 
previously, if the flow is steady in the mean, if the fluid is incompressible, 
and if the inlet and outlet diameters are the same, the average flow speed 
at the outlet is identical to that at the inlet. Thus, it is not necessarily the 
speed, but the pressure that increases from inlet to outlet through a centrifu-
gal pump.
 There are three types of centrifugal pump that warrant discussion, based 
on impeller blade geometry, as sketched in Fig. 14–34: backward-inclined 
blades, radial blades, and forward-inclined blades. Centrifugal pumps with 
backward-inclined blades (Fig. 14–34a) are the most common. These 
yield the highest efficiency of the three because fluid flows into and out of 
the blade passages with the least amount of turning. Sometimes the blades 
are airfoil shaped, yielding similar performance but even higher efficiency. 
The pressure rise is intermediate between the other two types of centrifugal 
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間。徑向式葉片 (radial blades)，亦稱直葉片 (straight blades) (圖 

14-34b) 具有簡單幾何形狀，有三者之間最大的壓力升，可以適

用較大範圍的體積流率，但壓升在通過最大效率點後，會迅速

下降。前傾式葉片 (forward-inclined blades) 的壓升相較於其它兩

者，較趨近於穩定，前傾式泵一般有較多的葉片，但其葉片較

小，示意於圖 14-34c，前傾式的最大效率通常比較低。徑向和

後傾式比較常被使用在匹配其流量與壓升的場合，如果使用者

需要比較大範圍的體積流率或壓力升，徑向和後傾式可能無法

滿足需求，因為這兩類型的寬容值較小 (較不穩健)，前傾式離

心泵可以容許較大的變化，代價是每單位輸入功率有較低的效

率與較小的壓力上升。如果需要在較大範圍體積流率下，會有

相對較大的壓力升，前傾式離心泵是個比較好的選擇。

三種離心泵的淨水頭和制動馬力表現曲線如圖 14-34d，該

曲線進行調整，使得每個泵有同樣自由輸送體積流率 (最大體積

流量時淨水頭為 0) 之條件，這些圖僅限於比較用途，實際使用

表現取決於泵的設計細節。

我們可以透過葉片的幾何角度 (後傾、徑向或前傾) 分析速

度向量。實際的流場是不穩定的、三維運動的，或許是可以壓

縮的流體。為了簡化分析，我們只考量在絕對座標與跟隨葉輪

一起轉動的相對參考座標中都是穩定的流動。我們只考慮不可

壓縮流體，並且從葉片的入口到出口，我們只考慮徑向或垂直

速度分量 (下標 n) 和圓周或切線速度分量 (下標 t)，不考慮軸向

的速度分量 (在圖 14-35 向右的方向和圖 14-33 前視圖中進入頁

面的方向)，換句話說，雖然經過葉輪有不等於 0 的軸向速度分

量，但分析中並未加以考量。圖 14-35 為簡化後的離心泵側視

圖，我們定義 V1, n 和 V2, n 分別為半徑 r1 和 r2 的平均垂直速度，

雖然實際上葉片和殼體之間有間隙存在，但仍假設中間沒有洩

漏發生。

進入泵眼心的體積流率 
⋅
V  通過在寬度 b1、半徑 r1 的圓周截

面積，由質量守恆定律可知流經寬度 b2、半徑 r2 圓周截面積的

體積流率必定相同。利用圖 14-35 中所定義的平均垂直速度分

量 V1, n 和 V2, n，則可寫出

體積流率： 
⋅
V =2pr1b1V1, n =2pr2b2V2, n (14-12)

由上式得

圖 14-34　三種不同形式的離心泵 
(a) 後傾式葉片，(b) 徑向式葉片，
(c) 前傾式葉片，(d) 三種不同形式離
心泵的水頭和馬力比較圖。
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pumps. Centrifugal pumps with radial blades (also called straight blades, 
Fig. 14–34b) have the simplest geometry and produce the largest pressure 
rise of the three for a wide range of volume flow rates, but the pressure rise 
decreases rapidly after the point of maximum efficiency. Centrifugal pumps 
with forward-inclined blades (Fig. 14–34c) produce a pressure rise that is 
nearly constant, albeit lower than that of radial or backward-inclined blades, 
over a wide range of volume flow rates. Forward-inclined centrifugal pumps 
generally have more blades, but the blades are smaller, as sketched in 
Fig. 14–34c. Centrifugal pumps with forward-inclined blades generally have 
a lower maximum efficiency than do straight-bladed pumps. Radial and 
backward-inclined centrifugal pumps are preferred for applications where 
one needs to provide volume flow rate and pressure rise within a narrow 
range of values. If a wider range of volume flow rates and/or pressure rises 
are desired, the performance of radial pumps and backward-inclined pumps 
may not be able to satisfy the new requirements; these types of pumps are 
less forgiving (less robust). The performance of forward-inclined pumps is 
more forgiving and accommodates a wider variation, at the cost of lower 
efficiency and less pressure rise per unit of input power. If a pump is needed 
to produce large pressure rise over a wide range of volume flow rates, the 
forward-inclined centrifugal pump is attractive.
 Net head and brake horsepower performance curves for these three types 
of centrifugal pump are compared in Fig. 14–34d. The curves have been 
adjusted such that each pump achieves the same free delivery (maximum 
volume flow rate at zero net head). Note that these are qualitative sketches 
for comparison purposes only—actual measured performance curves may 
differ significantly in shape, depending on details of the pump design.
 For any inclination of the impeller blades (backward, radial, or forward), 
we can analyze the velocity vectors through the blades. The actual flow field 
is unsteady, fully three-dimensional, and perhaps compressible. For simplic-
ity in our analysis we consider steady flow in both the absolute reference 
frame and in the relative frame of reference rotating with the impeller. We 
consider only incompressible flow, and we consider only the radial or nor-
mal velocity component (subscript n) and the circumferential or tangential 
velocity component (subscript t) from blade inlet to blade outlet. We do not 
consider the axial velocity component (to the right in Fig. 14–35 and into 
the page in the frontal view of Fig. 14–33). In other words, although there 
is a nonzero axial component of velocity through the impeller, it does not 
enter our analysis. A close-up side view of a simplified centrifugal pump 
is sketched in Fig. 14–35, where we define V1, n and V2, n as the average 
normal components of velocity at radii r1 and r2, respectively. Although a 
gap is shown between the blade and the casing, we assume in our simplified 
analysis that no leakage occurs in these gaps.
 The volume flow rate V

.
 entering the eye of the pump passes through the 

circumferential cross-sectional area defined by width b1 at radius r1. Conser-
vation of mass requires that this same volume flow rate must pass through 
the circumferential cross-sectional area defined by width b2 at radius r2. 
Using the average normal velocity components V1, n and V2, n defined in 
Fig. 14–35, we write

Volume flow rate: V
#
5 2pr1b1V1, n 5 2pr2b2V2, n (14–12)

H

(d)

(c)

(b)

(a)

0
0

bhp

H bhp

•
V

FIGURE 14–34
The three main types of centrifugal 
pumps are those with (a) backward-
inclined blades, (b) radial blades, 
and (c) forward-inclined blades; 
(d) comparison of net head and brake 
horsepower performance curves for 
the three types of centrifugal pumps.
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圖 14-35　分析速度向量的簡化離心
泵側視圖，定義 V1, n 和 V2, n 分別為
半徑 r1 和 rt 的平均垂直速度分量。
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from which we obtain

 V2, n 5 V1, n 
r1b1

r2b2

 (14–13)

It is clear from Eq. 14–13 that V2, n may be less than, equal to, or greater 
than V1, n, depending on the values of b and r at the two radii.
 We sketch a close-up frontal view of one impeller blade in Fig. 14–36, 
where we show both radial and tangential velocity components. We have 
drawn a backward-inclined blade, but the same analysis holds for blades of 
any inclination. The inlet of the blade (at radius r1) moves at tangential veloc-
ity �r1. Likewise, the outlet of the blade moves at tangential velocity �r2. It 
is clear from Fig. 14–36 that these two tangential velocities differ not only in 
magnitude, but also in direction, because of the inclination of the blade. We 
define leading edge angle �1 as the blade angle relative to the reverse tan-
gential direction at radius r1. In like manner we define trailing edge angle �2 
as the blade angle relative to the reverse tangential direction at radius r2.
 We now make a significant simplifying approximation. We assume that 
the flow impinges on the blade parallel to the blade’s leading edge and 
exits the blade parallel to the blade’s trailing edge. In other words,

We assume that the flow is everywhere tangent to the blade surface when 
viewed from a reference frame rotating with the blade.

At the inlet, this approximation is sometimes called the shockless entry 
condition, not to be confused with shock waves (Chap. 12). Rather, the 
terminology implies smooth flow into the impeller blade without a sudden 
turning “shock.” Inherent in this approximation is the assumption that there 
is no flow separation anywhere along the blade surface. If the centrifugal 
pump operates at or near its design conditions, this assumption is valid. 
However, when the pump operates far off design conditions, the flow may 
separate off the blade surface (typically on the suction side where there are 
adverse pressure gradients), and our simplified analysis breaks down.
 Velocity vectors V

!
1, relative and V

!
2, relative are drawn in Fig. 14–36 parallel to 

the blade surface, in accordance with our simplifying assumption. These are 
the velocity vectors seen from the relative reference frame of an observer 
moving with the rotating blade. When we vectorially add tangential veloc-
ity �r1 (the velocity of the blade at radius r1) to V

!
1, relative by completing the 

parallelogram as sketched in Fig. 14–36, the resultant vector is the absolute 
fluid velocity V

!
1 at the blade inlet. In exactly similar fashion, we obtain V

!
2, 

the absolute fluid velocity at the blade outlet (also sketched in Fig. 14–36). 
For completeness, normal velocity components V1, n and V2, n are also shown 
in Fig. 14–36. Notice that these normal velocity components are indepen-
dent of which frame of reference we use, absolute or relative.
 To evaluate the torque on the rotating shaft, we apply the angular momen-
tum relation for a control volume, as discussed in Chap. 6. We choose a 
control volume surrounding the impeller blades, from radius r1 to radius r2, 
as sketched in Fig. 14–37. We also introduce in Fig. 14–37 angles �1 and 
�2, defined as the angle of departure of the absolute velocity vector from 
the normal direction at radii r1 and r2, respectively. In keeping with the con-
cept of treating a control volume like a “black box,” we ignore details of 
individual impeller blades. Instead we make the approximation that flow 
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FIGURE 14–35
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from which we obtain

 V2, n 5 V1, n 
r1b1

r2b2

 (14–13)

It is clear from Eq. 14–13 that V2, n may be less than, equal to, or greater 
than V1, n, depending on the values of b and r at the two radii.
 We sketch a close-up frontal view of one impeller blade in Fig. 14–36, 
where we show both radial and tangential velocity components. We have 
drawn a backward-inclined blade, but the same analysis holds for blades of 
any inclination. The inlet of the blade (at radius r1) moves at tangential veloc-
ity �r1. Likewise, the outlet of the blade moves at tangential velocity �r2. It 
is clear from Fig. 14–36 that these two tangential velocities differ not only in 
magnitude, but also in direction, because of the inclination of the blade. We 
define leading edge angle �1 as the blade angle relative to the reverse tan-
gential direction at radius r1. In like manner we define trailing edge angle �2 
as the blade angle relative to the reverse tangential direction at radius r2.
 We now make a significant simplifying approximation. We assume that 
the flow impinges on the blade parallel to the blade’s leading edge and 
exits the blade parallel to the blade’s trailing edge. In other words,

We assume that the flow is everywhere tangent to the blade surface when 
viewed from a reference frame rotating with the blade.

At the inlet, this approximation is sometimes called the shockless entry 
condition, not to be confused with shock waves (Chap. 12). Rather, the 
terminology implies smooth flow into the impeller blade without a sudden 
turning “shock.” Inherent in this approximation is the assumption that there 
is no flow separation anywhere along the blade surface. If the centrifugal 
pump operates at or near its design conditions, this assumption is valid. 
However, when the pump operates far off design conditions, the flow may 
separate off the blade surface (typically on the suction side where there are 
adverse pressure gradients), and our simplified analysis breaks down.
 Velocity vectors V

!
1, relative and V

!
2, relative are drawn in Fig. 14–36 parallel to 

the blade surface, in accordance with our simplifying assumption. These are 
the velocity vectors seen from the relative reference frame of an observer 
moving with the rotating blade. When we vectorially add tangential veloc-
ity �r1 (the velocity of the blade at radius r1) to V

!
1, relative by completing the 

parallelogram as sketched in Fig. 14–36, the resultant vector is the absolute 
fluid velocity V

!
1 at the blade inlet. In exactly similar fashion, we obtain V

!
2, 

the absolute fluid velocity at the blade outlet (also sketched in Fig. 14–36). 
For completeness, normal velocity components V1, n and V2, n are also shown 
in Fig. 14–36. Notice that these normal velocity components are indepen-
dent of which frame of reference we use, absolute or relative.
 To evaluate the torque on the rotating shaft, we apply the angular momen-
tum relation for a control volume, as discussed in Chap. 6. We choose a 
control volume surrounding the impeller blades, from radius r1 to radius r2, 
as sketched in Fig. 14–37. We also introduce in Fig. 14–37 angles �1 and 
�2, defined as the angle of departure of the absolute velocity vector from 
the normal direction at radii r1 and r2, respectively. In keeping with the con-
cept of treating a control volume like a “black box,” we ignore details of 
individual impeller blades. Instead we make the approximation that flow 
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 (14-13)

由式 (14-13) 可以發現，依據 b 和 r 兩者半徑的值，V2, n 可能小於、大於或等於 

V1,n。

圖 14-36 為輪葉葉片的正視近寫圖，圖中可以看到徑向和切線方線的速度分

量，此圖為一個後傾式的葉片，但此分析方法亦可用於任何傾斜角度的葉片，葉片

的入口 (半徑 r1) 以切線速度 vr1 移動。同樣的，葉片出口以切線速度為 vr2 移動。

圖 14-36 可清楚看到，由於葉片傾斜角度不同，這兩個切線速度的方向和大小皆不

同，我們定義半徑 r1 的葉片前緣角度和切線方向的角度差為前緣角 (leading edge 

angle) b1，以同樣方法，我們定義半徑 r2 的葉片尾端的角度和切線方向的角度差為

後緣角 (trailing edge angle) b2。

我們現在作一個明顯簡單近似的方式，假設流體流動撞及葉片前緣時，平行於

葉片，並且平行離開葉片後緣，也就是說：

我們假設當從一個與葉片一起旋轉的參考座標看的時候，流場在任何處皆與

葉面平行。

在入口，近似方法有時候會被稱為無震動條件 (shockless entry condition)，不要與

震波 (第 12 章) 混淆，這專有名詞的意思是，進入動輪葉片之流場為平滑流動，而

無突然的轉向“震動”。這個近似是假設流體在葉片上的任何處沒有分離的現象產

生。如果離心泵工作點或設計接近此條件，這些假設會成立，若泵的運轉情況與設

計相差過多，流體可能在運行過程中，由葉片表面分離（通常在吸入側，因為這裡

的壓力梯度是不利的），因此簡易計算的假設將會不成立。

圖 14-36 的速度向量 
Õ
V1, relative 和 

Õ
V2, relative 平行於葉片表面，

依我們的假設，這些速度向量是從與旋轉葉片移動的相對參考

座標來觀察，當我們將圖 14-36 的切向速度 vr1 (葉片半徑 r1 的

速度) 與 
Õ
V1, relative 合成為一個平行四邊形，向量相加後可得葉片

入口的絕對速度 
Õ
V1，以同樣方法也可以得到葉片出口的絕對速

度 
Õ
V2 (亦繪製於圖 14-36)，為了維持圖面完整，垂直向量 V1, n 

和 V2, n 同時也繪於圖 14-36。注意，這些垂直速度分量與我們所

使用的絕對或相對座標無關。

為了評估轉軸上的轉矩，我們使用第 6 章介紹的控制體積

的角動量關係式，選擇葉片周圍控制表面－從 r1 到 r2，如圖 

14-37 所示，圖 14-37 的角度 a1 和 a2，分別定義為入口和出口

的絕對速度和垂直方向之間的角度，我們將一個控制體積假設

圖 14-36　使用速度向量元素簡化離
心泵的計算分析，粗箭頭表示流體

的絕對速度，此圖是假設當從與葉

輪一起轉動的參考座標觀察時，流

動是到處與葉片表面相切的，正如

相對速度向量所指示的。
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from which we obtain

 V2, n 5 V1, n 
r1b1

r2b2

 (14–13)

It is clear from Eq. 14–13 that V2, n may be less than, equal to, or greater 
than V1, n, depending on the values of b and r at the two radii.
 We sketch a close-up frontal view of one impeller blade in Fig. 14–36, 
where we show both radial and tangential velocity components. We have 
drawn a backward-inclined blade, but the same analysis holds for blades of 
any inclination. The inlet of the blade (at radius r1) moves at tangential veloc-
ity �r1. Likewise, the outlet of the blade moves at tangential velocity �r2. It 
is clear from Fig. 14–36 that these two tangential velocities differ not only in 
magnitude, but also in direction, because of the inclination of the blade. We 
define leading edge angle �1 as the blade angle relative to the reverse tan-
gential direction at radius r1. In like manner we define trailing edge angle �2 
as the blade angle relative to the reverse tangential direction at radius r2.
 We now make a significant simplifying approximation. We assume that 
the flow impinges on the blade parallel to the blade’s leading edge and 
exits the blade parallel to the blade’s trailing edge. In other words,

We assume that the flow is everywhere tangent to the blade surface when 
viewed from a reference frame rotating with the blade.

At the inlet, this approximation is sometimes called the shockless entry 
condition, not to be confused with shock waves (Chap. 12). Rather, the 
terminology implies smooth flow into the impeller blade without a sudden 
turning “shock.” Inherent in this approximation is the assumption that there 
is no flow separation anywhere along the blade surface. If the centrifugal 
pump operates at or near its design conditions, this assumption is valid. 
However, when the pump operates far off design conditions, the flow may 
separate off the blade surface (typically on the suction side where there are 
adverse pressure gradients), and our simplified analysis breaks down.
 Velocity vectors V

!
1, relative and V

!
2, relative are drawn in Fig. 14–36 parallel to 

the blade surface, in accordance with our simplifying assumption. These are 
the velocity vectors seen from the relative reference frame of an observer 
moving with the rotating blade. When we vectorially add tangential veloc-
ity �r1 (the velocity of the blade at radius r1) to V

!
1, relative by completing the 

parallelogram as sketched in Fig. 14–36, the resultant vector is the absolute 
fluid velocity V

!
1 at the blade inlet. In exactly similar fashion, we obtain V

!
2, 

the absolute fluid velocity at the blade outlet (also sketched in Fig. 14–36). 
For completeness, normal velocity components V1, n and V2, n are also shown 
in Fig. 14–36. Notice that these normal velocity components are indepen-
dent of which frame of reference we use, absolute or relative.
 To evaluate the torque on the rotating shaft, we apply the angular momen-
tum relation for a control volume, as discussed in Chap. 6. We choose a 
control volume surrounding the impeller blades, from radius r1 to radius r2, 
as sketched in Fig. 14–37. We also introduce in Fig. 14–37 angles �1 and 
�2, defined as the angle of departure of the absolute velocity vector from 
the normal direction at radii r1 and r2, respectively. In keeping with the con-
cept of treating a control volume like a “black box,” we ignore details of 
individual impeller blades. Instead we make the approximation that flow 
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24 流 體 力 學

為一個“黑盒子”的概念，忽略每個葉片的細節，假設流體進

入控制體積均在 r1 半徑以絕對速度 
Õ
V1 進入控制體積，且在 r2 

半徑以絕對速度 
Õ
V2 流出。

動量矩定義是半徑和速度的外積 Õr ×Õ
V，只有 

Õ
V1 和 

Õ
V2 的切

線分量與轉矩有關，在圖 14-37 標示式為 V1, t 和 V2, t，第 6 章已

說明過，轉矩來自於入口到出口的動量矩的變化，下式為歐拉

旋轉機械方程式 [Euler turbomachine equation，亦稱歐拉輪機公

式 (Euler’s turbine formula)] 所得之結果：

歐拉渦輪式： 

810
TURBOMACHINERY

enters the control volume with uniform absolute velocity V
!
1 around the 

entire circumference at radius r1 and exits with uniform absolute velocity V
!
2 

around the entire circumference at radius r2.
 Since moment of momentum is defined as the cross product r

→
 � V

!
, only 

the tangential components of V
!
1 and V

!
2 are relevant to the shaft torque. 

These are shown as V1, t and V2, t in Fig. 14–37. It turns out that shaft torque 
is equal to the change in moment of momentum from inlet to outlet, as 
given by the Euler turbomachine equation (also called Euler’s turbine 
formula), derived in Chap. 6,

Euler turbomachine equation: Tshaft 5 rV
#
(r2V2, t 2 r1V1, t) (14–14)

Or, in terms of angles �1 and �2 and the magnitudes of the absolute velocity 
vectors,

Alternative form, Euler turbomachine equation:

 Tshaft 5 rV
#
(r2V2 sin a2 2 r1V1 sin a1) (14–15)

 In our simplified analysis there are no irreversible losses. Hence, pump 
efficiency �pump � 1, implying that water horsepower W

.
water horsepower and 

brake horsepower bhp are the same. Using Eqs. 14–3 and 14–4,

 bhp 5 vTshaft 5 rvV
#
(r2V2, t 2 r1V1, t) 5 W

#
water horsepower 5 rgV

#
H (14–16)

which is solved for net head H,

Net head: H 5
1
g

 (vr2V2, t 2 vr1V1, t) (14–17)

EXAMPLE 14–5    Idealized Blower Performance

A centrifugal blower rotates at n
.
 � 1750 rpm (183.3 rad/s). Air enters the 

impeller normal to the blades (�1 � 0°) and exits at an angle of 40° from 
radial (�2 � 40°) as sketched in Fig. 14–38. The inlet radius is r1 � 4.0 cm, 
and the inlet blade width b1 � 5.2 cm. The outlet radius is r2 � 8.0 cm, 
and the outlet blade width b2 � 2.3 cm. The volume flow rate is 0.13 m3/s. 
For the idealized case, i.e., 100 percent efficiency, calculate the net head 
produced by this blower in equivalent millimeters of water column height. 
Also calculate the required brake horsepower in watts.

SOLUTION  We are to calculate the brake horsepower and net head of an 
idealized blower at a given volume flow rate and rotation rate.
Assumptions  1 The flow is steady in the mean. 2 There are no leaks in the 
gaps between rotor blades and blower casing. 3 The air flow is incompress-
ible. 4 The efficiency of the blower is 100 percent (no irreversible losses).
Properties  We take the density of air to be �air � 1.20 kg/m3.
Analysis  Since the volume flow rate (capacity) is given, we calculate the 
normal velocity components at the inlet using Eq. 14–12,

 V1, n 5
V
#

2pr1b1

5
0.13 m3/s

2p(0.040 m)(0.052 m)
5 9.947 m/s (1)

V1 � V1, n, and V1, t � 0, since �1 � 0°. Similarly, V2, n � 11.24 m/s, and

 V2, t 5 V2, n tan a2 5 (11.24 m/s) tan(408) 5 9.435 m/s (2)
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FIGURE 14–37
Control volume (shaded) used for 
angular momentum analysis of a 
centrifugal pump; absolute tangential 
velocity components V1, t and V2, t are 
labeled.
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FIGURE 14–38
Control volume and absolute velocity 
vectors for the centrifugal blower of 
Example 14–5. The view is along the 
blower axis.
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 (14-14)

或者，我們可以用絕對速度 
Õ
V1、

Õ
V2 和角度 a1、a2 計算：

歐拉渦輪式，另一種形式： 

 

810
TURBOMACHINERY

enters the control volume with uniform absolute velocity V
!
1 around the 

entire circumference at radius r1 and exits with uniform absolute velocity V
!
2 

around the entire circumference at radius r2.
 Since moment of momentum is defined as the cross product r

→
 � V

!
, only 

the tangential components of V
!
1 and V

!
2 are relevant to the shaft torque. 

These are shown as V1, t and V2, t in Fig. 14–37. It turns out that shaft torque 
is equal to the change in moment of momentum from inlet to outlet, as 
given by the Euler turbomachine equation (also called Euler’s turbine 
formula), derived in Chap. 6,

Euler turbomachine equation: Tshaft 5 rV
#
(r2V2, t 2 r1V1, t) (14–14)

Or, in terms of angles �1 and �2 and the magnitudes of the absolute velocity 
vectors,

Alternative form, Euler turbomachine equation:

 Tshaft 5 rV
#
(r2V2 sin a2 2 r1V1 sin a1) (14–15)

 In our simplified analysis there are no irreversible losses. Hence, pump 
efficiency �pump � 1, implying that water horsepower W

.
water horsepower and 

brake horsepower bhp are the same. Using Eqs. 14–3 and 14–4,

 bhp 5 vTshaft 5 rvV
#
(r2V2, t 2 r1V1, t) 5 W

#
water horsepower 5 rgV

#
H (14–16)

which is solved for net head H,

Net head: H 5
1
g

 (vr2V2, t 2 vr1V1, t) (14–17)

EXAMPLE 14–5    Idealized Blower Performance

A centrifugal blower rotates at n
.
 � 1750 rpm (183.3 rad/s). Air enters the 

impeller normal to the blades (�1 � 0°) and exits at an angle of 40° from 
radial (�2 � 40°) as sketched in Fig. 14–38. The inlet radius is r1 � 4.0 cm, 
and the inlet blade width b1 � 5.2 cm. The outlet radius is r2 � 8.0 cm, 
and the outlet blade width b2 � 2.3 cm. The volume flow rate is 0.13 m3/s. 
For the idealized case, i.e., 100 percent efficiency, calculate the net head 
produced by this blower in equivalent millimeters of water column height. 
Also calculate the required brake horsepower in watts.

SOLUTION  We are to calculate the brake horsepower and net head of an 
idealized blower at a given volume flow rate and rotation rate.
Assumptions  1 The flow is steady in the mean. 2 There are no leaks in the 
gaps between rotor blades and blower casing. 3 The air flow is incompress-
ible. 4 The efficiency of the blower is 100 percent (no irreversible losses).
Properties  We take the density of air to be �air � 1.20 kg/m3.
Analysis  Since the volume flow rate (capacity) is given, we calculate the 
normal velocity components at the inlet using Eq. 14–12,

 V1, n 5
V
#

2pr1b1

5
0.13 m3/s

2p(0.040 m)(0.052 m)
5 9.947 m/s (1)

V1 � V1, n, and V1, t � 0, since �1 � 0°. Similarly, V2, n � 11.24 m/s, and

 V2, t 5 V2, n tan a2 5 (11.24 m/s) tan(408) 5 9.435 m/s (2)
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 (14-15)

在我們的簡要分析當中，並沒有不可逆的損失，因此泵的效率 hpump =1，這意

味著泵的水馬力  
⋅Wwater housepower 和制動馬力 bhp 是一樣的，表示如式 (14-3) 與 (14-

4)。

 

810
TURBOMACHINERY

enters the control volume with uniform absolute velocity V
!
1 around the 

entire circumference at radius r1 and exits with uniform absolute velocity V
!
2 

around the entire circumference at radius r2.
 Since moment of momentum is defined as the cross product r

→
 � V

!
, only 

the tangential components of V
!
1 and V

!
2 are relevant to the shaft torque. 

These are shown as V1, t and V2, t in Fig. 14–37. It turns out that shaft torque 
is equal to the change in moment of momentum from inlet to outlet, as 
given by the Euler turbomachine equation (also called Euler’s turbine 
formula), derived in Chap. 6,

Euler turbomachine equation: Tshaft 5 rV
#
(r2V2, t 2 r1V1, t) (14–14)

Or, in terms of angles �1 and �2 and the magnitudes of the absolute velocity 
vectors,

Alternative form, Euler turbomachine equation:

 Tshaft 5 rV
#
(r2V2 sin a2 2 r1V1 sin a1) (14–15)

 In our simplified analysis there are no irreversible losses. Hence, pump 
efficiency �pump � 1, implying that water horsepower W

.
water horsepower and 

brake horsepower bhp are the same. Using Eqs. 14–3 and 14–4,

 bhp 5 vTshaft 5 rvV
#
(r2V2, t 2 r1V1, t) 5 W

#
water horsepower 5 rgV

#
H (14–16)

which is solved for net head H,

Net head: H 5
1
g

 (vr2V2, t 2 vr1V1, t) (14–17)

EXAMPLE 14–5    Idealized Blower Performance

A centrifugal blower rotates at n
.
 � 1750 rpm (183.3 rad/s). Air enters the 

impeller normal to the blades (�1 � 0°) and exits at an angle of 40° from 
radial (�2 � 40°) as sketched in Fig. 14–38. The inlet radius is r1 � 4.0 cm, 
and the inlet blade width b1 � 5.2 cm. The outlet radius is r2 � 8.0 cm, 
and the outlet blade width b2 � 2.3 cm. The volume flow rate is 0.13 m3/s. 
For the idealized case, i.e., 100 percent efficiency, calculate the net head 
produced by this blower in equivalent millimeters of water column height. 
Also calculate the required brake horsepower in watts.

SOLUTION  We are to calculate the brake horsepower and net head of an 
idealized blower at a given volume flow rate and rotation rate.
Assumptions  1 The flow is steady in the mean. 2 There are no leaks in the 
gaps between rotor blades and blower casing. 3 The air flow is incompress-
ible. 4 The efficiency of the blower is 100 percent (no irreversible losses).
Properties  We take the density of air to be �air � 1.20 kg/m3.
Analysis  Since the volume flow rate (capacity) is given, we calculate the 
normal velocity components at the inlet using Eq. 14–12,

 V1, n 5
V
#

2pr1b1

5
0.13 m3/s

2p(0.040 m)(0.052 m)
5 9.947 m/s (1)

V1 � V1, n, and V1, t � 0, since �1 � 0°. Similarly, V2, n � 11.24 m/s, and

 V2, t 5 V2, n tan a2 5 (11.24 m/s) tan(408) 5 9.435 m/s (2)
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FIGURE 14–37
Control volume (shaded) used for 
angular momentum analysis of a 
centrifugal pump; absolute tangential 
velocity components V1, t and V2, t are 
labeled.
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FIGURE 14–38
Control volume and absolute velocity 
vectors for the centrifugal blower of 
Example 14–5. The view is along the 
blower axis.
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求解淨水頭 H 得到

淨水頭： 
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enters the control volume with uniform absolute velocity V
!
1 around the 

entire circumference at radius r1 and exits with uniform absolute velocity V
!
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around the entire circumference at radius r2.
 Since moment of momentum is defined as the cross product r

→
 � V

!
, only 

the tangential components of V
!
1 and V

!
2 are relevant to the shaft torque. 

These are shown as V1, t and V2, t in Fig. 14–37. It turns out that shaft torque 
is equal to the change in moment of momentum from inlet to outlet, as 
given by the Euler turbomachine equation (also called Euler’s turbine 
formula), derived in Chap. 6,

Euler turbomachine equation: Tshaft 5 rV
#
(r2V2, t 2 r1V1, t) (14–14)

Or, in terms of angles �1 and �2 and the magnitudes of the absolute velocity 
vectors,

Alternative form, Euler turbomachine equation:

 Tshaft 5 rV
#
(r2V2 sin a2 2 r1V1 sin a1) (14–15)

 In our simplified analysis there are no irreversible losses. Hence, pump 
efficiency �pump � 1, implying that water horsepower W

.
water horsepower and 

brake horsepower bhp are the same. Using Eqs. 14–3 and 14–4,

 bhp 5 vTshaft 5 rvV
#
(r2V2, t 2 r1V1, t) 5 W

#
water horsepower 5 rgV

#
H (14–16)

which is solved for net head H,

Net head: H 5
1
g

 (vr2V2, t 2 vr1V1, t) (14–17)

EXAMPLE 14–5    Idealized Blower Performance

A centrifugal blower rotates at n
.
 � 1750 rpm (183.3 rad/s). Air enters the 

impeller normal to the blades (�1 � 0°) and exits at an angle of 40° from 
radial (�2 � 40°) as sketched in Fig. 14–38. The inlet radius is r1 � 4.0 cm, 
and the inlet blade width b1 � 5.2 cm. The outlet radius is r2 � 8.0 cm, 
and the outlet blade width b2 � 2.3 cm. The volume flow rate is 0.13 m3/s. 
For the idealized case, i.e., 100 percent efficiency, calculate the net head 
produced by this blower in equivalent millimeters of water column height. 
Also calculate the required brake horsepower in watts.

SOLUTION  We are to calculate the brake horsepower and net head of an 
idealized blower at a given volume flow rate and rotation rate.
Assumptions  1 The flow is steady in the mean. 2 There are no leaks in the 
gaps between rotor blades and blower casing. 3 The air flow is incompress-
ible. 4 The efficiency of the blower is 100 percent (no irreversible losses).
Properties  We take the density of air to be �air � 1.20 kg/m3.
Analysis  Since the volume flow rate (capacity) is given, we calculate the 
normal velocity components at the inlet using Eq. 14–12,
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5 9.947 m/s (1)
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 (14-17)

圖 14-37　控制體積 (陰影部分) 是用
來分析離心泵的角動量，圖上亦有

標示切線速度方向 V1, t 和 V2, t。
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!
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entire circumference at radius r1 and exits with uniform absolute velocity V
!
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around the entire circumference at radius r2.
 Since moment of momentum is defined as the cross product r

→
 � V

!
, only 

the tangential components of V
!
1 and V

!
2 are relevant to the shaft torque. 

These are shown as V1, t and V2, t in Fig. 14–37. It turns out that shaft torque 
is equal to the change in moment of momentum from inlet to outlet, as 
given by the Euler turbomachine equation (also called Euler’s turbine 
formula), derived in Chap. 6,

Euler turbomachine equation: Tshaft 5 rV
#
(r2V2, t 2 r1V1, t) (14–14)

Or, in terms of angles �1 and �2 and the magnitudes of the absolute velocity 
vectors,

Alternative form, Euler turbomachine equation:

 Tshaft 5 rV
#
(r2V2 sin a2 2 r1V1 sin a1) (14–15)

 In our simplified analysis there are no irreversible losses. Hence, pump 
efficiency �pump � 1, implying that water horsepower W

.
water horsepower and 

brake horsepower bhp are the same. Using Eqs. 14–3 and 14–4,

 bhp 5 vTshaft 5 rvV
#
(r2V2, t 2 r1V1, t) 5 W

#
water horsepower 5 rgV

#
H (14–16)

which is solved for net head H,

Net head: H 5
1
g

 (vr2V2, t 2 vr1V1, t) (14–17)

EXAMPLE 14–5    Idealized Blower Performance

A centrifugal blower rotates at n
.
 � 1750 rpm (183.3 rad/s). Air enters the 

impeller normal to the blades (�1 � 0°) and exits at an angle of 40° from 
radial (�2 � 40°) as sketched in Fig. 14–38. The inlet radius is r1 � 4.0 cm, 
and the inlet blade width b1 � 5.2 cm. The outlet radius is r2 � 8.0 cm, 
and the outlet blade width b2 � 2.3 cm. The volume flow rate is 0.13 m3/s. 
For the idealized case, i.e., 100 percent efficiency, calculate the net head 
produced by this blower in equivalent millimeters of water column height. 
Also calculate the required brake horsepower in watts.

SOLUTION  We are to calculate the brake horsepower and net head of an 
idealized blower at a given volume flow rate and rotation rate.
Assumptions  1 The flow is steady in the mean. 2 There are no leaks in the 
gaps between rotor blades and blower casing. 3 The air flow is incompress-
ible. 4 The efficiency of the blower is 100 percent (no irreversible losses).
Properties  We take the density of air to be �air � 1.20 kg/m3.
Analysis  Since the volume flow rate (capacity) is given, we calculate the 
normal velocity components at the inlet using Eq. 14–12,

 V1, n 5
V
#

2pr1b1

5
0.13 m3/s

2p(0.040 m)(0.052 m)
5 9.947 m/s (1)

V1 � V1, n, and V1, t � 0, since �1 � 0°. Similarly, V2, n � 11.24 m/s, and
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angular momentum analysis of a 
centrifugal pump; absolute tangential 
velocity components V1, t and V2, t are 
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控制
體積

供給軸的轉矩

軸

 例題 14-5　　理想化的鼓風機性能

一個離心鼓風機旋轉轉速  ⋅n =1750 rpm (183.3 rad/s)，空氣垂直進

入葉片 (a1 =0°) 且出口角度與半徑 r2 角度差 40° (a2 =40°)，如

圖 14-38 所示，入口的半徑 r1 =4.0 cm、入口葉片寬度 5.2 cm；

出口半徑 8.0 cm、出口葉片寬度 2.3 cm，流體的體積流率為 0.13  

m3/s，假設鼓風機效率為 100%，求此風機淨水頭高，單位為毫米 

(mm) 水柱高，還有鼓風機的制動馬力，單位為瓦 (W)。

解答：我們將以一假定理想風機提供的體積流率和轉速計算制動

馬力和淨水頭

假設：1. 平均流動是穩定的。2. 葉片和風機的殼之間沒有洩漏。

3. 空氣不可壓縮。4. 風機的效率為 100% (沒有不可逆的損失)。

性質：設定空氣的密度 rair =1.20 kg/m3。
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enters the control volume with uniform absolute velocity V
!
1 around the 

entire circumference at radius r1 and exits with uniform absolute velocity V
!
2 

around the entire circumference at radius r2.
 Since moment of momentum is defined as the cross product r

→
 � V

!
, only 

the tangential components of V
!
1 and V

!
2 are relevant to the shaft torque. 

These are shown as V1, t and V2, t in Fig. 14–37. It turns out that shaft torque 
is equal to the change in moment of momentum from inlet to outlet, as 
given by the Euler turbomachine equation (also called Euler’s turbine 
formula), derived in Chap. 6,

Euler turbomachine equation: Tshaft 5 rV
#
(r2V2, t 2 r1V1, t) (14–14)

Or, in terms of angles �1 and �2 and the magnitudes of the absolute velocity 
vectors,

Alternative form, Euler turbomachine equation:

 Tshaft 5 rV
#
(r2V2 sin a2 2 r1V1 sin a1) (14–15)

 In our simplified analysis there are no irreversible losses. Hence, pump 
efficiency �pump � 1, implying that water horsepower W

.
water horsepower and 

brake horsepower bhp are the same. Using Eqs. 14–3 and 14–4,

 bhp 5 vTshaft 5 rvV
#
(r2V2, t 2 r1V1, t) 5 W

#
water horsepower 5 rgV

#
H (14–16)

which is solved for net head H,

Net head: H 5
1
g

 (vr2V2, t 2 vr1V1, t) (14–17)

EXAMPLE 14–5    Idealized Blower Performance

A centrifugal blower rotates at n
.
 � 1750 rpm (183.3 rad/s). Air enters the 

impeller normal to the blades (�1 � 0°) and exits at an angle of 40° from 
radial (�2 � 40°) as sketched in Fig. 14–38. The inlet radius is r1 � 4.0 cm, 
and the inlet blade width b1 � 5.2 cm. The outlet radius is r2 � 8.0 cm, 
and the outlet blade width b2 � 2.3 cm. The volume flow rate is 0.13 m3/s. 
For the idealized case, i.e., 100 percent efficiency, calculate the net head 
produced by this blower in equivalent millimeters of water column height. 
Also calculate the required brake horsepower in watts.

SOLUTION  We are to calculate the brake horsepower and net head of an 
idealized blower at a given volume flow rate and rotation rate.
Assumptions  1 The flow is steady in the mean. 2 There are no leaks in the 
gaps between rotor blades and blower casing. 3 The air flow is incompress-
ible. 4 The efficiency of the blower is 100 percent (no irreversible losses).
Properties  We take the density of air to be �air � 1.20 kg/m3.
Analysis  Since the volume flow rate (capacity) is given, we calculate the 
normal velocity components at the inlet using Eq. 14–12,

 V1, n 5
V
#

2pr1b1

5
0.13 m3/s

2p(0.040 m)(0.052 m)
5 9.947 m/s (1)

V1 � V1, n, and V1, t � 0, since �1 � 0°. Similarly, V2, n � 11.24 m/s, and

 V2, t 5 V2, n tan a2 5 (11.24 m/s) tan(408) 5 9.435 m/s (2)
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velocity components V1, t and V2, t are 
labeled.
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圖 14-38　例題 14-5 的離心鼓風機
控制體積和絕對速度向量，該圖視

角是沿著鼓風機軸線繪製。

控制
體積
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分析：我們已知流體的體積流率 (容量)，可以計算風機入口的徑向速度，如式 (14-12)，
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enters the control volume with uniform absolute velocity V
!
1 around the 

entire circumference at radius r1 and exits with uniform absolute velocity V
!
2 

around the entire circumference at radius r2.
 Since moment of momentum is defined as the cross product r

→
 � V

!
, only 

the tangential components of V
!
1 and V

!
2 are relevant to the shaft torque. 

These are shown as V1, t and V2, t in Fig. 14–37. It turns out that shaft torque 
is equal to the change in moment of momentum from inlet to outlet, as 
given by the Euler turbomachine equation (also called Euler’s turbine 
formula), derived in Chap. 6,

Euler turbomachine equation: Tshaft 5 rV
#
(r2V2, t 2 r1V1, t) (14–14)

Or, in terms of angles �1 and �2 and the magnitudes of the absolute velocity 
vectors,

Alternative form, Euler turbomachine equation:

 Tshaft 5 rV
#
(r2V2 sin a2 2 r1V1 sin a1) (14–15)

 In our simplified analysis there are no irreversible losses. Hence, pump 
efficiency �pump � 1, implying that water horsepower W

.
water horsepower and 

brake horsepower bhp are the same. Using Eqs. 14–3 and 14–4,

 bhp 5 vTshaft 5 rvV
#
(r2V2, t 2 r1V1, t) 5 W

#
water horsepower 5 rgV

#
H (14–16)

which is solved for net head H,

Net head: H 5
1
g

 (vr2V2, t 2 vr1V1, t) (14–17)

EXAMPLE 14–5    Idealized Blower Performance

A centrifugal blower rotates at n
.
 � 1750 rpm (183.3 rad/s). Air enters the 

impeller normal to the blades (�1 � 0°) and exits at an angle of 40° from 
radial (�2 � 40°) as sketched in Fig. 14–38. The inlet radius is r1 � 4.0 cm, 
and the inlet blade width b1 � 5.2 cm. The outlet radius is r2 � 8.0 cm, 
and the outlet blade width b2 � 2.3 cm. The volume flow rate is 0.13 m3/s. 
For the idealized case, i.e., 100 percent efficiency, calculate the net head 
produced by this blower in equivalent millimeters of water column height. 
Also calculate the required brake horsepower in watts.

SOLUTION  We are to calculate the brake horsepower and net head of an 
idealized blower at a given volume flow rate and rotation rate.
Assumptions  1 The flow is steady in the mean. 2 There are no leaks in the 
gaps between rotor blades and blower casing. 3 The air flow is incompress-
ible. 4 The efficiency of the blower is 100 percent (no irreversible losses).
Properties  We take the density of air to be �air � 1.20 kg/m3.
Analysis  Since the volume flow rate (capacity) is given, we calculate the 
normal velocity components at the inlet using Eq. 14–12,
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5
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5 9.947 m/s (1)

V1 � V1, n, and V1, t � 0, since �1 � 0°. Similarly, V2, n � 11.24 m/s, and
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velocity components V1, t and V2, t are 
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 (1)

因為角度 a1 =0°，所以 V1 =V1, n，V1, t =0。同樣算法，V2, n =11.24 m/s，並且
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enters the control volume with uniform absolute velocity V
!
1 around the 

entire circumference at radius r1 and exits with uniform absolute velocity V
!
2 

around the entire circumference at radius r2.
 Since moment of momentum is defined as the cross product r

→
 � V

!
, only 

the tangential components of V
!
1 and V

!
2 are relevant to the shaft torque. 

These are shown as V1, t and V2, t in Fig. 14–37. It turns out that shaft torque 
is equal to the change in moment of momentum from inlet to outlet, as 
given by the Euler turbomachine equation (also called Euler’s turbine 
formula), derived in Chap. 6,

Euler turbomachine equation: Tshaft 5 rV
#
(r2V2, t 2 r1V1, t) (14–14)

Or, in terms of angles �1 and �2 and the magnitudes of the absolute velocity 
vectors,

Alternative form, Euler turbomachine equation:

 Tshaft 5 rV
#
(r2V2 sin a2 2 r1V1 sin a1) (14–15)

 In our simplified analysis there are no irreversible losses. Hence, pump 
efficiency �pump � 1, implying that water horsepower W

.
water horsepower and 

brake horsepower bhp are the same. Using Eqs. 14–3 and 14–4,

 bhp 5 vTshaft 5 rvV
#
(r2V2, t 2 r1V1, t) 5 W

#
water horsepower 5 rgV

#
H (14–16)

which is solved for net head H,

Net head: H 5
1
g

 (vr2V2, t 2 vr1V1, t) (14–17)

EXAMPLE 14–5    Idealized Blower Performance

A centrifugal blower rotates at n
.
 � 1750 rpm (183.3 rad/s). Air enters the 

impeller normal to the blades (�1 � 0°) and exits at an angle of 40° from 
radial (�2 � 40°) as sketched in Fig. 14–38. The inlet radius is r1 � 4.0 cm, 
and the inlet blade width b1 � 5.2 cm. The outlet radius is r2 � 8.0 cm, 
and the outlet blade width b2 � 2.3 cm. The volume flow rate is 0.13 m3/s. 
For the idealized case, i.e., 100 percent efficiency, calculate the net head 
produced by this blower in equivalent millimeters of water column height. 
Also calculate the required brake horsepower in watts.

SOLUTION  We are to calculate the brake horsepower and net head of an 
idealized blower at a given volume flow rate and rotation rate.
Assumptions  1 The flow is steady in the mean. 2 There are no leaks in the 
gaps between rotor blades and blower casing. 3 The air flow is incompress-
ible. 4 The efficiency of the blower is 100 percent (no irreversible losses).
Properties  We take the density of air to be �air � 1.20 kg/m3.
Analysis  Since the volume flow rate (capacity) is given, we calculate the 
normal velocity components at the inlet using Eq. 14–12,
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V
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2pr1b1

5
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5 9.947 m/s (1)

V1 � V1, n, and V1, t � 0, since �1 � 0°. Similarly, V2, n � 11.24 m/s, and

 V2, t 5 V2, n tan a2 5 (11.24 m/s) tan(408) 5 9.435 m/s (2)
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 (2)

現在使用式 (14-17) 求淨水頭：
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CHAPTER 14

Now we use Eq. 14–17 to predict the net head,

 H 5
v

g
 (r2V2, t 2 r1V1, t ) 5

183.3 rad/s

9.81 m/s2  (0.080 m)(9.435 m/s) 5 14.1 m (3)

 0

Note that the net head of Eq. 3 is in meters of air, the pumped fluid. To 
convert to pressure in units of equivalent millimeters of water column, we 
multiply by the ratio of air density to water density,

Hwater column 5 H 
rair

rwater
 

 
 5 (14.1 m) 

1.20 kg/m3

998 kg/m3 a
1000 mm

1 m
b 5 水的 17.0 mm  (4)

Finally, we use Eq. 14–16 to predict the required brake horsepower,

 
 bhp 5 rgV

#
H 5 (1.20 kg/m3)(9.81 m/s2)(0.13 m3/s)(14.1 m)a W·s

kg·m/s2b

 5 21.6 W  (5)

Discussion  Note the unit conversion in Eq. 5 from kilograms, meters, and 
seconds to watts; this conversion turns out to be useful in many turboma-
chinery calculations. The actual net head delivered to the air will be lower 
than that predicted by Eq. 3 due to inefficiencies. Similarly, actual brake 
horsepower will be higher than that predicted by Eq. 5 due to inefficiencies 
in the blower, friction on the shaft, etc.

 In order to design the shape of the impeller blades, we must use trigonom-
etry to obtain expressions for V1, t and V2, t in terms of blade angles �1 and 
�2. Applying the law of cosines (Fig. 14–39) to the triangle in Fig. 14–36 
formed by absolute velocity vector V

!
2, relative velocity vector V

!
2, relative, and 

the tangential velocity of the blade at radius r2 (of magnitude �r2) we get

 V 2
2 5 V 2

2, relative 1 v2r2
2 2 2vr2V2, relative cos  b2 (14–18)

But we also see from Fig. 14–36 that

V2, relative cos  b2 5 vr2 2 V2, t

Substitution of this equation into Eq. 14–18 yields
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2 2 V 2
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A similar equation results for the blade inlet (change all subscripts 2 in 
Eq. 14–19 to subscript 1). Substitution of these into Eq. 14–17 yields

Net head: H 5
1

2g
 [(V 2

2 2 V 1
2) 1 (v2r2

2 2 v2r1
2) 2 (V 2

2, relative 2 V 2
1, relative)] (14–20)

In words, Eq. 14–20 states that in the ideal case (no irreversible losses), the 
net head is proportional to the change in absolute kinetic energy plus the 
rotor-tip kinetic energy change minus the change in relative kinetic energy 
from inlet to outlet of the impeller. Finally, equating Eq. 14–20 and Eq. 14–2, 
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FIGURE 14–39
The law of cosines is utilized in the 

analysis of a centrifugal pump.
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 (3)

式 (3) 中得到的水頭是空氣的高度，因此我們使用空氣和水的密度比進行換算，同時將單位由公尺

換成釐米，
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Now we use Eq. 14–17 to predict the net head,

 H 5
v

g
 (r2V2, t 2 r1V1, t ) 5

183.3 rad/s

9.81 m/s2  (0.080 m)(9.435 m/s) 5 14.1 m (3)

 0

Note that the net head of Eq. 3 is in meters of air, the pumped fluid. To 
convert to pressure in units of equivalent millimeters of water column, we 
multiply by the ratio of air density to water density,

Hwater column 5 H 
rair

rwater
 

 
 5 (14.1 m) 

1.20 kg/m3

998 kg/m3 a
1000 mm

1 m
b 5 水的 17.0 mm  (4)

Finally, we use Eq. 14–16 to predict the required brake horsepower,

 
 bhp 5 rgV

#
H 5 (1.20 kg/m3)(9.81 m/s2)(0.13 m3/s)(14.1 m)a W·s

kg·m/s2b

 5 21.6 W  (5)

Discussion  Note the unit conversion in Eq. 5 from kilograms, meters, and 
seconds to watts; this conversion turns out to be useful in many turboma-
chinery calculations. The actual net head delivered to the air will be lower 
than that predicted by Eq. 3 due to inefficiencies. Similarly, actual brake 
horsepower will be higher than that predicted by Eq. 5 due to inefficiencies 
in the blower, friction on the shaft, etc.

 In order to design the shape of the impeller blades, we must use trigonom-
etry to obtain expressions for V1, t and V2, t in terms of blade angles �1 and 
�2. Applying the law of cosines (Fig. 14–39) to the triangle in Fig. 14–36 
formed by absolute velocity vector V

!
2, relative velocity vector V

!
2, relative, and 

the tangential velocity of the blade at radius r2 (of magnitude �r2) we get

 V 2
2 5 V 2

2, relative 1 v2r2
2 2 2vr2V2, relative cos  b2 (14–18)

But we also see from Fig. 14–36 that

V2, relative cos  b2 5 vr2 2 V2, t

Substitution of this equation into Eq. 14–18 yields
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A similar equation results for the blade inlet (change all subscripts 2 in 
Eq. 14–19 to subscript 1). Substitution of these into Eq. 14–17 yields

Net head: H 5
1

2g
 [(V 2

2 2 V 1
2) 1 (v2r2

2 2 v2r1
2) 2 (V 2

2, relative 2 V 2
1, relative)] (14–20)

In words, Eq. 14–20 states that in the ideal case (no irreversible losses), the 
net head is proportional to the change in absolute kinetic energy plus the 
rotor-tip kinetic energy change minus the change in relative kinetic energy 
from inlet to outlet of the impeller. Finally, equating Eq. 14–20 and Eq. 14–2, 
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c2 = a2 + b2 – 2ab cosC
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FIGURE 14–39
The law of cosines is utilized in the 

analysis of a centrifugal pump.
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最後，使用式 (14-16) 得到制動馬力
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Now we use Eq. 14–17 to predict the net head,
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 0

Note that the net head of Eq. 3 is in meters of air, the pumped fluid. To 
convert to pressure in units of equivalent millimeters of water column, we 
multiply by the ratio of air density to water density,
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Finally, we use Eq. 14–16 to predict the required brake horsepower,
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H 5 (1.20 kg/m3)(9.81 m/s2)(0.13 m3/s)(14.1 m)a W·s

kg·m/s2b

 5 21.6 W  (5)

Discussion  Note the unit conversion in Eq. 5 from kilograms, meters, and 
seconds to watts; this conversion turns out to be useful in many turboma-
chinery calculations. The actual net head delivered to the air will be lower 
than that predicted by Eq. 3 due to inefficiencies. Similarly, actual brake 
horsepower will be higher than that predicted by Eq. 5 due to inefficiencies 
in the blower, friction on the shaft, etc.

 In order to design the shape of the impeller blades, we must use trigonom-
etry to obtain expressions for V1, t and V2, t in terms of blade angles �1 and 
�2. Applying the law of cosines (Fig. 14–39) to the triangle in Fig. 14–36 
formed by absolute velocity vector V

!
2, relative velocity vector V

!
2, relative, and 

the tangential velocity of the blade at radius r2 (of magnitude �r2) we get

 V 2
2 5 V 2

2, relative 1 v2r2
2 2 2vr2V2, relative cos  b2 (14–18)

But we also see from Fig. 14–36 that

V2, relative cos  b2 5 vr2 2 V2, t

Substitution of this equation into Eq. 14–18 yields
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A similar equation results for the blade inlet (change all subscripts 2 in 
Eq. 14–19 to subscript 1). Substitution of these into Eq. 14–17 yields
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In words, Eq. 14–20 states that in the ideal case (no irreversible losses), the 
net head is proportional to the change in absolute kinetic energy plus the 
rotor-tip kinetic energy change minus the change in relative kinetic energy 
from inlet to outlet of the impeller. Finally, equating Eq. 14–20 and Eq. 14–2, 
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(5)

討論：式 (5) 中有單位轉換，從公斤、公尺、秒轉換為瓦特，這種轉換方式使用於很多渦輪機的計

算之中。由於無效率性，實際上淨水頭的值會比式 (3) 預測來得低，同樣地，由於鼓風機的無效率

性及轉軸的摩擦等，實際上的制動馬力會比式 (5) 預測來得高。

為了要設計葉片的形狀，需要使用三角定理當中的餘弦定

理 (圖 14-39) 來獲得用葉片角度 b1 和 b2 表示的 V1, t 和 V2, t。對

圖 14-36 由絕對速度 
Õ
V2、相對速度

Õ
V2, relative 及在半徑 r2 的切向

速度 (vr2) 形成的速度三角形使用餘弦定理，就可以得到
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Now we use Eq. 14–17 to predict the net head,

 H 5
v

g
 (r2V2, t 2 r1V1, t ) 5

183.3 rad/s

9.81 m/s2  (0.080 m)(9.435 m/s) 5 14.1 m (3)

 0

Note that the net head of Eq. 3 is in meters of air, the pumped fluid. To 
convert to pressure in units of equivalent millimeters of water column, we 
multiply by the ratio of air density to water density,

Hwater column 5 H 
rair

rwater
 

 
 5 (14.1 m) 

1.20 kg/m3

998 kg/m3 a
1000 mm

1 m
b 5 水的 17.0 mm  (4)

Finally, we use Eq. 14–16 to predict the required brake horsepower,

 
 bhp 5 rgV

#
H 5 (1.20 kg/m3)(9.81 m/s2)(0.13 m3/s)(14.1 m)a W·s

kg·m/s2b

 5 21.6 W  (5)

Discussion  Note the unit conversion in Eq. 5 from kilograms, meters, and 
seconds to watts; this conversion turns out to be useful in many turboma-
chinery calculations. The actual net head delivered to the air will be lower 
than that predicted by Eq. 3 due to inefficiencies. Similarly, actual brake 
horsepower will be higher than that predicted by Eq. 5 due to inefficiencies 
in the blower, friction on the shaft, etc.

 In order to design the shape of the impeller blades, we must use trigonom-
etry to obtain expressions for V1, t and V2, t in terms of blade angles �1 and 
�2. Applying the law of cosines (Fig. 14–39) to the triangle in Fig. 14–36 
formed by absolute velocity vector V

!
2, relative velocity vector V

!
2, relative, and 

the tangential velocity of the blade at radius r2 (of magnitude �r2) we get

 V 2
2 5 V 2

2, relative 1 v2r2
2 2 2vr2V2, relative cos  b2 (14–18)

But we also see from Fig. 14–36 that

V2, relative cos  b2 5 vr2 2 V2, t

Substitution of this equation into Eq. 14–18 yields
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2 2 V 2
2, relative 1 v2r2

2) (14–19)

A similar equation results for the blade inlet (change all subscripts 2 in 
Eq. 14–19 to subscript 1). Substitution of these into Eq. 14–17 yields

Net head: H 5
1

2g
 [(V 2

2 2 V 1
2) 1 (v2r2

2 2 v2r1
2) 2 (V 2

2, relative 2 V 2
1, relative)] (14–20)

In words, Eq. 14–20 states that in the ideal case (no irreversible losses), the 
net head is proportional to the change in absolute kinetic energy plus the 
rotor-tip kinetic energy change minus the change in relative kinetic energy 
from inlet to outlet of the impeller. Finally, equating Eq. 14–20 and Eq. 14–2, 
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c2 = a2 + b2 – 2ab cosC
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FIGURE 14–39
The law of cosines is utilized in the 

analysis of a centrifugal pump.
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 (14-18)

同時可從圖 14-36 獲得
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Now we use Eq. 14–17 to predict the net head,
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183.3 rad/s

9.81 m/s2  (0.080 m)(9.435 m/s) 5 14.1 m (3)
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Note that the net head of Eq. 3 is in meters of air, the pumped fluid. To 
convert to pressure in units of equivalent millimeters of water column, we 
multiply by the ratio of air density to water density,

Hwater column 5 H 
rair

rwater
 

 
 5 (14.1 m) 

1.20 kg/m3

998 kg/m3 a
1000 mm

1 m
b 5 水的 17.0 mm  (4)

Finally, we use Eq. 14–16 to predict the required brake horsepower,

 
 bhp 5 rgV

#
H 5 (1.20 kg/m3)(9.81 m/s2)(0.13 m3/s)(14.1 m)a W·s

kg·m/s2b

 5 21.6 W  (5)

Discussion  Note the unit conversion in Eq. 5 from kilograms, meters, and 
seconds to watts; this conversion turns out to be useful in many turboma-
chinery calculations. The actual net head delivered to the air will be lower 
than that predicted by Eq. 3 due to inefficiencies. Similarly, actual brake 
horsepower will be higher than that predicted by Eq. 5 due to inefficiencies 
in the blower, friction on the shaft, etc.

 In order to design the shape of the impeller blades, we must use trigonom-
etry to obtain expressions for V1, t and V2, t in terms of blade angles �1 and 
�2. Applying the law of cosines (Fig. 14–39) to the triangle in Fig. 14–36 
formed by absolute velocity vector V

!
2, relative velocity vector V

!
2, relative, and 

the tangential velocity of the blade at radius r2 (of magnitude �r2) we get

 V 2
2 5 V 2

2, relative 1 v2r2
2 2 2vr2V2, relative cos  b2 (14–18)

But we also see from Fig. 14–36 that

V2, relative cos  b2 5 vr2 2 V2, t

Substitution of this equation into Eq. 14–18 yields
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A similar equation results for the blade inlet (change all subscripts 2 in 
Eq. 14–19 to subscript 1). Substitution of these into Eq. 14–17 yields

Net head: H 5
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2 2 V 1
2) 1 (v2r2
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2, relative 2 V 2
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In words, Eq. 14–20 states that in the ideal case (no irreversible losses), the 
net head is proportional to the change in absolute kinetic energy plus the 
rotor-tip kinetic energy change minus the change in relative kinetic energy 
from inlet to outlet of the impeller. Finally, equating Eq. 14–20 and Eq. 14–2, 
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FIGURE 14–39
The law of cosines is utilized in the 
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圖 14-39　離心泵使用餘弦定理進行
分析。
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Now we use Eq. 14–17 to predict the net head,
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 (r2V2, t 2 r1V1, t ) 5

183.3 rad/s

9.81 m/s2  (0.080 m)(9.435 m/s) 5 14.1 m (3)

 0

Note that the net head of Eq. 3 is in meters of air, the pumped fluid. To 
convert to pressure in units of equivalent millimeters of water column, we 
multiply by the ratio of air density to water density,

Hwater column 5 H 
rair

rwater
 

 
 5 (14.1 m) 

1.20 kg/m3

998 kg/m3 a
1000 mm

1 m
b 5 水的 17.0 mm  (4)

Finally, we use Eq. 14–16 to predict the required brake horsepower,

 
 bhp 5 rgV

#
H 5 (1.20 kg/m3)(9.81 m/s2)(0.13 m3/s)(14.1 m)a W·s

kg·m/s2b

 5 21.6 W  (5)

Discussion  Note the unit conversion in Eq. 5 from kilograms, meters, and 
seconds to watts; this conversion turns out to be useful in many turboma-
chinery calculations. The actual net head delivered to the air will be lower 
than that predicted by Eq. 3 due to inefficiencies. Similarly, actual brake 
horsepower will be higher than that predicted by Eq. 5 due to inefficiencies 
in the blower, friction on the shaft, etc.

 In order to design the shape of the impeller blades, we must use trigonom-
etry to obtain expressions for V1, t and V2, t in terms of blade angles �1 and 
�2. Applying the law of cosines (Fig. 14–39) to the triangle in Fig. 14–36 
formed by absolute velocity vector V

!
2, relative velocity vector V

!
2, relative, and 

the tangential velocity of the blade at radius r2 (of magnitude �r2) we get

 V 2
2 5 V 2

2, relative 1 v2r2
2 2 2vr2V2, relative cos  b2 (14–18)

But we also see from Fig. 14–36 that

V2, relative cos  b2 5 vr2 2 V2, t

Substitution of this equation into Eq. 14–18 yields
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A similar equation results for the blade inlet (change all subscripts 2 in 
Eq. 14–19 to subscript 1). Substitution of these into Eq. 14–17 yields

Net head: H 5
1

2g
 [(V 2

2 2 V 1
2) 1 (v2r2

2 2 v2r1
2) 2 (V 2

2, relative 2 V 2
1, relative)] (14–20)

In words, Eq. 14–20 states that in the ideal case (no irreversible losses), the 
net head is proportional to the change in absolute kinetic energy plus the 
rotor-tip kinetic energy change minus the change in relative kinetic energy 
from inlet to outlet of the impeller. Finally, equating Eq. 14–20 and Eq. 14–2, 
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FIGURE 14–39
The law of cosines is utilized in the 

analysis of a centrifugal pump.
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餘弦定理
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將以上公式代入式 (14-18) 得
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Now we use Eq. 14–17 to predict the net head,
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9.81 m/s2  (0.080 m)(9.435 m/s) 5 14.1 m (3)
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Note that the net head of Eq. 3 is in meters of air, the pumped fluid. To 
convert to pressure in units of equivalent millimeters of water column, we 
multiply by the ratio of air density to water density,

Hwater column 5 H 
rair

rwater
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1000 mm

1 m
b 5 水的 17.0 mm  (4)

Finally, we use Eq. 14–16 to predict the required brake horsepower,
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H 5 (1.20 kg/m3)(9.81 m/s2)(0.13 m3/s)(14.1 m)a W·s

kg·m/s2b

 5 21.6 W  (5)

Discussion  Note the unit conversion in Eq. 5 from kilograms, meters, and 
seconds to watts; this conversion turns out to be useful in many turboma-
chinery calculations. The actual net head delivered to the air will be lower 
than that predicted by Eq. 3 due to inefficiencies. Similarly, actual brake 
horsepower will be higher than that predicted by Eq. 5 due to inefficiencies 
in the blower, friction on the shaft, etc.

 In order to design the shape of the impeller blades, we must use trigonom-
etry to obtain expressions for V1, t and V2, t in terms of blade angles �1 and 
�2. Applying the law of cosines (Fig. 14–39) to the triangle in Fig. 14–36 
formed by absolute velocity vector V

!
2, relative velocity vector V

!
2, relative, and 

the tangential velocity of the blade at radius r2 (of magnitude �r2) we get

 V 2
2 5 V 2

2, relative 1 v2r2
2 2 2vr2V2, relative cos  b2 (14–18)

But we also see from Fig. 14–36 that

V2, relative cos  b2 5 vr2 2 V2, t

Substitution of this equation into Eq. 14–18 yields
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A similar equation results for the blade inlet (change all subscripts 2 in 
Eq. 14–19 to subscript 1). Substitution of these into Eq. 14–17 yields

Net head: H 5
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In words, Eq. 14–20 states that in the ideal case (no irreversible losses), the 
net head is proportional to the change in absolute kinetic energy plus the 
rotor-tip kinetic energy change minus the change in relative kinetic energy 
from inlet to outlet of the impeller. Finally, equating Eq. 14–20 and Eq. 14–2, 
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FIGURE 14–39
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 (14-19)

用在葉片的入口 [將所有式 (14-19) 的下標 2 改為 1 即可] 也可獲得類似的方程式。

將這些方程式代入式 (14-17) 得到

淨水頭： 
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Now we use Eq. 14–17 to predict the net head,
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Note that the net head of Eq. 3 is in meters of air, the pumped fluid. To 
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multiply by the ratio of air density to water density,
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rwater
 

 
 5 (14.1 m) 
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998 kg/m3 a
1000 mm

1 m
b 5 水的 17.0 mm  (4)

Finally, we use Eq. 14–16 to predict the required brake horsepower,
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#
H 5 (1.20 kg/m3)(9.81 m/s2)(0.13 m3/s)(14.1 m)a W·s

kg·m/s2b

 5 21.6 W  (5)

Discussion  Note the unit conversion in Eq. 5 from kilograms, meters, and 
seconds to watts; this conversion turns out to be useful in many turboma-
chinery calculations. The actual net head delivered to the air will be lower 
than that predicted by Eq. 3 due to inefficiencies. Similarly, actual brake 
horsepower will be higher than that predicted by Eq. 5 due to inefficiencies 
in the blower, friction on the shaft, etc.

 In order to design the shape of the impeller blades, we must use trigonom-
etry to obtain expressions for V1, t and V2, t in terms of blade angles �1 and 
�2. Applying the law of cosines (Fig. 14–39) to the triangle in Fig. 14–36 
formed by absolute velocity vector V

!
2, relative velocity vector V

!
2, relative, and 

the tangential velocity of the blade at radius r2 (of magnitude �r2) we get

 V 2
2 5 V 2

2, relative 1 v2r2
2 2 2vr2V2, relative cos  b2 (14–18)

But we also see from Fig. 14–36 that

V2, relative cos  b2 5 vr2 2 V2, t

Substitution of this equation into Eq. 14–18 yields
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A similar equation results for the blade inlet (change all subscripts 2 in 
Eq. 14–19 to subscript 1). Substitution of these into Eq. 14–17 yields
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In words, Eq. 14–20 states that in the ideal case (no irreversible losses), the 
net head is proportional to the change in absolute kinetic energy plus the 
rotor-tip kinetic energy change minus the change in relative kinetic energy 
from inlet to outlet of the impeller. Finally, equating Eq. 14–20 and Eq. 14–2, 
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 (14-20)

式 (14-20) 指出，在理想的狀況下 (無不可逆損失)，淨水頭與絕對動能變化加上葉

片前後緣動能變化，扣掉相對動能差之所得，為成正比。最後令式 (14-20) 和式 

(14-2) 相等，我們將底標 2 設為流出 (out)、底標 1 設為流入 (in)，可以得到
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where we set subscript 2 as the outflow and subscript 1 as the inflow, we 
see that
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P
rg
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V 2
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2
v2r2

2g
1 zb

out

5 a 
P
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V 2
relative

2g
2
v2r2

2g
1 zb

in

 (14–21)

 Note that we are not limited to analysis of only the inlet and outlet. In 
fact, we may apply Eq. 14–21 to any two radii along the impeller. In general 
then, we write an equation that is commonly called the Bernoulli equation 
in a rotating reference frame:

 

P
rg
1

V 2
relative

2g
2
v2r2

2g
1 z 5 constant (14–22)

We see that Eq. 14–22 is the same as the usual Bernoulli equation, except that 
since the speed used is the relative speed (in the rotating reference frame), an 
“extra” term (the third term on the left of Eq. 14–22) appears in the equation 
to account for rotational effects (Fig. 14–40). We emphasize that Eq. 14–22 is 
an approximation, valid only for the ideal case in which there are no irrevers-
ible losses through the impeller. Nevertheless, it is valuable as a first-order 
approximation for flow through the impeller of a centrifugal pump.
 We now examine Eq. 14–17, the equation for net head, more closely. 
Since the term containing V1, t carries a negative sign, we obtain the maxi-
mum H by setting V1, t to zero. (We are assuming that there is no mecha-
nism in the eye of the pump that can generate a negative value of V1, t.) 
Thus, a first-order approximation for the design condition of the pump is 
to set V1, t � 0. In other words, we select the blade inlet angle �1 such that 
the flow into the impeller blade is purely radial from an absolute reference 
frame, and V1, n � V1. The velocity vectors at r � r1 in Fig. 14–36 are mag-
nified and redrawn in Fig. 14–41. Using some trigonometry we see that

 V1, t 5 vr1 2
V1, n

tan  b1

 (14–23)

A similar expression is obtained for V2, t (replace subscript 1 by 2), or in 
fact for any radius between r1 and r2. When V1, t � 0 and V1, n � V1,

 vr1 5
V1, n

tan b1

 (14–24)

Finally, combining Eq. 14–24 with Eq. 14–12, we have an expression for 
volume flow rate as a function of inlet blade angle �1 and rotational speed,

 V
#
5 2pb1vr1

2 tan  b1 (14–25)

Equation 14–25 can be used for preliminary design of the impeller blade 
shape as illustrated by Example 14–6.

EXAMPLE 14–6    Preliminary Design of a Centrifugal Pump

A centrifugal pump is being designed to pump liquid refrigerant R-134a at 
room temperature and atmospheric pressure. The impeller inlet and outlet 
radii are r1 � 100 and r2 � 180 mm, respectively (Fig. 14–42). The impeller 
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FIGURE 14–40
For the approximation of flow through 
an impeller with no irreversible losses, 
it is often more convenient to work 
with a relative frame of reference 
rotating with the impeller; in that 
case, the Bernoulli equation gets 
an additional term, as indicated in 
Eq. 14–22.

V1, t

V1, n

V1, relative
→

→
V1

�r1

�

�1

�1

r1

FIGURE 14–41
Close-up frontal view of the velocity 
vectors at the impeller blade inlet. 
The absolute velocity vector is shown 
as a bold arrow.
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 (14-21)

以上分析不侷限於入口和出口，事實上，我們可運用式 

(14-21) 在任兩個輪葉當中的任意半徑，一般通稱此方程式為

在旋轉參考座標的伯努利方程式 (Bernoulli equation in a rotating 

reference frame)：
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where we set subscript 2 as the outflow and subscript 1 as the inflow, we 
see that
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 Note that we are not limited to analysis of only the inlet and outlet. In 
fact, we may apply Eq. 14–21 to any two radii along the impeller. In general 
then, we write an equation that is commonly called the Bernoulli equation 
in a rotating reference frame:
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We see that Eq. 14–22 is the same as the usual Bernoulli equation, except that 
since the speed used is the relative speed (in the rotating reference frame), an 
“extra” term (the third term on the left of Eq. 14–22) appears in the equation 
to account for rotational effects (Fig. 14–40). We emphasize that Eq. 14–22 is 
an approximation, valid only for the ideal case in which there are no irrevers-
ible losses through the impeller. Nevertheless, it is valuable as a first-order 
approximation for flow through the impeller of a centrifugal pump.
 We now examine Eq. 14–17, the equation for net head, more closely. 
Since the term containing V1, t carries a negative sign, we obtain the maxi-
mum H by setting V1, t to zero. (We are assuming that there is no mecha-
nism in the eye of the pump that can generate a negative value of V1, t.) 
Thus, a first-order approximation for the design condition of the pump is 
to set V1, t � 0. In other words, we select the blade inlet angle �1 such that 
the flow into the impeller blade is purely radial from an absolute reference 
frame, and V1, n � V1. The velocity vectors at r � r1 in Fig. 14–36 are mag-
nified and redrawn in Fig. 14–41. Using some trigonometry we see that

 V1, t 5 vr1 2
V1, n

tan  b1

 (14–23)

A similar expression is obtained for V2, t (replace subscript 1 by 2), or in 
fact for any radius between r1 and r2. When V1, t � 0 and V1, n � V1,

 vr1 5
V1, n

tan b1

 (14–24)

Finally, combining Eq. 14–24 with Eq. 14–12, we have an expression for 
volume flow rate as a function of inlet blade angle �1 and rotational speed,
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5 2pb1vr1

2 tan  b1 (14–25)

Equation 14–25 can be used for preliminary design of the impeller blade 
shape as illustrated by Example 14–6.

EXAMPLE 14–6    Preliminary Design of a Centrifugal Pump

A centrifugal pump is being designed to pump liquid refrigerant R-134a at 
room temperature and atmospheric pressure. The impeller inlet and outlet 
radii are r1 � 100 and r2 � 180 mm, respectively (Fig. 14–42). The impeller 
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FIGURE 14–40
For the approximation of flow through 
an impeller with no irreversible losses, 
it is often more convenient to work 
with a relative frame of reference 
rotating with the impeller; in that 
case, the Bernoulli equation gets 
an additional term, as indicated in 
Eq. 14–22.
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Close-up frontal view of the velocity 
vectors at the impeller blade inlet. 
The absolute velocity vector is shown 
as a bold arrow.
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常數 (14-22)

由式 (14-22) 可見，此方程式和一般的伯努利方程式並無差別，

其不同處為其使用相對速度 (基於旋轉參考座標)，多出一項

來考慮到旋轉效應 [式 (14-22) 左邊第三項] (圖 14-40)。再次強

調，式 (14-22) 是一個近似值，只用於理想的情況下，輪葉沒

有不可逆的損失，然而，此方程式不失為有價值的一階近似方

法。

現在我們更詳細檢視式 (14-17) 的淨水頭，因 V1, t 帶有

負號，若要得到最高的淨水頭 H，V1, t 需為零 (假設泵眼心

沒有可以產生負值 V1, t 的機制)，因此泵的設計條件 (design 

condition) 之一階近似設 V1, t 為 0。也就是說，選擇葉片進入角

度 b1 使得流體進入葉片時從絕對參考座標看是純徑向的，即 

V1, t =V1。將圖 14-36 在 r = r1 的速度向量圖放大，並重繪於圖  
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where we set subscript 2 as the outflow and subscript 1 as the inflow, we 
see that
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 Note that we are not limited to analysis of only the inlet and outlet. In 
fact, we may apply Eq. 14–21 to any two radii along the impeller. In general 
then, we write an equation that is commonly called the Bernoulli equation 
in a rotating reference frame:
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We see that Eq. 14–22 is the same as the usual Bernoulli equation, except that 
since the speed used is the relative speed (in the rotating reference frame), an 
“extra” term (the third term on the left of Eq. 14–22) appears in the equation 
to account for rotational effects (Fig. 14–40). We emphasize that Eq. 14–22 is 
an approximation, valid only for the ideal case in which there are no irrevers-
ible losses through the impeller. Nevertheless, it is valuable as a first-order 
approximation for flow through the impeller of a centrifugal pump.
 We now examine Eq. 14–17, the equation for net head, more closely. 
Since the term containing V1, t carries a negative sign, we obtain the maxi-
mum H by setting V1, t to zero. (We are assuming that there is no mecha-
nism in the eye of the pump that can generate a negative value of V1, t.) 
Thus, a first-order approximation for the design condition of the pump is 
to set V1, t � 0. In other words, we select the blade inlet angle �1 such that 
the flow into the impeller blade is purely radial from an absolute reference 
frame, and V1, n � V1. The velocity vectors at r � r1 in Fig. 14–36 are mag-
nified and redrawn in Fig. 14–41. Using some trigonometry we see that

 V1, t 5 vr1 2
V1, n

tan  b1

 (14–23)

A similar expression is obtained for V2, t (replace subscript 1 by 2), or in 
fact for any radius between r1 and r2. When V1, t � 0 and V1, n � V1,

 vr1 5
V1, n

tan b1

 (14–24)

Finally, combining Eq. 14–24 with Eq. 14–12, we have an expression for 
volume flow rate as a function of inlet blade angle �1 and rotational speed,
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2 tan  b1 (14–25)

Equation 14–25 can be used for preliminary design of the impeller blade 
shape as illustrated by Example 14–6.

EXAMPLE 14–6    Preliminary Design of a Centrifugal Pump

A centrifugal pump is being designed to pump liquid refrigerant R-134a at 
room temperature and atmospheric pressure. The impeller inlet and outlet 
radii are r1 � 100 and r2 � 180 mm, respectively (Fig. 14–42). The impeller 
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FIGURE 14–40
For the approximation of flow through 
an impeller with no irreversible losses, 
it is often more convenient to work 
with a relative frame of reference 
rotating with the impeller; in that 
case, the Bernoulli equation gets 
an additional term, as indicated in 
Eq. 14–22.
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FIGURE 14–41
Close-up frontal view of the velocity 
vectors at the impeller blade inlet. 
The absolute velocity vector is shown 
as a bold arrow.
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圖 14-41　葉片前端入口的速度向量
放大正視圖，粗箭頭為絕對向量。
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where we set subscript 2 as the outflow and subscript 1 as the inflow, we 
see that
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 Note that we are not limited to analysis of only the inlet and outlet. In 
fact, we may apply Eq. 14–21 to any two radii along the impeller. In general 
then, we write an equation that is commonly called the Bernoulli equation 
in a rotating reference frame:
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We see that Eq. 14–22 is the same as the usual Bernoulli equation, except that 
since the speed used is the relative speed (in the rotating reference frame), an 
“extra” term (the third term on the left of Eq. 14–22) appears in the equation 
to account for rotational effects (Fig. 14–40). We emphasize that Eq. 14–22 is 
an approximation, valid only for the ideal case in which there are no irrevers-
ible losses through the impeller. Nevertheless, it is valuable as a first-order 
approximation for flow through the impeller of a centrifugal pump.
 We now examine Eq. 14–17, the equation for net head, more closely. 
Since the term containing V1, t carries a negative sign, we obtain the maxi-
mum H by setting V1, t to zero. (We are assuming that there is no mecha-
nism in the eye of the pump that can generate a negative value of V1, t.) 
Thus, a first-order approximation for the design condition of the pump is 
to set V1, t � 0. In other words, we select the blade inlet angle �1 such that 
the flow into the impeller blade is purely radial from an absolute reference 
frame, and V1, n � V1. The velocity vectors at r � r1 in Fig. 14–36 are mag-
nified and redrawn in Fig. 14–41. Using some trigonometry we see that

 V1, t 5 vr1 2
V1, n

tan  b1

 (14–23)

A similar expression is obtained for V2, t (replace subscript 1 by 2), or in 
fact for any radius between r1 and r2. When V1, t � 0 and V1, n � V1,

 vr1 5
V1, n

tan b1

 (14–24)

Finally, combining Eq. 14–24 with Eq. 14–12, we have an expression for 
volume flow rate as a function of inlet blade angle �1 and rotational speed,
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2 tan  b1 (14–25)

Equation 14–25 can be used for preliminary design of the impeller blade 
shape as illustrated by Example 14–6.

EXAMPLE 14–6    Preliminary Design of a Centrifugal Pump

A centrifugal pump is being designed to pump liquid refrigerant R-134a at 
room temperature and atmospheric pressure. The impeller inlet and outlet 
radii are r1 � 100 and r2 � 180 mm, respectively (Fig. 14–42). The impeller 
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FIGURE 14–40
For the approximation of flow through 
an impeller with no irreversible losses, 
it is often more convenient to work 
with a relative frame of reference 
rotating with the impeller; in that 
case, the Bernoulli equation gets 
an additional term, as indicated in 
Eq. 14–22.
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圖 14-40　對於流體不考慮不可逆損
失流量的流體，葉片旋轉通常會在

伯努利定律下以隨輪葉旋轉之參考

座標進行較為方便，在此案例中，

伯努利定律會得到一個附加項，如

式  (14-22) 所列之項目。

絕對 旋轉
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14-41 使用三角函數關係，得
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where we set subscript 2 as the outflow and subscript 1 as the inflow, we 
see that
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 Note that we are not limited to analysis of only the inlet and outlet. In 
fact, we may apply Eq. 14–21 to any two radii along the impeller. In general 
then, we write an equation that is commonly called the Bernoulli equation 
in a rotating reference frame:
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We see that Eq. 14–22 is the same as the usual Bernoulli equation, except that 
since the speed used is the relative speed (in the rotating reference frame), an 
“extra” term (the third term on the left of Eq. 14–22) appears in the equation 
to account for rotational effects (Fig. 14–40). We emphasize that Eq. 14–22 is 
an approximation, valid only for the ideal case in which there are no irrevers-
ible losses through the impeller. Nevertheless, it is valuable as a first-order 
approximation for flow through the impeller of a centrifugal pump.
 We now examine Eq. 14–17, the equation for net head, more closely. 
Since the term containing V1, t carries a negative sign, we obtain the maxi-
mum H by setting V1, t to zero. (We are assuming that there is no mecha-
nism in the eye of the pump that can generate a negative value of V1, t.) 
Thus, a first-order approximation for the design condition of the pump is 
to set V1, t � 0. In other words, we select the blade inlet angle �1 such that 
the flow into the impeller blade is purely radial from an absolute reference 
frame, and V1, n � V1. The velocity vectors at r � r1 in Fig. 14–36 are mag-
nified and redrawn in Fig. 14–41. Using some trigonometry we see that

 V1, t 5 vr1 2
V1, n

tan  b1

 (14–23)

A similar expression is obtained for V2, t (replace subscript 1 by 2), or in 
fact for any radius between r1 and r2. When V1, t � 0 and V1, n � V1,

 vr1 5
V1, n

tan b1

 (14–24)

Finally, combining Eq. 14–24 with Eq. 14–12, we have an expression for 
volume flow rate as a function of inlet blade angle �1 and rotational speed,
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Equation 14–25 can be used for preliminary design of the impeller blade 
shape as illustrated by Example 14–6.

EXAMPLE 14–6    Preliminary Design of a Centrifugal Pump

A centrifugal pump is being designed to pump liquid refrigerant R-134a at 
room temperature and atmospheric pressure. The impeller inlet and outlet 
radii are r1 � 100 and r2 � 180 mm, respectively (Fig. 14–42). The impeller 
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FIGURE 14–40
For the approximation of flow through 
an impeller with no irreversible losses, 
it is often more convenient to work 
with a relative frame of reference 
rotating with the impeller; in that 
case, the Bernoulli equation gets 
an additional term, as indicated in 
Eq. 14–22.
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Close-up frontal view of the velocity 
vectors at the impeller blade inlet. 
The absolute velocity vector is shown 
as a bold arrow.
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 (14-23)

對 V2, t 也有相似的表示式 (將上式中的下標由 1 換成 2)，事實上，在 r1 和 r2 之間

的任意半徑都類似。當 V1, t =0 且 V1, n =V1 時，
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where we set subscript 2 as the outflow and subscript 1 as the inflow, we 
see that
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 Note that we are not limited to analysis of only the inlet and outlet. In 
fact, we may apply Eq. 14–21 to any two radii along the impeller. In general 
then, we write an equation that is commonly called the Bernoulli equation 
in a rotating reference frame:
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We see that Eq. 14–22 is the same as the usual Bernoulli equation, except that 
since the speed used is the relative speed (in the rotating reference frame), an 
“extra” term (the third term on the left of Eq. 14–22) appears in the equation 
to account for rotational effects (Fig. 14–40). We emphasize that Eq. 14–22 is 
an approximation, valid only for the ideal case in which there are no irrevers-
ible losses through the impeller. Nevertheless, it is valuable as a first-order 
approximation for flow through the impeller of a centrifugal pump.
 We now examine Eq. 14–17, the equation for net head, more closely. 
Since the term containing V1, t carries a negative sign, we obtain the maxi-
mum H by setting V1, t to zero. (We are assuming that there is no mecha-
nism in the eye of the pump that can generate a negative value of V1, t.) 
Thus, a first-order approximation for the design condition of the pump is 
to set V1, t � 0. In other words, we select the blade inlet angle �1 such that 
the flow into the impeller blade is purely radial from an absolute reference 
frame, and V1, n � V1. The velocity vectors at r � r1 in Fig. 14–36 are mag-
nified and redrawn in Fig. 14–41. Using some trigonometry we see that

 V1, t 5 vr1 2
V1, n

tan  b1

 (14–23)

A similar expression is obtained for V2, t (replace subscript 1 by 2), or in 
fact for any radius between r1 and r2. When V1, t � 0 and V1, n � V1,

 vr1 5
V1, n

tan b1

 (14–24)

Finally, combining Eq. 14–24 with Eq. 14–12, we have an expression for 
volume flow rate as a function of inlet blade angle �1 and rotational speed,
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Equation 14–25 can be used for preliminary design of the impeller blade 
shape as illustrated by Example 14–6.

EXAMPLE 14–6    Preliminary Design of a Centrifugal Pump

A centrifugal pump is being designed to pump liquid refrigerant R-134a at 
room temperature and atmospheric pressure. The impeller inlet and outlet 
radii are r1 � 100 and r2 � 180 mm, respectively (Fig. 14–42). The impeller 
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FIGURE 14–40
For the approximation of flow through 
an impeller with no irreversible losses, 
it is often more convenient to work 
with a relative frame of reference 
rotating with the impeller; in that 
case, the Bernoulli equation gets 
an additional term, as indicated in 
Eq. 14–22.

V1, t

V1, n

V1, relative
→

→
V1

�r1

�

�1

�1

r1

FIGURE 14–41
Close-up frontal view of the velocity 
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The absolute velocity vector is shown 
as a bold arrow.
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 (14-24)

最後，將式 (14-12) 和 (14-24) 結合，可以得到一個以葉片入口角度 b1 和轉速為函

數的體積流率公式
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where we set subscript 2 as the outflow and subscript 1 as the inflow, we 
see that
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 Note that we are not limited to analysis of only the inlet and outlet. In 
fact, we may apply Eq. 14–21 to any two radii along the impeller. In general 
then, we write an equation that is commonly called the Bernoulli equation 
in a rotating reference frame:
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We see that Eq. 14–22 is the same as the usual Bernoulli equation, except that 
since the speed used is the relative speed (in the rotating reference frame), an 
“extra” term (the third term on the left of Eq. 14–22) appears in the equation 
to account for rotational effects (Fig. 14–40). We emphasize that Eq. 14–22 is 
an approximation, valid only for the ideal case in which there are no irrevers-
ible losses through the impeller. Nevertheless, it is valuable as a first-order 
approximation for flow through the impeller of a centrifugal pump.
 We now examine Eq. 14–17, the equation for net head, more closely. 
Since the term containing V1, t carries a negative sign, we obtain the maxi-
mum H by setting V1, t to zero. (We are assuming that there is no mecha-
nism in the eye of the pump that can generate a negative value of V1, t.) 
Thus, a first-order approximation for the design condition of the pump is 
to set V1, t � 0. In other words, we select the blade inlet angle �1 such that 
the flow into the impeller blade is purely radial from an absolute reference 
frame, and V1, n � V1. The velocity vectors at r � r1 in Fig. 14–36 are mag-
nified and redrawn in Fig. 14–41. Using some trigonometry we see that

 V1, t 5 vr1 2
V1, n

tan  b1

 (14–23)

A similar expression is obtained for V2, t (replace subscript 1 by 2), or in 
fact for any radius between r1 and r2. When V1, t � 0 and V1, n � V1,

 vr1 5
V1, n

tan b1

 (14–24)

Finally, combining Eq. 14–24 with Eq. 14–12, we have an expression for 
volume flow rate as a function of inlet blade angle �1 and rotational speed,
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Equation 14–25 can be used for preliminary design of the impeller blade 
shape as illustrated by Example 14–6.

EXAMPLE 14–6    Preliminary Design of a Centrifugal Pump

A centrifugal pump is being designed to pump liquid refrigerant R-134a at 
room temperature and atmospheric pressure. The impeller inlet and outlet 
radii are r1 � 100 and r2 � 180 mm, respectively (Fig. 14–42). The impeller 
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FIGURE 14–40
For the approximation of flow through 
an impeller with no irreversible losses, 
it is often more convenient to work 
with a relative frame of reference 
rotating with the impeller; in that 
case, the Bernoulli equation gets 
an additional term, as indicated in 
Eq. 14–22.

V1, t

V1, n

V1, relative
→

→
V1

�r1

�

�1

�1

r1

FIGURE 14–41
Close-up frontal view of the velocity 
vectors at the impeller blade inlet. 
The absolute velocity vector is shown 
as a bold arrow.
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 (14-25)

式 (14-25) 可以用於葉片形狀的初步設計，計算方法如例題 14-6。

 例題 14-6　　離心泵的初步設計

將一個離心泵設計在常溫常壓下，用於推動 R-134a 液體冷媒，

葉片進出口半徑分別為 r1 =100 mm 和 r2 =180 mm，示意圖參考

圖 14-22，葉片入出口的寬度為 b1 =50 mm 及 b2 =30 mm，如圖  

14-42。泵運送 0.25 m3/s 的液體、其淨水頭高為 14.5 m，葉片轉

動速度為 1720 rpm，設計泵葉片形狀，其 V1, t =0，具體而言，計

算角度 b1 和 b2，求葉片的形狀，以及泵需求的馬力。

解答：從已知的流率、淨水頭和離心泵的尺寸，可以用來求葉片

的形狀 (葉片前緣和後緣的角度)，進而求泵所需求的馬力。

假設：1. 流體穩定流動。2. 液體不可壓縮。3. 葉片沒有不可逆的

損失。4. 這僅是初步設計。

性質：在 T=20°C 下，冷媒 R-134a，v f =0.0008157 m3/kg，所以 r=1/v f =1226 kg/m3。

分析：使用式 (14-3) 求水馬力，
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inlet and outlet widths are b1 � 50 and b2 � 30 mm (into the page of 
Fig. 14–42). The pump is to deliver 0.25 m3/s of the liquid at a net head 
of 14.5 m when the impeller rotates at 1720 rpm. Design the blade shape 
for the case in which these operating conditions are the design conditions of 
the pump (V1, t � 0, as sketched in the figure); specifically, calculate angles 
�1 and �2, and discuss the shape of the blade. Also predict the horsepower 
required by the pump.

SOLUTION  For a given flow rate, net head, and dimensions of a centrifugal 
pump, we are to design the blade shape (leading and trailing edge angles). 
We are also to estimate the horsepower required by the pump.
Assumptions  1 The flow is steady. 2 The liquid is incompressible. 3 There are 
no irreversible losses through the impeller. 4 This is only a preliminary design.
Properties  For refrigerant R-134a at T � 20°C, vf � 0.0008157 m3/kg. 
Thus � � 1/vf � 1226 kg/m3.
Analysis  We calculate the required water horsepower from Eq. 14–3,

 W
#

water horsepower 5 rgV
#
H 

 5 (1226 kg/m3)(9.81 m/s2)(0.25 m3/s)(14.5 m)a W·s

kg·m/s2b

 5 43,600 W 

The required brake horsepower will be greater than this in a real pump. 
However, in keeping with the approximations for this preliminary design, 
we assume 100 percent efficiency such that bhp is approximately equal to 
W
.
water horsepower,

bhp > W
#

water horsepower 5 43,600 Wa hp

745.7 W
b 5 58.5 hp

We report the final result to two significant digits in keeping with the preci-
sion of the given quantities; thus, bhp < 59 horsepower.
 In all calculations with rotation, we need to convert the rotational speed 
from n

.
 (rpm) to � (rad/s), as illustrated in Fig. 14–43,

v 5 1720 
rot

min 
a2p rad

rot
b a1 min

60 s
b 5 180.1 rad/s (1)

We calculate the blade inlet angle using Eq. 14–25,

b15 arctan a V
#

2pb1vr1
2b 5 arctan a 0.25 m3/s

2p(0.050 m)(180.1 rad/s)(0.10 m)2b 5 23.88

 We find �2 by utilizing the equations derived earlier for our elementary 
analysis. First, for the design condition in which V1, t � 0, Eq. 14–17 
reduces to

 Net head: H 5
1
g

 (vr2V2, t 2 vr1V1, t ) 5
vr2V2, t

g

0

from which we calculate the tangential velocity component,

V2, t 5
gH

vr2
(2)

}

V2, n

V2, relative

→

→
V1, relative
→

V2

→
V1

�r1

�r2

�

r2

�2

�2

�1

�1

r1

FIGURE 14–42
Relative and absolute velocity vectors 

and geometry for the centrifugal pump 
impeller design of Example 14–6.

FIGURE 14–43
Proper unit conversion requires the 

units of rotation rate to be rad/s.
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實際上泵需求的制動馬力會比水馬力大，但此設計僅為初步設計，假設制動馬力  bhp 等於 

 
⋅

Wwater horsepower，

圖 14-42　例題 14-6 離心葉輪的相
對和絕對速度向量及幾何圖形。
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inlet and outlet widths are b1 � 50 and b2 � 30 mm (into the page of 
Fig. 14–42). The pump is to deliver 0.25 m3/s of the liquid at a net head 
of 14.5 m when the impeller rotates at 1720 rpm. Design the blade shape 
for the case in which these operating conditions are the design conditions of 
the pump (V1, t � 0, as sketched in the figure); specifically, calculate angles 
�1 and �2, and discuss the shape of the blade. Also predict the horsepower 
required by the pump.

SOLUTION  For a given flow rate, net head, and dimensions of a centrifugal 
pump, we are to design the blade shape (leading and trailing edge angles). 
We are also to estimate the horsepower required by the pump.
Assumptions  1 The flow is steady. 2 The liquid is incompressible. 3 There are 
no irreversible losses through the impeller. 4 This is only a preliminary design.
Properties  For refrigerant R-134a at T � 20°C, vf � 0.0008157 m3/kg. 
Thus � � 1/vf � 1226 kg/m3.
Analysis  We calculate the required water horsepower from Eq. 14–3,

 W
#

water horsepower 5 rgV
#
H 

 5 (1226 kg/m3)(9.81 m/s2)(0.25 m3/s)(14.5 m)a W·s

kg·m/s2b

 5 43,600 W 

The required brake horsepower will be greater than this in a real pump. 
However, in keeping with the approximations for this preliminary design, 
we assume 100 percent efficiency such that bhp is approximately equal to 
W
.
water horsepower,

bhp > W
#

water horsepower 5 43,600 Wa hp

745.7 W
b 5 58.5 hp

We report the final result to two significant digits in keeping with the preci-
sion of the given quantities; thus, bhp < 59 horsepower.
 In all calculations with rotation, we need to convert the rotational speed 
from n

.
 (rpm) to � (rad/s), as illustrated in Fig. 14–43,

v 5 1720 
rot

min 
a2p rad

rot
b a1 min

60 s
b 5 180.1 rad/s (1)

We calculate the blade inlet angle using Eq. 14–25,

b15 arctan a V
#

2pb1vr1
2b 5 arctan a 0.25 m3/s

2p(0.050 m)(180.1 rad/s)(0.10 m)2b 5 23.88

 We find �2 by utilizing the equations derived earlier for our elementary 
analysis. First, for the design condition in which V1, t � 0, Eq. 14–17 
reduces to

 Net head: H 5
1
g

 (vr2V2, t 2 vr1V1, t ) 5
vr2V2, t

g

0

from which we calculate the tangential velocity component,

V2, t 5
gH

vr2
(2)

}

V2, n

V2, relative

→

→
V1, relative
→

V2

→
V1

�r1

�r2

�

r2

�2

�2

�1

�1

r1

FIGURE 14–42
Relative and absolute velocity vectors 

and geometry for the centrifugal pump 
impeller design of Example 14–6.

FIGURE 14–43
Proper unit conversion requires the 

units of rotation rate to be rad/s.
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inlet and outlet widths are b1 � 50 and b2 � 30 mm (into the page of 
Fig. 14–42). The pump is to deliver 0.25 m3/s of the liquid at a net head 
of 14.5 m when the impeller rotates at 1720 rpm. Design the blade shape 
for the case in which these operating conditions are the design conditions of 
the pump (V1, t � 0, as sketched in the figure); specifically, calculate angles 
�1 and �2, and discuss the shape of the blade. Also predict the horsepower 
required by the pump.

SOLUTION  For a given flow rate, net head, and dimensions of a centrifugal 
pump, we are to design the blade shape (leading and trailing edge angles). 
We are also to estimate the horsepower required by the pump.
Assumptions  1 The flow is steady. 2 The liquid is incompressible. 3 There are 
no irreversible losses through the impeller. 4 This is only a preliminary design.
Properties  For refrigerant R-134a at T � 20°C, vf � 0.0008157 m3/kg. 
Thus � � 1/vf � 1226 kg/m3.
Analysis  We calculate the required water horsepower from Eq. 14–3,

 W
#

water horsepower 5 rgV
#
H 

 5 (1226 kg/m3)(9.81 m/s2)(0.25 m3/s)(14.5 m)a W·s

kg·m/s2b

 5 43,600 W 

The required brake horsepower will be greater than this in a real pump. 
However, in keeping with the approximations for this preliminary design, 
we assume 100 percent efficiency such that bhp is approximately equal to 
W
.
water horsepower,

bhp > W
#

water horsepower 5 43,600 Wa hp

745.7 W
b 5 58.5 hp

We report the final result to two significant digits in keeping with the preci-
sion of the given quantities; thus, bhp < 59 horsepower.
 In all calculations with rotation, we need to convert the rotational speed 
from n

.
 (rpm) to � (rad/s), as illustrated in Fig. 14–43,

v 5 1720 
rot

min 
a2p rad

rot
b a1 min

60 s
b 5 180.1 rad/s (1)

We calculate the blade inlet angle using Eq. 14–25,

b15 arctan a V
#

2pb1vr1
2b 5 arctan a 0.25 m3/s

2p(0.050 m)(180.1 rad/s)(0.10 m)2b 5 23.88

 We find �2 by utilizing the equations derived earlier for our elementary 
analysis. First, for the design condition in which V1, t � 0, Eq. 14–17 
reduces to

 Net head: H 5
1
g

 (vr2V2, t 2 vr1V1, t ) 5
vr2V2, t

g

0

from which we calculate the tangential velocity component,

V2, t 5
gH

vr2
(2)

}

V2, n

V2, relative

→

→
V1, relative
→

V2

→
V1

�r1

�r2

�

r2

�2

�2

�1

�1

r1

FIGURE 14–42
Relative and absolute velocity vectors 

and geometry for the centrifugal pump 
impeller design of Example 14–6.

FIGURE 14–43
Proper unit conversion requires the 

units of rotation rate to be rad/s.
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為使得計算結果與已知物理量的準確度一致，我們將結果採用兩

位有效數字，因此 bhp≈59 hp。

　　接著依照圖 14-43 的說明，將轉速  ⋅n (rpm) 換算為 v (rad/s)，
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inlet and outlet widths are b1 � 50 and b2 � 30 mm (into the page of 
Fig. 14–42). The pump is to deliver 0.25 m3/s of the liquid at a net head 
of 14.5 m when the impeller rotates at 1720 rpm. Design the blade shape 
for the case in which these operating conditions are the design conditions of 
the pump (V1, t � 0, as sketched in the figure); specifically, calculate angles 
�1 and �2, and discuss the shape of the blade. Also predict the horsepower 
required by the pump.

SOLUTION  For a given flow rate, net head, and dimensions of a centrifugal 
pump, we are to design the blade shape (leading and trailing edge angles). 
We are also to estimate the horsepower required by the pump.
Assumptions  1 The flow is steady. 2 The liquid is incompressible. 3 There are 
no irreversible losses through the impeller. 4 This is only a preliminary design.
Properties  For refrigerant R-134a at T � 20°C, vf � 0.0008157 m3/kg. 
Thus � � 1/vf � 1226 kg/m3.
Analysis  We calculate the required water horsepower from Eq. 14–3,

 W
#

water horsepower 5 rgV
#
H 

 5 (1226 kg/m3)(9.81 m/s2)(0.25 m3/s)(14.5 m)a W·s

kg·m/s2b

 5 43,600 W 

The required brake horsepower will be greater than this in a real pump. 
However, in keeping with the approximations for this preliminary design, 
we assume 100 percent efficiency such that bhp is approximately equal to 
W
.
water horsepower,

bhp > W
#

water horsepower 5 43,600 Wa hp

745.7 W
b 5 58.5 hp

We report the final result to two significant digits in keeping with the preci-
sion of the given quantities; thus, bhp < 59 horsepower.
 In all calculations with rotation, we need to convert the rotational speed 
from n

.
 (rpm) to � (rad/s), as illustrated in Fig. 14–43,

v 5 1720 
rot

min 
a2p rad

rot
b a1 min

60 s
b 5 180.1 rad/s (1)

We calculate the blade inlet angle using Eq. 14–25,

b15 arctan a V
#

2pb1vr1
2b 5 arctan a 0.25 m3/s

2p(0.050 m)(180.1 rad/s)(0.10 m)2b 5 23.88

 We find �2 by utilizing the equations derived earlier for our elementary 
analysis. First, for the design condition in which V1, t � 0, Eq. 14–17 
reduces to

 Net head: H 5
1
g

 (vr2V2, t 2 vr1V1, t ) 5
vr2V2, t

g

0

from which we calculate the tangential velocity component,

V2, t 5
gH

vr2
(2)

}

V2, n

V2, relative

→

→
V1, relative
→

V2

→
V1

�r1

�r2

�

r2

�2

�2

�1

�1

r1

FIGURE 14–42
Relative and absolute velocity vectors 

and geometry for the centrifugal pump 
impeller design of Example 14–6.

FIGURE 14–43
Proper unit conversion requires the 

units of rotation rate to be rad/s.
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 (1)

接著使用式 (14-25) 求葉片入口角度 b1，
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inlet and outlet widths are b1 � 50 and b2 � 30 mm (into the page of 
Fig. 14–42). The pump is to deliver 0.25 m3/s of the liquid at a net head 
of 14.5 m when the impeller rotates at 1720 rpm. Design the blade shape 
for the case in which these operating conditions are the design conditions of 
the pump (V1, t � 0, as sketched in the figure); specifically, calculate angles 
�1 and �2, and discuss the shape of the blade. Also predict the horsepower 
required by the pump.

SOLUTION  For a given flow rate, net head, and dimensions of a centrifugal 
pump, we are to design the blade shape (leading and trailing edge angles). 
We are also to estimate the horsepower required by the pump.
Assumptions  1 The flow is steady. 2 The liquid is incompressible. 3 There are 
no irreversible losses through the impeller. 4 This is only a preliminary design.
Properties  For refrigerant R-134a at T � 20°C, vf � 0.0008157 m3/kg. 
Thus � � 1/vf � 1226 kg/m3.
Analysis  We calculate the required water horsepower from Eq. 14–3,

 W
#

water horsepower 5 rgV
#
H 

 5 (1226 kg/m3)(9.81 m/s2)(0.25 m3/s)(14.5 m)a W·s

kg·m/s2b

 5 43,600 W 

The required brake horsepower will be greater than this in a real pump. 
However, in keeping with the approximations for this preliminary design, 
we assume 100 percent efficiency such that bhp is approximately equal to 
W
.
water horsepower,

bhp > W
#

water horsepower 5 43,600 Wa hp

745.7 W
b 5 58.5 hp

We report the final result to two significant digits in keeping with the preci-
sion of the given quantities; thus, bhp < 59 horsepower.
 In all calculations with rotation, we need to convert the rotational speed 
from n

.
 (rpm) to � (rad/s), as illustrated in Fig. 14–43,

v 5 1720 
rot

min 
a2p rad

rot
b a1 min

60 s
b 5 180.1 rad/s (1)

We calculate the blade inlet angle using Eq. 14–25,

b15 arctan a V
#

2pb1vr1
2b 5 arctan a 0.25 m3/s

2p(0.050 m)(180.1 rad/s)(0.10 m)2b 5 23.88

 We find �2 by utilizing the equations derived earlier for our elementary 
analysis. First, for the design condition in which V1, t � 0, Eq. 14–17 
reduces to

 Net head: H 5
1
g

 (vr2V2, t 2 vr1V1, t ) 5
vr2V2, t

g

0

from which we calculate the tangential velocity component,

V2, t 5
gH

vr2
(2)

}

V2, n

V2, relative

→

→
V1, relative
→

V2

→
V1

�r1

�r2

�

r2

�2

�2

�1

�1

r1

FIGURE 14–42
Relative and absolute velocity vectors 

and geometry for the centrifugal pump 
impeller design of Example 14–6.

FIGURE 14–43
Proper unit conversion requires the 

units of rotation rate to be rad/s.
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inlet and outlet widths are b1 � 50 and b2 � 30 mm (into the page of 
Fig. 14–42). The pump is to deliver 0.25 m3/s of the liquid at a net head 
of 14.5 m when the impeller rotates at 1720 rpm. Design the blade shape 
for the case in which these operating conditions are the design conditions of 
the pump (V1, t � 0, as sketched in the figure); specifically, calculate angles 
�1 and �2, and discuss the shape of the blade. Also predict the horsepower 
required by the pump.

SOLUTION  For a given flow rate, net head, and dimensions of a centrifugal 
pump, we are to design the blade shape (leading and trailing edge angles). 
We are also to estimate the horsepower required by the pump.
Assumptions  1 The flow is steady. 2 The liquid is incompressible. 3 There are 
no irreversible losses through the impeller. 4 This is only a preliminary design.
Properties  For refrigerant R-134a at T � 20°C, vf � 0.0008157 m3/kg. 
Thus � � 1/vf � 1226 kg/m3.
Analysis  We calculate the required water horsepower from Eq. 14–3,

 W
#

water horsepower 5 rgV
#
H 

 5 (1226 kg/m3)(9.81 m/s2)(0.25 m3/s)(14.5 m)a W·s

kg·m/s2b

 5 43,600 W 

The required brake horsepower will be greater than this in a real pump. 
However, in keeping with the approximations for this preliminary design, 
we assume 100 percent efficiency such that bhp is approximately equal to 
W
.
water horsepower,

bhp > W
#

water horsepower 5 43,600 Wa hp

745.7 W
b 5 58.5 hp

We report the final result to two significant digits in keeping with the preci-
sion of the given quantities; thus, bhp < 59 horsepower.
 In all calculations with rotation, we need to convert the rotational speed 
from n

.
 (rpm) to � (rad/s), as illustrated in Fig. 14–43,

v 5 1720 
rot

min 
a2p rad

rot
b a1 min

60 s
b 5 180.1 rad/s (1)

We calculate the blade inlet angle using Eq. 14–25,

b15 arctan a V
#

2pb1vr1
2b 5 arctan a 0.25 m3/s

2p(0.050 m)(180.1 rad/s)(0.10 m)2b 5 23.88

 We find �2 by utilizing the equations derived earlier for our elementary 
analysis. First, for the design condition in which V1, t � 0, Eq. 14–17 
reduces to

 Net head: H 5
1
g

 (vr2V2, t 2 vr1V1, t ) 5
vr2V2, t

g

0

from which we calculate the tangential velocity component,

V2, t 5
gH

vr2
(2)

}

V2, n

V2, relative

→

→
V1, relative
→

V2

→
V1

�r1

�r2

�

r2

�2

�2

�1

�1

r1

FIGURE 14–42
Relative and absolute velocity vectors 

and geometry for the centrifugal pump 
impeller design of Example 14–6.

FIGURE 14–43
Proper unit conversion requires the 

units of rotation rate to be rad/s.
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使用先前獲得的計算公式求 b2。首先針對設計條件 V1, t =0，化簡式 (14-17) 得到

淨水頭： 
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inlet and outlet widths are b1 � 50 and b2 � 30 mm (into the page of 
Fig. 14–42). The pump is to deliver 0.25 m3/s of the liquid at a net head 
of 14.5 m when the impeller rotates at 1720 rpm. Design the blade shape 
for the case in which these operating conditions are the design conditions of 
the pump (V1, t � 0, as sketched in the figure); specifically, calculate angles 
�1 and �2, and discuss the shape of the blade. Also predict the horsepower 
required by the pump.

SOLUTION  For a given flow rate, net head, and dimensions of a centrifugal 
pump, we are to design the blade shape (leading and trailing edge angles). 
We are also to estimate the horsepower required by the pump.
Assumptions  1 The flow is steady. 2 The liquid is incompressible. 3 There are 
no irreversible losses through the impeller. 4 This is only a preliminary design.
Properties  For refrigerant R-134a at T � 20°C, vf � 0.0008157 m3/kg. 
Thus � � 1/vf � 1226 kg/m3.
Analysis  We calculate the required water horsepower from Eq. 14–3,

 W
#

water horsepower 5 rgV
#
H 

 5 (1226 kg/m3)(9.81 m/s2)(0.25 m3/s)(14.5 m)a W·s

kg·m/s2b

 5 43,600 W 

The required brake horsepower will be greater than this in a real pump. 
However, in keeping with the approximations for this preliminary design, 
we assume 100 percent efficiency such that bhp is approximately equal to 
W
.
water horsepower,

bhp > W
#

water horsepower 5 43,600 Wa hp

745.7 W
b 5 58.5 hp

We report the final result to two significant digits in keeping with the preci-
sion of the given quantities; thus, bhp < 59 horsepower.
 In all calculations with rotation, we need to convert the rotational speed 
from n

.
 (rpm) to � (rad/s), as illustrated in Fig. 14–43,

v 5 1720 
rot

min 
a2p rad

rot
b a1 min

60 s
b 5 180.1 rad/s (1)

We calculate the blade inlet angle using Eq. 14–25,

b15 arctan a V
#

2pb1vr1
2b 5 arctan a 0.25 m3/s

2p(0.050 m)(180.1 rad/s)(0.10 m)2b 5 23.88

 We find �2 by utilizing the equations derived earlier for our elementary 
analysis. First, for the design condition in which V1, t � 0, Eq. 14–17 
reduces to

 Net head: H 5
1
g

 (vr2V2, t 2 vr1V1, t ) 5
vr2V2, t

g

0

from which we calculate the tangential velocity component,

V2, t 5
gH

vr2
(2)

}

V2, n

V2, relative

→

→
V1, relative
→

V2

→
V1

�r1

�r2

�

r2

�2

�2

�1

�1

r1

FIGURE 14–42
Relative and absolute velocity vectors 

and geometry for the centrifugal pump 
impeller design of Example 14–6.

FIGURE 14–43
Proper unit conversion requires the 

units of rotation rate to be rad/s.
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inlet and outlet widths are b1 � 50 and b2 � 30 mm (into the page of 
Fig. 14–42). The pump is to deliver 0.25 m3/s of the liquid at a net head 
of 14.5 m when the impeller rotates at 1720 rpm. Design the blade shape 
for the case in which these operating conditions are the design conditions of 
the pump (V1, t � 0, as sketched in the figure); specifically, calculate angles 
�1 and �2, and discuss the shape of the blade. Also predict the horsepower 
required by the pump.

SOLUTION  For a given flow rate, net head, and dimensions of a centrifugal 
pump, we are to design the blade shape (leading and trailing edge angles). 
We are also to estimate the horsepower required by the pump.
Assumptions  1 The flow is steady. 2 The liquid is incompressible. 3 There are 
no irreversible losses through the impeller. 4 This is only a preliminary design.
Properties  For refrigerant R-134a at T � 20°C, vf � 0.0008157 m3/kg. 
Thus � � 1/vf � 1226 kg/m3.
Analysis  We calculate the required water horsepower from Eq. 14–3,

 W
#

water horsepower 5 rgV
#
H 

 5 (1226 kg/m3)(9.81 m/s2)(0.25 m3/s)(14.5 m)a W·s

kg·m/s2b

 5 43,600 W 

The required brake horsepower will be greater than this in a real pump. 
However, in keeping with the approximations for this preliminary design, 
we assume 100 percent efficiency such that bhp is approximately equal to 
W
.
water horsepower,

bhp > W
#

water horsepower 5 43,600 Wa hp

745.7 W
b 5 58.5 hp

We report the final result to two significant digits in keeping with the preci-
sion of the given quantities; thus, bhp < 59 horsepower.
 In all calculations with rotation, we need to convert the rotational speed 
from n

.
 (rpm) to � (rad/s), as illustrated in Fig. 14–43,

v 5 1720 
rot

min 
a2p rad

rot
b a1 min

60 s
b 5 180.1 rad/s (1)

We calculate the blade inlet angle using Eq. 14–25,

b15 arctan a V
#

2pb1vr1
2b 5 arctan a 0.25 m3/s

2p(0.050 m)(180.1 rad/s)(0.10 m)2b 5 23.88

 We find �2 by utilizing the equations derived earlier for our elementary 
analysis. First, for the design condition in which V1, t � 0, Eq. 14–17 
reduces to

 Net head: H 5
1
g

 (vr2V2, t 2 vr1V1, t ) 5
vr2V2, t

g

0

from which we calculate the tangential velocity component,

V2, t 5
gH

vr2
(2)

}

V2, n

V2, relative

→

→
V1, relative
→

V2

→
V1

�r1

�r2

�

r2

�2

�2

�1

�1

r1

FIGURE 14–42
Relative and absolute velocity vectors 

and geometry for the centrifugal pump 
impeller design of Example 14–6.

FIGURE 14–43
Proper unit conversion requires the 

units of rotation rate to be rad/s.

787-878_cengel_ch14.indd   813 7/3/13   3:41 PM

 (2)

使用式 (14-12) 計算法線速度，
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Using Eq. 14–12, we calculate the normal velocity component,

 V2, n 5
V
#

2pr2b2

 (3)

Next, we perform the same trigonometry used to derive Eq. 14–23, but on 
the trailing edge of the blade rather than the leading edge. The result is

V2, t 5 vr2 2
V2, n

tan b2

from which we finally solve for �2,

 
b2 5 arctan a

V2, n

vr2 2 V2, t

b  (4)

After substitution of Eqs. 2 and 3 into Eq. 4, and insertion of the numerical 
values, we obtain

b2 5 14.78

We report the final results to only two significant digits. Thus our preliminary 
design requires backward-inclined impeller blades with �1 ≅ 24° and �2 ≅ 15°.
 Once we know the leading and trailing edge blade angles, we design the 
detailed shape of the impeller blade by smoothly varying blade angle � from 
�1 to �2 as radius increases from r1 to r2. As sketched in Fig. 14–44, the 
blade can be of various shapes while still keeping �1 ≅ 24° and �2 ≅ 15°, 
depending on how we vary � with the radius. In the figure, all three blades 
begin at the same location (zero absolute angle) at radius r1; the leading 
edge angle for all three blades is �1 � 24°. The medium length blade (the 
brown one in Fig. 14–44) is constructed by varying � linearly with r. Its trail-
ing edge intercepts radius r2 at an absolute angle of approximately 93°. The 
longer blade (the black one in the figure) is constructed by varying � more 
rapidly near r1 than near r2. In other words, the blade curvature is more 
pronounced near its leading edge than near its trailing edge. It intercepts 
the outer radius at an absolute angle of about 114°. Finally, the shortest 
blade (the blue blade in Fig. 14–44) has less blade curvature near its lead-
ing edge, but more pronounced curvature near its trailing edge. It intercepts 
r2 at an absolute angle of approximately 77°. It is not immediately obvious 
which blade shape is best.
Discussion  Keep in mind that this is a preliminary design in which irrevers-
ible losses are ignored. A real pump would have losses, and the required 
brake horsepower would be higher (perhaps 20 to 30 percent higher) than 
the value estimated here. In a real pump with losses, a shorter blade has less 
skin friction drag, but the normal stresses on the blade are larger because 
the flow is turned more sharply near the trailing edge where the velocities 
are largest; this may lead to structural problems if the blades are not very 
thick, especially when pumping dense liquids. A longer blade has higher 
skin friction drag, but lower normal stresses. In addition, you can see from 
a simple blade volume estimate in Fig. 14–44 that for the same number of 
blades, the longer the blades, the more flow blockage, since the blades are 
of finite thickness. In addition, the displacement thickness effect of bound-
ary layers growing along the blade surfaces (Chap. 10) leads to even more 
pronounced blockage for the long blades. Obviously some engineering opti-
mization is required to determine the exact shape of the blade.

r1

r2

2

1

2

2

FIGURE 14–44
Three possible blade shapes for the 
centrifugal pump impeller design 
of Example 14–6. All three blades 
have leading edge angle �1 � 24° 
and trailing edge angle �2 � 15°, 
but differ in how � is varied with the 
radius. The drawing is to scale.
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 (3)

接著，使用推導式 (14-23) 相同的三角學，但將葉片前緣 (下標 1) 改為後緣 (下標 2)，得到
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Using Eq. 14–12, we calculate the normal velocity component,

 V2, n 5
V
#

2pr2b2

 (3)

Next, we perform the same trigonometry used to derive Eq. 14–23, but on 
the trailing edge of the blade rather than the leading edge. The result is

V2, t 5 vr2 2
V2, n

tan b2

from which we finally solve for �2,

 
b2 5 arctan a

V2, n

vr2 2 V2, t

b  (4)

After substitution of Eqs. 2 and 3 into Eq. 4, and insertion of the numerical 
values, we obtain

b2 5 14.78

We report the final results to only two significant digits. Thus our preliminary 
design requires backward-inclined impeller blades with �1 ≅ 24° and �2 ≅ 15°.
 Once we know the leading and trailing edge blade angles, we design the 
detailed shape of the impeller blade by smoothly varying blade angle � from 
�1 to �2 as radius increases from r1 to r2. As sketched in Fig. 14–44, the 
blade can be of various shapes while still keeping �1 ≅ 24° and �2 ≅ 15°, 
depending on how we vary � with the radius. In the figure, all three blades 
begin at the same location (zero absolute angle) at radius r1; the leading 
edge angle for all three blades is �1 � 24°. The medium length blade (the 
brown one in Fig. 14–44) is constructed by varying � linearly with r. Its trail-
ing edge intercepts radius r2 at an absolute angle of approximately 93°. The 
longer blade (the black one in the figure) is constructed by varying � more 
rapidly near r1 than near r2. In other words, the blade curvature is more 
pronounced near its leading edge than near its trailing edge. It intercepts 
the outer radius at an absolute angle of about 114°. Finally, the shortest 
blade (the blue blade in Fig. 14–44) has less blade curvature near its lead-
ing edge, but more pronounced curvature near its trailing edge. It intercepts 
r2 at an absolute angle of approximately 77°. It is not immediately obvious 
which blade shape is best.
Discussion  Keep in mind that this is a preliminary design in which irrevers-
ible losses are ignored. A real pump would have losses, and the required 
brake horsepower would be higher (perhaps 20 to 30 percent higher) than 
the value estimated here. In a real pump with losses, a shorter blade has less 
skin friction drag, but the normal stresses on the blade are larger because 
the flow is turned more sharply near the trailing edge where the velocities 
are largest; this may lead to structural problems if the blades are not very 
thick, especially when pumping dense liquids. A longer blade has higher 
skin friction drag, but lower normal stresses. In addition, you can see from 
a simple blade volume estimate in Fig. 14–44 that for the same number of 
blades, the longer the blades, the more flow blockage, since the blades are 
of finite thickness. In addition, the displacement thickness effect of bound-
ary layers growing along the blade surfaces (Chap. 10) leads to even more 
pronounced blockage for the long blades. Obviously some engineering opti-
mization is required to determine the exact shape of the blade.
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FIGURE 14–44
Three possible blade shapes for the 
centrifugal pump impeller design 
of Example 14–6. All three blades 
have leading edge angle �1 � 24° 
and trailing edge angle �2 � 15°, 
but differ in how � is varied with the 
radius. The drawing is to scale.
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最後可解出 b2，
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Using Eq. 14–12, we calculate the normal velocity component,

 V2, n 5
V
#

2pr2b2

 (3)

Next, we perform the same trigonometry used to derive Eq. 14–23, but on 
the trailing edge of the blade rather than the leading edge. The result is

V2, t 5 vr2 2
V2, n

tan b2

from which we finally solve for �2,

 
b2 5 arctan a

V2, n

vr2 2 V2, t

b  (4)

After substitution of Eqs. 2 and 3 into Eq. 4, and insertion of the numerical 
values, we obtain

b2 5 14.78

We report the final results to only two significant digits. Thus our preliminary 
design requires backward-inclined impeller blades with �1 ≅ 24° and �2 ≅ 15°.
 Once we know the leading and trailing edge blade angles, we design the 
detailed shape of the impeller blade by smoothly varying blade angle � from 
�1 to �2 as radius increases from r1 to r2. As sketched in Fig. 14–44, the 
blade can be of various shapes while still keeping �1 ≅ 24° and �2 ≅ 15°, 
depending on how we vary � with the radius. In the figure, all three blades 
begin at the same location (zero absolute angle) at radius r1; the leading 
edge angle for all three blades is �1 � 24°. The medium length blade (the 
brown one in Fig. 14–44) is constructed by varying � linearly with r. Its trail-
ing edge intercepts radius r2 at an absolute angle of approximately 93°. The 
longer blade (the black one in the figure) is constructed by varying � more 
rapidly near r1 than near r2. In other words, the blade curvature is more 
pronounced near its leading edge than near its trailing edge. It intercepts 
the outer radius at an absolute angle of about 114°. Finally, the shortest 
blade (the blue blade in Fig. 14–44) has less blade curvature near its lead-
ing edge, but more pronounced curvature near its trailing edge. It intercepts 
r2 at an absolute angle of approximately 77°. It is not immediately obvious 
which blade shape is best.
Discussion  Keep in mind that this is a preliminary design in which irrevers-
ible losses are ignored. A real pump would have losses, and the required 
brake horsepower would be higher (perhaps 20 to 30 percent higher) than 
the value estimated here. In a real pump with losses, a shorter blade has less 
skin friction drag, but the normal stresses on the blade are larger because 
the flow is turned more sharply near the trailing edge where the velocities 
are largest; this may lead to structural problems if the blades are not very 
thick, especially when pumping dense liquids. A longer blade has higher 
skin friction drag, but lower normal stresses. In addition, you can see from 
a simple blade volume estimate in Fig. 14–44 that for the same number of 
blades, the longer the blades, the more flow blockage, since the blades are 
of finite thickness. In addition, the displacement thickness effect of bound-
ary layers growing along the blade surfaces (Chap. 10) leads to even more 
pronounced blockage for the long blades. Obviously some engineering opti-
mization is required to determine the exact shape of the blade.
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FIGURE 14–44
Three possible blade shapes for the 
centrifugal pump impeller design 
of Example 14–6. All three blades 
have leading edge angle �1 � 24° 
and trailing edge angle �2 � 15°, 
but differ in how � is varied with the 
radius. The drawing is to scale.
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 (4)

將式 (2) 及 (3) 代入 (4)，我們可以得到出口角度為

b2 =14.7°

最後結果取 2 位有效數字，因此計算估計後傾葉片之初步設計值，入口角度 b1 ≅ 24° 及出口角度 

b2 ≅ 15°。
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inlet and outlet widths are b1 � 50 and b2 � 30 mm (into the page of 
Fig. 14–42). The pump is to deliver 0.25 m3/s of the liquid at a net head 
of 14.5 m when the impeller rotates at 1720 rpm. Design the blade shape 
for the case in which these operating conditions are the design conditions of 
the pump (V1, t � 0, as sketched in the figure); specifically, calculate angles 
�1 and �2, and discuss the shape of the blade. Also predict the horsepower 
required by the pump.

SOLUTION  For a given flow rate, net head, and dimensions of a centrifugal 
pump, we are to design the blade shape (leading and trailing edge angles). 
We are also to estimate the horsepower required by the pump.
Assumptions  1 The flow is steady. 2 The liquid is incompressible. 3 There are 
no irreversible losses through the impeller. 4 This is only a preliminary design.
Properties  For refrigerant R-134a at T � 20°C, vf � 0.0008157 m3/kg. 
Thus � � 1/vf � 1226 kg/m3.
Analysis  We calculate the required water horsepower from Eq. 14–3,

 W
#

water horsepower 5 rgV
#
H 

 5 (1226 kg/m3)(9.81 m/s2)(0.25 m3/s)(14.5 m)a W·s

kg·m/s2b

 5 43,600 W 

The required brake horsepower will be greater than this in a real pump. 
However, in keeping with the approximations for this preliminary design, 
we assume 100 percent efficiency such that bhp is approximately equal to 
W
.
water horsepower,

bhp > W
#

water horsepower 5 43,600 Wa hp

745.7 W
b 5 58.5 hp

We report the final result to two significant digits in keeping with the preci-
sion of the given quantities; thus, bhp < 59 horsepower.
 In all calculations with rotation, we need to convert the rotational speed 
from n

.
 (rpm) to � (rad/s), as illustrated in Fig. 14–43,

v 5 1720 
rot

min 
a2p rad

rot
b a1 min

60 s
b 5 180.1 rad/s (1)

We calculate the blade inlet angle using Eq. 14–25,

b15 arctan a V
#

2pb1vr1
2b 5 arctan a 0.25 m3/s

2p(0.050 m)(180.1 rad/s)(0.10 m)2b 5 23.88

 We find �2 by utilizing the equations derived earlier for our elementary 
analysis. First, for the design condition in which V1, t � 0, Eq. 14–17 
reduces to

 Net head: H 5
1
g

 (vr2V2, t 2 vr1V1, t ) 5
vr2V2, t

g

0

from which we calculate the tangential velocity component,

V2, t 5
gH

vr2
(2)

}

V2, n

V2, relative

→

→
V1, relative
→

V2

→
V1

�r1

�r2

�

r2

�2

�2

�1

�1

r1

FIGURE 14–42
Relative and absolute velocity vectors 

and geometry for the centrifugal pump 
impeller design of Example 14–6.

FIGURE 14–43
Proper unit conversion requires the 

units of rotation rate to be rad/s.

787-878_cengel_ch14.indd   813 7/3/13   3:41 PM

圖 14-43　旋轉速度的單位需要被轉
換為 rad/s。

　注意　
要記得
把轉速
從 rpm 
換成
rad/s
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當我們知道葉片前緣和後緣的角度，即可設計葉片詳細的形狀，當半徑 r 從 r1 增加到 r2，讓

葉片角度 b 從 b1 平順的增加到 b2。如圖 14-44 所示，雖然葉片設計成不同的形狀，但依然保持 

b1 ≅ 24° 及 b2 ≅ 15°，設計方式取決於 r1 和 r2 之間變化的角度 b。在圖中，可以看到三種葉片形

狀，在 r1 上皆有相同的起點 (絕對零度角)，三個葉片的入口角度 b1 ≅24°。中等長度的葉片角度 b 

為線性變化，它的後緣與半徑在 r2 的夾角趨近 93°。比較長的葉片在靠近 r1 的地方比在 r2 地方的 

b 角度變化較大；也就是說，葉片後緣的曲率變化在前緣比後緣變化大。它的後緣絕對角度趨近 

114°。最後，圖中最短的葉片在前緣有較小的曲率變化，接近後

緣部分有較大的曲律變化，與半徑在 r2 的絕對角度為 77°，哪一

種葉片形最好並不十分明顯。

討論：此初步設計忽略了不可逆的損失，實際上泵消耗的制動馬

力會比估計的高 (20% 至 30% 或更高)，比較短的葉片具有比較少

的表面摩擦阻力，但由於葉片後緣附近速度最大地方的轉角較為

尖銳，所以葉片受的垂直應力較大。如果葉片較薄，可能會導致

結構上的問題，特別在對黏稠液體加壓時，情況更為嚴重。較長

的葉片具有較大的表面摩擦阻力，但有較小的垂直應力。此外，

圖 14-44 可以看到，由於葉片有一定厚度，一個葉輪在有相同葉

片數量的前提下，葉片越長，流體越阻塞，且葉片的邊界層 (第 

10 章) 會沿著葉片表面成長，所以長葉片的阻塞會更加明顯，因

此為了使泵性能達到最好，最佳化設計葉片形狀是必須的。

一個葉輪需要設計多少葉片呢？如果使用太少葉片，循環流動損失 (circulatory 

flow loss) 會比較高。循環流動損失是由於葉片數量非無限多，回顧先前的初步設

計，我們假設出口處整個圓周切向速度 V2, t 為完全均勻 (圖 14-37)，這個條件僅假

設有無窮多葉片時存在。在實際上，葉輪裝設的葉片有一定的數量，且厚度非無

窮薄，所以會導致切線速度分量不完全均勻，會在葉片之間減小，如圖 14-45a 所

示。而這實際的情況會導致 V2, t 的值較理想值小，代表著淨水頭值變小，損失的淨

水頭 (或泵的效率) 稱為循環流動損失。相反地，如果有太多葉片 (圖 14-45b)，會

圖 14-44　三種由例題 14-6 設計，
離心泵可能的葉片角度，三個葉

片的前緣角度和後緣角度分別皆為 
b1 =24° 及 b2 =15°，但在 r1 和 r2 中
間，角度 b 有不同的變化，圖中是

依比例繪製的。
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Using Eq. 14–12, we calculate the normal velocity component,

 V2, n 5
V
#

2pr2b2

 (3)

Next, we perform the same trigonometry used to derive Eq. 14–23, but on 
the trailing edge of the blade rather than the leading edge. The result is

V2, t 5 vr2 2
V2, n

tan b2

from which we finally solve for �2,

 
b2 5 arctan a

V2, n

vr2 2 V2, t

b  (4)

After substitution of Eqs. 2 and 3 into Eq. 4, and insertion of the numerical 
values, we obtain

b2 5 14.78

We report the final results to only two significant digits. Thus our preliminary 
design requires backward-inclined impeller blades with �1 ≅ 24° and �2 ≅ 15°.
 Once we know the leading and trailing edge blade angles, we design the 
detailed shape of the impeller blade by smoothly varying blade angle � from 
�1 to �2 as radius increases from r1 to r2. As sketched in Fig. 14–44, the 
blade can be of various shapes while still keeping �1 ≅ 24° and �2 ≅ 15°, 
depending on how we vary � with the radius. In the figure, all three blades 
begin at the same location (zero absolute angle) at radius r1; the leading 
edge angle for all three blades is �1 � 24°. The medium length blade (the 
brown one in Fig. 14–44) is constructed by varying � linearly with r. Its trail-
ing edge intercepts radius r2 at an absolute angle of approximately 93°. The 
longer blade (the black one in the figure) is constructed by varying � more 
rapidly near r1 than near r2. In other words, the blade curvature is more 
pronounced near its leading edge than near its trailing edge. It intercepts 
the outer radius at an absolute angle of about 114°. Finally, the shortest 
blade (the blue blade in Fig. 14–44) has less blade curvature near its lead-
ing edge, but more pronounced curvature near its trailing edge. It intercepts 
r2 at an absolute angle of approximately 77°. It is not immediately obvious 
which blade shape is best.
Discussion  Keep in mind that this is a preliminary design in which irrevers-
ible losses are ignored. A real pump would have losses, and the required 
brake horsepower would be higher (perhaps 20 to 30 percent higher) than 
the value estimated here. In a real pump with losses, a shorter blade has less 
skin friction drag, but the normal stresses on the blade are larger because 
the flow is turned more sharply near the trailing edge where the velocities 
are largest; this may lead to structural problems if the blades are not very 
thick, especially when pumping dense liquids. A longer blade has higher 
skin friction drag, but lower normal stresses. In addition, you can see from 
a simple blade volume estimate in Fig. 14–44 that for the same number of 
blades, the longer the blades, the more flow blockage, since the blades are 
of finite thickness. In addition, the displacement thickness effect of bound-
ary layers growing along the blade surfaces (Chap. 10) leads to even more 
pronounced blockage for the long blades. Obviously some engineering opti-
mization is required to determine the exact shape of the blade.
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FIGURE 14–44
Three possible blade shapes for the 
centrifugal pump impeller design 
of Example 14–6. All three blades 
have leading edge angle �1 � 24° 
and trailing edge angle �2 � 15°, 
but differ in how � is varied with the 
radius. The drawing is to scale.
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圖 14-45　(a) 過少葉片的離心泵，
會導致比較大的循環流動損失，在

外徑 r2 的切線速度，位於葉片之間
流道內的速度會大於正的在葉片後

緣的速度 (其中顯示絕對的切線速度
向量)。(b) 另一方面，因為實際葉
片是有厚度的，過多的葉片由於過

多的流動阻塞與表面摩擦阻力導致

通道損失 (圖中顯示在一個通道列出
口，由一個在葉輪上的參考座標所

看到的速度向量)。底線是泵工程師
必須在葉片形狀與葉片數目間作最

佳化。
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 How many blades should we use in an impeller? If we use too few blades, 
circulatory flow loss will be high. Circulatory flow loss occurs because 
there is a finite number of blades. Recall that in our preliminary analysis, 
we assume a uniform tangential velocity V2, t around the entire circumfer-
ence of the outlet of the control volume (Fig. 14–37). This is strictly cor-
rect only if we have an infinite number of infinitesimally thin blades. In a 
real pump, of course, the number of blades is finite, and the blades are not 
infinitesimally thin. As a result, the tangential component of the absolute 
velocity vector is not uniform, but drops off in the spaces between blades 
as illustrated in Fig. 14–45a. The net result is an effectively smaller value 
of V2, t, which in turn decreases the actual net head. This loss of net head 
(and pump efficiency) is called circulatory flow loss. On the other hand, if 
we have too many blades (as in Fig. 14–45b) there will be excessive flow 
blockage losses and losses due to the growing boundary layers, again lead-
ing to nonuniform flow speeds at the outer radius of the pump and lower net 
head and efficiency. These losses are called passage losses. The bottom line 
is that some engineering optimization is necessary in order to choose both 
the blade shape and number of blades. Such analysis is beyond the scope 
of the present text. A quick perusal through the turbomachinery literature 
shows that 11, 14, and 16 are common numbers of rotor blades for medium-
sized centrifugal pumps.
 Once we have designed the pump for specified net head and flow rate 
(design conditions), we can estimate its net head at conditions away from 
design conditions. In other words, keeping b1, b2, r1, r2, �1, �2, and � fixed, 
we vary the volume flow rate above and below the design flow rate. We have 
all the equations: Eq. 14–17 for net head H in terms of absolute tangential 
velocity components V1, t and V2, t, Eq. 14–23 for V1, t and V2, t as functions 
of absolute normal velocity components V1, n and V2, n, and Eq. 14–12 for 
V1, n and V2, n as functions of volume flow rate V

.
. In Fig. 14–46 we combine 

these equations to generate a plot of H versus V
.
 for the pump designed in 

Example 14–6. The solid blue line is the predicted performance, based on 
our preliminary analysis. The predicted performance curve is nearly linear 
with V

.
 both above and below design conditions since the term �r1V1, t in 

Eq. 14–17 is small compared to the term �r2V2, t. Recall that at the predicted 
design conditions, we had set V1, t � 0. For volume flow rates higher than 
this, V1, t is predicted by Eq. 14–23 to be negative. In keeping with our pre-
vious assumptions, however, it is not possible to have negative values of 
V1, t. Thus, the slope of the predicted performance curve changes suddenly 
beyond the design conditions.
 Also sketched in Fig. 14–46 is the actual performance of this centrifugal 
pump. While the predicted performance is close to the actual performance 
at design conditions, the two curves deviate substantially away from design 
conditions. At all volume flow rates, the actual net head is lower than the 
predicted net head. This is due to irreversible effects such as friction along 
blade surfaces, leakage of fluid between the blades and the casing, prerota-
tion (swirl) of fluid in the region of the eye, flow separation on the leading 
edges of the blades (shock losses) or in the expanding portions of the flow 
passages, circulatory flow loss, passage loss, and irreversible dissipation of 
swirling eddies in the volute, among other things.

(b)

(a)

V2, t

�

�

FIGURE 14-45
(a) A centrifugal pump impeller with 

too few blades leads to excessive 
circulatory flow loss—the tangential 
velocity at outer radius r2 is smaller 

in the gaps between blades than 
at the trailing edges of the blades 

(absolute tangential velocity vectors 
are shown). (b) On the other hand, 

since real impeller blades have finite 
thickness, an impeller with too many 
blades leads to passage losses due to 

excessive flow blockage and large 
skin friction drag (velocity vectors 

in a frame of reference rotating with 
the impeller are shown exiting one 
blade row). The bottom line is that 

pump engineers must optimize both 
blade shape and number of blades.
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30 流 體 力 學

使葉輪產生過多阻塞損失與邊界層增厚導致的損失，使葉片出口有不均勻的流速，

降低效率和淨水頭，稱為通道損失 (passage losses)。工程設計上，取得最佳化的平

衡是必須的，但其分析超出本書的範圍。綜觀目前文獻，中等大小的離心泵，目前

最普遍的作法是每個輪機有 11、14 至 16 個葉片。

一旦我們以特定之水頭及流率完成泵的設計  (設計條件)，就可以估計偏

離設計條件的淨水頭，也就是固定  b1、b2、r1、r2、b1、b2、v，以設計的體

積流率條件為基準，增加或減少流率。我們有所有方程式：用式 (14-17)，可

以從切線速度 V1, t 和 V2, t 得到淨水頭 H；用式 (14-23) 可以用絕對垂直速度分

量 V1, n 與 V2, n 得到 V1, t 與 V2, t；用式 (14-12) 可以從體積流率 

 
⋅
V  得到 V1,n 與 V2,n。在圖 14-46 中，我們結合上述式子，針對

例題 14-6 設計的泵，獲得淨水頭 H 和體積流率 
⋅
V  的關係圖。實

線是以初步設計預測的性能。在式 (14-17) 中，由於 vr1V1, t 與 

vr2V2, t 比較小，因此在設計點上下性能曲線與體積流率  
⋅
V  近乎

成線性變化。回顧在預測的設計條件下，我們已將 V1, t 設定為 

0。因此體積流率高於設計點時，式 (14-23) 預測的 V1, t 的值為

負值，但為了與先前設定條件相同，V1, t 不可能有負值，因此預

測性曲線的斜率在超過設計條件時會突然改變。

圖 14-46 同樣繪出實際離心泵的性能曲線，雖然在設計點

條件下，預測性能與實際性能很接近。但若偏離設計條件，兩

條曲線就有很可觀的差異。在所有的體積流率中，實際淨水頭

都低於預測淨水頭。這是不可逆效應造成的。包括葉片表面摩

擦損失、殼和葉片間的洩漏、眼心附近的渦旋、葉片前緣或流

道擴張部分的分離 (衝擊損失)、循環流動損失、流道損失或蝸

狀殼中渦旋損失，或其它不可逆的損失等。

軸流泵

軸流泵並不是用所謂的離心力，取而代之的是葉片運轉方

式較像飛機的機翼 (圖 14-47)，透過改變流體的動量，使飛機產

生升力。舉例而言，直升機的旋翼就是軸流泵 (圖 14-18) 的一

種。葉片上升的力量是來自於葉片上下表面的壓力差，透過轉

動平面的變化，流動方向的改變導致經過轉動平面的下洗氣流 

(downwash) 現象 (下降的空氣柱)。從時間平均角度來看，壓力

差使整個轉動平面產生向下的誘導氣流 (圖 14-48)。

如將葉片轉動平面改變為垂直，就得到飛機的螺旋槳 (圖 

圖 14-46　例題 14-6 中，泵的體積
流率和淨水頭關係圖，理想和實際

不同點在於不可逆的損失。
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Axial Pumps
Axial pumps do not utilize so-called centrifugal forces. Instead, the impeller 
blades behave more like the wing of an airplane (Fig. 14–47), producing lift 
by changing the momentum of the fluid as they rotate. The rotor of a heli-
copter, for example, is a type of axial-flow pump (Fig. 14–48). The lift force 
on the blade is caused by pressure differences between the top and bottom 
surfaces of the blade, and the change in flow direction leads to downwash 
(a column of descending air) through the rotor plane. From a time-averaged 
perspective, there is a pressure jump across the rotor plane that induces a 
downward airflow (Fig. 14 –48).
 Imagine turning the rotor plane vertically; we now have a propeller 
(Fig. 14–49a). Both the helicopter rotor and the airplane propeller are exam-
ples of open axial-flow fans, since there is no duct or casing around the 
tips of the blades. The common window fan you install in your bedroom 
window in the summer operates under the same principles, but the goal is 
to blow air rather than to provide a force. Be assured, however, that there is 
a net force acting on the fan housing. If air is blown from left to right, the 
force on the fan acts to the left, and the fan is held down by the window 
sash. The casing around the house fan also acts as a short duct, which helps 
to direct the flow and eliminate some losses at the blade tips. The small 
cooling fan inside your computer is typically an axial-flow fan; it looks 
like a miniature window fan (Fig. 14–49b) and is an example of a ducted 
axial-flow fan.
 If you look closely at the airplane propeller blade in Fig. 14–49a, the 
rotor blade of a helicopter, the propeller blade of a radio-controlled model 
airplane, or even the blade of a well-designed window fan, you will notice 
some twist in the blade. Specifically, the airfoil at a cross section near the 
hub or root of the blade is at a higher pitch angle (�) than the airfoil at 
a cross section near the tip, �root � �tip (Fig. 14–50). This is because the 
tangential speed of the blade increases linearly with radius,

uu 5 vr (14–26)

At a given radius then, the velocity V
!
relative of the air relative to the blade is

estimated to first order as the vector sum of inlet velocity V
!
in and the nega-

tive of blade velocity V
!
blade,

V
S

relative > V
S

in 2 V
S

blade (14–27)

where the magnitude of V
!
blade is equal to the tangential blade speed u�, as 

given by Eq. 14–26. The direction of V
!
blade is tangential to the rotational

path of the blade. At the blade position sketched in Fig. 14–50, V
!
blade is to 

the left.
In Fig. 14–51 we compute V

!
relative graphically using Eq. 14–27 at two 

radii—the root radius and the tip radius of the rotor blade sketched in 
Fig. 14–50. As you can see, the relative angle of attack � is the same in 
either case. In fact, the amount of twist is determined by setting pitch angle � 
such that � is the same at any radius.

Note also that the magnitude of the relative velocity V
!
relative increases 

from the root to the tip. It follows that the dynamic pressure encountered by 
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FIGURE 14-46
Net head as a function of volume flow 
rate for the pump of Example 14-6. 
The difference between predicted 
and actual performance is due to 
unaccounted irreversibilities in the 
prediction.

FL

FIGURE 14-47
The blades of an axial-flow pump 
behave like the wing of an airplane. 
The air is turned downward by the 
wing as it generates lift force FL.

FIGURE 14-48
Downwash and pressure rise across 
the rotor plane of a helicopter, which 
is a type of axial-flow pump.
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不可逆
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預測性能

實際性能

設計條件

圖 14-47　軸流泵的葉片作用近似飛
機的機翼，空氣藉由機翼產生向下

流動，使機翼產生升力 FL。
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surfaces of the blade, and the change in flow direction leads to downwash 
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(Fig. 14–49a). Both the helicopter rotor and the airplane propeller are exam-
ples of open axial-flow fans, since there is no duct or casing around the 
tips of the blades. The common window fan you install in your bedroom 
window in the summer operates under the same principles, but the goal is 
to blow air rather than to provide a force. Be assured, however, that there is 
a net force acting on the fan housing. If air is blown from left to right, the 
force on the fan acts to the left, and the fan is held down by the window 
sash. The casing around the house fan also acts as a short duct, which helps 
to direct the flow and eliminate some losses at the blade tips. The small 
cooling fan inside your computer is typically an axial-flow fan; it looks 
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FIGURE 14-46
Net head as a function of volume flow 
rate for the pump of Example 14-6. 
The difference between predicted 
and actual performance is due to 
unaccounted irreversibilities in the 
prediction.
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FIGURE 14-47
The blades of an axial-flow pump 
behave like the wing of an airplane. 
The air is turned downward by the 
wing as it generates lift force FL.

FIGURE 14-48
Downwash and pressure rise across 
the rotor plane of a helicopter, which 
is a type of axial-flow pump.
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流線

圖 14-48　直升機旋翼產生的下洗氣
流和壓差是一種軸流泵。
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a cross section near the tip, �root � �tip (Fig. 14–50). This is because the 
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FIGURE 14-46
Net head as a function of volume flow 
rate for the pump of Example 14-6. 
The difference between predicted 
and actual performance is due to 
unaccounted irreversibilities in the 
prediction.

FL

FIGURE 14-47
The blades of an axial-flow pump 
behave like the wing of an airplane. 
The air is turned downward by the 
wing as it generates lift force FL.

FIGURE 14-48
Downwash and pressure rise across 
the rotor plane of a helicopter, which 
is a type of axial-flow pump.
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14-49a)。直升機旋翼和飛機的螺旋槳都是開放式軸流扇 (open 

axial-flow fan)，葉片周圍沒有導管或是外殼。常見裝在房間窗

戶，於夏季時使用的通風扇利用相同的操作原理，但其主要功

能是送風而非製造力量。但是注意在風扇的外罩仍受到淨力。

假設風扇吹風由左吹至右，風扇之固定架會往左受力，風扇被

窗戶的框支撐住。風扇的外殼可以視為一個短的導管，它用來

導引風向和消除部分葉片端部的損失。電腦使用的小型冷卻扇

通常為軸流扇 (ducted axial-flow fan)，它看起來像一個迷你的通

風扇 (圖 14-49b)，同時也是有導流的軸流扇。

如果仔細觀察圖 14-49a 中飛機螺旋槳、直升機的轉子葉

片、遙控飛機或是一個精心設計通風扇的葉片，會發現葉片上

的一些扭曲 (twist)。具體而言，相較於葉片尾端，葉片在輪轂

或是軸附近的橫切面，有較大的節距角度 (pitch angle, u)，也就

是 uroot >utip (圖14-50)，這是因為葉片的切線速度隨著半徑線性

上升，

 uu =vr (14-26)

在已知之葉片半徑，空氣相對於葉片的速度 
Õ
Vrelative，其以一階的估計值，是風速 

Õ
Vwind 減掉葉片速度 

Õ
Vblade，

 
Õ
Vrelative =Õ

Vwind −Õ
Vblade (14-27)

其中 
Õ
Vblade 值大小等於式 (14-26) 中的切線速率 uu，

Õ
Vblade 的方向和葉片旋轉的路徑

平行，葉片方向繪於圖 14-50，
Õ
Vblade 朝向左邊。

可使用式 (14-27) 計算圖 14-51 中兩種半徑的 
Õ
Vrelative，如圖 14-50，轉輪軸的半
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cross sections of the blade increases with radius, and the lift force per unit 
width into the page in Fig. 14–51 also increases with radius. Propellers tend 
to be narrower at the root and wider toward the tip in order to take advan-
tage of the larger lift contribution available toward the tip. At the very tip, 
however, the blade is usually rounded off to avoid excessive induced drag 
(Chap. 11) that would exist if the blade were simply chopped off abruptly as 
in Fig. 14–50. 
 Equation 14–27 is not exact for several reasons. First, the rotating motion 
of the rotor introduces some swirl to the airflow (Fig. 14–52). This reduces 
the effective tangential speed of the blade relative to the incoming air. Sec-
ond, since the hub of the rotor is of finite size, the air accelerates around 
it, causing the air speed to increase locally at cross sections of the blade 
close to the root. Third, the axis of the rotor or propeller may not be aligned 
exactly parallel to the incoming air. Finally, the air speed itself is not easily 
determined because it turns out that the air accelerates as it approaches the 

FIGURE 14–49
Axial-flow fans may be open or 

ducted: (a) a propeller is an open 
fan, and (b) a computer cooling 

fan is a ducted fan.
Photos by John M. Cimbala.(a) (b)
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FIGURE 14–50
A well-designed rotor blade or 

propeller blade has twist, as shown by 
the blue cross-sectional slices through 

one of the three blades; blade pitch 
angle � is higher at the root than at 
the tip because the tangential speed 

of the blade increases with radius.

FIGURE 14–51
Graphical computation of vector 
V
!
relative at two radii: (a) root, and 

(b) tip of the rotor blade sketched 
in Fig. 14–50.
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圖 14-49　軸流泵可以為開放式或是
導管式的：(a) 螺旋槳是開放式軸流
泵，(b) 電腦的冷卻風扇是導管式軸
流泵。
Photos by John M. Cimbala.

圖 14-50　良好設計的轉軸葉片或
是螺旋槳有扭轉，圖中三個葉片裡

面，箭頭是其中一個葉片劃過的橫

切面，因為葉片的切線速度會隨著

半徑增加而增加，所以靠近軸心的

節距角 u 較靠近端部大。
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cross sections of the blade increases with radius, and the lift force per unit 
width into the page in Fig. 14–51 also increases with radius. Propellers tend 
to be narrower at the root and wider toward the tip in order to take advan-
tage of the larger lift contribution available toward the tip. At the very tip, 
however, the blade is usually rounded off to avoid excessive induced drag 
(Chap. 11) that would exist if the blade were simply chopped off abruptly as 
in Fig. 14–50. 
 Equation 14–27 is not exact for several reasons. First, the rotating motion 
of the rotor introduces some swirl to the airflow (Fig. 14–52). This reduces 
the effective tangential speed of the blade relative to the incoming air. Sec-
ond, since the hub of the rotor is of finite size, the air accelerates around 
it, causing the air speed to increase locally at cross sections of the blade 
close to the root. Third, the axis of the rotor or propeller may not be aligned 
exactly parallel to the incoming air. Finally, the air speed itself is not easily 
determined because it turns out that the air accelerates as it approaches the 

FIGURE 14–49
Axial-flow fans may be open or 

ducted: (a) a propeller is an open 
fan, and (b) a computer cooling 

fan is a ducted fan.
Photos by John M. Cimbala.(a) (b)
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the blue cross-sectional slices through 

one of the three blades; blade pitch 
angle � is higher at the root than at 
the tip because the tangential speed 

of the blade increases with radius.

FIGURE 14–51
Graphical computation of vector 
V
!
relative at two radii: (a) root, and 

(b) tip of the rotor blade sketched 
in Fig. 14–50.
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徑和端部的半徑。圖中可見，相對攻角 a 皆相同，因為扭轉的

程度是由任意的半徑，所設定的節距角 u 來確立的。

同時需要注意相對速度 
Õ
Vrelative 會隨著軸到端部漸增，動壓

隨著橫切面的半徑增加，且每單位寬度的升力，也隨著半徑增

加而增加，如圖 14-51 所示。螺旋槳的寬度，通常在根的地方

比較窄，而端部比較寬，以便利用前端較大升力的優點，在最

尖端，通常設計圓滑形狀，以避免過多的誘導阻力 (第 11 章)，

可能會導致葉片突然斷裂，如圖 14-50 所示。

式 (14-27) 並非完全正確，原因如下：1. 轉子轉動所產生的

氣流，部分會產生扭轉 (swirl) (圖 14-52)，這會降低葉片相對於入風的切線速度；

2. 因為轉子的輪轂是有限的尺寸，空氣在它周圍環繞加速，導致葉片切面的空氣速

度在根附近局部加速；3. 轉子或螺旋槳的軸可能不會與進入氣流準確成平行；最

後，因為風接近旋轉的轉子的加速度，使風速本身不容易確定。有一些方法可以求

近似或是求其近二次效應的方法，但超出本章的範圍。式 (14-27) 已足夠用於初步

求轉子和螺旋槳的一階近似解，如例題 14-7 所示。

圖 14-52　螺旋槳或轉子葉片的旋轉
會導致周圍流體有渦旋產生。
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whirling rotor. There are methods available to approximate these and other 
secondary effects, but they are beyond the scope of the present text. The 
first-order approximation given by Eq. 14–27 is adequate for preliminary 
rotor and propeller design, as illustrated in Example 14–7.

EXAMPLE 14–7    Calculation of Twist in an Airplane Propeller

Suppose you are designing the propeller of a radio-controlled model airplane. 
The overall diameter of the propeller is 34.0 cm, and the hub assembly 
diameter is 5.5 cm (Fig. 14–53). The propeller rotates at 1700 rpm, and 
the airfoil chosen for the propeller cross section achieves its maximum effi-
ciency at an angle of attack of 14°. When the airplane flies at 30 mi/h 
(13.4 m/s), calculate the blade pitch angle from the root to the tip of the 
blade such that � � 14° everywhere along the propeller blade.

SOLUTION  We are to calculate blade pitch angle � from the root to the 
tip of the propeller such that the angle of attack is � � 14° at every radius 
along the propeller blade.
Assumptions  1 The air at these low speeds is incompressible. 2 We neglect 
the secondary effects of swirl and acceleration of the air as it approaches 
the propeller; i.e., the magnitude of V

→ 

in is approximated to be equal to the 
speed of the aircraft. 3 The airplane flies level, such that the propeller axis 
is parallel to the incoming air velocity.
Analysis  The velocity of the air relative to the blade is approximated to first 
order at any radius by using Eq. 14–27. A sketch of the velocity vectors 
at some arbitrary radius r is shown in Fig. 14–54. From the geometry we 
see that

 Pitch angle at arbitrary radius r: u 5 a 1 f (1)

and

 
f 5 arctan 

uV
!
in u

uV
!
blade u

5 arctan 
uV
!
in u
vr

 (2)

where we have also used Eq. 14–26 for the blade speed at radius r. At the 
root (r � Dhub/2 � 2.75 cm), Eq. 2 becomes

u 5 a 1 f 5 148 1 arctan c 13.4 m/s

(1700 rot/min)(0.0275 m)
a 1 rot

2p rad
b a60 s

min
b d 5 83.98

Similarly, the pitch angle at the tip (r � Dpropeller/2 � 17.0 cm) is

u 5 a 1 f 5 148 1 arctan c 13.4 m/s

(1700 rot/min)(0.17 m)
a 1 rot

2p rad
b a60 s

min
b d 5 37.98

At radii between the root and the tip, Eqs. 1 and 2 are used to calculate � 
as a function of r. Results are plotted in Fig. 14–55.
Discussion  The pitch angle is not linear because of the arctangent function 
in Eq. 2.

�

FIGURE 14–52
The rotating blades of a rotor or propeller 
induce swirl in the surrounding fluid.

Vblade
→

Vin

Dhub

Dpropeller

→

FIGURE 14–53
Setup for the design of the model airplane 
propeller of Example 14–7, not to scale.

�

�

�

Vrelative

→

Vin

→ –Vblade

→

FIGURE 14–54
Velocity vectors at some arbitrary radius r 
of the propeller of Example 14–7.
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 例題 14-7　　飛機螺旋槳扭曲的計算

假設你設計一架遙控飛機，螺旋槳的直徑是 34.0 cm，輪轂直徑 

5.5 cm (圖 14-53)，螺旋槳轉速 1700 rpm，螺旋槳翼型橫切面設

計在效率最高點，攻角為 14°。當飛機飛行速度為 30 mi/h (13.4 

m/s)，計算葉片根部和端部的節距角，使螺旋槳葉片的攻角皆為 

14°。 

解答：我們現在計算葉片從根部到端部的節距角 u，攻角在葉片

任何半徑皆為 a=14°。

假設：1. 空氣低速不可壓縮。2. 忽略空氣的渦旋及加速或其它的

二次效應，
Õ
V in 的大小和飛機的速度相同。3. 飛機水平的飛行、螺

圖 14-53　例題 14-7 中設計模型飛
機螺旋槳的配置圖，沒有按照比

例。
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whirling rotor. There are methods available to approximate these and other 
secondary effects, but they are beyond the scope of the present text. The 
first-order approximation given by Eq. 14–27 is adequate for preliminary 
rotor and propeller design, as illustrated in Example 14–7.

EXAMPLE 14–7    Calculation of Twist in an Airplane Propeller

Suppose you are designing the propeller of a radio-controlled model airplane. 
The overall diameter of the propeller is 34.0 cm, and the hub assembly 
diameter is 5.5 cm (Fig. 14–53). The propeller rotates at 1700 rpm, and 
the airfoil chosen for the propeller cross section achieves its maximum effi-
ciency at an angle of attack of 14°. When the airplane flies at 30 mi/h 
(13.4 m/s), calculate the blade pitch angle from the root to the tip of the 
blade such that � � 14° everywhere along the propeller blade.

SOLUTION  We are to calculate blade pitch angle � from the root to the 
tip of the propeller such that the angle of attack is � � 14° at every radius 
along the propeller blade.
Assumptions  1 The air at these low speeds is incompressible. 2 We neglect 
the secondary effects of swirl and acceleration of the air as it approaches 
the propeller; i.e., the magnitude of V

→ 

in is approximated to be equal to the 
speed of the aircraft. 3 The airplane flies level, such that the propeller axis 
is parallel to the incoming air velocity.
Analysis  The velocity of the air relative to the blade is approximated to first 
order at any radius by using Eq. 14–27. A sketch of the velocity vectors 
at some arbitrary radius r is shown in Fig. 14–54. From the geometry we 
see that

 Pitch angle at arbitrary radius r: u 5 a 1 f (1)

and

 
f 5 arctan 

uV
!
in u

uV
!
blade u

5 arctan 
uV
!
in u
vr

 (2)

where we have also used Eq. 14–26 for the blade speed at radius r. At the 
root (r � Dhub/2 � 2.75 cm), Eq. 2 becomes

u 5 a 1 f 5 148 1 arctan c 13.4 m/s

(1700 rot/min)(0.0275 m)
a 1 rot

2p rad
b a60 s

min
b d 5 83.98

Similarly, the pitch angle at the tip (r � Dpropeller/2 � 17.0 cm) is

u 5 a 1 f 5 148 1 arctan c 13.4 m/s

(1700 rot/min)(0.17 m)
a 1 rot

2p rad
b a60 s

min
b d 5 37.98

At radii between the root and the tip, Eqs. 1 and 2 are used to calculate � 
as a function of r. Results are plotted in Fig. 14–55.
Discussion  The pitch angle is not linear because of the arctangent function 
in Eq. 2.
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FIGURE 14–52
The rotating blades of a rotor or propeller 
induce swirl in the surrounding fluid.

Vblade
→

Vin

Dhub

Dpropeller

→

FIGURE 14–53
Setup for the design of the model airplane 
propeller of Example 14–7, not to scale.
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FIGURE 14–54
Velocity vectors at some arbitrary radius r 
of the propeller of Example 14–7.
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cross sections of the blade increases with radius, and the lift force per unit 
width into the page in Fig. 14–51 also increases with radius. Propellers tend 
to be narrower at the root and wider toward the tip in order to take advan-
tage of the larger lift contribution available toward the tip. At the very tip, 
however, the blade is usually rounded off to avoid excessive induced drag 
(Chap. 11) that would exist if the blade were simply chopped off abruptly as 
in Fig. 14–50. 
 Equation 14–27 is not exact for several reasons. First, the rotating motion 
of the rotor introduces some swirl to the airflow (Fig. 14–52). This reduces 
the effective tangential speed of the blade relative to the incoming air. Sec-
ond, since the hub of the rotor is of finite size, the air accelerates around 
it, causing the air speed to increase locally at cross sections of the blade 
close to the root. Third, the axis of the rotor or propeller may not be aligned 
exactly parallel to the incoming air. Finally, the air speed itself is not easily 
determined because it turns out that the air accelerates as it approaches the 

FIGURE 14–49
Axial-flow fans may be open or 

ducted: (a) a propeller is an open 
fan, and (b) a computer cooling 

fan is a ducted fan.
Photos by John M. Cimbala.(a) (b)
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FIGURE 14–50
A well-designed rotor blade or 

propeller blade has twist, as shown by 
the blue cross-sectional slices through 

one of the three blades; blade pitch 
angle � is higher at the root than at 
the tip because the tangential speed 

of the blade increases with radius.

FIGURE 14–51
Graphical computation of vector 
V
!
relative at two radii: (a) root, and 

(b) tip of the rotor blade sketched 
in Fig. 14–50.
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圖 14-51　圖 14-50 中葉片兩不同位
置：(a) 根，及 (b) 端部的速度向量 
Õ
Vrelative。
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旋槳軸平行於風的飛向。

分析：使用式 (14-27) 估計空氣在任何半徑相對於葉片的速度，圖 

14-54 繪出任意半徑 r 的速度向量，從幾何圖形中可得

任意半徑的節距角： u=a+ϕ  (1)

和
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whirling rotor. There are methods available to approximate these and other 
secondary effects, but they are beyond the scope of the present text. The 
first-order approximation given by Eq. 14–27 is adequate for preliminary 
rotor and propeller design, as illustrated in Example 14–7.

EXAMPLE 14–7    Calculation of Twist in an Airplane Propeller

Suppose you are designing the propeller of a radio-controlled model airplane. 
The overall diameter of the propeller is 34.0 cm, and the hub assembly 
diameter is 5.5 cm (Fig. 14–53). The propeller rotates at 1700 rpm, and 
the airfoil chosen for the propeller cross section achieves its maximum effi-
ciency at an angle of attack of 14°. When the airplane flies at 30 mi/h 
(13.4 m/s), calculate the blade pitch angle from the root to the tip of the 
blade such that � � 14° everywhere along the propeller blade.

SOLUTION  We are to calculate blade pitch angle � from the root to the 
tip of the propeller such that the angle of attack is � � 14° at every radius 
along the propeller blade.
Assumptions  1 The air at these low speeds is incompressible. 2 We neglect 
the secondary effects of swirl and acceleration of the air as it approaches 
the propeller; i.e., the magnitude of V

→ 

in is approximated to be equal to the 
speed of the aircraft. 3 The airplane flies level, such that the propeller axis 
is parallel to the incoming air velocity.
Analysis  The velocity of the air relative to the blade is approximated to first 
order at any radius by using Eq. 14–27. A sketch of the velocity vectors 
at some arbitrary radius r is shown in Fig. 14–54. From the geometry we 
see that

 Pitch angle at arbitrary radius r: u 5 a 1 f (1)

and

 
f 5 arctan 

uV
!
in u

uV
!
blade u

5 arctan 
uV
!
in u
vr

 (2)

where we have also used Eq. 14–26 for the blade speed at radius r. At the 
root (r � Dhub/2 � 2.75 cm), Eq. 2 becomes

u 5 a 1 f 5 148 1 arctan c 13.4 m/s

(1700 rot/min)(0.0275 m)
a 1 rot

2p rad
b a60 s

min
b d 5 83.98

Similarly, the pitch angle at the tip (r � Dpropeller/2 � 17.0 cm) is

u 5 a 1 f 5 148 1 arctan c 13.4 m/s

(1700 rot/min)(0.17 m)
a 1 rot

2p rad
b a60 s

min
b d 5 37.98

At radii between the root and the tip, Eqs. 1 and 2 are used to calculate � 
as a function of r. Results are plotted in Fig. 14–55.
Discussion  The pitch angle is not linear because of the arctangent function 
in Eq. 2.

�

FIGURE 14–52
The rotating blades of a rotor or propeller 
induce swirl in the surrounding fluid.

Vblade
→

Vin

Dhub

Dpropeller

→

FIGURE 14–53
Setup for the design of the model airplane 
propeller of Example 14–7, not to scale.
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FIGURE 14–54
Velocity vectors at some arbitrary radius r 
of the propeller of Example 14–7.
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	 (2)

當中我們也使用式  (14-26) 求葉片在半徑  r 的速度。在根部 

(r=Dhub/2=2.75 cm)，將式 (2) 修改為
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whirling rotor. There are methods available to approximate these and other 
secondary effects, but they are beyond the scope of the present text. The 
first-order approximation given by Eq. 14–27 is adequate for preliminary 
rotor and propeller design, as illustrated in Example 14–7.

EXAMPLE 14–7    Calculation of Twist in an Airplane Propeller

Suppose you are designing the propeller of a radio-controlled model airplane. 
The overall diameter of the propeller is 34.0 cm, and the hub assembly 
diameter is 5.5 cm (Fig. 14–53). The propeller rotates at 1700 rpm, and 
the airfoil chosen for the propeller cross section achieves its maximum effi-
ciency at an angle of attack of 14°. When the airplane flies at 30 mi/h 
(13.4 m/s), calculate the blade pitch angle from the root to the tip of the 
blade such that � � 14° everywhere along the propeller blade.

SOLUTION  We are to calculate blade pitch angle � from the root to the 
tip of the propeller such that the angle of attack is � � 14° at every radius 
along the propeller blade.
Assumptions  1 The air at these low speeds is incompressible. 2 We neglect 
the secondary effects of swirl and acceleration of the air as it approaches 
the propeller; i.e., the magnitude of V

→ 

in is approximated to be equal to the 
speed of the aircraft. 3 The airplane flies level, such that the propeller axis 
is parallel to the incoming air velocity.
Analysis  The velocity of the air relative to the blade is approximated to first 
order at any radius by using Eq. 14–27. A sketch of the velocity vectors 
at some arbitrary radius r is shown in Fig. 14–54. From the geometry we 
see that

 Pitch angle at arbitrary radius r: u 5 a 1 f (1)

and

 
f 5 arctan 

uV
!
in u

uV
!
blade u

5 arctan 
uV
!
in u
vr

 (2)

where we have also used Eq. 14–26 for the blade speed at radius r. At the 
root (r � Dhub/2 � 2.75 cm), Eq. 2 becomes

u 5 a 1 f 5 148 1 arctan c 13.4 m/s

(1700 rot/min)(0.0275 m)
a 1 rot

2p rad
b a60 s

min
b d 5 83.98

Similarly, the pitch angle at the tip (r � Dpropeller/2 � 17.0 cm) is

u 5 a 1 f 5 148 1 arctan c 13.4 m/s

(1700 rot/min)(0.17 m)
a 1 rot

2p rad
b a60 s

min
b d 5 37.98

At radii between the root and the tip, Eqs. 1 and 2 are used to calculate � 
as a function of r. Results are plotted in Fig. 14–55.
Discussion  The pitch angle is not linear because of the arctangent function 
in Eq. 2.
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FIGURE 14–52
The rotating blades of a rotor or propeller 
induce swirl in the surrounding fluid.
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FIGURE 14–53
Setup for the design of the model airplane 
propeller of Example 14–7, not to scale.
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FIGURE 14–54
Velocity vectors at some arbitrary radius r 
of the propeller of Example 14–7.
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whirling rotor. There are methods available to approximate these and other 
secondary effects, but they are beyond the scope of the present text. The 
first-order approximation given by Eq. 14–27 is adequate for preliminary 
rotor and propeller design, as illustrated in Example 14–7.

EXAMPLE 14–7    Calculation of Twist in an Airplane Propeller

Suppose you are designing the propeller of a radio-controlled model airplane. 
The overall diameter of the propeller is 34.0 cm, and the hub assembly 
diameter is 5.5 cm (Fig. 14–53). The propeller rotates at 1700 rpm, and 
the airfoil chosen for the propeller cross section achieves its maximum effi-
ciency at an angle of attack of 14°. When the airplane flies at 30 mi/h 
(13.4 m/s), calculate the blade pitch angle from the root to the tip of the 
blade such that � � 14° everywhere along the propeller blade.

SOLUTION  We are to calculate blade pitch angle � from the root to the 
tip of the propeller such that the angle of attack is � � 14° at every radius 
along the propeller blade.
Assumptions  1 The air at these low speeds is incompressible. 2 We neglect 
the secondary effects of swirl and acceleration of the air as it approaches 
the propeller; i.e., the magnitude of V

→ 

in is approximated to be equal to the 
speed of the aircraft. 3 The airplane flies level, such that the propeller axis 
is parallel to the incoming air velocity.
Analysis  The velocity of the air relative to the blade is approximated to first 
order at any radius by using Eq. 14–27. A sketch of the velocity vectors 
at some arbitrary radius r is shown in Fig. 14–54. From the geometry we 
see that

 Pitch angle at arbitrary radius r: u 5 a 1 f (1)

and

 
f 5 arctan 

uV
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in u
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!
blade u

5 arctan 
uV
!
in u
vr
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where we have also used Eq. 14–26 for the blade speed at radius r. At the 
root (r � Dhub/2 � 2.75 cm), Eq. 2 becomes

u 5 a 1 f 5 148 1 arctan c 13.4 m/s

(1700 rot/min)(0.0275 m)
a 1 rot

2p rad
b a60 s

min
b d 5 83.98

Similarly, the pitch angle at the tip (r � Dpropeller/2 � 17.0 cm) is

u 5 a 1 f 5 148 1 arctan c 13.4 m/s

(1700 rot/min)(0.17 m)
a 1 rot

2p rad
b a60 s

min
b d 5 37.98

At radii between the root and the tip, Eqs. 1 and 2 are used to calculate � 
as a function of r. Results are plotted in Fig. 14–55.
Discussion  The pitch angle is not linear because of the arctangent function 
in Eq. 2.
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FIGURE 14–52
The rotating blades of a rotor or propeller 
induce swirl in the surrounding fluid.

Vblade
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Dpropeller
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FIGURE 14–53
Setup for the design of the model airplane 
propeller of Example 14–7, not to scale.
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FIGURE 14–54
Velocity vectors at some arbitrary radius r 
of the propeller of Example 14–7.
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whirling rotor. There are methods available to approximate these and other 
secondary effects, but they are beyond the scope of the present text. The 
first-order approximation given by Eq. 14–27 is adequate for preliminary 
rotor and propeller design, as illustrated in Example 14–7.

EXAMPLE 14–7    Calculation of Twist in an Airplane Propeller

Suppose you are designing the propeller of a radio-controlled model airplane. 
The overall diameter of the propeller is 34.0 cm, and the hub assembly 
diameter is 5.5 cm (Fig. 14–53). The propeller rotates at 1700 rpm, and 
the airfoil chosen for the propeller cross section achieves its maximum effi-
ciency at an angle of attack of 14°. When the airplane flies at 30 mi/h 
(13.4 m/s), calculate the blade pitch angle from the root to the tip of the 
blade such that � � 14° everywhere along the propeller blade.

SOLUTION  We are to calculate blade pitch angle � from the root to the 
tip of the propeller such that the angle of attack is � � 14° at every radius 
along the propeller blade.
Assumptions  1 The air at these low speeds is incompressible. 2 We neglect 
the secondary effects of swirl and acceleration of the air as it approaches 
the propeller; i.e., the magnitude of V

→ 

in is approximated to be equal to the 
speed of the aircraft. 3 The airplane flies level, such that the propeller axis 
is parallel to the incoming air velocity.
Analysis  The velocity of the air relative to the blade is approximated to first 
order at any radius by using Eq. 14–27. A sketch of the velocity vectors 
at some arbitrary radius r is shown in Fig. 14–54. From the geometry we 
see that

 Pitch angle at arbitrary radius r: u 5 a 1 f (1)

and

 
f 5 arctan 

uV
!
in u

uV
!
blade u

5 arctan 
uV
!
in u
vr

 (2)

where we have also used Eq. 14–26 for the blade speed at radius r. At the 
root (r � Dhub/2 � 2.75 cm), Eq. 2 becomes

u 5 a 1 f 5 148 1 arctan c 13.4 m/s

(1700 rot/min)(0.0275 m)
a 1 rot

2p rad
b a60 s

min
b d 5 83.98

Similarly, the pitch angle at the tip (r � Dpropeller/2 � 17.0 cm) is

u 5 a 1 f 5 148 1 arctan c 13.4 m/s

(1700 rot/min)(0.17 m)
a 1 rot

2p rad
b a60 s

min
b d 5 37.98

At radii between the root and the tip, Eqs. 1 and 2 are used to calculate � 
as a function of r. Results are plotted in Fig. 14–55.
Discussion  The pitch angle is not linear because of the arctangent function 
in Eq. 2.
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FIGURE 14–52
The rotating blades of a rotor or propeller 
induce swirl in the surrounding fluid.
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Setup for the design of the model airplane 
propeller of Example 14–7, not to scale.
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whirling rotor. There are methods available to approximate these and other 
secondary effects, but they are beyond the scope of the present text. The 
first-order approximation given by Eq. 14–27 is adequate for preliminary 
rotor and propeller design, as illustrated in Example 14–7.

EXAMPLE 14–7    Calculation of Twist in an Airplane Propeller

Suppose you are designing the propeller of a radio-controlled model airplane. 
The overall diameter of the propeller is 34.0 cm, and the hub assembly 
diameter is 5.5 cm (Fig. 14–53). The propeller rotates at 1700 rpm, and 
the airfoil chosen for the propeller cross section achieves its maximum effi-
ciency at an angle of attack of 14°. When the airplane flies at 30 mi/h 
(13.4 m/s), calculate the blade pitch angle from the root to the tip of the 
blade such that � � 14° everywhere along the propeller blade.

SOLUTION  We are to calculate blade pitch angle � from the root to the 
tip of the propeller such that the angle of attack is � � 14° at every radius 
along the propeller blade.
Assumptions  1 The air at these low speeds is incompressible. 2 We neglect 
the secondary effects of swirl and acceleration of the air as it approaches 
the propeller; i.e., the magnitude of V

→ 

in is approximated to be equal to the 
speed of the aircraft. 3 The airplane flies level, such that the propeller axis 
is parallel to the incoming air velocity.
Analysis  The velocity of the air relative to the blade is approximated to first 
order at any radius by using Eq. 14–27. A sketch of the velocity vectors 
at some arbitrary radius r is shown in Fig. 14–54. From the geometry we 
see that

 Pitch angle at arbitrary radius r: u 5 a 1 f (1)

and

 
f 5 arctan 

uV
!
in u

uV
!
blade u

5 arctan 
uV
!
in u
vr

 (2)

where we have also used Eq. 14–26 for the blade speed at radius r. At the 
root (r � Dhub/2 � 2.75 cm), Eq. 2 becomes

u 5 a 1 f 5 148 1 arctan c 13.4 m/s

(1700 rot/min)(0.0275 m)
a 1 rot

2p rad
b a60 s

min
b d 5 83.98

Similarly, the pitch angle at the tip (r � Dpropeller/2 � 17.0 cm) is

u 5 a 1 f 5 148 1 arctan c 13.4 m/s

(1700 rot/min)(0.17 m)
a 1 rot

2p rad
b a60 s

min
b d 5 37.98

At radii between the root and the tip, Eqs. 1 and 2 are used to calculate � 
as a function of r. Results are plotted in Fig. 14–55.
Discussion  The pitch angle is not linear because of the arctangent function 
in Eq. 2.
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FIGURE 14–52
The rotating blades of a rotor or propeller 
induce swirl in the surrounding fluid.

Vblade
→
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FIGURE 14–53
Setup for the design of the model airplane 
propeller of Example 14–7, not to scale.
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of the propeller of Example 14–7.
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whirling rotor. There are methods available to approximate these and other 
secondary effects, but they are beyond the scope of the present text. The 
first-order approximation given by Eq. 14–27 is adequate for preliminary 
rotor and propeller design, as illustrated in Example 14–7.

EXAMPLE 14–7    Calculation of Twist in an Airplane Propeller

Suppose you are designing the propeller of a radio-controlled model airplane. 
The overall diameter of the propeller is 34.0 cm, and the hub assembly 
diameter is 5.5 cm (Fig. 14–53). The propeller rotates at 1700 rpm, and 
the airfoil chosen for the propeller cross section achieves its maximum effi-
ciency at an angle of attack of 14°. When the airplane flies at 30 mi/h 
(13.4 m/s), calculate the blade pitch angle from the root to the tip of the 
blade such that � � 14° everywhere along the propeller blade.

SOLUTION  We are to calculate blade pitch angle � from the root to the 
tip of the propeller such that the angle of attack is � � 14° at every radius 
along the propeller blade.
Assumptions  1 The air at these low speeds is incompressible. 2 We neglect 
the secondary effects of swirl and acceleration of the air as it approaches 
the propeller; i.e., the magnitude of V

→ 

in is approximated to be equal to the 
speed of the aircraft. 3 The airplane flies level, such that the propeller axis 
is parallel to the incoming air velocity.
Analysis  The velocity of the air relative to the blade is approximated to first 
order at any radius by using Eq. 14–27. A sketch of the velocity vectors 
at some arbitrary radius r is shown in Fig. 14–54. From the geometry we 
see that

 Pitch angle at arbitrary radius r: u 5 a 1 f (1)

and

 
f 5 arctan 

uV
!
in u

uV
!
blade u

5 arctan 
uV
!
in u
vr
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where we have also used Eq. 14–26 for the blade speed at radius r. At the 
root (r � Dhub/2 � 2.75 cm), Eq. 2 becomes

u 5 a 1 f 5 148 1 arctan c 13.4 m/s

(1700 rot/min)(0.0275 m)
a 1 rot

2p rad
b a60 s

min
b d 5 83.98

Similarly, the pitch angle at the tip (r � Dpropeller/2 � 17.0 cm) is

u 5 a 1 f 5 148 1 arctan c 13.4 m/s

(1700 rot/min)(0.17 m)
a 1 rot

2p rad
b a60 s

min
b d 5 37.98

At radii between the root and the tip, Eqs. 1 and 2 are used to calculate � 
as a function of r. Results are plotted in Fig. 14–55.
Discussion  The pitch angle is not linear because of the arctangent function 
in Eq. 2.
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The rotating blades of a rotor or propeller 
induce swirl in the surrounding fluid.
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FIGURE 14–53
Setup for the design of the model airplane 
propeller of Example 14–7, not to scale.
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of the propeller of Example 14–7.
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whirling rotor. There are methods available to approximate these and other 
secondary effects, but they are beyond the scope of the present text. The 
first-order approximation given by Eq. 14–27 is adequate for preliminary 
rotor and propeller design, as illustrated in Example 14–7.

EXAMPLE 14–7    Calculation of Twist in an Airplane Propeller

Suppose you are designing the propeller of a radio-controlled model airplane. 
The overall diameter of the propeller is 34.0 cm, and the hub assembly 
diameter is 5.5 cm (Fig. 14–53). The propeller rotates at 1700 rpm, and 
the airfoil chosen for the propeller cross section achieves its maximum effi-
ciency at an angle of attack of 14°. When the airplane flies at 30 mi/h 
(13.4 m/s), calculate the blade pitch angle from the root to the tip of the 
blade such that � � 14° everywhere along the propeller blade.

SOLUTION  We are to calculate blade pitch angle � from the root to the 
tip of the propeller such that the angle of attack is � � 14° at every radius 
along the propeller blade.
Assumptions  1 The air at these low speeds is incompressible. 2 We neglect 
the secondary effects of swirl and acceleration of the air as it approaches 
the propeller; i.e., the magnitude of V

→ 

in is approximated to be equal to the 
speed of the aircraft. 3 The airplane flies level, such that the propeller axis 
is parallel to the incoming air velocity.
Analysis  The velocity of the air relative to the blade is approximated to first 
order at any radius by using Eq. 14–27. A sketch of the velocity vectors 
at some arbitrary radius r is shown in Fig. 14–54. From the geometry we 
see that

 Pitch angle at arbitrary radius r: u 5 a 1 f (1)

and

 
f 5 arctan 
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blade u

5 arctan 
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where we have also used Eq. 14–26 for the blade speed at radius r. At the 
root (r � Dhub/2 � 2.75 cm), Eq. 2 becomes

u 5 a 1 f 5 148 1 arctan c 13.4 m/s

(1700 rot/min)(0.0275 m)
a 1 rot

2p rad
b a60 s

min
b d 5 83.98

Similarly, the pitch angle at the tip (r � Dpropeller/2 � 17.0 cm) is

u 5 a 1 f 5 148 1 arctan c 13.4 m/s

(1700 rot/min)(0.17 m)
a 1 rot

2p rad
b a60 s

min
b d 5 37.98

At radii between the root and the tip, Eqs. 1 and 2 are used to calculate � 
as a function of r. Results are plotted in Fig. 14–55.
Discussion  The pitch angle is not linear because of the arctangent function 
in Eq. 2.
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induce swirl in the surrounding fluid.
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FIGURE 14–53
Setup for the design of the model airplane 
propeller of Example 14–7, not to scale.
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Velocity vectors at some arbitrary radius r 
of the propeller of Example 14–7.
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在根和端部之間的半徑，式 (1) 和式 (2) 可以用來求半徑 r 和節距

角 u 的函數，如圖 14-55 所示。

討論：節距角非線性的原因在於式 (2) 中的餘切函數。

飛機的螺旋槳具有可調整節距角 (variable pitch) 的功能，空

氣進入葉片的角度可以透過輪轂的機械裝置改變，舉例而言，

一個螺旋槳飛機在暖機的時後，螺旋槳有很高的轉速，但卻不

會移動，原因除了煞車動作外，葉片翼型角度的調整使平均攻

角近乎為零，沒有產生推力；當飛機在滑行道移動時，葉片角

度調整使飛機產生較小的推力；當飛機起飛時，引擎提供葉片

高轉速，葉片也調整至產生最大推力的情形；當飛機降落後，

飛機逆向調整翼片 (產生負攻角)，提供反向推力讓飛機減速。

圖 14-56 是典型軸流扇的性能曲線，不同於離心扇，軸流

圖 14-56　典型的螺旋槳 (軸流扇) 性
能曲線。
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 Airplane propellers have variable pitch, meaning that the pitch of the 
entire blade can be adjusted by rotating the blades through mechanical 
linkages in the hub. For example, when a propeller-driven airplane is sit-
ting at the airport, warming up its engines at high rpm, why does it not 
start moving? Well, for one thing, the brakes are being applied. But more 
importantly, propeller pitch is adjusted so that the average angle of attack 
of the airfoil cross sections is nearly zero—little or no net thrust is pro-
vided. While the airplane taxies to the runway, the pitch is adjusted so as 
to produce a small amount of thrust. As the plane takes off, the engine 
rpm is high, and the blade pitch is adjusted such that the propeller delivers 
maximum thrust. In many cases the pitch can even be adjusted “backward” 
(negative angle of attack) to provide reverse thrust to slow down the 
airplane after landing.
 We plot qualitative performance curves for a typical propeller fan in 
Fig. 14–56. Unlike centrifugal fans, brake horsepower tends to decrease 
with flow rate. In addition, the efficiency curve leans more to the right com-
pared to that of centrifugal fans (see Fig. 14–8). The result is that efficiency 
drops off rapidly for volume flow rates higher than that at the best effi-
ciency point. The net head curve also decreases continuously with flow rate 
(although there are some wiggles), and its shape is much different than that 
of a centrifugal flow fan. If the head requirements are not severe, propeller 
fans can be operated beyond the point of maximum efficiency to achieve 
higher volume flow rates. Since bhp decreases at high values of V

.
, there is 

not a power penalty when the fan is run at high flow rates. For this reason 
it is tempting to install a slightly undersized fan and push it beyond its best 
efficiency point. At the other extreme, if operated below its maximum effi-
ciency point, the flow may be noisy and unstable, which indicates that the 
fan may be oversized (larger than necessary). For these reasons, it is usually 
best to run a propeller fan at, or slightly above, its maximum efficiency 
point.
 When used to move flow in a duct, a single-impeller axial-flow fan is 
called a tube-axial fan (Fig. 14–57a). In many practical engineering appli-
cations of axial-flow fans, such as exhaust fans in kitchens, building venti-
lation duct fans, fume hood fans, and automotive radiator cooling fans, the 
swirling flow produced by the rotating blades (Fig. 14–57a) is of no con-
cern. But the swirling motion and increased turbulence intensity can con-
tinue for quite some distance downstream, and there are applications where 
swirl (or its affiliated noise and turbulence) is highly undesirable. Examples 
include wind tunnel fans, torpedo fans, and some specialized mine shaft 
ventilation fans. There are two basic designs that largely eliminate swirl: 
A second rotor that rotates in the opposite direction can be added in series 
with the existing rotor to form a pair of counter-rotating rotor blades; such 
a fan is called a counter-rotating axial-flow fan (Fig. 14–57b). The swirl 
caused by the upstream rotor is cancelled by an opposite swirl caused by the 
downstream rotor. Alternatively, a set of stator blades can be added either 
upstream or downstream of the rotating impeller. As implied by their name, 
stator blades are stationary (nonrotating) guide vanes that simply redirect 
the fluid. An axial-flow fan with a set of rotor blades (the impeller or the 
rotor) and a set of stator blades called vanes (the stator) is called a vane-
axial fan (Fig. 14–57c). The stator blade design of the vane-axial fan is 
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whirling rotor. There are methods available to approximate these and other 
secondary effects, but they are beyond the scope of the present text. The 
first-order approximation given by Eq. 14–27 is adequate for preliminary 
rotor and propeller design, as illustrated in Example 14–7.

EXAMPLE 14–7    Calculation of Twist in an Airplane Propeller

Suppose you are designing the propeller of a radio-controlled model airplane. 
The overall diameter of the propeller is 34.0 cm, and the hub assembly 
diameter is 5.5 cm (Fig. 14–53). The propeller rotates at 1700 rpm, and 
the airfoil chosen for the propeller cross section achieves its maximum effi-
ciency at an angle of attack of 14°. When the airplane flies at 30 mi/h 
(13.4 m/s), calculate the blade pitch angle from the root to the tip of the 
blade such that � � 14° everywhere along the propeller blade.

SOLUTION  We are to calculate blade pitch angle � from the root to the 
tip of the propeller such that the angle of attack is � � 14° at every radius 
along the propeller blade.
Assumptions  1 The air at these low speeds is incompressible. 2 We neglect 
the secondary effects of swirl and acceleration of the air as it approaches 
the propeller; i.e., the magnitude of V

→ 

in is approximated to be equal to the 
speed of the aircraft. 3 The airplane flies level, such that the propeller axis 
is parallel to the incoming air velocity.
Analysis  The velocity of the air relative to the blade is approximated to first 
order at any radius by using Eq. 14–27. A sketch of the velocity vectors 
at some arbitrary radius r is shown in Fig. 14–54. From the geometry we 
see that

 Pitch angle at arbitrary radius r: u 5 a 1 f (1)

and

 
f 5 arctan 

uV
!
in u

uV
!
blade u

5 arctan 
uV
!
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where we have also used Eq. 14–26 for the blade speed at radius r. At the 
root (r � Dhub/2 � 2.75 cm), Eq. 2 becomes

u 5 a 1 f 5 148 1 arctan c 13.4 m/s

(1700 rot/min)(0.0275 m)
a 1 rot

2p rad
b a60 s

min
b d 5 83.98

Similarly, the pitch angle at the tip (r � Dpropeller/2 � 17.0 cm) is

u 5 a 1 f 5 148 1 arctan c 13.4 m/s

(1700 rot/min)(0.17 m)
a 1 rot

2p rad
b a60 s

min
b d 5 37.98

At radii between the root and the tip, Eqs. 1 and 2 are used to calculate � 
as a function of r. Results are plotted in Fig. 14–55.
Discussion  The pitch angle is not linear because of the arctangent function 
in Eq. 2.
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Setup for the design of the model airplane 
propeller of Example 14–7, not to scale.
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圖 14-55　例題 14-7 中，螺旋槳葉
片半徑和節距角的函數關係。
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 Airplane propellers have variable pitch, meaning that the pitch of the 
entire blade can be adjusted by rotating the blades through mechanical 
linkages in the hub. For example, when a propeller-driven airplane is sit-
ting at the airport, warming up its engines at high rpm, why does it not 
start moving? Well, for one thing, the brakes are being applied. But more 
importantly, propeller pitch is adjusted so that the average angle of attack 
of the airfoil cross sections is nearly zero—little or no net thrust is pro-
vided. While the airplane taxies to the runway, the pitch is adjusted so as 
to produce a small amount of thrust. As the plane takes off, the engine 
rpm is high, and the blade pitch is adjusted such that the propeller delivers 
maximum thrust. In many cases the pitch can even be adjusted “backward” 
(negative angle of attack) to provide reverse thrust to slow down the 
airplane after landing.
 We plot qualitative performance curves for a typical propeller fan in 
Fig. 14–56. Unlike centrifugal fans, brake horsepower tends to decrease 
with flow rate. In addition, the efficiency curve leans more to the right com-
pared to that of centrifugal fans (see Fig. 14–8). The result is that efficiency 
drops off rapidly for volume flow rates higher than that at the best effi-
ciency point. The net head curve also decreases continuously with flow rate 
(although there are some wiggles), and its shape is much different than that 
of a centrifugal flow fan. If the head requirements are not severe, propeller 
fans can be operated beyond the point of maximum efficiency to achieve 
higher volume flow rates. Since bhp decreases at high values of V

.
, there is 

not a power penalty when the fan is run at high flow rates. For this reason 
it is tempting to install a slightly undersized fan and push it beyond its best 
efficiency point. At the other extreme, if operated below its maximum effi-
ciency point, the flow may be noisy and unstable, which indicates that the 
fan may be oversized (larger than necessary). For these reasons, it is usually 
best to run a propeller fan at, or slightly above, its maximum efficiency 
point.
 When used to move flow in a duct, a single-impeller axial-flow fan is 
called a tube-axial fan (Fig. 14–57a). In many practical engineering appli-
cations of axial-flow fans, such as exhaust fans in kitchens, building venti-
lation duct fans, fume hood fans, and automotive radiator cooling fans, the 
swirling flow produced by the rotating blades (Fig. 14–57a) is of no con-
cern. But the swirling motion and increased turbulence intensity can con-
tinue for quite some distance downstream, and there are applications where 
swirl (or its affiliated noise and turbulence) is highly undesirable. Examples 
include wind tunnel fans, torpedo fans, and some specialized mine shaft 
ventilation fans. There are two basic designs that largely eliminate swirl: 
A second rotor that rotates in the opposite direction can be added in series 
with the existing rotor to form a pair of counter-rotating rotor blades; such 
a fan is called a counter-rotating axial-flow fan (Fig. 14–57b). The swirl 
caused by the upstream rotor is cancelled by an opposite swirl caused by the 
downstream rotor. Alternatively, a set of stator blades can be added either 
upstream or downstream of the rotating impeller. As implied by their name, 
stator blades are stationary (nonrotating) guide vanes that simply redirect 
the fluid. An axial-flow fan with a set of rotor blades (the impeller or the 
rotor) and a set of stator blades called vanes (the stator) is called a vane-
axial fan (Fig. 14–57c). The stator blade design of the vane-axial fan is 
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34 流 體 力 學

扇的制動馬力隨著風量上升而下降。相較於離心扇，軸流扇的

效率曲線偏向右邊 (參考圖 14-8)，當風量增加至通過效率最佳

點時，效率會急遽下降。淨水頭會隨著流量上升而持續下降 (儘

管中間有些偏移)，形狀相較於離心扇差異較大。如果淨水頭的

需求並不重要，可以將風量調整超過最大效率點，得到更多的

送風量，運轉於高體積流率  
⋅
V  的條件下，並不會增加過多的制

動馬力 bhp，基於此原因，使用者會故意裝設略小的風機，故

意跨過最佳效率點。另一個極端情況，當風扇運轉低於最佳效

率點，會產生大量噪音和震動，代表風扇過大設計 (設計超過需

求)。基於以上原因，風扇通常會設計使之運轉於最大效率點，

或是稍微超過最佳效率點。

當我們將流體送入管內，一個單一葉輪的軸流風扇稱為管

軸流扇 (tube-axial fan) (圖 14-57a)，許多實際工程使用的軸流

扇，如廚房排風扇、建築通風扇、抽油煙機、自動散熱風扇，

不用考慮由旋轉葉片產生的渦旋流動，但渦旋和增加的紊流強

度會影響管路下游一段距離，許多應用使用者非常不喜歡渦旋 

(及其相關的噪音振動)，如隧道風扇、魚雷扇或一些特別的礦坑通風扇。下列有兩

個設計可以大幅減小這種效應：一種是稱為反向旋轉軸流扇 (counter-rotating axial-

flow fan) (圖 14-57b)，此方式係在同軸上串聯方式加入第二個反向旋轉的葉輪，與

既存葉輪形成一對反向運轉的葉輪葉片，則上游轉子所產生的渦旋會被下游轉子造

成相反方向的渦旋所抵消；另一種是將一組定子葉片 (stator blades) 加在旋轉動輪

的上游或下游處，如其名所示，定子葉片是靜止的 (不旋轉) 導葉片，可輕易地重

新導引流體的流向。具有一組轉子葉片 [葉輪 (impeller) 或轉子 (rotor)] 與一組稱為

輪葉 (vanes) 與定子 (stator) 的固定葉片之軸流風扇組合稱為輪葉軸流扇 (vane-axial 

fan) (圖 14-57c)。輪葉軸流風扇的定子葉片設計較反向旋轉軸流扇簡單許多，並且

圖 14-57　管軸流扇 (a) 對離開的流
體產生渦旋，(b) 反向旋轉軸流扇與 
(c) 軸葉定子扇則是設計來移除渦旋
的。
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much simpler and less expensive to implement than is the counter-rotating 
axial-flow fan design.
 The swirling fluid downstream of a tube-axial fan wastes kinetic energy 
and has a high level of turbulence; the vane-axial fan partially recovers this 
wasted kinetic energy and reduces the level of turbulence. Vane-axial fans 
are thus both quieter and more energy efficient than tube-axial fans. A prop-
erly designed counter-rotating axial-flow fan may be even quieter and more 
energy efficient. Furthermore, since there are two sets of rotating blades, a 
higher pressure rise can be obtained with the counter-rotating design. The 
construction of a counter-rotating axial-flow fan is more complex, of course, 
requiring either two synchronized motors or a gear box.
 Axial-flow fans can be either belt driven or direct drive. The motor of a 
direct-drive vane-axial fan is mounted in the middle of the duct. It is com-
mon practice (and good design) to use the stator blades to provide physi-
cal support for the motor. Photographs of a belt-driven tube-axial fan and a 
direct-drive vane-axial fan are provided in Fig. 14–58. The stator blades of 
the vane-axial fan can be seen behind (downstream of) the rotor blades in 
Fig. 14–58b. An alternative design is to place the stator blades upstream of 
the impeller, imparting preswirl to the fluid. The swirl caused by the rotat-
ing impeller blades then removes this preswirl.
 It is fairly straightforward to design the shape of the blades in all these 
axial-flow fan designs, at least to first order. For simplicity, we assume 
thin blades (e.g., blades made out of sheet metal) rather than airfoil-shaped 
blades. Consider, for example, a vane-axial flow fan with rotor blades 
upstream of stator blades (Fig. 14–59). The distance between the rotor and 
stator has been exaggerated in this figure to enable velocity vectors to be 
drawn between the blades. The hub radius of the stator is assumed to be 
the same as the hub radius of the rotor so that the cross-sectional area of 
flow remains constant. As we did previously with the propeller, we consider 
the cross section of one impeller blade as it passes vertically in front of us. 
Since there are multiple blades, the next blade passes by shortly thereafter. 
At a chosen radius r, we make the two-dimensional approximation that the 

FIGURE 14–57
A tube-axial fan (a) imparts swirl to 
the exiting fluid, while (b) a counter-
rotating axial-flow fan and (c) a vane-
axial fan are designed to remove the 
swirl.

(a)

FIGURE 14–58
Axial-flow fans: (a) a belt-driven 
tube-axial fan without stator blades, 
and (b) a direct-drive vane-axial fan 
with stator blades to reduce swirl and 
improve efficiency.
(a) © PennBarry 2012. Used by permission. 
(b) Photo courtesy of Howden. Used by permission. (b)
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higher pressure rise can be obtained with the counter-rotating design. The 
construction of a counter-rotating axial-flow fan is more complex, of course, 
requiring either two synchronized motors or a gear box.
 Axial-flow fans can be either belt driven or direct drive. The motor of a 
direct-drive vane-axial fan is mounted in the middle of the duct. It is com-
mon practice (and good design) to use the stator blades to provide physi-
cal support for the motor. Photographs of a belt-driven tube-axial fan and a 
direct-drive vane-axial fan are provided in Fig. 14–58. The stator blades of 
the vane-axial fan can be seen behind (downstream of) the rotor blades in 
Fig. 14–58b. An alternative design is to place the stator blades upstream of 
the impeller, imparting preswirl to the fluid. The swirl caused by the rotat-
ing impeller blades then removes this preswirl.
 It is fairly straightforward to design the shape of the blades in all these 
axial-flow fan designs, at least to first order. For simplicity, we assume 
thin blades (e.g., blades made out of sheet metal) rather than airfoil-shaped 
blades. Consider, for example, a vane-axial flow fan with rotor blades 
upstream of stator blades (Fig. 14–59). The distance between the rotor and 
stator has been exaggerated in this figure to enable velocity vectors to be 
drawn between the blades. The hub radius of the stator is assumed to be 
the same as the hub radius of the rotor so that the cross-sectional area of 
flow remains constant. As we did previously with the propeller, we consider 
the cross section of one impeller blade as it passes vertically in front of us. 
Since there are multiple blades, the next blade passes by shortly thereafter. 
At a chosen radius r, we make the two-dimensional approximation that the 
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A tube-axial fan (a) imparts swirl to 
the exiting fluid, while (b) a counter-
rotating axial-flow fan and (c) a vane-
axial fan are designed to remove the 
swirl.
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FIGURE 14–58
Axial-flow fans: (a) a belt-driven 
tube-axial fan without stator blades, 
and (b) a direct-drive vane-axial fan 
with stator blades to reduce swirl and 
improve efficiency.
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(b) Photo courtesy of Howden. Used by permission. (b)
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圖 14-58　軸流風扇：(a) 無定子葉
片，皮帶驅動的管軸流扇，與 (b) 具
定子葉片的直接驅動軸葉軸流扇以

減少渦旋，改善效率。
(a) © PennBarry 2012. Used by 
permission. (b) Photo courtesy of 
Howden. Used by permission.
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設計費用也較為便宜。

管軸流扇下游的渦旋會消耗動能，且具有高強度的紊流，

輪葉軸流扇會降低消耗的動能並減低紊流的強度，因此輪葉軸

流扇比管軸流扇是既安靜又省能。一個設計良好的反向軸流扇

會更安靜且省能，再者因為有兩組旋轉葉片，所以流體的壓升

會更高。反向軸流扇需要兩個同步馬達或是一個齒輪箱，其架

構較為複雜。

軸流風扇可以是皮帶驅動或直接驅動，直接驅動的輪葉

軸流扇的馬達裝置於導管的中間，常見的方式 (亦為良好的設

計) 是對馬達使用定子葉片來提供物體支撐。圖 14-58 為提供

皮帶驅動風扇與直接驅動輪葉軸流風扇的相片，在圖 14-58b 

之中轉子葉片之後 (下游處) 可看到輪葉軸流扇的定子葉片，

另一種替代方案是將定子葉片置於葉輪的上游，使流體預旋 

(preswirl)，然後由旋轉葉輪葉片造成的渦旋會移除這個預旋。

在這些軸流風扇的設計中，至少對一階近似法而言，葉片

的設計則是相當直接的。為了將問題簡化，我們假設葉片很薄 

(即葉片為金屬薄板製成)，而不使用翼截形葉片。圖 14-59 為

一範例，轉子葉片在定子的上游，圖中誇大了轉子與定子之間

的距離，使葉片之間的速度向量能夠被畫出。假設定子的輪轂

半徑與轉子的輪轂半徑相同，使流場的截面積保持固定，如同

我們之前對螺旋槳的分析，考量一個動輪葉片截面在我們前面

垂直地通過，由於有多個葉片，下一個葉片在那之後很快地通

過。在一個特定半徑 r，我們對葉片作二維近似，即將其視為

無窮多個二維的葉片，稱為葉片列 (blade row) 或葉片串 (blade 

cascade) 的運動。雖然定子葉片是靜止的，但是仍然對它進行

類似的假設，兩組葉片列皆繪製於圖 14-59 中。

在圖 14-59b 中，是可從絕對參考座標看到速度向量，即一個固定的觀察者於

水平方向觀察輪葉軸流扇，流體從左邊水平 (軸向) 方向以速度 Vin 流入，轉子葉片

列在此參考座標中，以定速 vr 垂直向上移動，如圖所示。流動流體經由這些移動

的葉片轉向，並向上離開葉片後緣流到右邊，如圖 14-59b 所示，標示為 
Õ
Vrt (下標

表示為定子後緣處)。為了計算 
Õ
Vrt 的大小和方向，我們在圖 14-59c 中重新繪製相

對參考座標 (旋轉葉片的參考座標) 上的葉片列與向量，此參考座標上是從所有的

向量減去定子葉片速度 (即加上垂直向下 vr 大小的向量) 所得出。如圖 14-59c 所

示，轉子葉片前緣的相對速度向量為 
Õ
Vin, relative，為 

Õ
Vin 與方向向下、值為 vr 的向量

圖 14-59　使用二維的葉片近似法在
半徑 r 處對輪葉軸流扇之分析：(a) 整
體視圖；(b) 絕對參考座標；與 (c) 相
對於旋轉的轉子葉片 (葉輪) 的參考座
標。
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blades pass by as an infinite series of two-dimensional blades called a blade 
row or cascade. A similar assumption is made for the stator blades, even 
though they are stationary. Both blade rows are sketched in Fig. 14–59.
 In Fig. 14–59b, the velocity vectors are seen from an absolute reference 
frame, i.e., that of a fixed observer looking horizontally at the vane-axial 
flow fan. Flow enters from the left at speed Vin in the horizontal (axial) 
direction. The rotor blade row moves at constant speed �r vertically 
upward in this reference frame, as indicated. Flow is turned by these mov-
ing blades and leaves the trailing edge upward and to the right as indicated 
in Fig. 14–59b as vector V

!
rt. (The subscript notation indicates rotor trailing 

edge.) To find the magnitude and direction of V
!
rt, we redraw the blade rows 

and vectors in a relative reference frame (the frame of reference of the rotat-
ing rotor blade) in Fig. 14–59c. This reference frame is obtained by sub-
tracting the rotor blade velocity (adding a vector of magnitude �r pointing 
vertically downward) from all velocity vectors. As shown in Fig. 14–59c, 
the velocity vector relative to the leading edge of the rotor blade is V

!
in, relative, 

calculated as the vector sum of V
!
in and the downward vector of magnitude 

�r. We adjust the pitch of the rotor blade such that V
!
in, relative is parallel (tan-

gential) to the leading edge of the rotor blade at this cross section.
 Flow is turned by the rotor blade. We assume that the flow leaving the 
rotor blade is parallel to the blade’s trailing edge (from the relative refer-
ence frame), as sketched in Fig. 14–59c as vector V

!
rt, relative. We also know 

that the horizontal (axial) component of V
!
rt, relative must equal V

!
in in order to 

conserve mass. Note that we are assuming incompressible flow and constant 
flow area normal to the page in Fig. 14–59. Thus, the axial component of 
velocity must be everywhere equal to Vin. This piece of information estab-
lishes the magnitude of vector V

!
rt, relative, which is not the same as the magni-

tude of V
!
in, relative. Returning to the absolute reference frame of Fig. 14–59b, 

absolute velocity V
!
rt is calculated as the vector sum of V

!
rt, relative and the 

vertically upward vector of magnitude �r.
 Finally, the stator blade is designed such that V

!
rt is parallel to the leading 

edge of the stator blade. The flow is once again turned, this time by the sta-
tor blade. Its trailing edge is horizontal so that the flow leaves axially (with-
out any swirl). The final outflow velocity must be identical to the inflow 
velocity by conservation of mass if we assume incompressible flow and 
constant flow area normal to the page. In other words, V

!
out � V

!
in. For com-

pleteness, the outflow velocity in the relative reference frame is sketched in 
Fig. 14–59c. We also see that V

!
out, relative � V

!
in, relative.

 Now imagine repeating this analysis for all radii from the hub to the tip. 
As with the propeller, we would design our blades with some twist since 
the value of �r increases with radius. A modest improvement in efficiency 
can be gained at design conditions by using airfoils instead of sheet metal 
blades; the improvement is more significant at off-design conditions.
 If there are, say, seven rotor blades in a vane-axial fan, how many sta-
tor blades should there be? You might at first say seven so that the stator 
matches the rotor—but this would be a very poor design! Why? Because 
at the instant in time when one blade of the rotor passes directly in front of 
a stator blade, all six of its brothers would do the same. Each stator blade 
would simultaneously encounter the disturbed flow in the wake of a rotor 
blade. The resulting flow would be both pulsating and noisy, and the entire 

(a)

(c)

(b)

Vin
→

Vrt
→

Vrt,relative
→

Vrt,relative
→

Vin,relative
→

Vout,relative
→

Vout
→

Vout
→

r

Vin
→

Vin
→

Vin
→

Vout
→

r

r

r

r

r

FIGURE 14–59
Analysis of a vane-axial flow fan at 
radius r using the two-dimensional 

blade row approximation; (a) overall 
view, (b) absolute reference frame, 

and (c) reference frame relative to the 
rotating rotor blades (impeller).
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之向量和。我們調整轉子葉片節距，以致 
Õ
Vin, relative 在此截面上與轉子葉片的前緣

平行 (相切)。

流體經由轉子葉片轉向所帶動，假設流體離開轉子葉片時平行於葉片的後緣，

(相對參考座標)，如圖 14-59c 所示，標示為 
Õ
Vrt, relative。已知 

Õ
Vrt, relative 的水平 (軸向) 

分量必須等於 
Õ
Vin，以保持質量守恆。注意在圖 14-59 之中，我們假設流體為不可

壓縮流且垂直於圖 14-59 頁面方向的流動面積為常數。因此在流道所有地方速度的

軸向分量必須等於 
Õ
Vin，也就是 

Õ
Vrt, relative 向量的大小與 

Õ
Vin, relative 的大小不同。回到

圖 14-59b 的絕對參考座標，絕對速度 
Õ
Vrt 可由 

Õ
Vrt, relative 與垂直向上大小為 vr 向量

之向量和來計算。

最後，設計定子葉片使得 
Õ
Vrt 與定子葉片的前緣平行，流體流動方向再度轉

向，而這次則是由定子葉片所造成的。由於定子葉片的後緣是水平的，所以流體以

軸向方向離開葉片 (沒有渦旋產生)，如果我們假設不可壓縮流以及垂直於通道的截

面為定值，由質量守恆原理可得流出的速度換等於流入的速度，也就是 
Õ
Vout =

Õ
Vin。

為了使其完整，將相對參考座標的流出速度繪製於圖 14-59c 之中，我們也看出 
Õ
Vout, relative =Õ

Vin, relative。

現在從輪轂至端部的任意半徑重複這個分析，當對螺旋槳分析時，我們會因為 

vr 的值會隨半徑而增加，而對葉片有一些扭曲的設計。設計時使用翼形葉片取代

金屬板葉片，可適當地改善其效率，尤其在偏離設計條件時。

現在如果在輪葉軸流扇中有七片轉子葉片，那麼應該要有幾片定子葉片呢？你

可能會先說七片，好讓定子與轉子互相配合，但這會是個很差的設計。為什麼呢？

因為當一個轉子葉片直接通過一片定子葉片的瞬間時，其餘六組的葉片也是一樣，

每一個定子葉片會同時遭遇到轉子葉片尾流的擾流，結果使得流場會產生脈衝與噪

音，而且整個設備會振動得非常嚴重。選擇定子葉片的數目與轉子葉片的數目，沒

有公因數反而是比較好的設計，像七和八、七和九、六和七或是九和十一的組合，

都是很好的選擇，像八和十 (公因數為二) 或是九和十二 (公因數為三) 的組合就不

是個好的選擇。

我們在圖 14-60 中繪製典型的輪葉軸流扇之性能曲線，一

般的形狀與螺旋槳風扇 (圖 14-56) 非常類似，讀者可參考之前

的敘述。輪葉軸流扇除了額外的定子葉片能有流場之整流作

用，使流體直向流動且使性能曲線平滑之外，與螺旋槳風扇或

管軸流扇原理是相同的。

如前所述，雖然軸流風扇可輸送較高的體積流率，但是其

壓升相對低。有些工程應用需要高流率同時高的壓升，在此情

況下，可將幾個定子 –轉子對以串聯方式組合，基本上就是共圖 14-60　輪葉軸流扇典型的風扇性
能曲線。
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unit would vibrate severely. Instead, it is good design practice to choose 
the number of stator blades such that it has no common denominator with 
the number of rotor blades. Combinations like seven and eight, seven and 
nine, six and seven, or nine and eleven are good choices. Combinations like 
eight and ten (common denominator of two) or nine and twelve (common 
denominator of three) are not good choices.
 We plot the performance curves of a typical vane-axial flow fan in 
Fig. 14–60. The general shapes are very similar to those of a propeller fan 
(Fig. 14–56), and you are referred to the discussion there. After all, a vane-
axial flow fan is really the same as a propeller fan or tube-axial flow fan 
except for the additional stator blades that straighten the flow and tend to 
smooth out the performance curves.
 As discussed previously, an axial-flow fan delivers high volume flow 
rate, but fairly low pressure rise. Some applications require both high flow 
rate and high pressure rise. In such cases, several stator–rotor pairs can 
be combined in series, typically with a common shaft and common hub 
(Fig. 14–61). When two or more rotor–stator pairs are combined like this 
we call it a multistage axial-flow pump. A blade row analysis similar to 
the one of Fig. 14–59 is applied to each successive stage. The details of the 
analysis can get complicated, however, because of compressibility effects 
and because the flow area from the hub to the tip may not remain con-
stant. In a multistage axial-flow compressor, for example, the flow area 
decreases downstream. The blades of each successive stage get smaller as 
the air gets further compressed. In a multistage axial-flow turbine, the 
flow area typically grows downstream as pressure is lost in each successive 
stage of the turbine.
 One well-known example of a turbomachine that utilizes both multistage 
axial-flow compressors and multistage axial-flow turbines is the turbofan 
engine used to power modern commercial airplanes. A cutaway schematic 

�

FIGURE 14–61
A multistage axial-flow pump consists 
of two or more rotor–stator pairs.

FIGURE 14–62
Pratt & Whitney PW4000 turbofan 
engine; an example of a multistage 
axial-flow turbomachine.
Photo courtesy of United Technologies 
Corporation/Pratt & Whitney. Used by permission. 
All rights reserved.
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FIGURE 14–60
Typical fan performance curves for a 
vane-axial flow fan.
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同的軸與共同的輪轂 (圖 14-61)。當兩個或以上的轉子–定子對像這樣組合時，我

們稱它為多級軸流泵 (multistage axial-flow pump)。類似於圖 14-59 的葉片列分析則

可應用於每一個連續的級別。但因為壓縮效應及從輪轂至端部的流動面積不能維持

固定，因此詳細的分析會更複雜。例如在一個多級軸流壓縮機 (multistage axial-flow 

compressor) 之中，下游的流動面積會減小，空氣更進一步被壓縮時，每一個連續

級別的葉片變得更小。在一個多級軸流渦輪機 (multistage axial-flow turbine) 中，壓

力隨著每一級別遞減時，因此設計下游的流動面積漸增。

一個眾所周知的渦輪機械，就是渦輪風扇引擎 (turbofan engine)，是同時具有

多級軸流壓縮機與多級軸流渦輪機的設備，用於提供現代商業飛機的動力。圖14-

62 呈現一個渦輪風扇引擎部分剖面的圖片，部分空氣流經過螺旋槳推力風扇，其

餘的空氣則通過低壓壓縮機、高壓壓縮機、燃燒室、高壓渦輪機，然後最後到低壓

渦輪機。空氣與燃燒生成物以高速排放，提供更多的推力。這種複雜的渦輪機械在

設計時使用計算流體力學 (CFD) 軟體輔助會是相當有幫助的 (第 15 章)。
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unit would vibrate severely. Instead, it is good design practice to choose 
the number of stator blades such that it has no common denominator with 
the number of rotor blades. Combinations like seven and eight, seven and 
nine, six and seven, or nine and eleven are good choices. Combinations like 
eight and ten (common denominator of two) or nine and twelve (common 
denominator of three) are not good choices.
 We plot the performance curves of a typical vane-axial flow fan in 
Fig. 14–60. The general shapes are very similar to those of a propeller fan 
(Fig. 14–56), and you are referred to the discussion there. After all, a vane-
axial flow fan is really the same as a propeller fan or tube-axial flow fan 
except for the additional stator blades that straighten the flow and tend to 
smooth out the performance curves.
 As discussed previously, an axial-flow fan delivers high volume flow 
rate, but fairly low pressure rise. Some applications require both high flow 
rate and high pressure rise. In such cases, several stator–rotor pairs can 
be combined in series, typically with a common shaft and common hub 
(Fig. 14–61). When two or more rotor–stator pairs are combined like this 
we call it a multistage axial-flow pump. A blade row analysis similar to 
the one of Fig. 14–59 is applied to each successive stage. The details of the 
analysis can get complicated, however, because of compressibility effects 
and because the flow area from the hub to the tip may not remain con-
stant. In a multistage axial-flow compressor, for example, the flow area 
decreases downstream. The blades of each successive stage get smaller as 
the air gets further compressed. In a multistage axial-flow turbine, the 
flow area typically grows downstream as pressure is lost in each successive 
stage of the turbine.
 One well-known example of a turbomachine that utilizes both multistage 
axial-flow compressors and multistage axial-flow turbines is the turbofan 
engine used to power modern commercial airplanes. A cutaway schematic 

�

FIGURE 14–61
A multistage axial-flow pump consists 
of two or more rotor–stator pairs.

FIGURE 14–62
Pratt & Whitney PW4000 turbofan 
engine; an example of a multistage 
axial-flow turbomachine.
Photo courtesy of United Technologies 
Corporation/Pratt & Whitney. Used by permission. 
All rights reserved.
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FIGURE 14–60
Typical fan performance curves for a 
vane-axial flow fan.
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高壓渦輪機
高壓壓縮機

圖 14-62　Pratt & Whitney 公司型號 PW 4000 之渦輪風扇引擎，為多級軸流
輪機機械之實例。
Photo courtesy of United Technologies Corporation/Pratt & Whitney. Used by 
permission. All rights reserved.

圖 14-61　多級的軸流泵由兩個或以
上的轉子–定子裝置所組成。
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decreases downstream. The blades of each successive stage get smaller as 
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 例題 14-8　　風洞使用的輪葉軸流扇之設計

設計一個輪葉軸流扇來提供風洞的動力，在風扇的下游處不能有任何的渦旋，決定將定子葉片置

於轉子葉片的上游 (圖 14-63)，以保護動輪葉片不會被意外吹入的物體造成風扇損壞。為了降低成

本，定子與轉子葉片皆以金屬板製作，每個定子葉片的前緣與軸向對齊 (bsl =0.0°)，而且其尾緣與

軸向呈 bst =60.0°，如圖所示。(下標“sl”表示定子前緣，而“st”則表示定子尾緣。) 定子葉片共

有 16 個，在設計條件下，經過葉片的軸流速度為 47.1 m/s，動輪的轉速是 1750 rpm。試計算在半徑 
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r=0.40 m 時，轉子葉片的前緣角與後緣角，並繪出葉片的形狀。

需要多少轉子葉片？

解答：對已知半徑在已知條件與定子葉片形狀下，欲設計轉子葉

片，特別要計算轉子葉片的前緣角與尾緣角，並繪製其形狀，並

求轉子葉片的個數。

假設：1. 空氣幾乎為不可壓縮流體。2. 輪轂與端部之間的流動面

積為定值。3. 可使用二維葉片列分析。

分析：我們首先利用定子葉片串 (葉片列) 的二維近似方法 (圖 14-

64)，來分析在絕對參考座標經過定子的流場。流體軸向 (水平方

向) 流入並向下轉 60.0°，由於軸向分量的速度因質量守恆必須保

持固定，所以計算離開定子葉片尾緣的速度大小 
Õ
V st 為
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diagram of a turbofan engine is shown in Fig. 14–62. Some of the air passes 
through the fan, which delivers thrust much like a propeller. The rest of 
the air passes through a low-pressure compressor, a high-pressure compres-
sor, a combustion chamber, a high-pressure turbine, and then finally a low-
pressure turbine. The air and products of combustion are then exhausted 
at high speed to provide even more thrust. Computational fluid dynamics 
(CFD) codes are obviously quite useful in the design of such complex tur-
bomachines (Chap. 15).

EXAMPLE 14–8     Design of a Vane-Axial Flow Fan 
for a Wind Tunnel

A vane-axial flow fan is being designed to power a wind tunnel. There must 
not be any swirl in the flow downstream of the fan. It is decided that the sta-
tor blades should be upstream of the rotor blades (Fig. 14–63) to protect the 
impeller blades from damage by objects that might accidentally get blown 
into the fan. To reduce expenses, both the stator and rotor blades are to be 
constructed of sheet metal. The leading edge of each stator blade is aligned 
axially (�sl � 0.0°) and its trailing edge is at angle �st � 60.0° from the axis 
as shown in the sketch. (The subscript notation “sl” indicates stator leading 
edge and “st” indicates stator trailing edge.) There are 16 stator blades. At 
design conditions, the axial-flow speed through the blades is 47.1 m/s, and 
the impeller rotates at 1750 rpm. At radius r � 0.40 m, calculate the lead-
ing and trailing edge angles of the rotor blade, and sketch the shape of the 
blade. How many rotor blades should there be?

SOLUTION  For given flow conditions and stator blade shape at a given 
radius, we are to design the rotor blade. Specifically, we are to calculate the 
leading and trailing edge angles of the rotor blade and sketch its shape. We 
are also to decide how many rotor blades to construct.
Assumptions  1 The air is nearly incompressible. 2 The flow area between the 
hub and tip is constant. 3 Two-dimensional blade row analysis is appropriate.
Analysis  First we analyze flow through the stator from an absolute refer-
ence frame, using the two-dimensional approximation of a cascade (blade 
row) of stator blades (Fig. 14–64). Flow enters axially (horizontally) and is 
turned 60.0° downward. Since the axial component of velocity must remain 
constant to conserve mass, the magnitude of the velocity leaving the trailing 
edge of the stator, V

→

st, is calculated as

 
Vst 5

Vin

cos  bst

5
47.1 m/s

cos (60.08)
5 94.2 m/s (1)

The direction of V
→

st is assumed to be that of the stator trailing edge. In other 
words, we assume that the flow turns nicely through the blade row and exits 
parallel to the trailing edge of the blade, as shown in Fig. 14–64.
 We convert V

→

st to the relative reference frame moving with the rotor blades. 
At a radius of 0.40 m, the tangential velocity of the rotor blades is

 uu 5 vr 5 (1750 rot/min)a2p rad

rot
b a1 min

60 s
b(0.40 m) 5 73.30 m/s (2)

RotorStator

Vout
→

Vin

st

Hub and motor

→ r

? ?

�r

FIGURE 14–63
Schematic diagram of the vane-axial 

flow fan of Example 14–8. The stator 
precedes the rotor, and the shape of 

the rotor blade is unknown—it is to be 
designed.

Vin

→

Vin

→

Vst

→

�st

�st

FIGURE 14–64
Velocity vector analysis of the 

stator blade row of the vane-axial 
flow fan of Example 14–8; absolute 

reference frame.
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 (1)

假設 
Õ
V st 的方向為定子葉片尾緣之方向，即假設流體經過葉片列

良好地轉向，並與葉片尾緣平行地離開，如圖 14-64 所示。

我們將 
Õ
V st 轉換至與轉子葉片移動的相對參考座標，在半徑

為 0.40 m 處，轉子葉片的切線速度為
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diagram of a turbofan engine is shown in Fig. 14–62. Some of the air passes 
through the fan, which delivers thrust much like a propeller. The rest of 
the air passes through a low-pressure compressor, a high-pressure compres-
sor, a combustion chamber, a high-pressure turbine, and then finally a low-
pressure turbine. The air and products of combustion are then exhausted 
at high speed to provide even more thrust. Computational fluid dynamics 
(CFD) codes are obviously quite useful in the design of such complex tur-
bomachines (Chap. 15).

EXAMPLE 14–8     Design of a Vane-Axial Flow Fan 
for a Wind Tunnel

A vane-axial flow fan is being designed to power a wind tunnel. There must 
not be any swirl in the flow downstream of the fan. It is decided that the sta-
tor blades should be upstream of the rotor blades (Fig. 14–63) to protect the 
impeller blades from damage by objects that might accidentally get blown 
into the fan. To reduce expenses, both the stator and rotor blades are to be 
constructed of sheet metal. The leading edge of each stator blade is aligned 
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as shown in the sketch. (The subscript notation “sl” indicates stator leading 
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the impeller rotates at 1750 rpm. At radius r � 0.40 m, calculate the lead-
ing and trailing edge angles of the rotor blade, and sketch the shape of the 
blade. How many rotor blades should there be?
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are also to decide how many rotor blades to construct.
Assumptions  1 The air is nearly incompressible. 2 The flow area between the 
hub and tip is constant. 3 Two-dimensional blade row analysis is appropriate.
Analysis  First we analyze flow through the stator from an absolute refer-
ence frame, using the two-dimensional approximation of a cascade (blade 
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turned 60.0° downward. Since the axial component of velocity must remain 
constant to conserve mass, the magnitude of the velocity leaving the trailing 
edge of the stator, V
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diagram of a turbofan engine is shown in Fig. 14–62. Some of the air passes 
through the fan, which delivers thrust much like a propeller. The rest of 
the air passes through a low-pressure compressor, a high-pressure compres-
sor, a combustion chamber, a high-pressure turbine, and then finally a low-
pressure turbine. The air and products of combustion are then exhausted 
at high speed to provide even more thrust. Computational fluid dynamics 
(CFD) codes are obviously quite useful in the design of such complex tur-
bomachines (Chap. 15).
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into the fan. To reduce expenses, both the stator and rotor blades are to be 
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axially (�sl � 0.0°) and its trailing edge is at angle �st � 60.0° from the axis 
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are also to decide how many rotor blades to construct.
Assumptions  1 The air is nearly incompressible. 2 The flow area between the 
hub and tip is constant. 3 Two-dimensional blade row analysis is appropriate.
Analysis  First we analyze flow through the stator from an absolute refer-
ence frame, using the two-dimensional approximation of a cascade (blade 
row) of stator blades (Fig. 14–64). Flow enters axially (horizontally) and is 
turned 60.0° downward. Since the axial component of velocity must remain 
constant to conserve mass, the magnitude of the velocity leaving the trailing 
edge of the stator, V

→

st, is calculated as

 
Vst 5

Vin

cos  bst

5
47.1 m/s

cos (60.08)
5 94.2 m/s (1)

The direction of V
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st is assumed to be that of the stator trailing edge. In other 
words, we assume that the flow turns nicely through the blade row and exits 
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(2)

由於轉子葉片如圖 14-63 中所示的向上移動，所以我們由式 (2) 所

知的大小的向下速度，將 
Õ
V st 轉移至如圖 14-65 中所繪製的旋轉參

考座標，則轉子的前緣角 brl 可利用三角函數算出，
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Since the rotor blade row moves upward in Fig. 14–63, we add a downward 
velocity with magnitude given by Eq. 2 to translate V

→

st into the rotating 
reference frame sketched in Fig. 14–65. The angle of the leading edge of 
the rotor, �rl, is calculated by using trigonometry,

 brl 5 arctan  
vr 1 Vin tan bst

Vin

 
 5 arctan  

(73.30 m/s) 1 (47.1 m/s) tan (60.08)

47.1 m/s
5 73.098 (3)

 The air must now be turned by the rotor blade row in such a way that it 
leaves the trailing edge of the rotor blade at a zero angle (axially, no swirl) 
from an absolute reference frame. This determines the rotor’s trailing edge 
angle, �rt. Specifically, when we add an upward velocity of magnitude �r 
(Eq. 2) to the relative velocity exiting the trailing edge of the rotor, V

→

rt, relative, 
we convert back to the absolute reference frame, and obtain V

→

rt, the veloc-
ity leaving the rotor trailing edge. It is this velocity, V

→

rt, that must be axial 
(horizontal). Furthermore, to conserve mass, V

→

rt must equal V
→

in since we are 
assuming incompressible flow. Working backwards, we construct V

→

rt, relative in 
Fig. 14–66. Trigonometry reveals that

 
brt 5 arctan  

vr

Vin

5 arctan  
73.30 m/s

47.1 m/s
5 57.288 (4)

 We conclude that the rotor blade at this radius has a leading edge angle 
of about 73.1° (Eq. 3) and a trailing edge angle of about 57.3° (Eq. 4). A 
sketch of the rotor blade at this radius is provided in Fig. 14–65; the total 
curvature is small, being less than 16° from leading to trailing edge.
 Finally, to avoid interaction of the stator blade wakes with the rotor blade 
leading edges, we choose the number of rotor blades such that it has no 
common denominator with the number of stator blades. Since there are 16 
stator blades, we pick a number like 13, 15, or 17 rotor blades. Choosing 14 
would not be appropriate since it shares a common denominator of 2 with 
the number 16. Choosing 12 would be worse since it shares both 2 and 4 as 
common denominators.
Discussion  We can repeat the calculation for all radii from hub to tip, com-
pleting the design of the entire rotor. There would be twist, as discussed 
previously.

14–3 ■  PUMP SCALING LAWS

Dimensional Analysis
Turbomachinery provides a very practical example of the power and useful-
ness of dimensional analysis (Chap. 7). We apply the method of repeating 
variables to the relationship between gravity times net head (gH) and pump 
properties such as volume flow rate (V

.
); some characteristic length, typi-

cally the diameter of the impeller blades (D); blade surface roughness height (�); 
and impeller rotational speed (�), along with fluid properties density (�) 
and viscosity (�). Note that we treat the group gH as one variable. 

r

�rt

�rl

Vrt,relative

→

Vst,relative

→

Vst

→

FIGURE 14–65
Analysis of the stator trailing edge 
velocity of Example 14-8 as it 
impinges on the rotor leading edge; 
relative reference frame.

Vrt = Vin

→ →

Vrt,relative

→

�rt

�r

FIGURE 14–66
Analysis of the rotor trailing edge 
velocity of Example 14-8; absolute 
reference frame.
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 (3)

現在空氣必須經由轉子葉片列轉向，使得空氣離開轉子葉片

的尾緣在絕對參考座標時為 0 度角 (軸向，無渦旋)，這可求出轉

子葉片的尾緣角 brt，特別是當我們加上一個大小為 vr 的向上速

度 [式 (2)] 至離開轉子尾緣的相對速度 
Õ
V rt, relative 時，轉換回到絕

對參考座標，然後可以計算出離開轉子尾緣的速度 
Õ
V rt，也就是速

度 
Õ
V rt 必須為軸向 (水平)。接著，為了質量守恆的緣故，且我們已

假設不可壓縮流，所以 
Õ
V rt 必須等於 

Õ
V in。在圖 14-66 之中，我們

反算 
Õ
V rt, relative，從三角函數可知

圖 14-64　例題 14-8 的輪葉軸流扇
定子葉片列速度向量分析；為絕對

參考座標。
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diagram of a turbofan engine is shown in Fig. 14–62. Some of the air passes 
through the fan, which delivers thrust much like a propeller. The rest of 
the air passes through a low-pressure compressor, a high-pressure compres-
sor, a combustion chamber, a high-pressure turbine, and then finally a low-
pressure turbine. The air and products of combustion are then exhausted 
at high speed to provide even more thrust. Computational fluid dynamics 
(CFD) codes are obviously quite useful in the design of such complex tur-
bomachines (Chap. 15).

EXAMPLE 14–8     Design of a Vane-Axial Flow Fan 
for a Wind Tunnel

A vane-axial flow fan is being designed to power a wind tunnel. There must 
not be any swirl in the flow downstream of the fan. It is decided that the sta-
tor blades should be upstream of the rotor blades (Fig. 14–63) to protect the 
impeller blades from damage by objects that might accidentally get blown 
into the fan. To reduce expenses, both the stator and rotor blades are to be 
constructed of sheet metal. The leading edge of each stator blade is aligned 
axially (�sl � 0.0°) and its trailing edge is at angle �st � 60.0° from the axis 
as shown in the sketch. (The subscript notation “sl” indicates stator leading 
edge and “st” indicates stator trailing edge.) There are 16 stator blades. At 
design conditions, the axial-flow speed through the blades is 47.1 m/s, and 
the impeller rotates at 1750 rpm. At radius r � 0.40 m, calculate the lead-
ing and trailing edge angles of the rotor blade, and sketch the shape of the 
blade. How many rotor blades should there be?

SOLUTION  For given flow conditions and stator blade shape at a given 
radius, we are to design the rotor blade. Specifically, we are to calculate the 
leading and trailing edge angles of the rotor blade and sketch its shape. We 
are also to decide how many rotor blades to construct.
Assumptions  1 The air is nearly incompressible. 2 The flow area between the 
hub and tip is constant. 3 Two-dimensional blade row analysis is appropriate.
Analysis  First we analyze flow through the stator from an absolute refer-
ence frame, using the two-dimensional approximation of a cascade (blade 
row) of stator blades (Fig. 14–64). Flow enters axially (horizontally) and is 
turned 60.0° downward. Since the axial component of velocity must remain 
constant to conserve mass, the magnitude of the velocity leaving the trailing 
edge of the stator, V

→

st, is calculated as

 
Vst 5

Vin

cos  bst

5
47.1 m/s

cos (60.08)
5 94.2 m/s (1)

The direction of V
→

st is assumed to be that of the stator trailing edge. In other 
words, we assume that the flow turns nicely through the blade row and exits 
parallel to the trailing edge of the blade, as shown in Fig. 14–64.
 We convert V

→

st to the relative reference frame moving with the rotor blades. 
At a radius of 0.40 m, the tangential velocity of the rotor blades is

 uu 5 vr 5 (1750 rot/min)a2p rad

rot
b a1 min

60 s
b(0.40 m) 5 73.30 m/s (2)

RotorStator

Vout
→

Vin

st

Hub and motor

→ r

? ?

�r

FIGURE 14–63
Schematic diagram of the vane-axial 

flow fan of Example 14–8. The stator 
precedes the rotor, and the shape of 

the rotor blade is unknown—it is to be 
designed.

Vin

→

Vin

→

Vst

→

�st

�st

FIGURE 14–64
Velocity vector analysis of the 

stator blade row of the vane-axial 
flow fan of Example 14–8; absolute 

reference frame.
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定子葉片列

圖 14-65　例題 14-8 的定子尾端速
度衝擊轉子前端時之分析；為相對

參考座標。
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Since the rotor blade row moves upward in Fig. 14–63, we add a downward 
velocity with magnitude given by Eq. 2 to translate V

→

st into the rotating 
reference frame sketched in Fig. 14–65. The angle of the leading edge of 
the rotor, �rl, is calculated by using trigonometry,

 brl 5 arctan  
vr 1 Vin tan bst

Vin

 
 5 arctan  

(73.30 m/s) 1 (47.1 m/s) tan (60.08)

47.1 m/s
5 73.098 (3)

 The air must now be turned by the rotor blade row in such a way that it 
leaves the trailing edge of the rotor blade at a zero angle (axially, no swirl) 
from an absolute reference frame. This determines the rotor’s trailing edge 
angle, �rt. Specifically, when we add an upward velocity of magnitude �r 
(Eq. 2) to the relative velocity exiting the trailing edge of the rotor, V

→

rt, relative, 
we convert back to the absolute reference frame, and obtain V

→

rt, the veloc-
ity leaving the rotor trailing edge. It is this velocity, V

→

rt, that must be axial 
(horizontal). Furthermore, to conserve mass, V

→

rt must equal V
→

in since we are 
assuming incompressible flow. Working backwards, we construct V

→

rt, relative in 
Fig. 14–66. Trigonometry reveals that

 
brt 5 arctan  

vr

Vin

5 arctan  
73.30 m/s

47.1 m/s
5 57.288 (4)

 We conclude that the rotor blade at this radius has a leading edge angle 
of about 73.1° (Eq. 3) and a trailing edge angle of about 57.3° (Eq. 4). A 
sketch of the rotor blade at this radius is provided in Fig. 14–65; the total 
curvature is small, being less than 16° from leading to trailing edge.
 Finally, to avoid interaction of the stator blade wakes with the rotor blade 
leading edges, we choose the number of rotor blades such that it has no 
common denominator with the number of stator blades. Since there are 16 
stator blades, we pick a number like 13, 15, or 17 rotor blades. Choosing 14 
would not be appropriate since it shares a common denominator of 2 with 
the number 16. Choosing 12 would be worse since it shares both 2 and 4 as 
common denominators.
Discussion  We can repeat the calculation for all radii from hub to tip, com-
pleting the design of the entire rotor. There would be twist, as discussed 
previously.

14–3 ■  PUMP SCALING LAWS

Dimensional Analysis
Turbomachinery provides a very practical example of the power and useful-
ness of dimensional analysis (Chap. 7). We apply the method of repeating 
variables to the relationship between gravity times net head (gH) and pump 
properties such as volume flow rate (V

.
); some characteristic length, typi-

cally the diameter of the impeller blades (D); blade surface roughness height (�); 
and impeller rotational speed (�), along with fluid properties density (�) 
and viscosity (�). Note that we treat the group gH as one variable. 

r

�rt

�rl

Vrt,relative

→

Vst,relative

→

Vst

→

FIGURE 14–65
Analysis of the stator trailing edge 
velocity of Example 14-8 as it 
impinges on the rotor leading edge; 
relative reference frame.

Vrt = Vin

→ →

Vrt,relative

→

�rt

�r

FIGURE 14–66
Analysis of the rotor trailing edge 
velocity of Example 14-8; absolute 
reference frame.
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定子葉片列

圖 14-63　例題 14-8 的輪葉軸流扇
之圖示。靜子在轉子之前，轉子葉

片的形狀未知－需要設計。
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diagram of a turbofan engine is shown in Fig. 14–62. Some of the air passes 
through the fan, which delivers thrust much like a propeller. The rest of 
the air passes through a low-pressure compressor, a high-pressure compres-
sor, a combustion chamber, a high-pressure turbine, and then finally a low-
pressure turbine. The air and products of combustion are then exhausted 
at high speed to provide even more thrust. Computational fluid dynamics 
(CFD) codes are obviously quite useful in the design of such complex tur-
bomachines (Chap. 15).

EXAMPLE 14–8     Design of a Vane-Axial Flow Fan 
for a Wind Tunnel

A vane-axial flow fan is being designed to power a wind tunnel. There must 
not be any swirl in the flow downstream of the fan. It is decided that the sta-
tor blades should be upstream of the rotor blades (Fig. 14–63) to protect the 
impeller blades from damage by objects that might accidentally get blown 
into the fan. To reduce expenses, both the stator and rotor blades are to be 
constructed of sheet metal. The leading edge of each stator blade is aligned 
axially (�sl � 0.0°) and its trailing edge is at angle �st � 60.0° from the axis 
as shown in the sketch. (The subscript notation “sl” indicates stator leading 
edge and “st” indicates stator trailing edge.) There are 16 stator blades. At 
design conditions, the axial-flow speed through the blades is 47.1 m/s, and 
the impeller rotates at 1750 rpm. At radius r � 0.40 m, calculate the lead-
ing and trailing edge angles of the rotor blade, and sketch the shape of the 
blade. How many rotor blades should there be?

SOLUTION  For given flow conditions and stator blade shape at a given 
radius, we are to design the rotor blade. Specifically, we are to calculate the 
leading and trailing edge angles of the rotor blade and sketch its shape. We 
are also to decide how many rotor blades to construct.
Assumptions  1 The air is nearly incompressible. 2 The flow area between the 
hub and tip is constant. 3 Two-dimensional blade row analysis is appropriate.
Analysis  First we analyze flow through the stator from an absolute refer-
ence frame, using the two-dimensional approximation of a cascade (blade 
row) of stator blades (Fig. 14–64). Flow enters axially (horizontally) and is 
turned 60.0° downward. Since the axial component of velocity must remain 
constant to conserve mass, the magnitude of the velocity leaving the trailing 
edge of the stator, V

→

st, is calculated as

 
Vst 5

Vin

cos  bst

5
47.1 m/s

cos (60.08)
5 94.2 m/s (1)

The direction of V
→

st is assumed to be that of the stator trailing edge. In other 
words, we assume that the flow turns nicely through the blade row and exits 
parallel to the trailing edge of the blade, as shown in Fig. 14–64.
 We convert V

→

st to the relative reference frame moving with the rotor blades. 
At a radius of 0.40 m, the tangential velocity of the rotor blades is

 uu 5 vr 5 (1750 rot/min)a2p rad

rot
b a1 min

60 s
b(0.40 m) 5 73.30 m/s (2)
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FIGURE 14–63
Schematic diagram of the vane-axial 

flow fan of Example 14–8. The stator 
precedes the rotor, and the shape of 

the rotor blade is unknown—it is to be 
designed.
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FIGURE 14–64
Velocity vector analysis of the 

stator blade row of the vane-axial 
flow fan of Example 14–8; absolute 
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Since the rotor blade row moves upward in Fig. 14–63, we add a downward 
velocity with magnitude given by Eq. 2 to translate V

→

st into the rotating 
reference frame sketched in Fig. 14–65. The angle of the leading edge of 
the rotor, �rl, is calculated by using trigonometry,

 brl 5 arctan  
vr 1 Vin tan bst

Vin

 
 5 arctan  

(73.30 m/s) 1 (47.1 m/s) tan (60.08)

47.1 m/s
5 73.098 (3)

 The air must now be turned by the rotor blade row in such a way that it 
leaves the trailing edge of the rotor blade at a zero angle (axially, no swirl) 
from an absolute reference frame. This determines the rotor’s trailing edge 
angle, �rt. Specifically, when we add an upward velocity of magnitude �r 
(Eq. 2) to the relative velocity exiting the trailing edge of the rotor, V

→

rt, relative, 
we convert back to the absolute reference frame, and obtain V

→

rt, the veloc-
ity leaving the rotor trailing edge. It is this velocity, V

→

rt, that must be axial 
(horizontal). Furthermore, to conserve mass, V

→

rt must equal V
→

in since we are 
assuming incompressible flow. Working backwards, we construct V

→

rt, relative in 
Fig. 14–66. Trigonometry reveals that

 
brt 5 arctan  

vr

Vin

5 arctan  
73.30 m/s

47.1 m/s
5 57.288 (4)

 We conclude that the rotor blade at this radius has a leading edge angle 
of about 73.1° (Eq. 3) and a trailing edge angle of about 57.3° (Eq. 4). A 
sketch of the rotor blade at this radius is provided in Fig. 14–65; the total 
curvature is small, being less than 16° from leading to trailing edge.
 Finally, to avoid interaction of the stator blade wakes with the rotor blade 
leading edges, we choose the number of rotor blades such that it has no 
common denominator with the number of stator blades. Since there are 16 
stator blades, we pick a number like 13, 15, or 17 rotor blades. Choosing 14 
would not be appropriate since it shares a common denominator of 2 with 
the number 16. Choosing 12 would be worse since it shares both 2 and 4 as 
common denominators.
Discussion  We can repeat the calculation for all radii from hub to tip, com-
pleting the design of the entire rotor. There would be twist, as discussed 
previously.

14–3 ■  PUMP SCALING LAWS

Dimensional Analysis
Turbomachinery provides a very practical example of the power and useful-
ness of dimensional analysis (Chap. 7). We apply the method of repeating 
variables to the relationship between gravity times net head (gH) and pump 
properties such as volume flow rate (V

.
); some characteristic length, typi-

cally the diameter of the impeller blades (D); blade surface roughness height (�); 
and impeller rotational speed (�), along with fluid properties density (�) 
and viscosity (�). Note that we treat the group gH as one variable. 

r

�rt

�rl

Vrt,relative

→

Vst,relative

→

Vst

→

FIGURE 14–65
Analysis of the stator trailing edge 
velocity of Example 14-8 as it 
impinges on the rotor leading edge; 
relative reference frame.

Vrt = Vin

→ →

Vrt,relative

→

�rt

�r

FIGURE 14–66
Analysis of the rotor trailing edge 
velocity of Example 14-8; absolute 
reference frame.
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以上所得到的結論，就是在這半徑處轉子葉片的前緣角約為 

73.1° [式 (3)]，及後緣角約為 57.3° [式 (4)]，圖 14-65 中畫出這半

徑處的轉子葉片圖。葉片之曲率很小，從前緣至後緣的差異小於 

16°。

最後，為了避免定子葉片尾流與轉子葉片前緣的交互作用，

我們選擇與定子葉片數目無公因數的轉子葉片數。由於定子葉片

有 16 片，所以挑選像 13、15 或 17 片轉子葉片。選擇 14 片則不

恰當，因為它與數字 16 之公因數為 2；選擇 12 片則會更糟，因

為它與數字 16 之公因數為 2 和 4。

討論：我們從輪轂到端部所有的半徑處重複計算，完成整個轉子的設計，則會如同之

前所討論的，葉片上將有扭曲產生。

圖 14-66　例題 14-8 轉子尾端速度
之分析，為絕對參考座標。
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Since the rotor blade row moves upward in Fig. 14–63, we add a downward 
velocity with magnitude given by Eq. 2 to translate V

→

st into the rotating 
reference frame sketched in Fig. 14–65. The angle of the leading edge of 
the rotor, �rl, is calculated by using trigonometry,

 brl 5 arctan  
vr 1 Vin tan bst

Vin

 
 5 arctan  

(73.30 m/s) 1 (47.1 m/s) tan (60.08)

47.1 m/s
5 73.098 (3)

 The air must now be turned by the rotor blade row in such a way that it 
leaves the trailing edge of the rotor blade at a zero angle (axially, no swirl) 
from an absolute reference frame. This determines the rotor’s trailing edge 
angle, �rt. Specifically, when we add an upward velocity of magnitude �r 
(Eq. 2) to the relative velocity exiting the trailing edge of the rotor, V

→

rt, relative, 
we convert back to the absolute reference frame, and obtain V

→

rt, the veloc-
ity leaving the rotor trailing edge. It is this velocity, V

→

rt, that must be axial 
(horizontal). Furthermore, to conserve mass, V

→

rt must equal V
→

in since we are 
assuming incompressible flow. Working backwards, we construct V

→

rt, relative in 
Fig. 14–66. Trigonometry reveals that
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Vin

5 arctan  
73.30 m/s

47.1 m/s
5 57.288 (4)

 We conclude that the rotor blade at this radius has a leading edge angle 
of about 73.1° (Eq. 3) and a trailing edge angle of about 57.3° (Eq. 4). A 
sketch of the rotor blade at this radius is provided in Fig. 14–65; the total 
curvature is small, being less than 16° from leading to trailing edge.
 Finally, to avoid interaction of the stator blade wakes with the rotor blade 
leading edges, we choose the number of rotor blades such that it has no 
common denominator with the number of stator blades. Since there are 16 
stator blades, we pick a number like 13, 15, or 17 rotor blades. Choosing 14 
would not be appropriate since it shares a common denominator of 2 with 
the number 16. Choosing 12 would be worse since it shares both 2 and 4 as 
common denominators.
Discussion  We can repeat the calculation for all radii from hub to tip, com-
pleting the design of the entire rotor. There would be twist, as discussed 
previously.

14–3 ■  PUMP SCALING LAWS

Dimensional Analysis
Turbomachinery provides a very practical example of the power and useful-
ness of dimensional analysis (Chap. 7). We apply the method of repeating 
variables to the relationship between gravity times net head (gH) and pump 
properties such as volume flow rate (V

.
); some characteristic length, typi-

cally the diameter of the impeller blades (D); blade surface roughness height (�); 
and impeller rotational speed (�), along with fluid properties density (�) 
and viscosity (�). Note that we treat the group gH as one variable. 
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FIGURE 14–65
Analysis of the stator trailing edge 
velocity of Example 14-8 as it 
impinges on the rotor leading edge; 
relative reference frame.
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FIGURE 14–66
Analysis of the rotor trailing edge 
velocity of Example 14-8; absolute 
reference frame.
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14-3　泵的比例定律

因次分析

渦輪機械設計可應用因次分析，一個實際有效的例題

見於第 7 章，可將重複變數法應用於重力加速度乘上淨水

頭 (gH) 與泵性質之間的關係式，其中泵性質包括體積流率  

( 
⋅
V )；特徵長度，基本上是葉輪直徑 (D)；葉面粗糙高度 (ε)；

以及葉輪旋轉速度 (v) 與流體性質的密度 (r) 與黏度 (m)。注

意將 gH 作為一個變數。圖 14-67 呈現出無因次的 p 參數群，

以下為無因次參數的關係式：
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The dimensionless Pi groups are shown in Fig. 14–67; the result is the fol-
lowing relationship involving dimensionless parameters:

 

gH

v2D2 5 function of a V
#

vD3,  
rvD2

m
,  
e

D
b  (14–28)

 A similar analysis with input brake horsepower as a function of the same 
variables results in

 

bhp

rv3D5 5 function of a V
#

vD3,  
rvD2

m
,  
e

D
b  (14–29)

The second dimensionless parameter (or � group) on the right side of 
both Eqs. 14–28 and 14–29 is obviously a Reynolds number since �D is a 
characteristic velocity,

Re 5
rvD2

m

The third � on the right is the nondimensional roughness parameter. The 
three new dimensionless groups in these two equations are given symbols 
and named as follows:

Dimensionless pump parameters:

 
 CH 5 Head coefficient 5

gH

v2D2

 
 CQ 5 Capacity coefficient 5

V
#

vD3 (14–30)

 
 CP 5 Power coefficient 5

bhp

rv3D5

Note the subscript Q in the symbol for capacity coefficient. This comes 
from the nomenclature found in many fluid mechanics and turbomachinery 
textbooks that Q rather than V

.
 is the volume flow rate through the pump. 

We use the notation CQ for consistency with turbomachinery convention, 
even though we use V

.
 for volume flow rate to avoid confusion with heat 

transfer.
 When pumping liquids, cavitation may be of concern, and we need 
another dimensionless parameter related to the required net positive suction 
head. Fortunately, we can simply substitute NPSHrequired in place of H in 
the dimensional analysis, since they have identical dimensions (length). The 
result is

 CNPSH 5 Suction head coefficient 5
gNPSHrequired

v2D2  (14–31)

 Other variables, such as gap thickness between blade tips and pump 
housing and blade thickness, can be added to the dimensional analysis if 
necessary. Fortunately, these variables typically are of only minor impor-
tance and are not considered here. In fact, you may argue that two pumps 
are not even strictly geometrically similar unless gap thickness, blade thick-
ness, and surface roughness scale geometrically.

�
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, �, �
•

V

gH = ƒ( , D, ε, �, �, �)

k = n – j = 7 – 3 = 4 

ε

Π1 =
gH

�2D2

•
V

•
V

•
V

Π2 =
�D3

Π3 =
�

��D2
Π4 =

D
ε

FIGURE 14–67
Dimensional analysis of a pump.
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textbooks that Q rather than V

.
 is the volume flow rate through the pump. 

We use the notation CQ for consistency with turbomachinery convention, 
even though we use V

.
 for volume flow rate to avoid confusion with heat 

transfer.
 When pumping liquids, cavitation may be of concern, and we need 
another dimensionless parameter related to the required net positive suction 
head. Fortunately, we can simply substitute NPSHrequired in place of H in 
the dimensional analysis, since they have identical dimensions (length). The 
result is

 CNPSH 5 Suction head coefficient 5
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v2D2  (14–31)

 Other variables, such as gap thickness between blade tips and pump 
housing and blade thickness, can be added to the dimensional analysis if 
necessary. Fortunately, these variables typically are of only minor impor-
tance and are not considered here. In fact, you may argue that two pumps 
are not even strictly geometrically similar unless gap thickness, blade thick-
ness, and surface roughness scale geometrically.
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 的函數 (14-28)

對以相同變數為函數的輸入制動馬力進行類似的分析，

結果為
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head. Fortunately, we can simply substitute NPSHrequired in place of H in 
the dimensional analysis, since they have identical dimensions (length). The 
result is
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housing and blade thickness, can be added to the dimensional analysis if 
necessary. Fortunately, these variables typically are of only minor impor-
tance and are not considered here. In fact, you may argue that two pumps 
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The third � on the right is the nondimensional roughness parameter. The 
three new dimensionless groups in these two equations are given symbols 
and named as follows:
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Note the subscript Q in the symbol for capacity coefficient. This comes 
from the nomenclature found in many fluid mechanics and turbomachinery 
textbooks that Q rather than V

.
 is the volume flow rate through the pump. 

We use the notation CQ for consistency with turbomachinery convention, 
even though we use V

.
 for volume flow rate to avoid confusion with heat 

transfer.
 When pumping liquids, cavitation may be of concern, and we need 
another dimensionless parameter related to the required net positive suction 
head. Fortunately, we can simply substitute NPSHrequired in place of H in 
the dimensional analysis, since they have identical dimensions (length). The 
result is

 CNPSH 5 Suction head coefficient 5
gNPSHrequired
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 Other variables, such as gap thickness between blade tips and pump 
housing and blade thickness, can be added to the dimensional analysis if 
necessary. Fortunately, these variables typically are of only minor impor-
tance and are not considered here. In fact, you may argue that two pumps 
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的函數 (14-29)

顯然在式 (14-28) 和 (14-29) 中右邊第二個無因次參數 (或 p 參數群) 為雷諾數，因

為 vD 為特徵速度，

圖 14-67　泵的因次分析。
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無因次泵參數： 
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水頭係數

容量係數

功率係數

 (14-30)

注意下標符號 Q 代表容量係數，這可見於許多流體力學與旋轉機械課本的符號，

用 Q 而非  
⋅
V 代表通過泵的體積流率。雖然我們使用  

⋅
V 代替 Q 表示體積流率以免與

熱傳量混淆，但是為了一致性，我們使用傳統旋轉機械的記號 CQ 表示。

當對液體加壓時，需考量可能發生空蝕的現象，我們另需一個與所需淨正吸水

頭相關的無因次參數，幸好我們在分析中可僅將 H 以 NPSHrequired 置換， 因為它們

具相同的單位 (長度)，結果
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the dimensional analysis, since they have identical dimensions (length). The 
result is
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 Other variables, such as gap thickness between blade tips and pump 
housing and blade thickness, can be added to the dimensional analysis if 
necessary. Fortunately, these variables typically are of only minor impor-
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are not even strictly geometrically similar unless gap thickness, blade thick-
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	 (14-31)

如果需要的話，因次分析中可加入其它像是葉片端部與泵

外殼之間的間隙度與葉片厚度之變數。幸好這些變數基本上不

是非常重要，在此未列入考量。事實上，除非間隙度、葉片厚

度與表面粗糙度之幾何成比例，是可以質疑兩個泵嚴格來看並

非幾何相似。

式 (14-28) 及 (14-29) 由因次分析推導獲得，可由以下

敘述說明之。如果兩個泵 A 和泵 B 為幾何相似 (雖然尺寸不

同，但是泵 A 與泵 B 之幾何形狀成比例)，而且如果獨立 p 

之間彼此相等 (在此情況為如果 CQ, A = CQ, B、ReA =ReB 和  

εA/DA = εB/DB)，則相依 p 之間也會彼此相等。特別是式 (14-

28) 的 CH, A =CH,B 與式 (14-29) 的 CP, A =CP, B。如果這些條件

成立，則可說這兩個泵為動力相似 (圖 14-68)。當達到動力相似

時，則說在泵 A 的性能曲線上的操作點與在泵 B 的性能曲線上

圖 14-68　因次分析對兩個幾何相似
泵的放大縮小非常有用，如果泵 A 
的無因次泵參數與泵 B 的無因次泵
參數相同時，則此兩泵稱為動力相

似。
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 Relationships derived by dimensional analysis, such as Eqs. 14–28 and 
14–29, are interpreted as follows: If two pumps, A and B, are geometrically 
similar (pump A is geometrically proportional to pump B, although they 
may be of different sizes), and if the independent �’s are equal to each 
other (in this case if CQ, A � CQ, B, ReA � ReB, and �A/DA � �B/DB), then 
the dependent �’s are guaranteed to also be equal to each other as well. In 
particular, CH, A � CH, B from Eq. 14–28 and CP, A � CP, B from Eq. 14–29. 
If such conditions are established, the two pumps are said to be dynamically 
similar (Fig. 14–68). When dynamic similarity is achieved, the operating 
point on the pump performance curve of pump A and the corresponding 
operating point on the pump performance curve of pump B are said to be 
homologous.
 The requirement of equality of all three of the independent dimension-
less parameters can be relaxed somewhat. If the Reynolds numbers of both 
pump A and pump B exceed several thousand, turbulent flow conditions 
exist inside the pump. It turns out that for turbulent flow, if the values of 
ReA and ReB are not equal, but not too far apart, dynamic similarity between 
the two pumps is still a reasonable approximation. This fortunate condi-
tion is due to Reynolds number independence (Chap. 7). (Note that if the 
pumps operate in the laminar regime, or at low Re, the Reynolds number 
must usually remain as a scaling parameter.) In most cases of practical tur-
bomachinery engineering analysis, the effect of differences in the roughness 
parameter is also small, unless the roughness differences are large, as when 
one is scaling from a very small pump to a very large pump (or vice versa). 
Thus, for many practical problems, we may neglect the effect of both Re 
and �/D. Equations 14–28 and 14–29 then reduce to

 CH > function of CQ  CP > function of CQ (14–32)

 As always, dimensional analysis cannot predict the shape of the functional 
relationships of Eq. 14–32, but once these relationships are obtained for a 
particular pump, they can be generalized for geometrically similar pumps 
that are of different diameters, operate at different rotational speeds and flow 
rates, and operate even with fluids of different density and viscosity.
 We transform Eq. 14–5 for pump efficiency into a function of the dimen-
sionless parameters of Eq. 14–30,

 hpump 5
r(V

#
)(gH)

bhp
5
r(vD3CQ)(v2D2CH)

rv3D5CP

5
CQCH

CP

> function of CQ (14–33)

Since �pump is already dimensionless, it is another dimensionless pump 
parameter all by itself. Note that since Eq. 14–33 reveals that �pump can be 
formed by the combination of three other �’s, �pump is not necessary for 
pump scaling. It is, however, certainly a useful parameter. Since CH, CP, 
and �pump are approximated as functions only of CQ, we often plot these 
three parameters as functions of CQ on the same plot, generating a set of 
nondimensional pump performance curves. An example is provided in 
Fig. 14–69 for the case of a typical centrifugal pump. The curve shapes for 
other types of pumps would, of course, be different.
 The simplified similarity laws of Eqs. 14–32 and 14–33 break down when 
the full-scale prototype is significantly larger than its model (Fig. 14–70); 
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的操作點為同型 (homologous)。

對於這所有三個獨立無因次參數的要求可以稍放寬，如果泵 A 與泵 B 的雷諾

數超過好幾千，則泵內部存在紊流的情況。結果發現對紊流來說，如果 ReA 與 ReB 

的值不相等，但是相差不多，則兩泵之間的動力相似仍為合理的近似方法，這個幸

運的條件稱為雷諾數獨立性 (Reynolds number independence)。須注意如果泵於層流

區間運轉，則雷諾數仍舊是一個比例參數。在大多的實際渦輪機械的工程分析之中

粗糙度參數差異的影響也很小，除非從一個很小的泵依比例放大到非常大型的泵 

(或相反情況) 時，以致粗糙度參數的差異很大。因此對許多實務的問題，我們可忽

略雷諾數與 ε/D 的效應。式 (14-28) 和 (14-29) 則可化簡為

 CH ≅CQ 的函數　CP ≅CQ 的函數 (14-32)

一如以往，因次分析不能預測式 (14-32) 中的函數關係的形狀，但是一旦求出

對某個特定泵的關係式，則可對幾何相似的泵一般化。這些幾何相似的泵可能半徑

不同、在不同的轉速與流率下運轉，甚至以不同密度與黏度的流體操作。

我們將泵效率的式 (14-5) 轉換至以式 (14-30) 的無因次參數來表示，
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Since �pump is already dimensionless, it is another dimensionless pump 
parameter all by itself. Note that since Eq. 14–33 reveals that �pump can be 
formed by the combination of three other �’s, �pump is not necessary for 
pump scaling. It is, however, certainly a useful parameter. Since CH, CP, 
and �pump are approximated as functions only of CQ, we often plot these 
three parameters as functions of CQ on the same plot, generating a set of 
nondimensional pump performance curves. An example is provided in 
Fig. 14–69 for the case of a typical centrifugal pump. The curve shapes for 
other types of pumps would, of course, be different.
 The simplified similarity laws of Eqs. 14–32 and 14–33 break down when 
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CQ 的函數 (14-33)

因為 hpump 已經是無因次量，所以它本身即為泵的另一個無因

次參數。注意式 (14-33) 已顯示 hpump 可由其它三個 p 的組合形

成，所以不需要對 hpump 依比例放大或縮小。但它仍然是有用

的參數。由於 CH、CP 和 hpump 都只是 CQ 的函數，我們通常將

這三個以 CQ 為函數的參數繪製於相同的圖中，產生一組無因次

泵性能曲線 (nondimensional pump performance curves)。圖 14-69 

提供一個典型的離心泵之實例，當然其它類型的泵之曲線形狀

會不同。

當原尺寸的原型比模型大很多  (圖  14-70) 時，式  (14-

32) 和 (14-33) 的化簡比例定律不會成立，原型的性能總是

比較好。這有幾個理由說明：原型泵通常以高雷諾數值運轉，但其條件在實驗

室中通常無法達到。我們從穆迪圖可知摩擦係數隨雷諾數的增加而降低，邊

界層厚度亦同。因此，當泵的尺寸增加時，由於邊界層占據通過葉輪流道的比

例降低，黏性邊界層的影響會越小。此外，原型葉輪葉片表面之相對粗糙度  

(ε/D)，也可能會比模型泵葉片上的相對粗糙度小很多，除非模型的表面經過微拋

光。最後，原尺寸的大型泵相對於葉片直徑，具有較小的端部間隙，所以端部的損

圖 14-69　當以無因次泵參數表示繪
圖時，所有幾何類似的泵之性能曲

線會重合成一組無因次泵性能曲線

最佳效率值則以星號表示。
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one is scaling from a very small pump to a very large pump (or vice versa). 
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and �/D. Equations 14–28 and 14–29 then reduce to
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 As always, dimensional analysis cannot predict the shape of the functional 
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particular pump, they can be generalized for geometrically similar pumps 
that are of different diameters, operate at different rotational speeds and flow 
rates, and operate even with fluids of different density and viscosity.
 We transform Eq. 14–5 for pump efficiency into a function of the dimen-
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Since �pump is already dimensionless, it is another dimensionless pump 
parameter all by itself. Note that since Eq. 14–33 reveals that �pump can be 
formed by the combination of three other �’s, �pump is not necessary for 
pump scaling. It is, however, certainly a useful parameter. Since CH, CP, 
and �pump are approximated as functions only of CQ, we often plot these 
three parameters as functions of CQ on the same plot, generating a set of 
nondimensional pump performance curves. An example is provided in 
Fig. 14–69 for the case of a typical centrifugal pump. The curve shapes for 
other types of pumps would, of course, be different.
 The simplified similarity laws of Eqs. 14–32 and 14–33 break down when 
the full-scale prototype is significantly larger than its model (Fig. 14–70); 
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失與洩漏也比較少。目前已推導出一些經驗公式，考量自小模

型至原型機效率的增進，其中之一是由穆迪 (1926 年) 對輪機所

提出的公式，但是它同時可用來對泵進行一階的修正，對泵之

穆迪效率修正方程式如下：

泵的穆迪效率修正方程式： 
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the prototype’s performance is generally better. There are several reasons 
for this: The prototype pump often operates at high Reynolds numbers that 
are not achievable in the laboratory. We know from the Moody chart that the 
friction factor decreases with Re, as does boundary layer thickness. Hence, 
the influence of viscous boundary layers is less significant as pump size 
increases, since the boundary layers occupy a less significant percentage 
of the flow path through the impeller. In addition, the relative roughness 
(�/D) on the surfaces of the prototype impeller blades may be significantly 
smaller than that on the model pump blades unless the model surfaces are 
micropolished. Finally, large full-scale pumps have smaller tip clearances 
relative to the blade diameter; therefore, tip losses and leakage are less sig-
nificant. Some empirical equations have been developed to account for the 
increase in efficiency between a small model and a full-scale prototype. One 
such equation was suggested by Moody (1926) for turbines, but it can be 
used as a first-order correction for pumps as well,

Moody efficiency correction equation for pumps:

 hpump, prototype > 1 2 (1 2 hpump, model)a
Dmodel

Dprototype

b
1/5

 (14–34)

Pump Specific Speed
Another useful dimensionless parameter called pump specific speed (NSp) 
is formed by a combination of parameters CQ and CH:

Pump specific speed: NSp 5
C Q 

 1/2

CH 3/4 5
(V
#
/vD3)1/2

(gH/v2D2)3/4 5
vV
#

1/2

(gH)3/4 (14–35)

If all engineers watched their units carefully, NSp would always be listed as 
a dimensionless parameter. Unfortunately, practicing engineers have grown 
accustomed to using inconsistent units in Eq. 14–35, which renders the per-
fectly fine dimensionless parameter NSp into a cumbersome dimensional 
quantity (Fig. 14–71). Further confusion results because some engineers 
prefer units of rotations per minute (rpm) for rotational speed, while oth-
ers use rotations per second (Hz), the latter being more common in Europe. 
In addition, practicing engineers in the United States typically ignore the 
gravitational constant in the definition of NSp. In this book, we add sub-
scripts “Eur” or “US” to NSp in order to distinguish the dimensional forms 
of pump specific speed from the nondimensional form. In the United States, 
it is customary to write H in units of feet (net head expressed as an equiva-
lent column height of the fluid being pumped), V

.
 in units of gallons per 

minute (gpm), and rotation rate in terms of n
.
 (rpm) instead of � (rad/s). 

Using Eq. 14–35 we define

Pump specific speed, customary U.S. units: NSp, US 5
(n
#
, rpm)(V

#
, gpm)1/2

(H, ft)3/4  (14–36)

In Europe it is customary to write H in units of meters (and to include 
g �  9.81  m/s2 in the equation), V

.
 in units of m3/s, and rotation rate n

.
 in 

Dprototype

Dmodel
•

Vmodel

•

Vprototype

FIGURE 14–70
When a small-scale model is tested 
to predict the performance of a full-
scale prototype pump, the measured 

efficiency of the model is typically 
somewhat lower than that of the 
prototype. Empirical correction 

equations such as Eq. 14–34 have 
been developed to account for the 
improvement of pump efficiency 

with pump size.

FIGURE 14–71
Even though pump specific speed is a 

dimensionless parameter, it is common 
practice to write it as a dimensional 

quantity using an inconsistent 
set of units.
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 (14-34)

泵比速率

另外一個有用的無因次參數稱為泵比速率 (pump specific 

speed) Nsp，其係由參數 CQ 與 CH 組合而成。

泵比速率： 

827
CHAPTER 14

the prototype’s performance is generally better. There are several reasons 
for this: The prototype pump often operates at high Reynolds numbers that 
are not achievable in the laboratory. We know from the Moody chart that the 
friction factor decreases with Re, as does boundary layer thickness. Hence, 
the influence of viscous boundary layers is less significant as pump size 
increases, since the boundary layers occupy a less significant percentage 
of the flow path through the impeller. In addition, the relative roughness 
(�/D) on the surfaces of the prototype impeller blades may be significantly 
smaller than that on the model pump blades unless the model surfaces are 
micropolished. Finally, large full-scale pumps have smaller tip clearances 
relative to the blade diameter; therefore, tip losses and leakage are less sig-
nificant. Some empirical equations have been developed to account for the 
increase in efficiency between a small model and a full-scale prototype. One 
such equation was suggested by Moody (1926) for turbines, but it can be 
used as a first-order correction for pumps as well,

Moody efficiency correction equation for pumps:

 hpump, prototype > 1 2 (1 2 hpump, model)a
Dmodel

Dprototype

b
1/5

 (14–34)

Pump Specific Speed
Another useful dimensionless parameter called pump specific speed (NSp) 
is formed by a combination of parameters CQ and CH:

Pump specific speed: NSp 5
C Q 

 1/2

CH 3/4 5
(V
#
/vD3)1/2

(gH/v2D2)3/4 5
vV
#

1/2

(gH)3/4 (14–35)

If all engineers watched their units carefully, NSp would always be listed as 
a dimensionless parameter. Unfortunately, practicing engineers have grown 
accustomed to using inconsistent units in Eq. 14–35, which renders the per-
fectly fine dimensionless parameter NSp into a cumbersome dimensional 
quantity (Fig. 14–71). Further confusion results because some engineers 
prefer units of rotations per minute (rpm) for rotational speed, while oth-
ers use rotations per second (Hz), the latter being more common in Europe. 
In addition, practicing engineers in the United States typically ignore the 
gravitational constant in the definition of NSp. In this book, we add sub-
scripts “Eur” or “US” to NSp in order to distinguish the dimensional forms 
of pump specific speed from the nondimensional form. In the United States, 
it is customary to write H in units of feet (net head expressed as an equiva-
lent column height of the fluid being pumped), V

.
 in units of gallons per 

minute (gpm), and rotation rate in terms of n
.
 (rpm) instead of � (rad/s). 

Using Eq. 14–35 we define

Pump specific speed, customary U.S. units: NSp, US 5
(n
#
, rpm)(V

#
, gpm)1/2

(H, ft)3/4  (14–36)

In Europe it is customary to write H in units of meters (and to include 
g �  9.81  m/s2 in the equation), V

.
 in units of m3/s, and rotation rate n

.
 in 

Dprototype

Dmodel
•

Vmodel

•

Vprototype

FIGURE 14–70
When a small-scale model is tested 
to predict the performance of a full-
scale prototype pump, the measured 

efficiency of the model is typically 
somewhat lower than that of the 
prototype. Empirical correction 

equations such as Eq. 14–34 have 
been developed to account for the 
improvement of pump efficiency 

with pump size.

FIGURE 14–71
Even though pump specific speed is a 

dimensionless parameter, it is common 
practice to write it as a dimensional 

quantity using an inconsistent 
set of units.

787-878_cengel_ch14.indd   827 7/3/13   3:44 PM

 (14-35)

如果工程師們細心觀察上式的單位，則 NSp 會被列為無因次參

數。然而許多從業的工程師漸漸地習慣使用式 (14-35) 之中不一

致的單位，這使得近乎完美的無因次參數 NSp 變成一個累贅的

因次量 (圖 14-71)。因為一些工程師對轉速喜歡使用 rpm 的單

位，而其它人使用 Hz 的單位 (在歐洲常用的單位)，造成進一步

的混淆。此外，在美國從業工程師基本上會忽略 NSp 定義之中

的重力加速度常數，本書中在 NSp 上加入“Eur”或“US”的下

標，將因次形式的泵比速率從無因次的形式中分別出來。在美

國通常將 H 的單位寫成 ft (將淨水頭表示為加壓流體等效的液柱

高度)，將 
⋅
V  的單位寫成 gpm，而以 ⋅n (rpm) 表示的轉速取代 v 

(rad/s)，利用式 (14-35)，定義美國常用單位之泵比速率如下：

美國常用單位之泵比速率： 
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/vD3)1/2

(gH/v2D2)3/4 5
vV
#

1/2

(gH)3/4 (14–35)

If all engineers watched their units carefully, NSp would always be listed as 
a dimensionless parameter. Unfortunately, practicing engineers have grown 
accustomed to using inconsistent units in Eq. 14–35, which renders the per-
fectly fine dimensionless parameter NSp into a cumbersome dimensional 
quantity (Fig. 14–71). Further confusion results because some engineers 
prefer units of rotations per minute (rpm) for rotational speed, while oth-
ers use rotations per second (Hz), the latter being more common in Europe. 
In addition, practicing engineers in the United States typically ignore the 
gravitational constant in the definition of NSp. In this book, we add sub-
scripts “Eur” or “US” to NSp in order to distinguish the dimensional forms 
of pump specific speed from the nondimensional form. In the United States, 
it is customary to write H in units of feet (net head expressed as an equiva-
lent column height of the fluid being pumped), V

.
 in units of gallons per 

minute (gpm), and rotation rate in terms of n
.
 (rpm) instead of � (rad/s). 

Using Eq. 14–35 we define

Pump specific speed, customary U.S. units: NSp, US 5
(n
#
, rpm)(V

#
, gpm)1/2

(H, ft)3/4  (14–36)

In Europe it is customary to write H in units of meters (and to include 
g �  9.81  m/s2 in the equation), V

.
 in units of m3/s, and rotation rate n

.
 in 

Dprototype

Dmodel
•

Vmodel

•

Vprototype

FIGURE 14–70
When a small-scale model is tested 
to predict the performance of a full-
scale prototype pump, the measured 

efficiency of the model is typically 
somewhat lower than that of the 
prototype. Empirical correction 

equations such as Eq. 14–34 have 
been developed to account for the 
improvement of pump efficiency 

with pump size.

FIGURE 14–71
Even though pump specific speed is a 

dimensionless parameter, it is common 
practice to write it as a dimensional 

quantity using an inconsistent 
set of units.
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 (14-36)

在歐洲通常將 H 的單位寫成 m (並於方程式中包括重力加速度 g =9.81 m/s2)，將 
⋅
V  的單位寫成 m3/s，而將 ⋅n 的單位寫成以每秒旋轉圈數 (Hz)，以取代 v(rad/s) 或 ⋅n 

(rpm)，利用式 (14-35)，定義歐洲常用單位之泵比速率如下：

歐洲常用單位之泵比速率： 
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units of rotations per second (Hz) instead of � (rad/s) or n
.
 (rpm). Using 

Eq. 14–35 we define

Pump specific speed, customary European units:

 NSp, Eur 5
(n
#
, Hz)(V

#
, m3/s)1/2

(gH, m2/s2)3/4  (14–37)

 The conversions between these three forms of pump specific speed are pro-
vided as ratios for your convenience in Fig. 14–72. When you become a prac-
ticing engineer, you will need to be very careful that you know which form of 
pump specific speed is being used, although it may not always be obvious.
 Technically, pump specific speed could be applied at any operating condi-
tion and would just be another function of CQ. That is not how it is typically 
used, however. Instead, it is common to define pump specific speed at only 
one operating point, namely, the best efficiency point (BEP) of the pump. 
The result is a single number that characterizes the pump.

Pump specific speed is used to characterize the operation of a pump at its 
optimum conditions (best efficiency point) and is useful for preliminary pump 
selection and/or design.

As plotted in Fig. 14–73, centrifugal pumps perform optimally for NSp near 1, 
while mixed-flow and axial pumps perform best at NSp near 2 and 5, respec-
tively. It turns out that if NSp is less than about 1.5, a centrifugal pump is the 
best choice. If NSp is between about 1.5 and 3.5, a mixed-flow pump is a bet-
ter choice. When NSp is greater than about 3.5, an axial pump should be used. 
These ranges are indicated in Fig. 14–73 in terms of NSp, NSp, US, and NSp, Eur. 
Sketches of the blade types are also provided on the plot for reference.

EXAMPLE 14–9     Using Pump Specific Speed 
for Preliminary Pump Design

A pump is being designed to deliver 320 gpm of gasoline at room tem-
perature. The required net head is 23.5 ft (of gasoline). It has already been 
determined that the pump shaft is to rotate at 1170 rpm. Calculate the 
pump specific speed in both nondimensional form and customary U.S. form. 
Based on your result, decide which kind of dynamic pump would be most 
suitable for this application.

SOLUTION  We are to calculate pump specific speed and then determine 
whether a centrifugal, mixed-flow, or axial pump would be the best choice 
for this particular application.
Assumptions  1 The pump operates near its best efficiency point. 2 The 
maximum efficiency versus pump specific speed curve follows Fig. 14–73 
reasonably well.
Analysis   First, we calculate pump specific speed in customary U.S. units,

 NSp, US 5
(1170 rpm)(320 gpm)1/2

(23.5 ft)3/4 5 1960 (1)

NSp

NSp, US

NSp, US = 2734
NSp

NSp
= 2�

NSp, Eur

NSp, Eur =
NSp

1

2�

NSp, Eur = 5.822 � 10–5

NSp, US

NSp,US = 17,180
NSp, Eur

= 3.658 � 10–4

FIGURE 14–72
Conversions between the 
dimensionless, conventional U.S., and 
conventional European definitions 
of pump specific speed. Numerical 
values are given to four significant 
digits. The conversions for NSp, US 
assume standard earth gravity.
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 (14-37)

圖 14-71　雖然泵的比速率為一個無
因次參數，但是通常會利用一致性

的單位將比速率寫成一個有單位的

物理量。
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the prototype’s performance is generally better. There are several reasons 
for this: The prototype pump often operates at high Reynolds numbers that 
are not achievable in the laboratory. We know from the Moody chart that the 
friction factor decreases with Re, as does boundary layer thickness. Hence, 
the influence of viscous boundary layers is less significant as pump size 
increases, since the boundary layers occupy a less significant percentage 
of the flow path through the impeller. In addition, the relative roughness 
(�/D) on the surfaces of the prototype impeller blades may be significantly 
smaller than that on the model pump blades unless the model surfaces are 
micropolished. Finally, large full-scale pumps have smaller tip clearances 
relative to the blade diameter; therefore, tip losses and leakage are less sig-
nificant. Some empirical equations have been developed to account for the 
increase in efficiency between a small model and a full-scale prototype. One 
such equation was suggested by Moody (1926) for turbines, but it can be 
used as a first-order correction for pumps as well,

Moody efficiency correction equation for pumps:

 hpump, prototype > 1 2 (1 2 hpump, model)a
Dmodel

Dprototype

b
1/5

 (14–34)

Pump Specific Speed
Another useful dimensionless parameter called pump specific speed (NSp) 
is formed by a combination of parameters CQ and CH:

Pump specific speed: NSp 5
C Q 

 1/2

CH 3/4 5
(V
#
/vD3)1/2

(gH/v2D2)3/4 5
vV
#

1/2

(gH)3/4 (14–35)

If all engineers watched their units carefully, NSp would always be listed as 
a dimensionless parameter. Unfortunately, practicing engineers have grown 
accustomed to using inconsistent units in Eq. 14–35, which renders the per-
fectly fine dimensionless parameter NSp into a cumbersome dimensional 
quantity (Fig. 14–71). Further confusion results because some engineers 
prefer units of rotations per minute (rpm) for rotational speed, while oth-
ers use rotations per second (Hz), the latter being more common in Europe. 
In addition, practicing engineers in the United States typically ignore the 
gravitational constant in the definition of NSp. In this book, we add sub-
scripts “Eur” or “US” to NSp in order to distinguish the dimensional forms 
of pump specific speed from the nondimensional form. In the United States, 
it is customary to write H in units of feet (net head expressed as an equiva-
lent column height of the fluid being pumped), V

.
 in units of gallons per 

minute (gpm), and rotation rate in terms of n
.
 (rpm) instead of � (rad/s). 

Using Eq. 14–35 we define

Pump specific speed, customary U.S. units: NSp, US 5
(n
#
, rpm)(V

#
, gpm)1/2

(H, ft)3/4  (14–36)

In Europe it is customary to write H in units of meters (and to include 
g �  9.81  m/s2 in the equation), V

.
 in units of m3/s, and rotation rate n

.
 in 

Dprototype

Dmodel
•

Vmodel

•

Vprototype

FIGURE 14–70
When a small-scale model is tested 
to predict the performance of a full-
scale prototype pump, the measured 

efficiency of the model is typically 
somewhat lower than that of the 
prototype. Empirical correction 

equations such as Eq. 14–34 have 
been developed to account for the 
improvement of pump efficiency 

with pump size.

FIGURE 14–71
Even though pump specific speed is a 

dimensionless parameter, it is common 
practice to write it as a dimensional 

quantity using an inconsistent 
set of units.
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你做了什麼？你為什麼將
無因次參數轉換為有單位
的物理量？這正好與你該
做的相反！

圖 14-70　當以縮小模型測試來預測
完整尺寸的原型泵效率時，量測出

模型的效率基本上會稍低於原型泵

之效率。已經發展出像式 (14-34) 的
經驗公式來考量以改變泵尺寸增進

泵的效率。
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the prototype’s performance is generally better. There are several reasons 
for this: The prototype pump often operates at high Reynolds numbers that 
are not achievable in the laboratory. We know from the Moody chart that the 
friction factor decreases with Re, as does boundary layer thickness. Hence, 
the influence of viscous boundary layers is less significant as pump size 
increases, since the boundary layers occupy a less significant percentage 
of the flow path through the impeller. In addition, the relative roughness 
(�/D) on the surfaces of the prototype impeller blades may be significantly 
smaller than that on the model pump blades unless the model surfaces are 
micropolished. Finally, large full-scale pumps have smaller tip clearances 
relative to the blade diameter; therefore, tip losses and leakage are less sig-
nificant. Some empirical equations have been developed to account for the 
increase in efficiency between a small model and a full-scale prototype. One 
such equation was suggested by Moody (1926) for turbines, but it can be 
used as a first-order correction for pumps as well,

Moody efficiency correction equation for pumps:

 hpump, prototype > 1 2 (1 2 hpump, model)a
Dmodel

Dprototype

b
1/5

 (14–34)

Pump Specific Speed
Another useful dimensionless parameter called pump specific speed (NSp) 
is formed by a combination of parameters CQ and CH:

Pump specific speed: NSp 5
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CH 3/4 5
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#
/vD3)1/2

(gH/v2D2)3/4 5
vV
#

1/2

(gH)3/4 (14–35)

If all engineers watched their units carefully, NSp would always be listed as 
a dimensionless parameter. Unfortunately, practicing engineers have grown 
accustomed to using inconsistent units in Eq. 14–35, which renders the per-
fectly fine dimensionless parameter NSp into a cumbersome dimensional 
quantity (Fig. 14–71). Further confusion results because some engineers 
prefer units of rotations per minute (rpm) for rotational speed, while oth-
ers use rotations per second (Hz), the latter being more common in Europe. 
In addition, practicing engineers in the United States typically ignore the 
gravitational constant in the definition of NSp. In this book, we add sub-
scripts “Eur” or “US” to NSp in order to distinguish the dimensional forms 
of pump specific speed from the nondimensional form. In the United States, 
it is customary to write H in units of feet (net head expressed as an equiva-
lent column height of the fluid being pumped), V

.
 in units of gallons per 

minute (gpm), and rotation rate in terms of n
.
 (rpm) instead of � (rad/s). 

Using Eq. 14–35 we define

Pump specific speed, customary U.S. units: NSp, US 5
(n
#
, rpm)(V

#
, gpm)1/2

(H, ft)3/4  (14–36)

In Europe it is customary to write H in units of meters (and to include 
g �  9.81  m/s2 in the equation), V

.
 in units of m3/s, and rotation rate n

.
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FIGURE 14–70
When a small-scale model is tested 
to predict the performance of a full-
scale prototype pump, the measured 

efficiency of the model is typically 
somewhat lower than that of the 
prototype. Empirical correction 

equations such as Eq. 14–34 have 
been developed to account for the 
improvement of pump efficiency 

with pump size.
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Even though pump specific speed is a 

dimensionless parameter, it is common 
practice to write it as a dimensional 

quantity using an inconsistent 
set of units.
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圖 14-72 為這三種形式泵比速率之間的轉換提供簡便的轉

換比值，當你成為從業工程師的時候，雖然它並不總是很明

顯，你需要非常小心，要知道你用的是哪一種形式的泵比速

率。技術上而言，泵比速率可應用於任何的操作條件，並且可

能只是 CQ 的另一個函數，但這不是它的基本用途。反而通常只

會定義在操作點之泵的比速率，即泵的最佳效率點 (BEP)，其

結果只是一個表現泵特性的數字。

泵比速率是用來描繪泵在其最佳條件 (最佳效率點) 下操作

特性之物理量，並且對初步選取泵是非常有用的。

如圖 14-73 所繪，離心式泵對 NSp 接近 1 時具最佳操作的情況，

而混流式與軸流式泵的最佳操作範圍則分別於 NSp 接近 2 和 5 

的數值。結果是如果 NSp 比 1.5小，則最佳的選擇為離心式泵；

如果 NSp 介於 1.5 和 3.5 之間，則較佳的選擇為混流式泵；當 

NSp 大於 3.5 時，應使用軸流式泵。圖 14-73 中以 NSp、NSp, US 

和 NSp, Eur 表示這些範圍，葉片型式亦顯示於圖中以供參考。 829
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We convert to normalized pump specific speed using the conversion factor 
given in Fig. 14–72,

 NSp 5 NSp, USa
NSp

NSp, US

b 5 1960(3.658 3 1024) 5 0.717 (2)

Using either Eq. 1 or 2, Fig. 14–73 shows that a centrifugal flow pump is the 
most suitable choice.
Discussion  Notice that the properties of the fluid never entered our calcula-
tions. The fact that we are pumping gasoline rather than some other liquid 
like water is irrelevant. However, the brake horsepower required to run the 
pump does depend on the fluid density.

Affinity Laws
We have developed dimensionless groups that are useful for relating any 
two pumps that are both geometrically similar and dynamically similar. It is 
convenient to summarize the similarity relationships as ratios. Some authors 
call these relationships similarity rules, while others call them affinity 
laws. For any two homologous states A and B,

  
V
#
B

V
#
A

5
vB

vA
aDB

DA

b
3

 (14–38a)

Affinity laws:  
HB

HA

5 avB

vA
b

2

aDB

DA

b
2

 (14–38b)

 
 
bhpB

bhpA

5
rB

rA
avB

vA
b

3

aDB

DA

b
5

 (14–38c)

Equations 14–38 apply to both pumps and turbines. States A and B can 
be any two homologous states between any two geometrically similar tur-
bomachines, or even between two homologous states of the same machine. 
Examples include changing rotational speed or pumping a different fluid 
with the same pump. For the simple case of a given pump in which � is 
varied, but the same fluid is pumped, DA � DB, and �A � �B. In such a 
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FIGURE 14–73
Maximum efficiency as a function of 

pump specific speed for the three main 
types of dynamic pump. The hori-

zontal scales show nondimensional 
pump specific speed (NSp), pump 

specific speed in customary U.S. units 
(NSp, US), and pump specific speed in 
customary European units (NSp, Eur).
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離心式 混流式 軸流式

圖 14-73　對三種主要動力泵型式
以泵之比速率為函數的最大效率。

水平的比例尺表示無因次的泵比速

率 (NSp)，以美國常用單位之泵比速
率 (NSp, US)，與以歐洲常用單位之
泵比速率 (NSp, Eur)。

圖 14-72　傳統美國與歐洲無因次泵
比速率定義之間的轉換。其數值具

有 4 位 有 效 數 字 。對 NSp , US 的 轉
換，則假設標準之重力加速度。
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units of rotations per second (Hz) instead of � (rad/s) or n
.
 (rpm). Using 

Eq. 14–35 we define

Pump specific speed, customary European units:

 NSp, Eur 5
(n
#
, Hz)(V

#
, m3/s)1/2

(gH, m2/s2)3/4  (14–37)

 The conversions between these three forms of pump specific speed are pro-
vided as ratios for your convenience in Fig. 14–72. When you become a prac-
ticing engineer, you will need to be very careful that you know which form of 
pump specific speed is being used, although it may not always be obvious.
 Technically, pump specific speed could be applied at any operating condi-
tion and would just be another function of CQ. That is not how it is typically 
used, however. Instead, it is common to define pump specific speed at only 
one operating point, namely, the best efficiency point (BEP) of the pump. 
The result is a single number that characterizes the pump.

Pump specific speed is used to characterize the operation of a pump at its 
optimum conditions (best efficiency point) and is useful for preliminary pump 
selection and/or design.

As plotted in Fig. 14–73, centrifugal pumps perform optimally for NSp near 1, 
while mixed-flow and axial pumps perform best at NSp near 2 and 5, respec-
tively. It turns out that if NSp is less than about 1.5, a centrifugal pump is the 
best choice. If NSp is between about 1.5 and 3.5, a mixed-flow pump is a bet-
ter choice. When NSp is greater than about 3.5, an axial pump should be used. 
These ranges are indicated in Fig. 14–73 in terms of NSp, NSp, US, and NSp, Eur. 
Sketches of the blade types are also provided on the plot for reference.

EXAMPLE 14–9     Using Pump Specific Speed 
for Preliminary Pump Design

A pump is being designed to deliver 320 gpm of gasoline at room tem-
perature. The required net head is 23.5 ft (of gasoline). It has already been 
determined that the pump shaft is to rotate at 1170 rpm. Calculate the 
pump specific speed in both nondimensional form and customary U.S. form. 
Based on your result, decide which kind of dynamic pump would be most 
suitable for this application.

SOLUTION  We are to calculate pump specific speed and then determine 
whether a centrifugal, mixed-flow, or axial pump would be the best choice 
for this particular application.
Assumptions  1 The pump operates near its best efficiency point. 2 The 
maximum efficiency versus pump specific speed curve follows Fig. 14–73 
reasonably well.
Analysis   First, we calculate pump specific speed in customary U.S. units,

 NSp, US 5
(1170 rpm)(320 gpm)1/2

(23.5 ft)3/4 5 1960 (1)

NSp

NSp, US

NSp, US = 2734
NSp

NSp
= 2�

NSp, Eur

NSp, Eur =
NSp

1

2�

NSp, Eur = 5.822 � 10–5

NSp, US

NSp,US = 17,180
NSp, Eur

= 3.658 � 10–4

FIGURE 14–72
Conversions between the 
dimensionless, conventional U.S., and 
conventional European definitions 
of pump specific speed. Numerical 
values are given to four significant 
digits. The conversions for NSp, US 
assume standard earth gravity.
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轉換比

 例題 14-9　　使用泵比速率對泵進行初步的設計

欲設計在室溫下每分鐘輸送 320 加侖 (320 gpm) 汽油的泵，所需之淨水頭為 23.5 ft (汽油柱高)。已

經確定泵的軸轉速為 1170 rpm，試計算無因次形式與美國常用形式的泵比速率。基於計算結果，試

決定使用何種型式的動力泵對此應用是最適合的。

解答：欲計算泵比速率，然後對這個特別的應用決定使用離心式、混流式或軸流式泵何者為最佳選

擇。

假設：1. 泵在接近其最佳效率點操作。2. 最大效率與泵比速率曲線遵循圖 14-73 所示之結果。

分析：首先，我們計算以美國常用單位的泵比速率
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相似定律

對任何兩個幾何相似與動力相似的泵，我們已經推導出關聯此兩泵非常有用的

無因次參數群，將這些相似的公式以比值表示較為方便。一些人稱這些公式為相似

定理 (similarity rules)，而其它人則稱為相似定律 (affinity laws)。對任意兩個同型的

狀態 A 和 B，

 

829
CHAPTER 14

We convert to normalized pump specific speed using the conversion factor 
given in Fig. 14–72,

 NSp 5 NSp, USa
NSp

NSp, US

b 5 1960(3.658 3 1024) 5 0.717 (2)

Using either Eq. 1 or 2, Fig. 14–73 shows that a centrifugal flow pump is the 
most suitable choice.
Discussion  Notice that the properties of the fluid never entered our calcula-
tions. The fact that we are pumping gasoline rather than some other liquid 
like water is irrelevant. However, the brake horsepower required to run the 
pump does depend on the fluid density.

Affinity Laws
We have developed dimensionless groups that are useful for relating any 
two pumps that are both geometrically similar and dynamically similar. It is 
convenient to summarize the similarity relationships as ratios. Some authors 
call these relationships similarity rules, while others call them affinity 
laws. For any two homologous states A and B,
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Equations 14–38 apply to both pumps and turbines. States A and B can 
be any two homologous states between any two geometrically similar tur-
bomachines, or even between two homologous states of the same machine. 
Examples include changing rotational speed or pumping a different fluid 
with the same pump. For the simple case of a given pump in which � is 
varied, but the same fluid is pumped, DA � DB, and �A � �B. In such a 
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pump specific speed for the three main 
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specific speed in customary U.S. units 
(NSp, US), and pump specific speed in 
customary European units (NSp, Eur).
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 (14-38a)

相似定律： 
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We convert to normalized pump specific speed using the conversion factor 
given in Fig. 14–72,

 NSp 5 NSp, USa
NSp

NSp, US

b 5 1960(3.658 3 1024) 5 0.717 (2)

Using either Eq. 1 or 2, Fig. 14–73 shows that a centrifugal flow pump is the 
most suitable choice.
Discussion  Notice that the properties of the fluid never entered our calcula-
tions. The fact that we are pumping gasoline rather than some other liquid 
like water is irrelevant. However, the brake horsepower required to run the 
pump does depend on the fluid density.

Affinity Laws
We have developed dimensionless groups that are useful for relating any 
two pumps that are both geometrically similar and dynamically similar. It is 
convenient to summarize the similarity relationships as ratios. Some authors 
call these relationships similarity rules, while others call them affinity 
laws. For any two homologous states A and B,
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Equations 14–38 apply to both pumps and turbines. States A and B can 
be any two homologous states between any two geometrically similar tur-
bomachines, or even between two homologous states of the same machine. 
Examples include changing rotational speed or pumping a different fluid 
with the same pump. For the simple case of a given pump in which � is 
varied, but the same fluid is pumped, DA � DB, and �A � �B. In such a 
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 (14-38b)
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We convert to normalized pump specific speed using the conversion factor 
given in Fig. 14–72,

 NSp 5 NSp, USa
NSp

NSp, US

b 5 1960(3.658 3 1024) 5 0.717 (2)

Using either Eq. 1 or 2, Fig. 14–73 shows that a centrifugal flow pump is the 
most suitable choice.
Discussion  Notice that the properties of the fluid never entered our calcula-
tions. The fact that we are pumping gasoline rather than some other liquid 
like water is irrelevant. However, the brake horsepower required to run the 
pump does depend on the fluid density.

Affinity Laws
We have developed dimensionless groups that are useful for relating any 
two pumps that are both geometrically similar and dynamically similar. It is 
convenient to summarize the similarity relationships as ratios. Some authors 
call these relationships similarity rules, while others call them affinity 
laws. For any two homologous states A and B,
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Equations 14–38 apply to both pumps and turbines. States A and B can 
be any two homologous states between any two geometrically similar tur-
bomachines, or even between two homologous states of the same machine. 
Examples include changing rotational speed or pumping a different fluid 
with the same pump. For the simple case of a given pump in which � is 
varied, but the same fluid is pumped, DA � DB, and �A � �B. In such a 
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 (14-38c)

式 (14-38) 可同時應用於泵與輪機，狀態 A 和 B 可以是任意兩

個同型之間的狀態，此兩個同型之間的狀態可為任意兩個幾何

類似的旋轉機械之間，或者甚至相同機械的兩個同型狀態之

間。範例包括相同的泵改變旋轉速率或對不同的流體加壓。對

已知改變旋轉速度 v 的泵，但是加壓流體相同的簡單實例中，

DA =DB，且 rA =rB，在這樣的情況裡，式 (14-38) 化簡成如圖 

14-74 所示的型式，利用一個“記憶術”來幫助我們記憶式中 v 

的指數，如圖所示。也要注意只要有兩個旋轉速度的比值，我

們就可以用 rpm 單位的值 ( ⋅n ) 來取代，因為對分子和分母有相

同的轉換數字。

泵的相似定律可視為一個相當有用的設計工具，特別是已

知現有泵的性能曲線，且泵具有好的效率又為可靠時。當泵製
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units of rotations per second (Hz) instead of � (rad/s) or n
.
 (rpm). Using 

Eq. 14–35 we define

Pump specific speed, customary European units:

 NSp, Eur 5
(n
#
, Hz)(V

#
, m3/s)1/2

(gH, m2/s2)3/4  (14–37)

 The conversions between these three forms of pump specific speed are pro-
vided as ratios for your convenience in Fig. 14–72. When you become a prac-
ticing engineer, you will need to be very careful that you know which form of 
pump specific speed is being used, although it may not always be obvious.
 Technically, pump specific speed could be applied at any operating condi-
tion and would just be another function of CQ. That is not how it is typically 
used, however. Instead, it is common to define pump specific speed at only 
one operating point, namely, the best efficiency point (BEP) of the pump. 
The result is a single number that characterizes the pump.

Pump specific speed is used to characterize the operation of a pump at its 
optimum conditions (best efficiency point) and is useful for preliminary pump 
selection and/or design.

As plotted in Fig. 14–73, centrifugal pumps perform optimally for NSp near 1, 
while mixed-flow and axial pumps perform best at NSp near 2 and 5, respec-
tively. It turns out that if NSp is less than about 1.5, a centrifugal pump is the 
best choice. If NSp is between about 1.5 and 3.5, a mixed-flow pump is a bet-
ter choice. When NSp is greater than about 3.5, an axial pump should be used. 
These ranges are indicated in Fig. 14–73 in terms of NSp, NSp, US, and NSp, Eur. 
Sketches of the blade types are also provided on the plot for reference.

EXAMPLE 14–9     Using Pump Specific Speed 
for Preliminary Pump Design

A pump is being designed to deliver 320 gpm of gasoline at room tem-
perature. The required net head is 23.5 ft (of gasoline). It has already been 
determined that the pump shaft is to rotate at 1170 rpm. Calculate the 
pump specific speed in both nondimensional form and customary U.S. form. 
Based on your result, decide which kind of dynamic pump would be most 
suitable for this application.

SOLUTION  We are to calculate pump specific speed and then determine 
whether a centrifugal, mixed-flow, or axial pump would be the best choice 
for this particular application.
Assumptions  1 The pump operates near its best efficiency point. 2 The 
maximum efficiency versus pump specific speed curve follows Fig. 14–73 
reasonably well.
Analysis   First, we calculate pump specific speed in customary U.S. units,

 NSp, US 5
(1170 rpm)(320 gpm)1/2

(23.5 ft)3/4 5 1960 (1)

NSp

NSp, US

NSp, US = 2734
NSp

NSp
= 2�

NSp, Eur

NSp, Eur =
NSp

1

2�

NSp, Eur = 5.822 � 10–5

NSp, US

NSp,US = 17,180
NSp, Eur

= 3.658 � 10–4

FIGURE 14–72
Conversions between the 
dimensionless, conventional U.S., and 
conventional European definitions 
of pump specific speed. Numerical 
values are given to four significant 
digits. The conversions for NSp, US 
assume standard earth gravity.
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 (1)

我們利用圖 14-72 中所給的轉換比值，將其轉換至一般的泵比速率，
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We convert to normalized pump specific speed using the conversion factor 
given in Fig. 14–72,

 NSp 5 NSp, USa
NSp

NSp, US

b 5 1960(3.658 3 1024) 5 0.717 (2)

Using either Eq. 1 or 2, Fig. 14–73 shows that a centrifugal flow pump is the 
most suitable choice.
Discussion  Notice that the properties of the fluid never entered our calcula-
tions. The fact that we are pumping gasoline rather than some other liquid 
like water is irrelevant. However, the brake horsepower required to run the 
pump does depend on the fluid density.

Affinity Laws
We have developed dimensionless groups that are useful for relating any 
two pumps that are both geometrically similar and dynamically similar. It is 
convenient to summarize the similarity relationships as ratios. Some authors 
call these relationships similarity rules, while others call them affinity 
laws. For any two homologous states A and B,
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Equations 14–38 apply to both pumps and turbines. States A and B can 
be any two homologous states between any two geometrically similar tur-
bomachines, or even between two homologous states of the same machine. 
Examples include changing rotational speed or pumping a different fluid 
with the same pump. For the simple case of a given pump in which � is 
varied, but the same fluid is pumped, DA � DB, and �A � �B. In such a 
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 (2)

再利用式 (1) 或 (2)，則圖 14-73 可證明離心式泵為最適合的選擇。

討論：注意流體的性質從未在計算中出現，實際上加壓流體為汽油或其它像水的流體與本題無關，

但是所需運轉泵的制動馬力則與流體之密度相關。

圖 14-74　當單一的泵只有旋轉速
率 v 或軸轉速 ⋅n 變化應用相似定律
時，式 (14-38) 會化簡成以上所示之
關係式，這關係式中 v (或 ⋅n) 的指
數可用個記憶術幫助記憶：“非常

困難的問題，像 1、2、3 一樣簡單 
(Very Hard Problems areas easy as 1, 2, 
3.)。”
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case, Eqs. 14–38 reduce to the forms shown in Fig. 14–74. A mnemonic has 
been developed to help us remember the exponent on �, as indicated in the 
figure. Note also that anywhere there is a ratio of two rotational speeds (�), 
we may substitute the appropriate values of rpm (n.) instead, since the con-
version is the same in both the numerator and the denominator.
 The pump affinity laws are quite useful as a design tool. In particular, 
suppose the performance curves of an existing pump are known, and the 
pump operates with reasonable efficiency and reliability. The pump manu-
facturer decides to design a new, larger pump for other applications, e.g., 
to pump a much heavier fluid or to deliver a substantially greater net head. 
Rather than starting from scratch, engineers often simply scale up an exist-
ing design. The pump affinity laws enable such scaling to be accomplished 
with a minimal amount of effort.

EXAMPLE 14–10    The Effects of Doubling Pump Speed

Professor Seymour Fluids uses a small closed-loop water tunnel to perform 
flow visualization research. He would like to double the water speed in the 
test section of the tunnel and realizes that the least expensive way to do this 
is to double the rotational speed of the flow pump. What he doesn’t realize 
is how much more powerful the new electric motor will need to be! If Pro-
fessor Fluids doubles the flow speed, by approximately what factor will the 
motor power need to be increased?

SOLUTION  For a doubling of �, we are to calculate by what factor the 
power to the pump motor must increase.
Assumptions  1 The water remains at the same temperature. 2 After dou-
bling pump speed, the pump runs at conditions homologous to the original 
conditions.
Analysis  Since neither diameter nor density has changed, Eq. 14–38c 
reduces to

 Ratio of required shaft power: 
bhpB

bhpA

5 avB

vA
b

3

 (1)

Setting �B � 2�A in Eq. 1 gives bhpB � 8bhpA. Thus the power to the pump motor 
must be increased by a factor of 8. A similar analysis using Eq. 14–38b shows 
that the pump’s net head increases by a factor of 4. As seen in Fig. 14–75, 
both net head and power increase rapidly as pump speed is increased.
Discussion  The result is only approximate since we have not included any 
analysis of the piping system. While doubling the flow speed through the 
pump increases available head by a factor of 4, doubling the flow speed 
through the water tunnel does not necessarily increase the required head of 
the system by the same factor of 4 (e.g., the friction factor decreases with 
the Reynolds number except at very high values of Re). In other words, our 
assumption 2 is not necessarily correct. The system will, of course, adjust 
to an operating point at which required and available heads match, but this 
point will not necessarily be homologous with the original operating point. 
Nevertheless, the approximation is useful as a first-order result. Professor 
Fluids may also need to be concerned with the possibility of cavitation at the 
higher speed.
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FIGURE 14–74
When the affinity laws are applied 
to a single pump in which the only 
thing that is varied is shaft rotational 
speed �, or shaft rpm, n

.
, Eqs. 14–38 

reduce to those shown above, for 
which a mnemonic can be used to 
help us remember the exponent on � 
(or on n

.
):

Very Hard Problems are as easy as 
1, 2, 3.
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H：水頭

P：功率

V：體積流率
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造商決定對其它應用，例如對密度較大的流體加壓或輸送更大的淨水頭，來設計一

個新的大型的泵之時，他們不是從頭開始，工程師常常只是將現有的設計按比例放

大。泵的相似定律使得這種按比例放大的設計可以花費較少的力氣來完成。

 例題 14-10　　泵速率加倍的效應

某教授使用小型閉迴路水道來進行流場可視化的研究，他要在水

洞測試段處將水的流速加倍，並了解最不花成本的方式為將泵的

旋轉速度加倍，但是他不知道新的電動馬達要消耗多少電能。試

問該教授將流速加倍時，馬達所需功率約需增加多少倍？

解答：將 v 加倍時，計算加壓馬達所需功率必須增加多少倍。

假設：1. 水溫保持固定。2. 加壓速度加倍後，泵所運轉的情況與

其原始情況為同型。

分析：由於直徑與流體密度皆未改變，所以式 (14-38c) 化簡為

所需軸功之比值： 
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case, Eqs. 14–38 reduce to the forms shown in Fig. 14–74. A mnemonic has 
been developed to help us remember the exponent on �, as indicated in the 
figure. Note also that anywhere there is a ratio of two rotational speeds (�), 
we may substitute the appropriate values of rpm (n.) instead, since the con-
version is the same in both the numerator and the denominator.
 The pump affinity laws are quite useful as a design tool. In particular, 
suppose the performance curves of an existing pump are known, and the 
pump operates with reasonable efficiency and reliability. The pump manu-
facturer decides to design a new, larger pump for other applications, e.g., 
to pump a much heavier fluid or to deliver a substantially greater net head. 
Rather than starting from scratch, engineers often simply scale up an exist-
ing design. The pump affinity laws enable such scaling to be accomplished 
with a minimal amount of effort.

EXAMPLE 14–10    The Effects of Doubling Pump Speed

Professor Seymour Fluids uses a small closed-loop water tunnel to perform 
flow visualization research. He would like to double the water speed in the 
test section of the tunnel and realizes that the least expensive way to do this 
is to double the rotational speed of the flow pump. What he doesn’t realize 
is how much more powerful the new electric motor will need to be! If Pro-
fessor Fluids doubles the flow speed, by approximately what factor will the 
motor power need to be increased?

SOLUTION  For a doubling of �, we are to calculate by what factor the 
power to the pump motor must increase.
Assumptions  1 The water remains at the same temperature. 2 After dou-
bling pump speed, the pump runs at conditions homologous to the original 
conditions.
Analysis  Since neither diameter nor density has changed, Eq. 14–38c 
reduces to

 Ratio of required shaft power: 
bhpB

bhpA

5 avB

vA
b

3

 (1)

Setting �B � 2�A in Eq. 1 gives bhpB � 8bhpA. Thus the power to the pump motor 
must be increased by a factor of 8. A similar analysis using Eq. 14–38b shows 
that the pump’s net head increases by a factor of 4. As seen in Fig. 14–75, 
both net head and power increase rapidly as pump speed is increased.
Discussion  The result is only approximate since we have not included any 
analysis of the piping system. While doubling the flow speed through the 
pump increases available head by a factor of 4, doubling the flow speed 
through the water tunnel does not necessarily increase the required head of 
the system by the same factor of 4 (e.g., the friction factor decreases with 
the Reynolds number except at very high values of Re). In other words, our 
assumption 2 is not necessarily correct. The system will, of course, adjust 
to an operating point at which required and available heads match, but this 
point will not necessarily be homologous with the original operating point. 
Nevertheless, the approximation is useful as a first-order result. Professor 
Fluids may also need to be concerned with the possibility of cavitation at the 
higher speed.
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 (1)

設式 (1) 中的vB =2vA，得出 bhpB =8bhpA，所以供給泵馬達的功

率必須增加八倍，使用式 (14-38b) 類似的分析證明泵的淨水頭增

加四倍。如圖 14-75 所看，當泵之速率增加時，淨水頭與所需功率增加速率更快。

討論：因為我們未將管路系統列於分析中，所以這只是近似的結果。當流體經過泵速度加倍時，可

用水頭增加四倍，但將通過水洞的流速加倍時，系統所需的水頭不必然增加四倍，例如摩擦係數隨

雷諾數增加而降低，除非雷諾數很高。也就是說假設 2 不一定對，當然這個系統會調整到所需與可

用水頭配合的操作點處，但是這個操作點不一定與原始的操作點一致。雖然如此，這個近似方法仍

適用於一階的結果。該教授可能也需要注意在較高速度時空蝕產生的可能性。

圖 14-75　當泵速率增加，淨水頭會
急速地增加， 而制動馬力增加會更
急速。
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case, Eqs. 14–38 reduce to the forms shown in Fig. 14–74. A mnemonic has 
been developed to help us remember the exponent on �, as indicated in the 
figure. Note also that anywhere there is a ratio of two rotational speeds (�), 
we may substitute the appropriate values of rpm (n.) instead, since the con-
version is the same in both the numerator and the denominator.
 The pump affinity laws are quite useful as a design tool. In particular, 
suppose the performance curves of an existing pump are known, and the 
pump operates with reasonable efficiency and reliability. The pump manu-
facturer decides to design a new, larger pump for other applications, e.g., 
to pump a much heavier fluid or to deliver a substantially greater net head. 
Rather than starting from scratch, engineers often simply scale up an exist-
ing design. The pump affinity laws enable such scaling to be accomplished 
with a minimal amount of effort.

EXAMPLE 14–10    The Effects of Doubling Pump Speed

Professor Seymour Fluids uses a small closed-loop water tunnel to perform 
flow visualization research. He would like to double the water speed in the 
test section of the tunnel and realizes that the least expensive way to do this 
is to double the rotational speed of the flow pump. What he doesn’t realize 
is how much more powerful the new electric motor will need to be! If Pro-
fessor Fluids doubles the flow speed, by approximately what factor will the 
motor power need to be increased?

SOLUTION  For a doubling of �, we are to calculate by what factor the 
power to the pump motor must increase.
Assumptions  1 The water remains at the same temperature. 2 After dou-
bling pump speed, the pump runs at conditions homologous to the original 
conditions.
Analysis  Since neither diameter nor density has changed, Eq. 14–38c 
reduces to

 Ratio of required shaft power: 
bhpB

bhpA

5 avB

vA
b

3

 (1)

Setting �B � 2�A in Eq. 1 gives bhpB � 8bhpA. Thus the power to the pump motor 
must be increased by a factor of 8. A similar analysis using Eq. 14–38b shows 
that the pump’s net head increases by a factor of 4. As seen in Fig. 14–75, 
both net head and power increase rapidly as pump speed is increased.
Discussion  The result is only approximate since we have not included any 
analysis of the piping system. While doubling the flow speed through the 
pump increases available head by a factor of 4, doubling the flow speed 
through the water tunnel does not necessarily increase the required head of 
the system by the same factor of 4 (e.g., the friction factor decreases with 
the Reynolds number except at very high values of Re). In other words, our 
assumption 2 is not necessarily correct. The system will, of course, adjust 
to an operating point at which required and available heads match, but this 
point will not necessarily be homologous with the original operating point. 
Nevertheless, the approximation is useful as a first-order result. Professor 
Fluids may also need to be concerned with the possibility of cavitation at the 
higher speed.
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FIGURE 14–75
When the speed of a pump is 
increased, net head increases rapidly; 
brake horsepower increases even 
more rapidly.

787-878_cengel_ch14.indd   830 7/3/13   3:44 PM

 例題 14-11　　新型幾何類似泵的設計

你畢業之後進入一家泵製造商工作，公司最佳的銷售產

品為水泵，稱為泵 A。其動輪直徑 DA =6.0 cm，當該泵

以 ⋅nA =1725 rpm (vA =180.6 rad/s) 運轉時，其操作數據

如表 14-2 所示。市場調查部門建議公司設計一個新型的

泵，即一個大型的泵 (我們稱之為泵 B)，用來對室溫下

的液體冷媒 R-134a 加壓，其設計條件為使其最佳效率點

儘量接近體積流率 ⋅V B =2400 cm3/s，淨水頭 HB =450 cm 

(R-134a 之高度)。總工程師 (你的上司) 告訴你利用泵的

比例定律進行一些初步的分析，來決定可否進行幾何比

例放大泵的設計與製造，以符合所給的條件。(a) 以因次

與無因次型式繪出泵 A 的性能曲線，並確認其最佳效率

⋅
V，cm3/s H，cm hpump，%

100
200
300
400
500
600
700

180
185
175
170
150
  95
  54

32
54
70
79
81
66
38

* 淨水頭以 cm 水柱高表示。

表 14-2　一個水泵在 1725 rpm 及室溫
條件下操作時的製造商性能數據 (例題 
14-11)*
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點；(b) 試計算所需泵的直徑 DB 、轉速  ⋅nB 與新產品所需的制動

馬力 bhpB。

解答：(a) 對已知操作數據之水泵，繪製其因次與無因次型式之性

能曲線，並確認其 BEP。(b) 設計一個新型的幾何類似泵，在已知

的設計條件下在其 BEP 對冷媒 R-134a 加壓。

假設：1. 製造的新型泵與現有的泵為幾何相似。2. 兩種液體 (水和 

R-134a) 皆為不可壓縮。3. 兩個泵都在穩定情況下運轉。

性質：室溫 (20°C) 時，水的密度為 rwater =998.0 kg/m3，R-134a 

的密度為 rR-134a =1226 kg/m3。

分析：(a) 首先，對表 14-2 的數據應用二階最小平方多項式進

行趨勢分析，以獲得平滑的泵性能曲線，這些數據繪於圖 14-

76 中，並將由式 (14-5) 所計算之制動馬力曲線繪於其中。在 
⋅VA =500 cm3/s 大約為最佳效率點時，包含單位換算之計算例顯示

於式 (1) 之中：

 

831
CHAPTER 14

EXAMPLE 14–11 Design of a New Geometrically Similar Pump

After graduation, you work for a pump manufacturing company. One of your 
company’s best-selling products is a water pump, which we shall call pump A. 
Its impeller diameter is DA � 6.0 cm, and its performance data when oper-
ating at n

.
A � 1725 rpm (�A � 180.6 rad/s) are shown in Table 14–2. The 

marketing research department is recommending that the company design 
a new product, namely, a larger pump (which we shall call pump B) that 
will be used to pump liquid refrigerant R-134a at room temperature. The 
pump is to be designed such that its best efficiency point occurs as close
as possible to a volume flow rate of V

.
B � 2400 cm3/s and at a net head 

of HB � 450 cm (of R-134a). The chief engineer (your boss) tells you to 
perform some preliminary analyses using pump scaling laws to determine 
if a geometrically scaled-up pump could be designed and built to meet 
the given requirements. (a) Plot the performance curves of pump A in both 
dimensional and dimensionless form, and identify the best efficiency point. 
(b) Calculate the required pump diameter DB, rotational speed n

.
B, and brake 

horsepower bhpB for the new product.

SOLUTION  (a) For a given table of pump performance data for a water pump, 
we are to plot both dimensional and dimensionless performance curves and 
identify the BEP. (b) We are to design a new geometrically similar pump for 
refrigerant R-134a that operates at its BEP at given design conditions.
Assumptions  1 The new pump can be manufactured so as to be geometrically 
similar to the existing pump. 2 Both liquids (water and refrigerant R-134a) are 
incompressible. 3 Both pumps operate under steady conditions.
Properties  At room temperature (20°C), the density of water is �water � 
998.0 kg/m3 and that of refrigerant R-134a is �R-134a � 1226 kg/m3.
Analysis  (a) First, we apply a second-order least-squares polynomial curve 
fit to the data of Table 14–2 to obtain smooth pump performance curves. 
These are plotted in Fig. 14–76, along with a curve for brake horsepower, 
which is obtained from Eq. 14–5. A sample calculation, including unit
conversions, is shown in Eq. 1 for the data at V

.
A � 500 cm3/s, which is 

approximately the best efficiency point:

 bhpA 5
rwatergV

#
AHA

hpump,A

5
(998.0 kg/m3)(9.81 m/s2)(500 cm3/s)(150 cm)

0.81
 a 1 m

100 cm
b

4

a W·s

kg·m/s2b

5 9.07 W (1)

Note that the actual value of bhpA plotted in Fig. 14–76 at V
.
A � 500 cm3/s

differs slightly from that of Eq. 1 due to the fact that the least-squares curve 
fit smoothes out scatter in the original tabulated data.
 Next we use Eqs. 14–30 to convert the dimensional data of Table 14–2 
into nondimensional pump similarity parameters. Sample calculations are 
shown in Eqs. 2 through 4 at the same operating point as before (at the
approximate location of the BEP). At V

.
A � 500 cm3/s the capacity coeffi-

cient is approximately

CQ 5
V
#

vD3 5
500 cm3/s

(180.6 rad/s)(6.0 cm)3 5 0.0128 (2)
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FIGURE 14–76
Data points and smoothed dimensional 

pump performance curves for the 
water pump of Example 14–11.

TABLE 14–2

Manufacturer’s performance data 
for a water pump operating at 
1725 rpm and room temperature 
(Example 14–11)*

 V
.
, cm3/s H, cm �pump, %

 100
200
300
400
500
600
700

 180
185
175
170
150
 95
 54

 32
54
70
79
81
66
38

   
   
   
   
   
   

* Net head is in centimeters of water.
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 (1)

注意在圖 14-76 中，⋅VA =500 cm3/s 時所繪 bhpA 的實際值與式 (1) 所計算的值稍有不同，這是因為應

用二階最小平方多項式進行趨勢分析，將原始表列資料平順的結果。

　　接著利用式 (14-30) 將表 14-2 的因次數據轉換為無因次的泵相似參數，在之前相同的操作點下 

(大約位於 BEP 處)，式 (2) 到 (4) 顯示此計算例，在  ⋅VA =500 cm3/s 時，容量係數約為

 

831
CHAPTER 14

EXAMPLE 14–11 Design of a New Geometrically Similar Pump

After graduation, you work for a pump manufacturing company. One of your 
company’s best-selling products is a water pump, which we shall call pump A. 
Its impeller diameter is DA � 6.0 cm, and its performance data when oper-
ating at n

.
A � 1725 rpm (�A � 180.6 rad/s) are shown in Table 14–2. The 

marketing research department is recommending that the company design 
a new product, namely, a larger pump (which we shall call pump B) that 
will be used to pump liquid refrigerant R-134a at room temperature. The 
pump is to be designed such that its best efficiency point occurs as close
as possible to a volume flow rate of V

.
B � 2400 cm3/s and at a net head 

of HB � 450 cm (of R-134a). The chief engineer (your boss) tells you to 
perform some preliminary analyses using pump scaling laws to determine 
if a geometrically scaled-up pump could be designed and built to meet 
the given requirements. (a) Plot the performance curves of pump A in both 
dimensional and dimensionless form, and identify the best efficiency point. 
(b) Calculate the required pump diameter DB, rotational speed n

.
B, and brake 

horsepower bhpB for the new product.

SOLUTION  (a) For a given table of pump performance data for a water pump, 
we are to plot both dimensional and dimensionless performance curves and 
identify the BEP. (b) We are to design a new geometrically similar pump for 
refrigerant R-134a that operates at its BEP at given design conditions.
Assumptions  1 The new pump can be manufactured so as to be geometrically 
similar to the existing pump. 2 Both liquids (water and refrigerant R-134a) are 
incompressible. 3 Both pumps operate under steady conditions.
Properties  At room temperature (20°C), the density of water is �water � 
998.0 kg/m3 and that of refrigerant R-134a is �R-134a � 1226 kg/m3.
Analysis  (a) First, we apply a second-order least-squares polynomial curve 
fit to the data of Table 14–2 to obtain smooth pump performance curves. 
These are plotted in Fig. 14–76, along with a curve for brake horsepower, 
which is obtained from Eq. 14–5. A sample calculation, including unit
conversions, is shown in Eq. 1 for the data at V

.
A � 500 cm3/s, which is 

approximately the best efficiency point:

 bhpA 5
rwatergV

#
AHA

hpump,A

5
(998.0 kg/m3)(9.81 m/s2)(500 cm3/s)(150 cm)

0.81
 a 1 m

100 cm
b

4

a W·s

kg·m/s2b

5 9.07 W (1)

Note that the actual value of bhpA plotted in Fig. 14–76 at V
.
A � 500 cm3/s

differs slightly from that of Eq. 1 due to the fact that the least-squares curve 
fit smoothes out scatter in the original tabulated data.
 Next we use Eqs. 14–30 to convert the dimensional data of Table 14–2 
into nondimensional pump similarity parameters. Sample calculations are 
shown in Eqs. 2 through 4 at the same operating point as before (at the
approximate location of the BEP). At V

.
A � 500 cm3/s the capacity coeffi-

cient is approximately

CQ 5
V
#

vD3 5
500 cm3/s

(180.6 rad/s)(6.0 cm)3 5 0.0128 (2)
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FIGURE 14–76
Data points and smoothed dimensional 

pump performance curves for the 
water pump of Example 14–11.

TABLE 14–2

Manufacturer’s performance data 
for a water pump operating at 
1725 rpm and room temperature 
(Example 14–11)*

 V
.
, cm3/s H, cm �pump, %

 100
200
300
400
500
600
700

 180
185
175
170
150
 95
 54

 32
54
70
79
81
66
38

   
   
   
   
   
   

* Net head is in centimeters of water.
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 (2)

在此流率之水頭係數約為
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TURBOMACHINERY

The head coefficient at this flow rate is approximately

 
CH 5

gH

v2D2 5
(9.81 m/s2)(1.50 m)

(180.6 rad/s)2(0.060 m)2 5 0.125 (3)

Finally, the power coefficient at V
.
A � 500 cm3/s is approximately

 
CP 5

bhp

rv3D5 5
9.07 W

(998 kg/m3)(180.6 rad/s)3(0.060 m)5 a
kg·m/s2

W·s
b 5 0.00198 (4)

These calculations are repeated (with the aid of a spreadsheet) at values 
of V

.
A between 100 and 700 cm3/s. The curve-fitted data are used so that 

the normalized pump performance curves are smooth; they are plotted 
in Fig. 14–77. Note that �pump is plotted as a fraction rather than as a 
percentage. In addition, in order to fit all three curves on one plot with a 
single ordinate, and with the abscissa centered nearly around unity, we have 
multiplied CQ by 100, CH by 10, and CP by 100. You will find that these 
scaling factors work well for a wide range of pumps, from very small to very 
large. A vertical line at the BEP is also sketched in Fig. 14–77 from the 
smoothed data. The curve-fitted data yield the following nondimensional 
pump performance parameters at the BEP:

 CQ* 5 0.0112  CH* 5 0.133  CP* 5 0.00184  h*pump 5 0.812 (5)

(b) We design the new pump such that its best efficiency point is homolo-
gous with the BEP of the original pump, but with a different fluid, a different 
pump diameter, and a different rotational speed. Using the values identi-
fied in Eq. 5, we use Eqs. 14–30 to obtain the operating conditions of the 
new pump. Namely, since both V

.
B and HB are known (design conditions), we 

solve simultaneously for DB and �B. After some algebra in which we elimi-
nate �B, we calculate the design diameter for pump B,

 
DB 5 a V

#
B
2CH*

(CQ*)2gHB

b
1/4

5 a (0.0024 m3/s)2(0.133)

(0.0112)2(9.81 m/s2)(4.50 m)
b

1/4

5 0.108 m (6)

In other words, pump A needs to be scaled up by a factor of DB/DA �
10.8 cm/6.0 cm � 1.80. With the value of DB known, we return to Eqs. 14–30 
to solve for �B, the design rotational speed for pump B,

 vB5
V
#
B

(CQ*)DB
3 5

0.0024 m3/s

(0.0112)(0.108 m)3 5 168 rad/s  S n
#
B5 1610 rpm (7)

Finally, the required brake horsepower for pump B is calculated from 
Eqs. 14–30,

  bhpB 5 (CP*)rBvB
3 DB

5

  5 (0.00184)(1226 kg/m3)(168 rad/s)3(0.108 m)5a W·s

kg·m2/s
b 5 160 W (8)

 An alternative approach is to use the affinity laws directly, eliminating 
some intermediate steps. We solve Eqs. 14–38a and b for DB by eliminating 
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FIGURE 14–77
Smoothed nondimensional pump 
performance curves for the pumps of 
Example 14–11; BEP is estimated as 
the operating point where �pump is a 
maximum.
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 (3)

最後在  ⋅VA =500 cm3/s 時之功率係數約為
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The head coefficient at this flow rate is approximately

 
CH 5

gH

v2D2 5
(9.81 m/s2)(1.50 m)

(180.6 rad/s)2(0.060 m)2 5 0.125 (3)

Finally, the power coefficient at V
.
A � 500 cm3/s is approximately

 
CP 5

bhp

rv3D5 5
9.07 W

(998 kg/m3)(180.6 rad/s)3(0.060 m)5 a
kg·m/s2

W·s
b 5 0.00198 (4)

These calculations are repeated (with the aid of a spreadsheet) at values 
of V

.
A between 100 and 700 cm3/s. The curve-fitted data are used so that 

the normalized pump performance curves are smooth; they are plotted 
in Fig. 14–77. Note that �pump is plotted as a fraction rather than as a 
percentage. In addition, in order to fit all three curves on one plot with a 
single ordinate, and with the abscissa centered nearly around unity, we have 
multiplied CQ by 100, CH by 10, and CP by 100. You will find that these 
scaling factors work well for a wide range of pumps, from very small to very 
large. A vertical line at the BEP is also sketched in Fig. 14–77 from the 
smoothed data. The curve-fitted data yield the following nondimensional 
pump performance parameters at the BEP:

 CQ* 5 0.0112  CH* 5 0.133  CP* 5 0.00184  h*pump 5 0.812 (5)

(b) We design the new pump such that its best efficiency point is homolo-
gous with the BEP of the original pump, but with a different fluid, a different 
pump diameter, and a different rotational speed. Using the values identi-
fied in Eq. 5, we use Eqs. 14–30 to obtain the operating conditions of the 
new pump. Namely, since both V

.
B and HB are known (design conditions), we 

solve simultaneously for DB and �B. After some algebra in which we elimi-
nate �B, we calculate the design diameter for pump B,

 
DB 5 a V

#
B
2CH*

(CQ*)2gHB

b
1/4

5 a (0.0024 m3/s)2(0.133)

(0.0112)2(9.81 m/s2)(4.50 m)
b

1/4

5 0.108 m (6)

In other words, pump A needs to be scaled up by a factor of DB/DA �
10.8 cm/6.0 cm � 1.80. With the value of DB known, we return to Eqs. 14–30 
to solve for �B, the design rotational speed for pump B,

 vB5
V
#
B

(CQ*)DB
3 5

0.0024 m3/s

(0.0112)(0.108 m)3 5 168 rad/s  S n
#
B5 1610 rpm (7)

Finally, the required brake horsepower for pump B is calculated from 
Eqs. 14–30,

  bhpB 5 (CP*)rBvB
3 DB

5

  5 (0.00184)(1226 kg/m3)(168 rad/s)3(0.108 m)5a W·s

kg·m2/s
b 5 160 W (8)

 An alternative approach is to use the affinity laws directly, eliminating 
some intermediate steps. We solve Eqs. 14–38a and b for DB by eliminating 
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The head coefficient at this flow rate is approximately

 
CH 5

gH

v2D2 5
(9.81 m/s2)(1.50 m)

(180.6 rad/s)2(0.060 m)2 5 0.125 (3)

Finally, the power coefficient at V
.
A � 500 cm3/s is approximately

 
CP 5

bhp

rv3D5 5
9.07 W

(998 kg/m3)(180.6 rad/s)3(0.060 m)5 a
kg·m/s2

W·s
b 5 0.00198 (4)

These calculations are repeated (with the aid of a spreadsheet) at values 
of V

.
A between 100 and 700 cm3/s. The curve-fitted data are used so that 

the normalized pump performance curves are smooth; they are plotted 
in Fig. 14–77. Note that �pump is plotted as a fraction rather than as a 
percentage. In addition, in order to fit all three curves on one plot with a 
single ordinate, and with the abscissa centered nearly around unity, we have 
multiplied CQ by 100, CH by 10, and CP by 100. You will find that these 
scaling factors work well for a wide range of pumps, from very small to very 
large. A vertical line at the BEP is also sketched in Fig. 14–77 from the 
smoothed data. The curve-fitted data yield the following nondimensional 
pump performance parameters at the BEP:

 CQ* 5 0.0112  CH* 5 0.133  CP* 5 0.00184  h*pump 5 0.812 (5)

(b) We design the new pump such that its best efficiency point is homolo-
gous with the BEP of the original pump, but with a different fluid, a different 
pump diameter, and a different rotational speed. Using the values identi-
fied in Eq. 5, we use Eqs. 14–30 to obtain the operating conditions of the 
new pump. Namely, since both V

.
B and HB are known (design conditions), we 

solve simultaneously for DB and �B. After some algebra in which we elimi-
nate �B, we calculate the design diameter for pump B,
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B
2CH*

(CQ*)2gHB

b
1/4

5 a (0.0024 m3/s)2(0.133)

(0.0112)2(9.81 m/s2)(4.50 m)
b

1/4

5 0.108 m (6)

In other words, pump A needs to be scaled up by a factor of DB/DA �
10.8 cm/6.0 cm � 1.80. With the value of DB known, we return to Eqs. 14–30 
to solve for �B, the design rotational speed for pump B,

 vB5
V
#
B

(CQ*)DB
3 5

0.0024 m3/s

(0.0112)(0.108 m)3 5 168 rad/s  S n
#
B5 1610 rpm (7)

Finally, the required brake horsepower for pump B is calculated from 
Eqs. 14–30,

  bhpB 5 (CP*)rBvB
3 DB

5

  5 (0.00184)(1226 kg/m3)(168 rad/s)3(0.108 m)5a W·s

kg·m2/s
b 5 160 W (8)

 An alternative approach is to use the affinity laws directly, eliminating 
some intermediate steps. We solve Eqs. 14–38a and b for DB by eliminating 
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 (4)

在 ⋅VA 為 100 至 700 cm3/s 之間進行重複計算，利用數據之趨勢分析可使泵的性能曲線較為平滑，並

繪製於圖 14-77 之中，但要注意 hpump 是以分數而非百分比表示。此外，為了將此三條曲線適用於

圖 14-76　例題 14–11 的水泵的數據
點與平滑後的性能曲線。
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EXAMPLE 14–11 Design of a New Geometrically Similar Pump

After graduation, you work for a pump manufacturing company. One of your 
company’s best-selling products is a water pump, which we shall call pump A. 
Its impeller diameter is DA � 6.0 cm, and its performance data when oper-
ating at n

.
A � 1725 rpm (�A � 180.6 rad/s) are shown in Table 14–2. The 

marketing research department is recommending that the company design 
a new product, namely, a larger pump (which we shall call pump B) that 
will be used to pump liquid refrigerant R-134a at room temperature. The 
pump is to be designed such that its best efficiency point occurs as close
as possible to a volume flow rate of V

.
B � 2400 cm3/s and at a net head 

of HB � 450 cm (of R-134a). The chief engineer (your boss) tells you to 
perform some preliminary analyses using pump scaling laws to determine 
if a geometrically scaled-up pump could be designed and built to meet 
the given requirements. (a) Plot the performance curves of pump A in both 
dimensional and dimensionless form, and identify the best efficiency point. 
(b) Calculate the required pump diameter DB, rotational speed n

.
B, and brake 

horsepower bhpB for the new product.

SOLUTION  (a) For a given table of pump performance data for a water pump, 
we are to plot both dimensional and dimensionless performance curves and 
identify the BEP. (b) We are to design a new geometrically similar pump for 
refrigerant R-134a that operates at its BEP at given design conditions.
Assumptions  1 The new pump can be manufactured so as to be geometrically 
similar to the existing pump. 2 Both liquids (water and refrigerant R-134a) are 
incompressible. 3 Both pumps operate under steady conditions.
Properties  At room temperature (20°C), the density of water is �water � 
998.0 kg/m3 and that of refrigerant R-134a is �R-134a � 1226 kg/m3.
Analysis  (a) First, we apply a second-order least-squares polynomial curve 
fit to the data of Table 14–2 to obtain smooth pump performance curves. 
These are plotted in Fig. 14–76, along with a curve for brake horsepower, 
which is obtained from Eq. 14–5. A sample calculation, including unit
conversions, is shown in Eq. 1 for the data at V

.
A � 500 cm3/s, which is 

approximately the best efficiency point:

 bhpA 5
rwatergV

#
AHA

hpump,A

5
(998.0 kg/m3)(9.81 m/s2)(500 cm3/s)(150 cm)

0.81
 a 1 m

100 cm
b

4

a W·s

kg·m/s2b

5 9.07 W (1)

Note that the actual value of bhpA plotted in Fig. 14–76 at V
.
A � 500 cm3/s

differs slightly from that of Eq. 1 due to the fact that the least-squares curve 
fit smoothes out scatter in the original tabulated data.
 Next we use Eqs. 14–30 to convert the dimensional data of Table 14–2 
into nondimensional pump similarity parameters. Sample calculations are 
shown in Eqs. 2 through 4 at the same operating point as before (at the
approximate location of the BEP). At V

.
A � 500 cm3/s the capacity coeffi-

cient is approximately

CQ 5
V
#

vD3 5
500 cm3/s

(180.6 rad/s)(6.0 cm)3 5 0.0128 (2)
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FIGURE 14–76
Data points and smoothed dimensional 

pump performance curves for the 
water pump of Example 14–11.

TABLE 14–2

Manufacturer’s performance data 
for a water pump operating at 
1725 rpm and room temperature 
(Example 14–11)*

 V
.
, cm3/s H, cm �pump, %

 100
200
300
400
500
600
700

 180
185
175
170
150
 95
 54

 32
54
70
79
81
66
38

   
   
   
   
   
   

* Net head is in centimeters of water.
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一個單一座落軸的圖中，且橫座標中心接近 1，則將 CQ 乘 100、

CH 乘 10 和 CP 乘 100。你會發現這些比例係數對從小型到大型泵

的運用十分有效。在 BEP 處的垂直線亦繪於圖 14-77 之中，趨勢

分析之數據使得以下無因次泵效率參數在 BEP 處的值為

832
TURBOMACHINERY

The head coefficient at this flow rate is approximately

 
CH 5

gH

v2D2 5
(9.81 m/s2)(1.50 m)

(180.6 rad/s)2(0.060 m)2 5 0.125 (3)

Finally, the power coefficient at V
.
A � 500 cm3/s is approximately

 
CP 5

bhp

rv3D5 5
9.07 W

(998 kg/m3)(180.6 rad/s)3(0.060 m)5 a
kg·m/s2

W·s
b 5 0.00198 (4)

These calculations are repeated (with the aid of a spreadsheet) at values 
of V

.
A between 100 and 700 cm3/s. The curve-fitted data are used so that 

the normalized pump performance curves are smooth; they are plotted 
in Fig. 14–77. Note that �pump is plotted as a fraction rather than as a 
percentage. In addition, in order to fit all three curves on one plot with a 
single ordinate, and with the abscissa centered nearly around unity, we have 
multiplied CQ by 100, CH by 10, and CP by 100. You will find that these 
scaling factors work well for a wide range of pumps, from very small to very 
large. A vertical line at the BEP is also sketched in Fig. 14–77 from the 
smoothed data. The curve-fitted data yield the following nondimensional 
pump performance parameters at the BEP:

 CQ* 5 0.0112  CH* 5 0.133  CP* 5 0.00184  h*pump 5 0.812 (5)

(b) We design the new pump such that its best efficiency point is homolo-
gous with the BEP of the original pump, but with a different fluid, a different 
pump diameter, and a different rotational speed. Using the values identi-
fied in Eq. 5, we use Eqs. 14–30 to obtain the operating conditions of the 
new pump. Namely, since both V

.
B and HB are known (design conditions), we 

solve simultaneously for DB and �B. After some algebra in which we elimi-
nate �B, we calculate the design diameter for pump B,

 
DB 5 a V

#
B
2CH*

(CQ*)2gHB

b
1/4

5 a (0.0024 m3/s)2(0.133)

(0.0112)2(9.81 m/s2)(4.50 m)
b

1/4

5 0.108 m (6)

In other words, pump A needs to be scaled up by a factor of DB/DA �
10.8 cm/6.0 cm � 1.80. With the value of DB known, we return to Eqs. 14–30 
to solve for �B, the design rotational speed for pump B,

 vB5
V
#
B

(CQ*)DB
3 5

0.0024 m3/s

(0.0112)(0.108 m)3 5 168 rad/s  S n
#
B5 1610 rpm (7)

Finally, the required brake horsepower for pump B is calculated from 
Eqs. 14–30,

  bhpB 5 (CP*)rBvB
3 DB

5

  5 (0.00184)(1226 kg/m3)(168 rad/s)3(0.108 m)5a W·s

kg·m2/s
b 5 160 W (8)

 An alternative approach is to use the affinity laws directly, eliminating 
some intermediate steps. We solve Eqs. 14–38a and b for DB by eliminating 
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maximum.

787-878_cengel_ch14.indd   832 7/3/13   3:44 PM

 (5)

(b) 欲設計新型的泵使得其最佳效率點與原始泵的 BEP 同型，但

有不同的流體加壓、不同的直徑和不同的旋轉速度。利用式 (5) 

所得之數據，再使用式 (14-30) 以獲得新型泵的操作條件，即已知 

 ⋅VB 與 HB (設計條件)，同時對 DB 與 vB 求解。在一些運算之後，

消除 vB，可計算所設計泵 B 之直徑為
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v2D2 5
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(180.6 rad/s)2(0.060 m)2 5 0.125 (3)

Finally, the power coefficient at V
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A � 500 cm3/s is approximately

 
CP 5
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rv3D5 5
9.07 W

(998 kg/m3)(180.6 rad/s)3(0.060 m)5 a
kg·m/s2

W·s
b 5 0.00198 (4)

These calculations are repeated (with the aid of a spreadsheet) at values 
of V

.
A between 100 and 700 cm3/s. The curve-fitted data are used so that 

the normalized pump performance curves are smooth; they are plotted 
in Fig. 14–77. Note that �pump is plotted as a fraction rather than as a 
percentage. In addition, in order to fit all three curves on one plot with a 
single ordinate, and with the abscissa centered nearly around unity, we have 
multiplied CQ by 100, CH by 10, and CP by 100. You will find that these 
scaling factors work well for a wide range of pumps, from very small to very 
large. A vertical line at the BEP is also sketched in Fig. 14–77 from the 
smoothed data. The curve-fitted data yield the following nondimensional 
pump performance parameters at the BEP:

 CQ* 5 0.0112  CH* 5 0.133  CP* 5 0.00184  h*pump 5 0.812 (5)

(b) We design the new pump such that its best efficiency point is homolo-
gous with the BEP of the original pump, but with a different fluid, a different 
pump diameter, and a different rotational speed. Using the values identi-
fied in Eq. 5, we use Eqs. 14–30 to obtain the operating conditions of the 
new pump. Namely, since both V

.
B and HB are known (design conditions), we 

solve simultaneously for DB and �B. After some algebra in which we elimi-
nate �B, we calculate the design diameter for pump B,

 
DB 5 a V

#
B
2CH*

(CQ*)2gHB

b
1/4

5 a (0.0024 m3/s)2(0.133)

(0.0112)2(9.81 m/s2)(4.50 m)
b

1/4

5 0.108 m (6)

In other words, pump A needs to be scaled up by a factor of DB/DA �
10.8 cm/6.0 cm � 1.80. With the value of DB known, we return to Eqs. 14–30 
to solve for �B, the design rotational speed for pump B,

 vB5
V
#
B

(CQ*)DB
3 5

0.0024 m3/s

(0.0112)(0.108 m)3 5 168 rad/s  S n
#
B5 1610 rpm (7)

Finally, the required brake horsepower for pump B is calculated from 
Eqs. 14–30,

  bhpB 5 (CP*)rBvB
3 DB

5

  5 (0.00184)(1226 kg/m3)(168 rad/s)3(0.108 m)5a W·s

kg·m2/s
b 5 160 W (8)

 An alternative approach is to use the affinity laws directly, eliminating 
some intermediate steps. We solve Eqs. 14–38a and b for DB by eliminating 
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 (6)

也就是泵 A 需要放大至 DB/DA =10.8 cm/6.0 cm=1.80 倍。因為已知 DB，所以回到式 (14-30) 對 vB 

求解，則所設計泵 B 之旋轉速度為
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The head coefficient at this flow rate is approximately
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v2D2 5
(9.81 m/s2)(1.50 m)

(180.6 rad/s)2(0.060 m)2 5 0.125 (3)

Finally, the power coefficient at V
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A � 500 cm3/s is approximately

 
CP 5
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rv3D5 5
9.07 W

(998 kg/m3)(180.6 rad/s)3(0.060 m)5 a
kg·m/s2

W·s
b 5 0.00198 (4)

These calculations are repeated (with the aid of a spreadsheet) at values 
of V

.
A between 100 and 700 cm3/s. The curve-fitted data are used so that 

the normalized pump performance curves are smooth; they are plotted 
in Fig. 14–77. Note that �pump is plotted as a fraction rather than as a 
percentage. In addition, in order to fit all three curves on one plot with a 
single ordinate, and with the abscissa centered nearly around unity, we have 
multiplied CQ by 100, CH by 10, and CP by 100. You will find that these 
scaling factors work well for a wide range of pumps, from very small to very 
large. A vertical line at the BEP is also sketched in Fig. 14–77 from the 
smoothed data. The curve-fitted data yield the following nondimensional 
pump performance parameters at the BEP:

 CQ* 5 0.0112  CH* 5 0.133  CP* 5 0.00184  h*pump 5 0.812 (5)

(b) We design the new pump such that its best efficiency point is homolo-
gous with the BEP of the original pump, but with a different fluid, a different 
pump diameter, and a different rotational speed. Using the values identi-
fied in Eq. 5, we use Eqs. 14–30 to obtain the operating conditions of the 
new pump. Namely, since both V

.
B and HB are known (design conditions), we 

solve simultaneously for DB and �B. After some algebra in which we elimi-
nate �B, we calculate the design diameter for pump B,

 
DB 5 a V

#
B
2CH*

(CQ*)2gHB

b
1/4

5 a (0.0024 m3/s)2(0.133)

(0.0112)2(9.81 m/s2)(4.50 m)
b

1/4

5 0.108 m (6)

In other words, pump A needs to be scaled up by a factor of DB/DA �
10.8 cm/6.0 cm � 1.80. With the value of DB known, we return to Eqs. 14–30 
to solve for �B, the design rotational speed for pump B,

 vB5
V
#
B

(CQ*)DB
3 5

0.0024 m3/s

(0.0112)(0.108 m)3 5 168 rad/s  S n
#
B5 1610 rpm (7)

Finally, the required brake horsepower for pump B is calculated from 
Eqs. 14–30,

  bhpB 5 (CP*)rBvB
3 DB

5

  5 (0.00184)(1226 kg/m3)(168 rad/s)3(0.108 m)5a W·s

kg·m2/s
b 5 160 W (8)

 An alternative approach is to use the affinity laws directly, eliminating 
some intermediate steps. We solve Eqs. 14–38a and b for DB by eliminating 
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 (7)

最後，從式 (14-30) 計算泵 B 之所需制動馬力為
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The head coefficient at this flow rate is approximately
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gH

v2D2 5
(9.81 m/s2)(1.50 m)

(180.6 rad/s)2(0.060 m)2 5 0.125 (3)

Finally, the power coefficient at V
.
A � 500 cm3/s is approximately

 
CP 5

bhp

rv3D5 5
9.07 W

(998 kg/m3)(180.6 rad/s)3(0.060 m)5 a
kg·m/s2

W·s
b 5 0.00198 (4)

These calculations are repeated (with the aid of a spreadsheet) at values 
of V

.
A between 100 and 700 cm3/s. The curve-fitted data are used so that 

the normalized pump performance curves are smooth; they are plotted 
in Fig. 14–77. Note that �pump is plotted as a fraction rather than as a 
percentage. In addition, in order to fit all three curves on one plot with a 
single ordinate, and with the abscissa centered nearly around unity, we have 
multiplied CQ by 100, CH by 10, and CP by 100. You will find that these 
scaling factors work well for a wide range of pumps, from very small to very 
large. A vertical line at the BEP is also sketched in Fig. 14–77 from the 
smoothed data. The curve-fitted data yield the following nondimensional 
pump performance parameters at the BEP:

 CQ* 5 0.0112  CH* 5 0.133  CP* 5 0.00184  h*pump 5 0.812 (5)

(b) We design the new pump such that its best efficiency point is homolo-
gous with the BEP of the original pump, but with a different fluid, a different 
pump diameter, and a different rotational speed. Using the values identi-
fied in Eq. 5, we use Eqs. 14–30 to obtain the operating conditions of the 
new pump. Namely, since both V

.
B and HB are known (design conditions), we 

solve simultaneously for DB and �B. After some algebra in which we elimi-
nate �B, we calculate the design diameter for pump B,

 
DB 5 a V

#
B
2CH*

(CQ*)2gHB

b
1/4

5 a (0.0024 m3/s)2(0.133)

(0.0112)2(9.81 m/s2)(4.50 m)
b

1/4

5 0.108 m (6)

In other words, pump A needs to be scaled up by a factor of DB/DA �
10.8 cm/6.0 cm � 1.80. With the value of DB known, we return to Eqs. 14–30 
to solve for �B, the design rotational speed for pump B,

 vB5
V
#
B

(CQ*)DB
3 5

0.0024 m3/s

(0.0112)(0.108 m)3 5 168 rad/s  S n
#
B5 1610 rpm (7)

Finally, the required brake horsepower for pump B is calculated from 
Eqs. 14–30,

  bhpB 5 (CP*)rBvB
3 DB

5

  5 (0.00184)(1226 kg/m3)(168 rad/s)3(0.108 m)5a W·s

kg·m2/s
b 5 160 W (8)

 An alternative approach is to use the affinity laws directly, eliminating 
some intermediate steps. We solve Eqs. 14–38a and b for DB by eliminating 
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(8)

另一種直接使用相似定律的方法為減免一些中間的步驟，利用式 (14-38a) 和 (b) 消除 vB/vA 的比

值，對 DB 求解，然後輸入已知的 DA 值與趨勢分析在 BEP 處的 
⋅VA 與 HA 值 (圖 14-78)，結果與之前計算的結果一樣，vB 與 bhpB 

可以相同的方式求出。

討論：雖然所需 vB 的數值已精確地算出，但是實際的問題是要

找到一個所需要的轉速的電動馬達是很困難的。標準的單相、60 

Hz、120 V 交流電馬達基本上以 1725 或 3450 rpm 運轉，因此我

們不可能使用直接驅動泵達到轉速的需求。當然如果此泵為皮帶

驅動，或如果有齒輪箱或是頻率控制器，那麼我們可以簡單調整

其配置達到所需之轉速。另一種選擇就是由於 vB 僅稍低於 vA，

我們在標準馬達轉速 (1725 rpm) 下驅動新型的泵，提供比所需情

況更高的壓力，這種選擇的缺點是新型泵不會正好在 BEP 的情況

下運轉。

圖 14-77　例題 14-11 之泵的平滑無
因次泵性能曲線，BEP 是以 hpump 為
最大值的操作點所估算的。
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The head coefficient at this flow rate is approximately
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These calculations are repeated (with the aid of a spreadsheet) at values 
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A between 100 and 700 cm3/s. The curve-fitted data are used so that 
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(b) We design the new pump such that its best efficiency point is homolo-
gous with the BEP of the original pump, but with a different fluid, a different 
pump diameter, and a different rotational speed. Using the values identi-
fied in Eq. 5, we use Eqs. 14–30 to obtain the operating conditions of the 
new pump. Namely, since both V
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B and HB are known (design conditions), we 

solve simultaneously for DB and �B. After some algebra in which we elimi-
nate �B, we calculate the design diameter for pump B,
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In other words, pump A needs to be scaled up by a factor of DB/DA �
10.8 cm/6.0 cm � 1.80. With the value of DB known, we return to Eqs. 14–30 
to solve for �B, the design rotational speed for pump B,
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0.0024 m3/s

(0.0112)(0.108 m)3 5 168 rad/s  S n
#
B5 1610 rpm (7)

Finally, the required brake horsepower for pump B is calculated from 
Eqs. 14–30,

  bhpB 5 (CP*)rBvB
3 DB

5

  5 (0.00184)(1226 kg/m3)(168 rad/s)3(0.108 m)5a W·s

kg·m2/s
b 5 160 W (8)

 An alternative approach is to use the affinity laws directly, eliminating 
some intermediate steps. We solve Eqs. 14–38a and b for DB by eliminating 
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圖 14-78　可利用相似定律運算獲
得新的泵直徑 DB 之表示式：vB 與  
bhpB 也可用類似的方法求出 (未示於
圖中 )。
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the ratio �B/�A. We then plug in the known value of DA and the curve-fitted 
values of V

.
A and HA at the BEP (Fig. 14–78). The result agrees with those 

calculated before. In a similar manner we can calculate �B and bhpB.
Discussion  Although the desired value of �B has been calculated precisely, 
a practical issue is that it is difficult (if not impossible) to find an elec-
tric motor that rotates at exactly the desired rpm. Standard single-phase, 
60-Hz, 120-V AC electric motors typically run at 1725 or 3450 rpm. Thus, 
we may not be able to meet the rpm requirement with a direct-drive pump. 
Of course, if the pump is belt-driven or if there is a gear box or a frequency 
controller, we can easily adjust the configuration to yield the desired rotation 
rate. Another option is that since �B is only slightly smaller than �A, we drive 
the new pump at standard motor speed (1725 rpm), providing a somewhat 
stronger pump than necessary. The disadvantage of this option is that the 
new pump would then operate at a point not exactly at the BEP.

14–4 ■  TURBINES
Turbines have been used for centuries to convert freely available mechanical 
energy from rivers and wind into useful mechanical work, usually through 
a rotating shaft. Whereas the rotating part of a pump is called the impeller, 
the rotating part of a hydroturbine is called the runner. When the working 
fluid is water, the turbomachines are called hydraulic turbines or hydro-
turbines. When the working fluid is air, and energy is extracted from the 
wind, the machine is properly called a wind turbine. The word windmill 
should technically be applied only when the mechanical energy output is 
used to grind grain, as in ancient times (Fig. 14–79). However, most people 
use the word windmill to describe any wind turbine, whether used to grind 
grain, pump water, or generate electricity. In coal or nuclear power plants, 
the working fluid is usually steam; hence, the turbomachines that convert 
energy from the steam into mechanical energy of a rotating shaft are called 
steam turbines. A more generic name for turbines that employ a compress-
ible gas as the working fluid is gas turbine. (The turbine in a modern com-
mercial jet engine is a type of gas turbine.)
 In general, energy-producing turbines have somewhat higher overall effi-
ciencies than do energy-absorbing pumps. Large hydroturbines, for example, 
achieve overall efficiencies above 95 percent, while the best efficiency of 
large pumps is a little more than 90 percent. There are several reasons for this. 
First, pumps normally operate at higher rotational speeds than do turbines; 
therefore, shear stresses and frictional losses are higher. Second, conver-
sion of kinetic energy into flow energy (pumps) has inherently higher losses 
than does the reverse (turbines). You can think of it this way: Since pressure 
rises across a pump (adverse pressure gradient), but drops across a turbine 
(favorable pressure gradient), boundary layers are less likely to separate in a 
turbine than in a pump. Third, turbines (especially hydroturbines) are often 
much larger than pumps, and viscous losses become less important as size 
increases. Finally, while pumps often operate over a wide range of flow rates, 
most electricity-generating turbines run within a narrower operating range and 
at a controlled constant speed; they can therefore be designed to operate most 
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The affinity laws are manipulated to 

obtain an expression for the new 
pump diameter DB. �B and bhpB 
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FIGURE 14–79
A restored windmill in Brewster, MA, 

that was used in the 1800s to grind 
grain. (Note that the blades must 
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14-4　渦輪機

渦輪機已經使用了幾個世紀，其可自然地將河水和風力可

用的能量轉換為有用的機械功，通常是藉由旋轉軸進行。泵的

旋轉部分稱為葉輪，水輪機的轉動部分稱為動輪 (runner)，當工

作流體是水的時候，此旋轉機械稱為水輪機 (hydraulic turbines 

或 hydro turbines)。當工作流體是空氣的時候，而且能量係自風

中取出，該機器適當名稱為風力輪機 (wind turbine)。風車 (wind 

mill) 這個字技術上來說，像古時候一樣 (圖 14-79) 只應用在當

機械能輸出是用來磨穀粒的。但是不論風車是用來磨穀粒、對

水加壓或是產生電，大部分的人使用風車這個字來描述風力

機。在火力或核能發電廠中，所使用的工作流體通常是蒸氣，

因此將蒸氣的能量轉換為旋轉軸機械功的旋轉機械稱為蒸氣輪

機 (steam turbine)。對應用壓縮氣體為工作流體的輪機，更通用

名稱的為燃氣輪機 (gas turbine)。(在現代商用引擎中的輪機即為

燃氣輪機的一種。)

一般而言，產生能量的輪機比吸收能量的泵具有較高的整

體效率，例如大型的水輪機其整體效率可以達到 95% 以上，

而大型泵的最佳效率只稍大於 90%。這有幾個理由：第一，泵一般比輪機的轉速

高，因此剪應力與摩擦損失較高；第二，將動能轉換為流動能 (泵) 本身比相反過

程 (輪機) 具有較高的損失，你可以這麼想：因為經過泵的壓力上升 (不利的壓力

梯度)，但是經過輪機的壓力下降 (有利的壓力梯度)，邊界層在輪機中比在泵之中

較不會產生分離現象；第三，輪機 (特別是水輪機) 通常比泵大許多，當尺寸增加

時，黏度損失變得不重要了。最後，泵通常在較大範圍的流率下皆可運轉，而大

部分發電渦輪機則在狹窄的範圍內，並控制在一個固定速率下運轉，所以在這些

設計條件下可有效地運轉。在美國，標準的供應電流為 60 Hz 的交流電 (每分鐘 

3600 轉)，因此大部分的風力、水力與蒸氣輪機在這個數的自然分數之轉速運轉，

即 7200 rpm 除上發電機通常為偶數的極數。大型的水輪機一般以低速運轉，像是 

7200/60 =120 rpm 或 7200/48 =150 rpm。用於發電的燃氣輪機則以較高轉速運轉，

有些甚至高達 7200/2 =3600 rpm！

將輪機像泵一樣分類，分為兩大類：正位移式與動力式。對大部分的設備來

說，正位移式輪機為小型設備，是用來量測體積流率，而動力式輪機之尺寸範圍從

微小型至巨大型，可同時用來量測體積流率與產生電力，我們提供這兩大類型輪機
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the ratio �B/�A. We then plug in the known value of DA and the curve-fitted 
values of V

.
A and HA at the BEP (Fig. 14–78). The result agrees with those 

calculated before. In a similar manner we can calculate �B and bhpB.
Discussion  Although the desired value of �B has been calculated precisely, 
a practical issue is that it is difficult (if not impossible) to find an elec-
tric motor that rotates at exactly the desired rpm. Standard single-phase, 
60-Hz, 120-V AC electric motors typically run at 1725 or 3450 rpm. Thus, 
we may not be able to meet the rpm requirement with a direct-drive pump. 
Of course, if the pump is belt-driven or if there is a gear box or a frequency 
controller, we can easily adjust the configuration to yield the desired rotation 
rate. Another option is that since �B is only slightly smaller than �A, we drive 
the new pump at standard motor speed (1725 rpm), providing a somewhat 
stronger pump than necessary. The disadvantage of this option is that the 
new pump would then operate at a point not exactly at the BEP.

14–4 ■  TURBINES
Turbines have been used for centuries to convert freely available mechanical 
energy from rivers and wind into useful mechanical work, usually through 
a rotating shaft. Whereas the rotating part of a pump is called the impeller, 
the rotating part of a hydroturbine is called the runner. When the working 
fluid is water, the turbomachines are called hydraulic turbines or hydro-
turbines. When the working fluid is air, and energy is extracted from the 
wind, the machine is properly called a wind turbine. The word windmill 
should technically be applied only when the mechanical energy output is 
used to grind grain, as in ancient times (Fig. 14–79). However, most people 
use the word windmill to describe any wind turbine, whether used to grind 
grain, pump water, or generate electricity. In coal or nuclear power plants, 
the working fluid is usually steam; hence, the turbomachines that convert 
energy from the steam into mechanical energy of a rotating shaft are called 
steam turbines. A more generic name for turbines that employ a compress-
ible gas as the working fluid is gas turbine. (The turbine in a modern com-
mercial jet engine is a type of gas turbine.)
 In general, energy-producing turbines have somewhat higher overall effi-
ciencies than do energy-absorbing pumps. Large hydroturbines, for example, 
achieve overall efficiencies above 95 percent, while the best efficiency of 
large pumps is a little more than 90 percent. There are several reasons for this. 
First, pumps normally operate at higher rotational speeds than do turbines; 
therefore, shear stresses and frictional losses are higher. Second, conver-
sion of kinetic energy into flow energy (pumps) has inherently higher losses 
than does the reverse (turbines). You can think of it this way: Since pressure 
rises across a pump (adverse pressure gradient), but drops across a turbine 
(favorable pressure gradient), boundary layers are less likely to separate in a 
turbine than in a pump. Third, turbines (especially hydroturbines) are often 
much larger than pumps, and viscous losses become less important as size 
increases. Finally, while pumps often operate over a wide range of flow rates, 
most electricity-generating turbines run within a narrower operating range and 
at a controlled constant speed; they can therefore be designed to operate most 
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圖 14-79　在美國麻州布魯斯特鎮 
(Brewster) 上一座修復的風車，在
1800 年代這是用來磨穀物的設備。 
(注意葉片必須覆蓋起來才能運作) 
現代用來發電的“風車”稱為風力

渦輪機則更為適合。
© Visions of America/Joe Sohm/ 
Photodisc/Getty Images
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的細節說明。

正位移式輪機

一個正位移式輪機 (positive-displacement turbine) 可以視為一個排量式泵以逆向

操作－當流體推擠進入密閉體積時，可轉動軸或對往復運動的桿子產生位移。然

後當更多流體進入設備時，密閉體積內的流體被推出。經過排量式輪機會有淨水頭

損失，也就是能量從流動流體中提出並轉換為機械功，但排量式輪機一般不是用來

發電的，而是量測流速或體積流率用的。

最常見的例子就是家用水錶 (圖14-80)，許多商用水錶利用

水流經過水錶時，一個俯垂碟盤 (nutating disc) 會擺動旋轉，碟

盤中心有一顆球，其上有適當的連桿，可將俯垂碟盤的離心旋

轉運動傳遞為轉軸的旋轉。轉軸每轉 360° 可精確地知道通過水

錶的流體體積，所以使用的總水量可由水錶記錄下來。當水從

水栓以中等流速流動至你家裡時，有時候你會從水錶聽到水泡

聲音－這是俯垂碟盤在水錶中擺動的聲音。當然也有其它排

量型式的輪機設計，如同位移式泵有各種型式設計。

動力式輪機

動力式輪機可同時用來當作流動量測元件與發電機，例如

氣象學者使用三杯式風速計量測風速 (圖14-81a)。實驗流體力

學的研究人員則使用各種形狀 (大部分看起來像小型螺旋槳) 的小型輪機來量測空

氣速度或水的速度 (第 8 章)。這種應用比較不需考慮轉軸的功率輸出與輪機效率，

反而是如何設計這些儀器，使得其旋轉速度可以與流體的速度作準確校正，然後由

電子元件計數葉片每秒轉動的個數，可計算出流體的速度並由元件顯示。

圖 14-81b 顯示一種動力式輪機新型的應用，NASA 的研究人員將 Piper PA28 

圖 14-80　俯垂碟盤式流體流量計是
排量式輪機的一種，用來量測流體

的體積流率。此圖顯示俯垂碟盤運

動。這種的流量計常用於家中的水

錶。
Photo courtesy of Niagara Meters, 
Spartanburg, SC.
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efficiently at those conditions. In the United States, the standard AC electrical 
supply is 60 Hz (3600 cycles per minute); thus most wind, water, and steam 
turbines operate at speeds that are natural fractions of this, namely, 7200 rpm 
divided by the number of poles on the generator, usually an even number. 
Large hydroturbines usually operate at low speeds like 7200/60 � 120 rpm 
or 7200/48 � 150 rpm. Gas turbines used for power generation run at much 
higher speeds, some up to 7200/2 � 3600 rpm!
 As with pumps, we classify turbines into two broad categories, positive 
displacement and dynamic. For the most part, positive-displacement turbines 
are small devices used for volume flow rate measurement, while dynamic 
turbines range from tiny to huge and are used for both flow measurement 
and power production. We provide details about both of these categories.

Positive-Displacement Turbines
A positive-displacement turbine may be thought of as a positive-
displacement pump running backward—as fluid pushes into a closed 
volume, it turns a shaft or displaces a reciprocating rod. The closed volume 
of fluid is then pushed out as more fluid enters the device. There is a net 
head loss through the positive-displacement turbine; in other words, energy 
is extracted from the flowing fluid and is turned into mechanical energy. 
However, positive-displacement turbines are generally not used for power 
production, but rather for flow rate or flow volume measurement.
 The most common example is the water meter in your house (Fig. 14–80). 
Many commercial water meters use a nutating disc that wobbles and spins as 
water flows through the meter. The disc has a sphere in its center with appro-
priate linkages that transfer the eccentric spinning motion of the nutating disc 
into rotation of a shaft. The volume of fluid that passes through the device 
per 360o rotation of the shaft is known precisely, and thus the total volume 
of water used is recorded by the device. When water is flowing at moderate 
speed from a spigot in your house, you can sometimes hear a bubbly sound 
coming from the water meter—this is the sound of the nutating disc wobbling 
inside the meter. There are, of course, other positive-displacement turbine 
designs, just as there are various designs of positive-displacement pumps.

Dynamic Turbines
Dynamic turbines are used both as flow measuring devices and as power 
generators. For example, meteorologists use a three-cup anemometer to mea-
sure wind speed (Fig. 14–81a). Experimental fluid mechanics researchers 
use small turbines of various shapes (most of which look like small propel-
lers) to measure air speed or water speed (Chap. 8). In these applications, 
the shaft power output and the efficiency of the turbine are of little concern. 
Rather, these instruments are designed such that their rotational speed can 
be accurately calibrated to the speed of the fluid. Then, by electronically 
counting the number of blade rotations per second, the speed of the fluid is 
calculated and displayed by the device.
 A novel application of a dynamic turbine is shown in Fig. 14–81b. NASA 
researchers mounted turbines at the wing tips of a Piper PA28 research aircraft 
to extract energy from wing tip vortices (Chap. 11); the extracted energy was 
converted to electricity to be used for on-board power requirements.

FIGURE 14–80
The nutating disc fluid flowmeter is a 
type of positive-displacement turbine 
used to measure volume flow rate: 
(a) cutaway view and (b) diagram 
showing motion of the nutating disc. 
This type of flowmeter is commonly 
used as a water meter in homes. 
Photo courtesy of Niagara Meters, 
Spartanburg, SC.

(a)
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 In this chapter, we emphasize large dynamic turbines that are designed to 
produce electricity. Most of our discussion concerns hydroturbines that utilize 
the large elevation change across a dam to generate electricity, and wind tur-
bines that generate electricity from blades rotated by the wind. There are two 
basic types of dynamic turbine—impulse and reaction, each of which are dis-
cussed in some detail. Comparing the two power-producing dynamic turbines, 
impulse turbines require a higher head, but can operate with a smaller volume 
flow rate. Reaction turbines can operate with much less head, but require a 
higher volume flow rate.

Impulse Turbines
In an impulse turbine, the fluid is sent through a nozzle so that most of 
its available mechanical energy is converted into kinetic energy. The high-
speed jet then impinges on bucket-shaped vanes that transfer energy to the 
turbine shaft, as sketched in Fig. 14–82. The modern and most efficient type 
of impulse turbine was invented by Lester A. Pelton (1829–1908) in 1878, 
and the rotating wheel is now called a Pelton wheel in his honor. The buck-
ets of a Pelton wheel are designed so as to split the flow in half, and turn 
the flow nearly 180° around (with respect to a frame of reference moving 
with the bucket), as illustrated in Fig. 14–82b. According to legend, Pelton 
modeled the splitter ridge shape after the nostrils of a cow’s nose. A portion 
of the outermost part of each bucket is cut out so that the majority of the jet 
can pass through the bucket that is not aligned with the jet (bucket n � 1 
in Fig. 14–82a) to reach the most aligned bucket (bucket n in Fig. 14–82a). 
In this way, the maximum amount of momentum from the jet is utilized. 
These details are seen in a photograph of a Pelton wheel (Fig. 14–83). 
Figure 14–84 shows a Pelton wheel in operation; the splitting and turning of 
the water jet is clearly seen.
 We analyze the power output of a Pelton wheel turbine by using the Euler 
turbomachine equation. The power output of the shaft is equal to �Tshaft, 
where Tshaft is given by Eq. 14–14,

Euler turbomachine equation for a turbine:

W
#

shaft 5 vTshaft 5 rvV
#
(r2V 2, t 2 r1V 1, t) (14–39)

FIGURE 14–81
Examples of dynamic turbines: 

(a) a typical three-cup anemometer 
used to measure wind speed, and 

(b) a Piper PA28 research airplane 
with turbines designed to extract 

energy from the wing tip vortices.
(a) © matthias engelien/Alamy. (b) NASA Langley 

Research Center.
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FIGURE 14–82
Schematic diagram of a Pelton-type 
impulse turbine; the turbine shaft is 
turned when high-speed fluid from 

one or more jets impinges on buckets 
mounted to the turbine shaft. (a) Side 

view, absolute reference frame, and 
(b) bottom view of a cross section of 

bucket n, rotating reference frame.

(a) (b)
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圖 14-81　動力式輪機之實例：(a) 
典型的三杯式風速計用來測量風

速；和 (b) 具輪機之 Piper PA28 研
究用飛機係設計從翼尖小翼的渦流

中提出能量。
(a) © matthias engelien/Alamy. 
(b) NASA Langley Research Center.
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研究用飛機的翼尖小翼上裝置輪機，從其中的渦流抽出能量 (第 11 章)，並將所抽

出的能量轉換為機上所需動力使用的電能。

在本章中，我們專注於設計來發電的大型輪機，大部分的討論都是以水輪機為

主，這些水輪機是利用水壩較大位能變化產生電能之設備，同時也討論利用風能轉

動葉片發電的風力機。有兩種基本型式的動力渦輪機－衝動式 (impulse) 與反動

式 (reaction)，每一種都討論一些細節。比較這兩種產生功率的動力輪機，衝動式

水輪機需要較高的水頭，但是可以以較低的體積流率運轉，而反動式水輪機則只需

低很多的水頭運轉，但是需要較高的體積流率。

衝動式水輪機

衝動式水輪機 (impulse turbine)，是經由噴嘴送入流體，

以致大部分流體的可用機械能可轉換為動能，然後高速的噴流

衝擊在水桶形狀的輪葉上，將能量傳遞至輪機之轉軸上，如圖  

14-82 所示。現代最有效率型式的衝動式水輪機在 1878 年由列

斯特‧佩爾頓 (Lester A. Pelton, 1829-1908) 所發明，所以此旋轉

水輪現在稱為佩爾頓水輪 (Pelton wheel) 來紀念他。佩爾頓水輪

的輪葉之設計可將水流分為兩半，並轉向幾乎達到 180° (相對

與於輪葉旋轉的參考座標軸)，如圖 14-82b 所示。依據傳說，佩

爾頓設計分流脊形狀的模型是從牛鼻子的鼻孔而來。每一個輪

葉的最外邊部分已被切除，使大部分的噴流能夠通過未與噴流

對齊的輪葉 (在圖 14-82a 中的第 n +1 個輪葉)，以流到最為對

齊的輪葉 (在圖 14-82a 中的第 n 個輪葉) 上。這樣可利用從噴流

得到最大量的動量，這些細節可從佩爾頓水輪的相片中看出 (圖 

14-83)。

我們分析佩爾頓水輪機的功率輸出時，係利用歐拉旋轉機

械方程式進行，轉軸的功率輸出等於 vTshaft，其中 Tshaft 則由式 

(14-14) 得出：

水輪機之歐拉旋轉機械方程式： 
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 (14-39)

我們必須小心處理其中的負號，因為這是個能量產生設備，而非能量吸收

的設備。對水輪機來說，傳統的定義是將點 2 定為入口，並將點 1 定為出口，

輪葉中心以切線速度 rv 移動，如圖 14-82 所示。因為每個輪葉最外邊的部分有

一個開口，所以假設考慮衝擊瞬間，整個噴流直接打擊輪葉的底部 (圖 14-82a 中

的第 n 個輪葉)，用來簡化分析。更進一步地，由於輪葉的尺寸與水柱的直徑與
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 In this chapter, we emphasize large dynamic turbines that are designed to 
produce electricity. Most of our discussion concerns hydroturbines that utilize 
the large elevation change across a dam to generate electricity, and wind tur-
bines that generate electricity from blades rotated by the wind. There are two 
basic types of dynamic turbine—impulse and reaction, each of which are dis-
cussed in some detail. Comparing the two power-producing dynamic turbines, 
impulse turbines require a higher head, but can operate with a smaller volume 
flow rate. Reaction turbines can operate with much less head, but require a 
higher volume flow rate.

Impulse Turbines
In an impulse turbine, the fluid is sent through a nozzle so that most of 
its available mechanical energy is converted into kinetic energy. The high-
speed jet then impinges on bucket-shaped vanes that transfer energy to the 
turbine shaft, as sketched in Fig. 14–82. The modern and most efficient type 
of impulse turbine was invented by Lester A. Pelton (1829–1908) in 1878, 
and the rotating wheel is now called a Pelton wheel in his honor. The buck-
ets of a Pelton wheel are designed so as to split the flow in half, and turn 
the flow nearly 180° around (with respect to a frame of reference moving 
with the bucket), as illustrated in Fig. 14–82b. According to legend, Pelton 
modeled the splitter ridge shape after the nostrils of a cow’s nose. A portion 
of the outermost part of each bucket is cut out so that the majority of the jet 
can pass through the bucket that is not aligned with the jet (bucket n � 1 
in Fig. 14–82a) to reach the most aligned bucket (bucket n in Fig. 14–82a). 
In this way, the maximum amount of momentum from the jet is utilized. 
These details are seen in a photograph of a Pelton wheel (Fig. 14–83). 
Figure 14–84 shows a Pelton wheel in operation; the splitting and turning of 
the water jet is clearly seen.
 We analyze the power output of a Pelton wheel turbine by using the Euler 
turbomachine equation. The power output of the shaft is equal to �Tshaft, 
where Tshaft is given by Eq. 14–14,

Euler turbomachine equation for a turbine:

W
#

shaft 5 vTshaft 5 rvV
#
(r2V 2, t 2 r1V 1, t) (14–39)

FIGURE 14–81
Examples of dynamic turbines: 

(a) a typical three-cup anemometer 
used to measure wind speed, and 

(b) a Piper PA28 research airplane 
with turbines designed to extract 

energy from the wing tip vortices.
(a) © matthias engelien/Alamy. (b) NASA Langley 

Research Center.

rVj

(a)

(b)
Vj –r

Vj – r

r

FIGURE 14–82
Schematic diagram of a Pelton-type 
impulse turbine; the turbine shaft is 
turned when high-speed fluid from 

one or more jets impinges on buckets 
mounted to the turbine shaft. (a) Side 

view, absolute reference frame, and 
(b) bottom view of a cross section of 

bucket n, rotating reference frame.

(a) (b)
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圖 14-82　佩爾頓衝動式水輪機之圖
示，當高速流體從一個或多個噴流

衝擊裝置於輪軸上的輪葉時，可轉

動輪軸。(a) 側視圖，絕對座標；與 
(b) 在第 n 個輪葉截面之下視圖，旋
轉參考座標。

輪軸
第 n +1 個輪葉

第 n 個輪葉噴嘴

分流脊
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水輪的半徑相比甚小，所以我們將 r1 與 r2 等於 r。最後假設

水柱以角度 b 轉向時，速度沒有損失，在與輪葉一起旋轉的

相對參考座標軸上，相對的離開速度為 Vj − rv (與入口相對

速度相同)，如圖 14-82b 所示。回到絕對的參考座標，對應

用式 (14-39) 來說這是有需要的，入口速度 V2, t 的切線分量即

為噴流速度 Vj 本身，我們在圖 14-84 中建構一個速度圖，在

計算出口絕對速度之切線分量 V1, t 時可供輔助使用。在確認  

sin (b−90°)=−cos b 之後，

V1, t = rv+ (Vj − rv) cos b

將其代入式 (14-39) 中，得出

⋅Wshaft =rrv 
⋅
V {Vj − [rv+ (Vj − rv)cos b]}

將其化簡為

輸出軸功率： 
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and r2 as equal to r. Finally, we make the approximation that the water is 
turned through angle � without losing any speed; in the relative frame of 
reference moving with the bucket, the relative exit speed is thus Vj � r� 
(the same as the relative inlet speed) as sketched in Fig. 14–82b. Return-
ing to the absolute reference frame, which is necessary for the application 
of Eq. 14–39, the tangential component of velocity at the inlet, V2, t, is sim-
ply the jet speed itself, Vj. We construct a velocity diagram in Fig. 14–85 
as an aid in calculating the tangential component of absolute velocity at the 
outlet, V1, t. After some trigonometry, which you can verify after noting that 
sin (� � 90°) � �cos �,

V1, t 5 rv 1 (Vj 2 rv) cos b

Upon substitution of this equation, Eq. 14–39 yields

W
#

shaft 5 rrvV
#
{Vj 2 [rv 1 (Vj 2 rv)cos b]}

which simplifies to

Output shaft power: W
#

shaft 5 rrvV
#
(Vj 2 rv)(1 2 cos b) (14–40)

Obviously, the maximum power is achieved theoretically if � � 180°. 
However, if that were the case, the water exiting one bucket would strike 
the back side of its neighbor coming along behind it, reducing the gener-
ated torque and power. It turns out that in practice, the maximum power is 
achieved by reducing � to around 160° to 165°. The efficiency factor due to 
� being less than 180° is

Efficiency factor due to �: hb 5
W
#

shaft, actual

W
#

shaft, ideal

5
1 2 cos  b

1 2 cos (1808)
 (14–41)

When � � 160°, for example, �� � 0.97—a loss of only about 3 percent.
 Finally, we see from Eq. 14–40 that the shaft power output W

.
shaft is zero 

if r� � 0 (wheel not turning at all). W
.
shaft is also zero if r� � Vj (bucket 

moving at the jet speed). Somewhere in between these two extremes lies the 
optimum wheel speed. By setting the derivative of Eq. 14–40 with respect 
to r� to zero, we find that this occurs when r� � Vj  / 2 (bucket moving at 
half the jet speed, as shown in Fig. 14–86).
 For an actual Pelton wheel turbine, there are other losses besides that 
reflected in Eq. 14–41: mechanical friction, aerodynamic drag on the buck-
ets, friction along the inside walls of the buckets, nonalignment of the jet 
and bucket as the bucket turns, backsplashing, and nozzle losses. Even 
so, the efficiency of a well-designed Pelton wheel turbine can approach 
90 percent. In other words, up to 90 percent of the available mechanical 
energy of the water is converted to rotating shaft energy.

Reaction Turbines
The other main type of energy-producing hydroturbine is the reaction 
turbine, which consists of fixed guide vanes called stay vanes, adjustable 
guide vanes called wicket gates, and rotating blades called runner blades 
(Fig. 14–87). Flow enters tangentially at high pressure, is turned toward 

r

Vj –r

Vj –r

V1 
→

V1,t 

FIGURE 14–85
Velocity diagram of flow into and out 
of a Pelton wheel bucket. We translate 

outflow velocity from the moving 
reference frame to the absolute 

reference frame by adding the speed of 
the bucket (r�) to the right.

r
VjVj 2

= —–

= —–
r

Vj

2r

FIGURE 14–86
The theoretical maximum power 

achievable by a Pelton turbine occurs 
when the wheel rotates at � � Vj/(2r), 
i.e., when the bucket moves at half the 

speed of the water jet.
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 (14-40)

顯然地，理論上如果 b =180° 時可達到最大功率輸出，但如果是這種情況，則離

開輪葉的水柱會打擊到之後鄰近的輪葉上，因而降低所產生的扭力與功率。實際上

的結果是可藉由降低 b 大約至 160° 至 165° 時，可達到最大功率輸出。由於 b 低於 

180°，所以其效能係數為

由於 b 之效能係數： 
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and r2 as equal to r. Finally, we make the approximation that the water is 
turned through angle � without losing any speed; in the relative frame of 
reference moving with the bucket, the relative exit speed is thus Vj � r� 
(the same as the relative inlet speed) as sketched in Fig. 14–82b. Return-
ing to the absolute reference frame, which is necessary for the application 
of Eq. 14–39, the tangential component of velocity at the inlet, V2, t, is sim-
ply the jet speed itself, Vj. We construct a velocity diagram in Fig. 14–85 
as an aid in calculating the tangential component of absolute velocity at the 
outlet, V1, t. After some trigonometry, which you can verify after noting that 
sin (� � 90°) � �cos �,

V1, t 5 rv 1 (Vj 2 rv) cos b

Upon substitution of this equation, Eq. 14–39 yields

W
#

shaft 5 rrvV
#
{Vj 2 [rv 1 (Vj 2 rv)cos b]}

which simplifies to

Output shaft power: W
#

shaft 5 rrvV
#
(Vj 2 rv)(1 2 cos b) (14–40)

Obviously, the maximum power is achieved theoretically if � � 180°. 
However, if that were the case, the water exiting one bucket would strike 
the back side of its neighbor coming along behind it, reducing the gener-
ated torque and power. It turns out that in practice, the maximum power is 
achieved by reducing � to around 160° to 165°. The efficiency factor due to 
� being less than 180° is

Efficiency factor due to �: hb 5
W
#

shaft, actual

W
#

shaft, ideal

5
1 2 cos  b

1 2 cos (1808)
 (14–41)

When � � 160°, for example, �� � 0.97—a loss of only about 3 percent.
 Finally, we see from Eq. 14–40 that the shaft power output W

.
shaft is zero 

if r� � 0 (wheel not turning at all). W
.
shaft is also zero if r� � Vj (bucket 

moving at the jet speed). Somewhere in between these two extremes lies the 
optimum wheel speed. By setting the derivative of Eq. 14–40 with respect 
to r� to zero, we find that this occurs when r� � Vj  / 2 (bucket moving at 
half the jet speed, as shown in Fig. 14–86).
 For an actual Pelton wheel turbine, there are other losses besides that 
reflected in Eq. 14–41: mechanical friction, aerodynamic drag on the buck-
ets, friction along the inside walls of the buckets, nonalignment of the jet 
and bucket as the bucket turns, backsplashing, and nozzle losses. Even 
so, the efficiency of a well-designed Pelton wheel turbine can approach 
90 percent. In other words, up to 90 percent of the available mechanical 
energy of the water is converted to rotating shaft energy.

Reaction Turbines
The other main type of energy-producing hydroturbine is the reaction 
turbine, which consists of fixed guide vanes called stay vanes, adjustable 
guide vanes called wicket gates, and rotating blades called runner blades 
(Fig. 14–87). Flow enters tangentially at high pressure, is turned toward 

r

Vj –r

Vj –r

V1 
→

V1,t 

FIGURE 14–85
Velocity diagram of flow into and out 
of a Pelton wheel bucket. We translate 

outflow velocity from the moving 
reference frame to the absolute 

reference frame by adding the speed of 
the bucket (r�) to the right.

r
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= —–
r

Vj
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FIGURE 14–86
The theoretical maximum power 

achievable by a Pelton turbine occurs 
when the wheel rotates at � � Vj/(2r), 
i.e., when the bucket moves at half the 

speed of the water jet.
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 We must be careful of negative signs since this is an energy-producing 
rather than an energy-absorbing device. For turbines, it is conventional to 
define point 2 as the inlet and point 1 as the outlet. The center of the bucket 
moves at tangential velocity r�, as illustrated in Fig. 14–82. We simplify the 
analysis by assuming that since there is an opening in the outermost part of 
each bucket, the entire jet strikes the bucket that happens to be at the direct 
bottom of the wheel at the instant of time under consideration (bucket n in 
Fig. 14–82a). Furthermore, since both the size of the bucket and the diameter 
of the water jet are small compared to the wheel radius, we approximate r1 

FIGURE 14–83
A close-up view of a Pelton wheel 
showing the detailed design of the 
buckets; the electrical generator is 
on the right. This Pelton wheel is on 
display at the Waddamana Power 
Station Museum near Bothwell, 
Tasmania.
Courtesy of Hydro Tasmania, www.hydro.com.au. 
Used by permission.

FIGURE 14–84
A view from the bottom of an 
operating Pelton wheel illustrating 
the splitting and turning of the water 
jet in the bucket. The water jet enters 
from the left, and the Pelton wheel is 
turning to the right.
Courtesy of VA TECH HYDRO. Used by 
permission.
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圖 14-83　佩爾頓水輪之近照圖，
其中顯示動輪的詳細設計，發電機

在右方。這個佩爾頓水輪在靠近

塔斯馬尼亞包斯維爾 (Bothwell) 的 
Waddamana 水力發電博物館中展
示。
Courtesy of Hydro Tasmania, www.
hydro.com.au. Used by permission.

圖 14-84　水柱流入與流出佩爾頓水
輪輪葉之速度圖。我們將從移動的

參考座標之外流動速度加上輪葉往

右移動的速度，轉變為絕對的參考

座標。

837
CHAPTER 14

and r2 as equal to r. Finally, we make the approximation that the water is 
turned through angle � without losing any speed; in the relative frame of 
reference moving with the bucket, the relative exit speed is thus Vj � r� 
(the same as the relative inlet speed) as sketched in Fig. 14–82b. Return-
ing to the absolute reference frame, which is necessary for the application 
of Eq. 14–39, the tangential component of velocity at the inlet, V2, t, is sim-
ply the jet speed itself, Vj. We construct a velocity diagram in Fig. 14–85 
as an aid in calculating the tangential component of absolute velocity at the 
outlet, V1, t. After some trigonometry, which you can verify after noting that 
sin (� � 90°) � �cos �,

V1, t 5 rv 1 (Vj 2 rv) cos b

Upon substitution of this equation, Eq. 14–39 yields

W
#

shaft 5 rrvV
#
{Vj 2 [rv 1 (Vj 2 rv)cos b]}

which simplifies to

Output shaft power: W
#

shaft 5 rrvV
#
(Vj 2 rv)(1 2 cos b) (14–40)

Obviously, the maximum power is achieved theoretically if � � 180°. 
However, if that were the case, the water exiting one bucket would strike 
the back side of its neighbor coming along behind it, reducing the gener-
ated torque and power. It turns out that in practice, the maximum power is 
achieved by reducing � to around 160° to 165°. The efficiency factor due to 
� being less than 180° is

Efficiency factor due to �: hb 5
W
#

shaft, actual

W
#

shaft, ideal

5
1 2 cos  b

1 2 cos (1808)
 (14–41)

When � � 160°, for example, �� � 0.97—a loss of only about 3 percent.
 Finally, we see from Eq. 14–40 that the shaft power output W

.
shaft is zero 

if r� � 0 (wheel not turning at all). W
.
shaft is also zero if r� � Vj (bucket 

moving at the jet speed). Somewhere in between these two extremes lies the 
optimum wheel speed. By setting the derivative of Eq. 14–40 with respect 
to r� to zero, we find that this occurs when r� � Vj  / 2 (bucket moving at 
half the jet speed, as shown in Fig. 14–86).
 For an actual Pelton wheel turbine, there are other losses besides that 
reflected in Eq. 14–41: mechanical friction, aerodynamic drag on the buck-
ets, friction along the inside walls of the buckets, nonalignment of the jet 
and bucket as the bucket turns, backsplashing, and nozzle losses. Even 
so, the efficiency of a well-designed Pelton wheel turbine can approach 
90 percent. In other words, up to 90 percent of the available mechanical 
energy of the water is converted to rotating shaft energy.

Reaction Turbines
The other main type of energy-producing hydroturbine is the reaction 
turbine, which consists of fixed guide vanes called stay vanes, adjustable 
guide vanes called wicket gates, and rotating blades called runner blades 
(Fig. 14–87). Flow enters tangentially at high pressure, is turned toward 

r

Vj –r

Vj –r

V1 
→

V1,t 

FIGURE 14–85
Velocity diagram of flow into and out 
of a Pelton wheel bucket. We translate 

outflow velocity from the moving 
reference frame to the absolute 

reference frame by adding the speed of 
the bucket (r�) to the right.
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FIGURE 14–86
The theoretical maximum power 

achievable by a Pelton turbine occurs 
when the wheel rotates at � � Vj/(2r), 
i.e., when the bucket moves at half the 

speed of the water jet.
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當 b=160° 時， hb =0.97－只損失約 3%。

最後從式 (14-40) 可看出，如果 rv =0 (水輪不轉動) 

時，軸功率輸出  
⋅Wshaft 為 0。如果 rv =Vj (水輪以噴流速度轉

動) 時，軸功率輸出  
⋅Wshaft 亦為 0。在這兩個極端之間有一個

最佳的水輪轉速，設式 (14-40) 對 rv 的微分為 0，可求出當 

rv =Vj/2 (輪葉以噴流速度之半轉動，如圖 14-85 所示) 時，其

微分為 0。

對一個實際的佩爾頓水輪機而言，除了式 (14-41) 的損失

之外，還有其它的損失，如機械摩擦、輪葉的氣動阻力、沿著

輪葉壁面的摩擦、當輪葉轉動時輪葉未與噴流對齊、回噴與噴

嘴損失。雖然如此，設計精良的佩爾頓水輪機之效率可接近 

90%，也就是說將近 90% 的水的可用機械能可轉換為旋轉軸能量。

反動式水輪機

另一種主要產生能量的水輪機型式為反動式水輪機 

(reaction turbine)，其係由稱為固定葉 (stay vane) 的固定導葉片

所組成，可調整的導葉片稱為導水葉 (wicket gates)，而旋轉葉

片則稱為動輪葉 (runner blades) (圖 14-87)。當流體沿著螺旋外

殼或渦卷 (volute) 流動時，以高壓切線方向流入，由固定葉轉

向朝動輪流動，然後以更大的切線分量速度通過導水葉。當動

輪旋轉時，流體與動輪之間的動量交換，而且有較大的壓力

降。它與衝動式水輪機不同，水完全充滿在反動式水輪機的外

殼，因此反動式水輪機通常比相同直徑、淨水頭和體積流率的

衝動式水輪機，可產生更大的功率。導水葉的角度是可以調整

的，來控制通過動輪的體積流率 (在大部分的設計中，導水葉

能夠彼此接近，來關閉進入動輪的水流)。在設計的條件下，

水流離開導水葉平行衝擊動輪葉片前緣 (從旋轉的參考座標)，

以避免振動損失。注意在一個好的設計中，導水葉的數目不會

和動輪葉片的數目有公因數，否則將會因兩個或更多的導水

葉同時衝擊在動輪葉片前緣，造成嚴重的振動問題。例如在

圖 14-86 中，共有 17 片的動輪葉片和 20 片的導水葉。對許多

大型反動式水輪機 (如圖 14-88 與圖 14-89 所示) 而言，這些是

典型的數字。固定葉與導水葉個數通常是一樣的 (在圖 14-86 

中有 20 片固定葉)。由於它們兩種元件都不旋轉，所以不是問

圖 14-85　當水輪以 v=Vj/(2r) 之轉
速旋轉時，即當輪葉以水柱噴流速

度的一半時，為佩爾頓水輪機產生

最大可達的理論功率之轉速。

837
CHAPTER 14

and r2 as equal to r. Finally, we make the approximation that the water is 
turned through angle � without losing any speed; in the relative frame of 
reference moving with the bucket, the relative exit speed is thus Vj � r� 
(the same as the relative inlet speed) as sketched in Fig. 14–82b. Return-
ing to the absolute reference frame, which is necessary for the application 
of Eq. 14–39, the tangential component of velocity at the inlet, V2, t, is sim-
ply the jet speed itself, Vj. We construct a velocity diagram in Fig. 14–85 
as an aid in calculating the tangential component of absolute velocity at the 
outlet, V1, t. After some trigonometry, which you can verify after noting that 
sin (� � 90°) � �cos �,

V1, t 5 rv 1 (Vj 2 rv) cos b

Upon substitution of this equation, Eq. 14–39 yields

W
#

shaft 5 rrvV
#
{Vj 2 [rv 1 (Vj 2 rv)cos b]}

which simplifies to

Output shaft power: W
#

shaft 5 rrvV
#
(Vj 2 rv)(1 2 cos b) (14–40)

Obviously, the maximum power is achieved theoretically if � � 180°. 
However, if that were the case, the water exiting one bucket would strike 
the back side of its neighbor coming along behind it, reducing the gener-
ated torque and power. It turns out that in practice, the maximum power is 
achieved by reducing � to around 160° to 165°. The efficiency factor due to 
� being less than 180° is

Efficiency factor due to �: hb 5
W
#

shaft, actual

W
#

shaft, ideal

5
1 2 cos  b

1 2 cos (1808)
 (14–41)

When � � 160°, for example, �� � 0.97—a loss of only about 3 percent.
 Finally, we see from Eq. 14–40 that the shaft power output W

.
shaft is zero 

if r� � 0 (wheel not turning at all). W
.
shaft is also zero if r� � Vj (bucket 

moving at the jet speed). Somewhere in between these two extremes lies the 
optimum wheel speed. By setting the derivative of Eq. 14–40 with respect 
to r� to zero, we find that this occurs when r� � Vj  / 2 (bucket moving at 
half the jet speed, as shown in Fig. 14–86).
 For an actual Pelton wheel turbine, there are other losses besides that 
reflected in Eq. 14–41: mechanical friction, aerodynamic drag on the buck-
ets, friction along the inside walls of the buckets, nonalignment of the jet 
and bucket as the bucket turns, backsplashing, and nozzle losses. Even 
so, the efficiency of a well-designed Pelton wheel turbine can approach 
90 percent. In other words, up to 90 percent of the available mechanical 
energy of the water is converted to rotating shaft energy.

Reaction Turbines
The other main type of energy-producing hydroturbine is the reaction 
turbine, which consists of fixed guide vanes called stay vanes, adjustable 
guide vanes called wicket gates, and rotating blades called runner blades 
(Fig. 14–87). Flow enters tangentially at high pressure, is turned toward 
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V1,t 

FIGURE 14–85
Velocity diagram of flow into and out 
of a Pelton wheel bucket. We translate 

outflow velocity from the moving 
reference frame to the absolute 

reference frame by adding the speed of 
the bucket (r�) to the right.
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FIGURE 14–86
The theoretical maximum power 

achievable by a Pelton turbine occurs 
when the wheel rotates at � � Vj/(2r), 
i.e., when the bucket moves at half the 

speed of the water jet.
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輪軸

噴嘴

圖 14-86　反動式水渦機與衝動式水
輪機有相當大的差異，它不是利用水

柱噴流，而是渦卷中充滿了渦旋流動

水驅動動輪。對水輪機之應用而言，

轉軸基本為垂直的，圖中顯示上視圖

與側視圖，其中包含固定的固定葉與

可調整的導水葉。
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the runner by the stay vanes as it moves along the spiral casing or volute, 
and then passes through the wicket gates with a large tangential velocity 
component. Momentum is exchanged between the fluid and the runner as 
the runner rotates, and there is a large pressure drop. Unlike the impulse 
turbine, the water completely fills the casing of a reaction turbine. For this 
reason, a reaction turbine generally produces more power than an impulse 
turbine of the same diameter, net head, and volume flow rate. The angle of 
the wicket gates is adjustable so as to control the volume flow rate through 
the runner. (In most designs the wicket gates can close on each other, cut-
ting off the flow of water into the runner.) At design conditions the flow 
leaving the wicket gates impinges parallel to the runner blade leading edge 
(from a rotating frame of reference) to avoid shock losses. Note that in a 
good design, the number of wicket gates does not share a common denomi-
nator with the number of runner blades. Otherwise there would be severe 
vibration caused by simultaneous impingement of two or more wicket 
gate wakes onto the leading edges of the runner blades. For example, in 
Fig. 14–87 there are 17 runner blades and 20 wicket gates. These are typi-
cal numbers for many large reaction hydroturbines, as shown in the pho-
tographs in Figs. 14–89 and 14–90. The number of stay vanes and wicket 
gates is usually the same (there are 20 stay vanes in Fig. 14–87). This is 
not a problem since neither of them rotate, and unsteady wake interaction 
is not an issue.
 There are two main types of reaction turbine—Francis and Kaplan. The 
Francis turbine is somewhat similar in geometry to a centrifugal or mixed-
flow pump, but with the flow in the opposite direction. Note, however, that 
a typical pump running backward would not be a very efficient turbine. The 
Francis turbine is named in honor of James B. Francis (1815–1892), who 
developed the design in the 1840s. In contrast, the Kaplan turbine is some-
what like an axial-flow fan running backward. If you have ever seen a win-
dow fan start spinning in the wrong direction when a gust of wind blows 
through the window, you can visualize the basic operating principle of a 
Kaplan turbine. The Kaplan turbine is named in honor of its inventor, Viktor 
Kaplan (1876–1934). There are actually several subcategories of both Fran-
cis and Kaplan turbines, and the terminology used in the hydroturbine field 
is not always standard.
 Recall that we classify dynamic pumps according to the angle at which 
the flow exits the impeller blade—centrifugal (radial), mixed flow, or axial 
(see Fig. 14–31). In a similar but reversed manner, we classify reaction tur-
bines according to the angle that the flow enters the runner (Fig. 14–88). If 
the flow enters the runner radially as in Fig. 14–88a, the turbine is called 
a Francis radial-flow turbine (see also Fig. 14–87). If the flow enters the 
runner at some angle between radial and axial (Fig. 14–88b), the turbine is 
called a Francis mixed-flow turbine. The latter design is more common. 
Some hydroturbine engineers use the term “Francis turbine” only when 
there is a band on the runner as in Fig. 14–88b. Francis turbines are most 
suited for heads that lie between the high heads of Pelton wheel turbines 
and the low heads of Kaplan turbines. A typical large Francis turbine may 
have 16 or more runner blades and can achieve a turbine efficiency of 90 to 
95 percent. If the runner has no band, and flow enters the runner partially 
turned, it is called a propeller mixed-flow turbine or simply a mixed-flow 

•

b1

r1

b2

Vout、Pout

Vin、Pin

r2

FIGURE 14–87
A reaction turbine differs significantly 
from an impulse turbine; instead of 
using water jets, a volute is filled with 
swirling water that drives the runner. 
For hydroturbine applications, the 
axis is typically vertical. Top and side 
views are shown, including the fixed 
stay vanes and adjustable wicket gates.
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題，而且不穩定的尾流交互作用也不是問題。

反動式水輪機有兩種主要型式－法蘭西式和卡普蘭式。法蘭西水輪機 

(Francis turbine) 的幾何形狀有點像離心式或混流式泵，但是水流方向相反。可是要

注意，一個典型的泵以反向運轉不會是一個非常有效率的輪機。法蘭西水輪機的名

稱是為了紀念詹姆士‧法蘭西 (James B. Francis, 1815-1892)，他在 1840 年代發展

這種設計。相反地，卡普蘭水輪機 (Kaplan turbine) 則有點像是相反方向運轉的軸

流式風扇。如果你曾經看過一個窗型風扇，在風強力吹入窗內時會在錯誤方向上旋

轉，那麼你就能夠具體了解卡普蘭水輪機的基本操作原理。卡普蘭水輪機的名稱是

為了紀念它的發明人維克特‧卡普蘭 (Viktor Kaplan, 1876-1934)，實際上法蘭西和

卡普蘭水輪機有幾種的分類，而且在水輪機領域所使用專有名詞尚未有標準。

回想之前我們依據流體離開動輪葉片的角度，將動力泵分類為－離心式、

徑向式、混流式或軸流式 (參見圖 14-31)。我們以類似但相反的方式，將反動式水

輪機依據進入動輪葉片角度來分類 (圖 14-87)。如果流體如圖 14-87a，徑向流入動

輪，則此水輪機稱為法蘭西徑流式水輪機 (Francis radial-flow turbine) (亦參見圖 14-

87)。如果流體如圖 14-87b，在徑向與軸向之間角度流入動輪，則此水輪機稱為法

蘭西混流式水輪機 (Francis mixed-flow turbine)，混流式的設計是較為常見的。一些

水輪機的工程師只有在動輪上有個帶邊 (band) 時，如圖 14-87b 所示才使用“法蘭

西水輪機”這個名詞。法蘭西水輪機最適用於水頭介於佩爾頓水輪機的高水頭與卡

普蘭水輪機的低水頭之間。一個基本的大型法蘭西水輪機可能具有 16 或更多的動

輪葉片，並能夠達成 90% 到 95% 的輪機效率。如果動輪沒有帶邊，而且流體流入

動輪會稍微轉向，則稱為螺旋葉混流式水輪機 (propeller mixed-flow turbine) 或稱為

混流式水輪機 (mixed-flow turbine) (圖 14-87c)。最後，如果在流入動輪之前完全地

轉為軸向 (圖 14-87d)，則稱為軸流式水輪機 (axial-flow turbine)。軸流式水輪機之839
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turbine (Fig. 14–88c). Finally, if the flow is turned completely axially 
before entering the runner (Fig. 14–88d), the turbine is called an axial-flow 
turbine. The runners of an axial-flow turbine typically have only three to 
eight blades, a lot fewer than Francis turbines. Of these there are two types: 
Kaplan turbines and propeller turbines. Kaplan turbines are called double 
regulated because the flow rate is controlled in two ways—by turning the 
wicket gates and by adjusting the pitch on the runner blades. Propeller 
turbines are nearly identical to Kaplan turbines except that the blades are 
fixed (pitch is not adjustable), and the flow rate is regulated only by the 
wicket gates (single regulated). Compared to the Pelton and Francis tur-
bines, Kaplan turbines and propeller turbines are most suited for low head, 
high volume flow rate conditions. Their efficiencies rival those of Francis 
turbines and may be as high as 94 percent.
 Figure 14–89 is a photograph of the radial-flow runner of a Francis radial-
flow turbine. The workers are shown to give you an idea of how large the 
runners are in a hydroelectric power plant. Figure 14–90 is a photograph of 
the mixed-flow runner of a Francis turbine, and Fig. 14–91 is a photograph 
of an axial-flow propeller turbine. The view is from the inlet (top).

We sketch in Fig. 14–92 a typical hydroelectric dam that utilizes Francis 
reaction turbines to generate electricity. The overall or gross head Hgross is 
defined as the elevation difference between the reservoir surface upstream 
of the dam and the surface of the water exiting the dam, Hgross � zA � zE. 
If there were no irreversible losses anywhere in the system, the maximum 
amount of power that could be generated per turbine would be

Ideal power production: W
#

ideal 5 rgV
#
Hgross (14–42)

Of course, there are irreversible losses throughout the system, so the power 
actually produced is lower than the ideal power given by Eq. 14–42.

(a) (b)

(c () d)

FIGURE 14–88
The distinguishing characteristics 

of the four subcategories of reaction 
turbines: (a) Francis radial flow, 

(b) Francis mixed flow, (c) propeller 
mixed flow, and (d) propeller axial 
flow. The main difference between 

(b) and (c) is that Francis mixed-flow 
runners have a band that rotates with 

the runner, while propeller mixed-flow 
runners do not. There are two types of 
propeller mixed-flow turbines: Kaplan 
turbines have adjustable pitch blades, 
while propeller turbines do not. Note 
that the terminology used here is not 

universal among turbomachinery 
textbooks nor among hydroturbine 

manufacturers.

FIGURE 14–89
The runner of a Francis radial-flow 

turbine used at the Round Butte 
hydroelectric power station in Madras, 

OR. There are 17 runner blades of outer 
diameter 3.60 m. The turbine rotates 

at 180 rpm and produces 119 MW of 
power at a volume flow rate of 127 m3/s 

from a net head of 105 m.
Courtesy of American Hydro Corporation, York, 

PA. Used by permission.
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圖 14-87　反動式水輪機的四種類型
特之分類：(a) 法蘭西軸流式；(b) 法
蘭西混流式；(c) 螺旋葉混流式與 (d)
螺旋葉軸流式。在 (b) 和 (c) 之間的
主要差別為法蘭西混流式之動輪具

有一帶邊隨動輪旋轉，而螺旋葉混

流式之動輪則否。螺旋葉混流式水

輪機有兩種型式：卡普蘭水輪機，

具有可調整節距的葉片，而螺旋葉

式水輪機則否。注意這裡所用的專

有名詞於旋轉機械的書籍與水輪機

製造商之間尚未通用。
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 We follow the flow of water through the whole system of Fig. 14–92, 
defining terms and discussing losses along the way. We start at point A 
upstream of the dam where the water is still, at atmospheric pressure, and 
at its highest elevation, zA. Water flows at volume flow rate V

.
 through a 

large tube through the dam called the penstock. Flow to the penstock can 
be cut off by closing a large gate valve called a head gate at the penstock 
inlet. If we were to insert a Pitot probe at point B at the end of the pen-
stock just before the turbine, as illustrated in Fig. 14–92, the water in the 
tube would rise to a column height equal to the energy grade line EGLin 
at the inlet of the turbine. This column height is lower than the water level 
at point A, due to irreversible losses in the penstock and its inlet. The flow 
then passes through the turbine, which is connected by a shaft to the electric 
generator. Note that the electric generator itself has irreversible losses. From 
a fluid mechanics perspective, however, we are interested only in the losses 
through the turbine and downstream of the turbine.
 After passing through the turbine runner, the exiting fluid (point C) still 
has appreciable kinetic energy, and perhaps swirl. To recover some of this 
kinetic energy (which would otherwise be wasted), the flow enters an 
expanding area diffuser called a draft tube, which turns the flow horizon-
tally and slows down the flow speed, while increasing the pressure prior 
to discharge into the downstream water, called the tailrace. If we were to 
imagine another Pitot probe at point D (the exit of the draft tube), the water 
in the tube would rise to a column height equal to the energy grade line 
labeled EGLout in Fig. 14–92. Since the draft tube is considered to be an 

FIGURE 14–90
The runner of a Francis mixed-flow 
turbine used at the Smith Mountain 
hydroelectric power station in 
Roanoke, VA. There are 17 runner 
blades of outer diameter 6.19 m. 
The turbine rotates at 100 rpm and 
produces 194 MW of power at a 
volume flow rate of 375 m3/s from a 
net head of 54.9 m.
Courtesy of American Hydro Corporation, York, 
PA. Used by permission.

FIGURE 14–91
The five-bladed propeller turbine used 
at the Warwick hydroelectric power 
station in Cordele, GA. There are 
five runner blades of outer diameter 
3.87 m. The turbine rotates at 
100 rpm and produces 5.37 MW of 
power at a volume flow rate of 63.7 m3/s 
from a net head of 9.75 m.
Photo courtesy of Weir American Hydro 
Corporation, York, PA. Used by permission.
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圖 14-89　在美國維吉尼亞州羅阿諾
基市 (Roanoke) 之 Smith Mountain 水
力發電站所使用混合流動的法蘭西

水輪機動輪。共有 17 個葉片，外
徑為 20.3 ft (6.19 m)。水輪機在 100 
rpm 的轉速下旋轉，產生 194 MW 
的電力，其體積流率為 375 m3/s，淨
水頭為 54.9 m。
Courtesy of American Hydro 
Corporation, York, PA. Used by 
permission.

動輪基本上只有三到八片葉片，比法蘭西水輪機少很多。其中

有兩種型式：卡普蘭水輪機和螺旋葉式水輪機。卡普蘭水輪機

稱為雙重調節式 (double regulated) 水輪機，是因為其流率可以

兩種方式控制－將導水葉轉向或調整動輪葉片之節距。螺旋

葉式水輪機 (propeller turbine) 除了其葉片是固定的、節距不可

調整，以及流率只有導水葉的單一調節 (single regulated) 方式之

外，幾乎與卡普蘭水輪機一樣。將卡普蘭水輪機和螺旋葉式水

輪機與佩爾頓水輪機和法蘭西水輪機比較，發現卡普蘭水輪機

和螺旋葉式水輪機最適合於低水頭、高流率的條件。其效率比

得上法蘭西水輪機之效率，並可達 94%。

圖 14-88 為法蘭西徑流式水輪機之徑流式動輪的相片。其

中亦顯示出一個人的大小，好讓你知道在水力發電場中的動輪

有多大。圖 14-89 則為法蘭西水輪機之混流式動輪的相片，而

圖 14-90 則為卡普蘭水輪機之軸流螺旋葉片的相片，其視圖是

從入口 (上面) 處來看。

我們在圖 14-91 繪出一個基本的水力發電水壩，它利用

法蘭西反動式水輪機來發電。整體的或是總水頭 (gross head) 

Hgross 定義為水壩上游水池液面與水離開水壩之液面的高度差，

Hgross = zA − zE。如果在系統中沒有不可逆損失，則每個水輪機可以產生最大的功

率為
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turbine (Fig. 14–88c). Finally, if the flow is turned completely axially 
before entering the runner (Fig. 14–88d), the turbine is called an axial-flow 
turbine. The runners of an axial-flow turbine typically have only three to 
eight blades, a lot fewer than Francis turbines. Of these there are two types: 
Kaplan turbines and propeller turbines. Kaplan turbines are called double 
regulated because the flow rate is controlled in two ways—by turning the 
wicket gates and by adjusting the pitch on the runner blades. Propeller 
turbines are nearly identical to Kaplan turbines except that the blades are 
fixed (pitch is not adjustable), and the flow rate is regulated only by the 
wicket gates (single regulated). Compared to the Pelton and Francis tur-
bines, Kaplan turbines and propeller turbines are most suited for low head, 
high volume flow rate conditions. Their efficiencies rival those of Francis 
turbines and may be as high as 94 percent.
 Figure 14–89 is a photograph of the radial-flow runner of a Francis radial-
flow turbine. The workers are shown to give you an idea of how large the 
runners are in a hydroelectric power plant. Figure 14–90 is a photograph of 
the mixed-flow runner of a Francis turbine, and Fig. 14–91 is a photograph 
of an axial-flow propeller turbine. The view is from the inlet (top).

We sketch in Fig. 14–92 a typical hydroelectric dam that utilizes Francis 
reaction turbines to generate electricity. The overall or gross head Hgross is 
defined as the elevation difference between the reservoir surface upstream 
of the dam and the surface of the water exiting the dam, Hgross � zA � zE. 
If there were no irreversible losses anywhere in the system, the maximum 
amount of power that could be generated per turbine would be

Ideal power production: W
#

ideal 5 rgV
#
Hgross (14–42)

Of course, there are irreversible losses throughout the system, so the power 
actually produced is lower than the ideal power given by Eq. 14–42.

(a) (b)

(c () d)

FIGURE 14–88
The distinguishing characteristics 

of the four subcategories of reaction 
turbines: (a) Francis radial flow, 

(b) Francis mixed flow, (c) propeller 
mixed flow, and (d) propeller axial 
flow. The main difference between 

(b) and (c) is that Francis mixed-flow 
runners have a band that rotates with 

the runner, while propeller mixed-flow 
runners do not. There are two types of 
propeller mixed-flow turbines: Kaplan 
turbines have adjustable pitch blades, 
while propeller turbines do not. Note 
that the terminology used here is not 

universal among turbomachinery 
textbooks nor among hydroturbine 

manufacturers.

FIGURE 14–89
The runner of a Francis radial-flow 

turbine used at the Round Butte 
hydroelectric power station in Madras, 

OR. There are 17 runner blades of outer 
diameter 3.60 m. The turbine rotates 

at 180 rpm and produces 119 MW of 
power at a volume flow rate of 127 m3/s 

from a net head of 105 m.
Courtesy of American Hydro Corporation, York, 

PA. Used by permission.
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圖 14-88　在美國奧勒岡州馬德拉斯
市 (Madras, OR) 之 Round Butte 水力
發電站所使用徑向流動的法蘭西水

輪機動輪，共有 17 個葉片，外徑為 
11.8 ft (3.60 m)，水輪機在 180 rpm 
的轉速下旋轉，產生 119 MW 的電
力，其體積流率為 127 m3/s，淨水頭
為 105 m。
Courtesy of American Hydro 
Corporation, York, PA. Used by 
permission.
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理想產生功率： 
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turbine (Fig. 14–88c). Finally, if the flow is turned completely axially 
before entering the runner (Fig. 14–88d), the turbine is called an axial-flow 
turbine. The runners of an axial-flow turbine typically have only three to 
eight blades, a lot fewer than Francis turbines. Of these there are two types: 
Kaplan turbines and propeller turbines. Kaplan turbines are called double 
regulated because the flow rate is controlled in two ways—by turning the 
wicket gates and by adjusting the pitch on the runner blades. Propeller 
turbines are nearly identical to Kaplan turbines except that the blades are 
fixed (pitch is not adjustable), and the flow rate is regulated only by the 
wicket gates (single regulated). Compared to the Pelton and Francis tur-
bines, Kaplan turbines and propeller turbines are most suited for low head, 
high volume flow rate conditions. Their efficiencies rival those of Francis 
turbines and may be as high as 94 percent.
 Figure 14–89 is a photograph of the radial-flow runner of a Francis radial-
flow turbine. The workers are shown to give you an idea of how large the 
runners are in a hydroelectric power plant. Figure 14–90 is a photograph of 
the mixed-flow runner of a Francis turbine, and Fig. 14–91 is a photograph 
of an axial-flow propeller turbine. The view is from the inlet (top).

We sketch in Fig. 14–92 a typical hydroelectric dam that utilizes Francis 
reaction turbines to generate electricity. The overall or gross head Hgross is 
defined as the elevation difference between the reservoir surface upstream 
of the dam and the surface of the water exiting the dam, Hgross � zA � zE. 
If there were no irreversible losses anywhere in the system, the maximum 
amount of power that could be generated per turbine would be

Ideal power production: W
#

ideal 5 rgV
#
Hgross (14–42)

Of course, there are irreversible losses throughout the system, so the power 
actually produced is lower than the ideal power given by Eq. 14–42.

(a) (b)

(c () d)

FIGURE 14–88
The distinguishing characteristics 

of the four subcategories of reaction 
turbines: (a) Francis radial flow, 

(b) Francis mixed flow, (c) propeller 
mixed flow, and (d) propeller axial 
flow. The main difference between 

(b) and (c) is that Francis mixed-flow 
runners have a band that rotates with 

the runner, while propeller mixed-flow 
runners do not. There are two types of 
propeller mixed-flow turbines: Kaplan 
turbines have adjustable pitch blades, 
while propeller turbines do not. Note 
that the terminology used here is not 

universal among turbomachinery 
textbooks nor among hydroturbine 

manufacturers.

FIGURE 14–89
The runner of a Francis radial-flow 

turbine used at the Round Butte 
hydroelectric power station in Madras, 

OR. There are 17 runner blades of outer 
diameter 3.60 m. The turbine rotates 

at 180 rpm and produces 119 MW of 
power at a volume flow rate of 127 m3/s 

from a net head of 105 m.
Courtesy of American Hydro Corporation, York, 

PA. Used by permission.
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 (14-42)

當然貫穿整個系統會有不可逆損失，所以實際產生的功率比式 

(14-42) 所得出的功率低。

見圖 14-91，整個系統跟著水流動，可定義一些名詞並討論

沿著流道的損失。從 A 點水壩上游，水是靜止的地方開始，此

處的壓力為大氣壓力，而且其高度為 zA，是最高處。水流經過

水壩中稱為引水管 (penstock) 的大型管路的體積流率為 
⋅
V，通往

引水管的水流可藉由關閉位於引水管入口處稱為進水閘門 (head 

gate) 的大型閥門來切斷。如果將一個皮托管伸到 B 點處，及引

水管尾端於水輪機之前的地方，如圖 14-91 所示，管中的水流

上升之水柱高度會等於在水輪機入口處的能量坡線 EGLin。由於

引水管與入口的不可逆損失，所以此水柱高度會低於點 A 處的

水柱。然後水流通過水輪機，發電機則經由轉軸與此水輪機連

接。注意發電機本身具有不可逆損失。但是從流體機械的觀點

來看，我們只對經過水輪機與其下游水流感興趣。

在通過水輪機動輪之後，離開的流體 (C 點處) 仍具可觀的動能，而且也許有

些渦旋。為了收取一些這種動能 (否則就浪費了)，水流進入一段擴張面積稱為尾

水管 (draft tube) 的擴散器，該元件將水流轉向水平方向，並減慢流速，同時在排

放至下游之前增加壓力，稱為尾水道 (tailrace)。如果我們想像另一個皮托管置於 D 

點處 (尾水管出口處)，此處水流上升之水柱高度會等於圖 14-91 所標示 EGLout 的

能量坡線。由於尾水管視為水輪機組成的一部分，所以經過水輪機的淨水頭定為 

圖 14-90　在美國喬治亞州科爾迪
爾市 (Cordele) 之 Warwick 水力發
電站所使用的五葉推進的卡普蘭水

輪機。動輪葉片有五個，其外徑為 
12.7 ft (3.87 m)，水輪機在 100 rpm 
的轉速下旋轉，產生 5.37 MW 的電
力，其體積流率為 63.7 m3/s，淨水
頭為 9.75 m。
Photo courtesy of Weir American 
Hydro Corporation, York, PA. Used by 
permission.
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 We follow the flow of water through the whole system of Fig. 14–92, 
defining terms and discussing losses along the way. We start at point A 
upstream of the dam where the water is still, at atmospheric pressure, and 
at its highest elevation, zA. Water flows at volume flow rate V

.
 through a 

large tube through the dam called the penstock. Flow to the penstock can 
be cut off by closing a large gate valve called a head gate at the penstock 
inlet. If we were to insert a Pitot probe at point B at the end of the pen-
stock just before the turbine, as illustrated in Fig. 14–92, the water in the 
tube would rise to a column height equal to the energy grade line EGLin 
at the inlet of the turbine. This column height is lower than the water level 
at point A, due to irreversible losses in the penstock and its inlet. The flow 
then passes through the turbine, which is connected by a shaft to the electric 
generator. Note that the electric generator itself has irreversible losses. From 
a fluid mechanics perspective, however, we are interested only in the losses 
through the turbine and downstream of the turbine.
 After passing through the turbine runner, the exiting fluid (point C) still 
has appreciable kinetic energy, and perhaps swirl. To recover some of this 
kinetic energy (which would otherwise be wasted), the flow enters an 
expanding area diffuser called a draft tube, which turns the flow horizon-
tally and slows down the flow speed, while increasing the pressure prior 
to discharge into the downstream water, called the tailrace. If we were to 
imagine another Pitot probe at point D (the exit of the draft tube), the water 
in the tube would rise to a column height equal to the energy grade line 
labeled EGLout in Fig. 14–92. Since the draft tube is considered to be an 

FIGURE 14–90
The runner of a Francis mixed-flow 
turbine used at the Smith Mountain 
hydroelectric power station in 
Roanoke, VA. There are 17 runner 
blades of outer diameter 6.19 m. 
The turbine rotates at 100 rpm and 
produces 194 MW of power at a 
volume flow rate of 375 m3/s from a 
net head of 54.9 m.
Courtesy of American Hydro Corporation, York, 
PA. Used by permission.

FIGURE 14–91
The five-bladed propeller turbine used 
at the Warwick hydroelectric power 
station in Cordele, GA. There are 
five runner blades of outer diameter 
3.87 m. The turbine rotates at 
100 rpm and produces 5.37 MW of 
power at a volume flow rate of 63.7 m3/s 
from a net head of 9.75 m.
Photo courtesy of Weir American Hydro 
Corporation, York, PA. Used by permission.
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圖 14-91　對使用法蘭西水輪機發電
之水力發電廠之典型設置與專有名

詞。圖中未按比例尺，其中顯示的

皮托管僅為示範目的之用。
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integral part of the turbine assembly, the net head across the turbine is spec-
ified as the difference between EGLin and EGLout,

Net head for a hydraulic turbine: H 5 EGLin 2 EGLout (14–43)

In words,

The net head of a turbine is defined as the difference between the energy 
grade line just upstream of the turbine and the energy grade line at the exit 
of the draft tube.

 At the draft tube exit (point D) the flow speed is significantly slower than 
that at point C upstream of the draft tube; however, it is finite. All the kinetic 
energy leaving the draft tube is dissipated in the tailrace. This represents an 
irreversible head loss and is the reason why EGLout is higher than the eleva-
tion of the tailrace surface, zE. Nevertheless, significant pressure recovery 
occurs in a well-designed draft tube. The draft tube causes the pressure at 
the outlet of the runner (point C) to decrease below atmospheric pressure, 
thereby enabling the turbine to utilize the available head most efficiently. 
In other words, the draft tube causes the pressure at the runner outlet to be 
lower than it would have been without the draft tube—increasing the change 
in pressure from the inlet to the outlet of the turbine. Designers must be 
careful, however, because subatmospheric pressures may lead to cavitation, 
which is undesirable for many reasons, as discussed previously.
 If we were interested in the net efficiency of the entire hydroelectric plant, 
we would define this efficiency as the ratio of actual electric power pro-
duced to ideal power (Eq. 14–42), based on gross head. Of more concern 
in this chapter is the efficiency of the turbine itself. By convention, turbine 
efficiency is based on net head H rather than gross head Hgross. Specifically, 
�turbine is defined as the ratio of brake horsepower output (actual turbine 

B

D

E

A

C

H

Hgross

EGLout

⋅
 V

EGLin

zE

zA

FIGURE 14–92
Typical setup and terminology 

for a hydroelectric plant that 
utilizes a Francis turbine to generate 
electricity; drawing not to scale. The 
Pitot probes are shown for illustrative 

purposes only.
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EGLin 與 EGLout 之間的差，

水輪機之淨水頭： H=EGLin −EGLout (14-43)

也可以說，

水輪機之淨水頭定義為水輪機上游之能量坡線與尾水管出口能量坡線之間的

差。

在尾水管的出口處 (D 點)，流體流速明顯地低於尾水管的上游處 C 點，但是

這差異有限，所有離開尾水管的動能會於尾水道中散失。這表示有個不可逆損失， 

而且說明為什麼 EGLout 比尾水道液面高度 zE 高。雖然如此，在一個設計精良的尾

水管中可回收可觀的壓力，尾水管使得動輪出口 (C 點) 的壓力降低且低於大氣壓

力，因此使得水輪機最有效率地利用可用的水頭；也就是說，尾水管使得動輪出口

的壓力比沒有尾水管時的壓力低－增加水輪機從入口到出口的壓力變化。但是設

計師必須小心，因為低於大氣壓力可能造成空蝕現象，如之前所討論的結果一樣，

這是我們不希望發生的情況。

如果我們有興趣了解整個水力發電廠的淨效率，則定義效率為基於總水頭的情

形，實際產生功率與理想功率 (圖 14-42) 之間的比值。本章更關心的是水輪機本身

的效率。傳統上，輪機效率 (turbine efficiency) 乃是基於淨水頭 H，而不是總水頭 

Hgross，hturbine 特別定義為輸出制動馬力 (水輪機實際輸出軸功率) 與水馬力 (從經過

水輪機的水流所提出之功率) 的比值。

輪機效率： 
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output shaft power) to water horsepower (power extracted from the water 
flowing through the turbine),

Turbine efficiency: hturbine 5
W
#

shaft

W
#

water horsepower

5
bhp

rgHV
# (14–44)

Note that turbine efficiency �turbine is the reciprocal of pump efficiency �pump, 
since bhp is the actual output instead of the required input (Fig. 14–93).
 Note also that we are considering only one turbine at a time in this discus-
sion. Most large hydroelectric power plants have several turbines arranged 
in parallel. This offers the power company the opportunity to turn off some 
of the turbines during times of low power demand and for maintenance. 
Hoover Dam in Boulder City, Nevada, for example, has 17 parallel turbines, 
15 of which are identical large Francis turbines that can produce approxi-
mately 130 MW of electricity each (Fig. 14–94). The maximum gross head 
is 180 m. The total peak power production of the power plant exceeds 2 
GW (2000 MW).
 We perform preliminary design and analysis of turbines in the same 
way we did previously for pumps, using the Euler turbomachine equa-
tion and velocity diagrams. In fact, we keep the same notation, namely r1 
for the inner radius and r2 for the outer radius of the rotating blades. 
For a turbine, however, the flow direction is opposite to that of a pump, 
so the inlet is at radius r2 and the outlet is at radius r1. For a first-order 
analysis we approximate the blades as being infinitesimally thin. We also 
assume that the blades are aligned such that the flow is always tangent to 
the blade surface, and we ignore viscous effects (boundary layers) at the 
surfaces. Higher-order corrections are best obtained with a computational 
fluid dynamics code.
 Consider for example the top view of the Francis turbine of Fig. 14–87. 
Velocity vectors are drawn in Fig. 14–95 for both the absolute reference 

�pump = =
Wwater horsepower
⋅

Wshaft
⋅

�gHV 
⋅

bhp

�turbine = =
Wwater horsepower
⋅

Wshaft
⋅

bhp

�gHV 
⋅

FIGURE 14–93
By definition, efficiency must always 
be less than unity. The efficiency 
of a turbine is the reciprocal of the 
efficiency of a pump.

FIGURE 14–94
(a) An aerial view of Hoover Dam and 
(b) the top (visible) portion of several 
of the parallel electric generators 
driven by hydraulic turbines 
at Hoover Dam.
(a) © Corbis RF (b) © Brand X Pictures RF (a) (b)
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 (14-44)

要注意輪機效率 hturbine 為泵效率 hpump 的倒數，因為 bhp 為實

際的輸出，而不是所需之輸入 (圖 14-92)。

也要注意我們在此討論中，只考量一個水輪機。在大部分

的大型水力發電廠中，則有幾個並聯水輪機，這樣電力公司可

於低電力需求與維修期間有機會關閉一些水輪機。例如內華達

州布爾德市 (Boulder City, Nevada) 的胡佛水壩具有 17 個並聯的

水輪機，其中 15 個是相同的大型法蘭西水輪機，每個水輪機

大約可產生 130 MW 的電力 (圖 14-93)，最大的總水頭為 590 ft 

(180 m)，發電廠的尖峰總發電量超過 2 GW (2000 MW)。

我們以之前對泵的相同方式，利用歐拉旋轉機械方程式及

速度圖進行水輪機的設計與分析。事實上，我們保持相同的符圖 14-92　由效率之定義可知，必須
總是小於 1。輪機的效率為泵效率的
倒數。

842
TURBOMACHINERY

output shaft power) to water horsepower (power extracted from the water 
flowing through the turbine),

Turbine efficiency: hturbine 5
W
#

shaft

W
#

water horsepower

5
bhp

rgHV
# (14–44)

Note that turbine efficiency �turbine is the reciprocal of pump efficiency �pump, 
since bhp is the actual output instead of the required input (Fig. 14–93).
 Note also that we are considering only one turbine at a time in this discus-
sion. Most large hydroelectric power plants have several turbines arranged 
in parallel. This offers the power company the opportunity to turn off some 
of the turbines during times of low power demand and for maintenance. 
Hoover Dam in Boulder City, Nevada, for example, has 17 parallel turbines, 
15 of which are identical large Francis turbines that can produce approxi-
mately 130 MW of electricity each (Fig. 14–94). The maximum gross head 
is 180 m. The total peak power production of the power plant exceeds 2 
GW (2000 MW).
 We perform preliminary design and analysis of turbines in the same 
way we did previously for pumps, using the Euler turbomachine equa-
tion and velocity diagrams. In fact, we keep the same notation, namely r1 
for the inner radius and r2 for the outer radius of the rotating blades. 
For a turbine, however, the flow direction is opposite to that of a pump, 
so the inlet is at radius r2 and the outlet is at radius r1. For a first-order 
analysis we approximate the blades as being infinitesimally thin. We also 
assume that the blades are aligned such that the flow is always tangent to 
the blade surface, and we ignore viscous effects (boundary layers) at the 
surfaces. Higher-order corrections are best obtained with a computational 
fluid dynamics code.
 Consider for example the top view of the Francis turbine of Fig. 14–87. 
Velocity vectors are drawn in Fig. 14–95 for both the absolute reference 

�pump = =
Wwater horsepower
⋅

Wshaft
⋅

�gHV 
⋅

bhp

�turbine = =
Wwater horsepower
⋅

Wshaft
⋅

bhp

�gHV 
⋅

FIGURE 14–93
By definition, efficiency must always 
be less than unity. The efficiency 
of a turbine is the reciprocal of the 
efficiency of a pump.

FIGURE 14–94
(a) An aerial view of Hoover Dam and 
(b) the top (visible) portion of several 
of the parallel electric generators 
driven by hydraulic turbines 
at Hoover Dam.
(a) © Corbis RF (b) © Brand X Pictures RF (a) (b)
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效率總是定義為

因此，對泵而言，

對輪機而言，

h=效率= 實際輸出
所需輸入
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號，即 r1 為旋轉葉片的內徑，且 r2 為旋轉葉片的外徑。但是對水輪機而言，其水

流方向與泵的水流方向相反，所以入口是在半徑 r2 處，出口是在半徑 r1 處。對一

階分析而言，我們假設葉片非常薄，並假設葉片排成之型式使得流體流動總是與葉

面平行，並且忽略表面的黏滯效應 (邊界層)。較高階的修正係數則由利用計算流體

力學軟體獲得的值得到。

例如考慮圖 14-86 所示的法蘭西水輪機的上視圖，位於法

蘭西渦輪機動輪葉片外徑的絕對速度與相對速度向量圖繪製於

圖 14-94。流體由固定導流片 (圖 14-94 的粗黑線) 進入渦輪機，

(粗灰線) 以絕對速度 
Õ
V2 衝撞動輪葉片，當輪葉逆時針旋轉時，

在半徑 r2 的位置以速度 vr2 沿切線方向往左下方移動。為了要

得到相對速度向量，我們需要在圖上畫出速度向量 
Õ
V2 及反向的

切線速度向量 vr2 的向量和，得到相對速度 
Õ
V2, relative，其方向會

與輪葉前端平行 (b2 為輪葉前端方向與外徑 r2 切線之夾角)。絕

對速度向量 
Õ
V2 的切線方向分量 V2, t 在歐拉渦輪機方程式中是必

要的 [式 (14-39)]。經過三角函數可得：

輪葉前端： 
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frame and the relative reference frame rotating with the runner. Beginning 
with the stationary guide vane (thick black line in Fig. 14–95), the flow 
is turned so that it strik! es the runner blade (thick brown line) at absolute
velocity V2. But the runner blade is rotating counterclockwise, and at radius 
r2 it moves tangentially to the lower left at speed �r2. T!o translate into the 
rotating reference frame, we form the vector sum of V2 and the ! negative
of �r2, as shown in the sketch. The resultant is vector V2, relative, which is 
parallel to the runner blade leading edge (angle �2 from the tangent line of!
circle r2). The tangential component V2, t, of the absolute velocity vector V2 
is required for the Euler turbomachine equation (Eq. 14–39). After some 
trigonometry,

Runner leading edge: V2, t 5 vr2 2
V2, n

tan  b2

(14–45)

 Following the flow along the runner blade in the relative (rotating) ref-
erence frame, we see that the flow is turned such that it exits parallel to 
the trailing edge of the runner blade (angle �1 from the tangent line of 
circle r1). Finally! , to translate back to the absolute reference frame we vec-
torially add V1, relative and blade speed �r1, which acts to the left as sk! etched
in Fig. 14–96. The resultant is absolute vector V1. Since mass must be 
conserved, the normal components of the absolute velocity vectors V1, n 
and V2, n are related through Eq. 14–12, where axial blade widths b1 and 
b2 are defined in Fig. 14–87. After some trigonometry (which turns out to 
be identical to that at the leading edge), we generate an e! xpression for the
tangential component V1, t of absolute velocity vector V1 for use in the Euler 
turbomachine equation,

Runner trailing edge: V1, t 5 vr1 2
V1, n

tan  b1

(14–46)

Alert readers will notice that Eq. 14–46 for a turbine is identical to Eq. 14–23 
for a pump. This is not just fortuitous, but results from the fact that the 
velocity vectors, angles, etc., are defined in the same way for a turbine as 
for a pump except that everything is flowing in the opposite direction.

For some hydroturbine runner applications, high power/high flow opera-
tion can result in V1, t � 0. Here the runner blade turns the flow so much 
that the flow at the runner outlet rotates in the direction opposite to runner 
rotation, a situation called reverse swirl (Fig. 14–97). The Euler turboma-
chine equation predicts that maximum power is obtained when V1, t � 0, 
so we suspect that reverse swirl should be part of a good turbine design. 
In practice, however, it has been found that the best efficiency operation 
of most hydroturbines occurs when the runner imparts a small amount of 
with-rotation swirl to the flow exiting the runner (swirl in the same direc-
tion as runner rotation). This improves draft tube performance. A large 
amount of swirl (either reverse or with-rotation) is not desirable, because it 
leads to much higher losses in the draft tube. (High swirl velocities result in 
“wasted” kinetic energy.) Obviously, much fine tuning needs to be done in 
order to design the most efficient hydroturbine system (including the draft 
tube as an integral component) within imposed design constraints. Also 
keep in mind that the flow is three-dimensional; there is an axial component 

r2
V2, relative

V2, t

V2, n

r1

r2

→

V2

→

2

V2, relative

r1

r1

r2

→

V1, relative

→
V1

→

V2

→

1

FIGURE 14–95
Relative and absolute velocity vectors 

and geometry for the outer radius 
of the runner of a Francis turbine. 

Absolute velocity vectors are bold.

FIGURE 14–96
Relative and absolute velocity vectors 

and geometry for the inner radius 
of the runner of a Francis turbine. 

Absolute velocity vectors are bold.
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 (14-45)

由相對參考座標中跟隨沿著動輪葉片的流動，我們可以發

現流體會沿平行於輪葉末端方向離開 (b1 為輪葉末端方向與內

徑 r1 切線之夾角)。為了要得到絕對速度向量 
Õ
V1，取 

Õ
V1, relative 及

輪葉速度 vr1 的向量和，得到向左的絕對速度 
Õ
V1，見圖 14-95。

由於質量守恆可以透過式 (14-12) 找出 
Õ
V1 之法線方向分量 V1, n 

與 
Õ
V2 之法線方向分量 V2, n 的關係，其中式 (14-12) 中的 b1 和 b2 
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output shaft power) to water horsepower (power extracted from the water 
flowing through the turbine),

Turbine efficiency: hturbine 5
W
#

shaft

W
#

water horsepower

5
bhp

rgHV
# (14–44)

Note that turbine efficiency �turbine is the reciprocal of pump efficiency �pump, 
since bhp is the actual output instead of the required input (Fig. 14–93).
 Note also that we are considering only one turbine at a time in this discus-
sion. Most large hydroelectric power plants have several turbines arranged 
in parallel. This offers the power company the opportunity to turn off some 
of the turbines during times of low power demand and for maintenance. 
Hoover Dam in Boulder City, Nevada, for example, has 17 parallel turbines, 
15 of which are identical large Francis turbines that can produce approxi-
mately 130 MW of electricity each (Fig. 14–94). The maximum gross head 
is 180 m. The total peak power production of the power plant exceeds 2 
GW (2000 MW).
 We perform preliminary design and analysis of turbines in the same 
way we did previously for pumps, using the Euler turbomachine equa-
tion and velocity diagrams. In fact, we keep the same notation, namely r1 
for the inner radius and r2 for the outer radius of the rotating blades. 
For a turbine, however, the flow direction is opposite to that of a pump, 
so the inlet is at radius r2 and the outlet is at radius r1. For a first-order 
analysis we approximate the blades as being infinitesimally thin. We also 
assume that the blades are aligned such that the flow is always tangent to 
the blade surface, and we ignore viscous effects (boundary layers) at the 
surfaces. Higher-order corrections are best obtained with a computational 
fluid dynamics code.
 Consider for example the top view of the Francis turbine of Fig. 14–87. 
Velocity vectors are drawn in Fig. 14–95 for both the absolute reference 

�pump = =
Wwater horsepower
⋅

Wshaft
⋅

�gHV 
⋅

bhp

�turbine = =
Wwater horsepower
⋅

Wshaft
⋅

bhp

�gHV 
⋅

FIGURE 14–93
By definition, efficiency must always 
be less than unity. The efficiency 
of a turbine is the reciprocal of the 
efficiency of a pump.

FIGURE 14–94
(a) An aerial view of Hoover Dam and 
(b) the top (visible) portion of several 
of the parallel electric generators 
driven by hydraulic turbines 
at Hoover Dam.
(a) © Corbis RF (b) © Brand X Pictures RF (a) (b)
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圖 14-93　(a) 胡佛水壩的鳥瞰圖，
與 (b) 胡佛水壩內由水輪機驅動的幾
個並聯的發電機之上半部 (可看見的
部分)。
(a) © Corbis RF (b) © Brand X 
Pictures RF.

圖 14-94　法蘭西水輪機轉輪外徑的
相對和絕對速度向量與幾何形狀。

粗體的為絕對速度向量。
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frame and the relative reference frame rotating with the runner. Beginning 
with the stationary guide vane (thick black line in Fig. 14–95), the flow 
is turned so that it strik! es the runner blade (thick brown line) at absolute
velocity V2. But the runner blade is rotating counterclockwise, and at radius 
r2 it moves tangentially to the lower left at speed �r2. T!o translate into the 
rotating reference frame, we form the vector sum of V2 and the ! negative
of �r2, as shown in the sketch. The resultant is vector V2, relative, which is 
parallel to the runner blade leading edge (angle �2 from the tangent line of!
circle r2). The tangential component V2, t, of the absolute velocity vector V2 
is required for the Euler turbomachine equation (Eq. 14–39). After some 
trigonometry,

Runner leading edge: V2, t 5 vr2 2
V2, n

tan  b2

(14–45)

 Following the flow along the runner blade in the relative (rotating) ref-
erence frame, we see that the flow is turned such that it exits parallel to 
the trailing edge of the runner blade (angle �1 from the tangent line of 
circle r1). Finally! , to translate back to the absolute reference frame we vec-
torially add V1, relative and blade speed �r1, which acts to the left as sk! etched
in Fig. 14–96. The resultant is absolute vector V1. Since mass must be 
conserved, the normal components of the absolute velocity vectors V1, n 
and V2, n are related through Eq. 14–12, where axial blade widths b1 and 
b2 are defined in Fig. 14–87. After some trigonometry (which turns out to 
be identical to that at the leading edge), we generate an e! xpression for the
tangential component V1, t of absolute velocity vector V1 for use in the Euler 
turbomachine equation,

Runner trailing edge: V1, t 5 vr1 2
V1, n

tan  b1

(14–46)

Alert readers will notice that Eq. 14–46 for a turbine is identical to Eq. 14–23 
for a pump. This is not just fortuitous, but results from the fact that the 
velocity vectors, angles, etc., are defined in the same way for a turbine as 
for a pump except that everything is flowing in the opposite direction.

For some hydroturbine runner applications, high power/high flow opera-
tion can result in V1, t � 0. Here the runner blade turns the flow so much 
that the flow at the runner outlet rotates in the direction opposite to runner 
rotation, a situation called reverse swirl (Fig. 14–97). The Euler turboma-
chine equation predicts that maximum power is obtained when V1, t � 0, 
so we suspect that reverse swirl should be part of a good turbine design. 
In practice, however, it has been found that the best efficiency operation 
of most hydroturbines occurs when the runner imparts a small amount of 
with-rotation swirl to the flow exiting the runner (swirl in the same direc-
tion as runner rotation). This improves draft tube performance. A large 
amount of swirl (either reverse or with-rotation) is not desirable, because it 
leads to much higher losses in the draft tube. (High swirl velocities result in 
“wasted” kinetic energy.) Obviously, much fine tuning needs to be done in 
order to design the most efficient hydroturbine system (including the draft 
tube as an integral component) within imposed design constraints. Also 
keep in mind that the flow is three-dimensional; there is an axial component 
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FIGURE 14–95
Relative and absolute velocity vectors 

and geometry for the outer radius 
of the runner of a Francis turbine. 

Absolute velocity vectors are bold.

FIGURE 14–96
Relative and absolute velocity vectors 

and geometry for the inner radius 
of the runner of a Francis turbine. 

Absolute velocity vectors are bold.
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圖 14-95　法蘭西水輪機轉輪內徑的
相對和絕對速度向量與幾何形狀。

粗體的為絕對速度向量。
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frame and the relative reference frame rotating with the runner. Beginning 
with the stationary guide vane (thick black line in Fig. 14–95), the flow 
is turned so that it strik! es the runner blade (thick brown line) at absolute
velocity V2. But the runner blade is rotating counterclockwise, and at radius 
r2 it moves tangentially to the lower left at speed �r2. T!o translate into the 
rotating reference frame, we form the vector sum of V2 and the ! negative
of �r2, as shown in the sketch. The resultant is vector V2, relative, which is 
parallel to the runner blade leading edge (angle �2 from the tangent line of!
circle r2). The tangential component V2, t, of the absolute velocity vector V2 
is required for the Euler turbomachine equation (Eq. 14–39). After some 
trigonometry,

Runner leading edge: V2, t 5 vr2 2
V2, n

tan  b2

(14–45)

 Following the flow along the runner blade in the relative (rotating) ref-
erence frame, we see that the flow is turned such that it exits parallel to 
the trailing edge of the runner blade (angle �1 from the tangent line of 
circle r1). Finally! , to translate back to the absolute reference frame we vec-
torially add V1, relative and blade speed �r1, which acts to the left as sk! etched
in Fig. 14–96. The resultant is absolute vector V1. Since mass must be 
conserved, the normal components of the absolute velocity vectors V1, n 
and V2, n are related through Eq. 14–12, where axial blade widths b1 and 
b2 are defined in Fig. 14–87. After some trigonometry (which turns out to 
be identical to that at the leading edge), we generate an e! xpression for the
tangential component V1, t of absolute velocity vector V1 for use in the Euler 
turbomachine equation,

Runner trailing edge: V1, t 5 vr1 2
V1, n

tan  b1

(14–46)

Alert readers will notice that Eq. 14–46 for a turbine is identical to Eq. 14–23 
for a pump. This is not just fortuitous, but results from the fact that the 
velocity vectors, angles, etc., are defined in the same way for a turbine as 
for a pump except that everything is flowing in the opposite direction.

For some hydroturbine runner applications, high power/high flow opera-
tion can result in V1, t � 0. Here the runner blade turns the flow so much 
that the flow at the runner outlet rotates in the direction opposite to runner 
rotation, a situation called reverse swirl (Fig. 14–97). The Euler turboma-
chine equation predicts that maximum power is obtained when V1, t � 0, 
so we suspect that reverse swirl should be part of a good turbine design. 
In practice, however, it has been found that the best efficiency operation 
of most hydroturbines occurs when the runner imparts a small amount of 
with-rotation swirl to the flow exiting the runner (swirl in the same direc-
tion as runner rotation). This improves draft tube performance. A large 
amount of swirl (either reverse or with-rotation) is not desirable, because it 
leads to much higher losses in the draft tube. (High swirl velocities result in 
“wasted” kinetic energy.) Obviously, much fine tuning needs to be done in 
order to design the most efficient hydroturbine system (including the draft 
tube as an integral component) within imposed design constraints. Also 
keep in mind that the flow is three-dimensional; there is an axial component 
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of the velocity as the flow is turned into the draft tube, and there are differ-
ences in velocity in the circumferential direction as well. It doesn’t take long 
before you realize that computer simulation tools are enormously useful to 
turbine designers. In fact, with the help of modern CFD codes, the efficiency 
of hydroturbines has increased to the point where retrofits of old turbines in 
hydroelectric plants are economically wise and common. An example CFD 
output is shown in Fig. 14–98 for a Francis mixed-flow turbine.

EXAMPLE 14–12     Effect of Component Efficiencies on Plant 
Efficiency

A hydroelectric power plant is being designed. The gross head from the res-
ervoir to the tailrace is 325 m, and the volume flow rate of water through 
each turbine is 12.8 m3/s at 20°C. There are 12 identical parallel turbines, 
each with an efficiency of 95.2 percent, and all other mechanical energy 
losses (through the penstock, etc.) are estimated to reduce the output by 3.5 
percent. The generator itself has an efficiency of 94.5 percent. Estimate the 
electric power production from the plant in MW.

SOLUTION  We are to estimate the power production from a hydroelectric 
plant.
Properties  The density of water at T � 20°C is 998 kg/m3.

�

Reverse swirl

FIGURE 14–97
In some Francis mixed-flow turbines, 
high-power, high-volume flow rate 
conditions sometimes lead to reverse 
swirl, in which the flow exiting 
the runner swirls in the direction 
opposite to that of the runner itself, 
as sketched here. 

FIGURE 14–98
Contour plot of the static pressure 
distribution on runner blade surfaces 
as calculated by CFD; pressure is in 
pascals. Shown is a 17-blade Francis 
mixed-flow turbine runner that rotates 
counterclockwise about the z-axis. 
Only one blade passage is modeled, 
but the image is reproduced 16 times 
due to the symmetry. The highest 
pressures (red regions) are encountered 
near the leading edges of the pressure 
surfaces of the runner, while the 
lowest pressures (blue regions) occur 
on the suction surface of the runner 
near the trailing edge. 
Photo courtesy of Weir American Hydro 
Corporation, York, PA. Used by permission.
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圖 14-97　用 CFD 來計算出輪葉表面上的靜壓分
佈圖；壓力單位是 pascals。圖中為一台有 17 個輪
葉的法蘭西混流式渦輪機，其運轉方向為沿著 z- 
軸反方向旋轉。只有建模一個輪葉，其它 16 個輪
葉是用對稱的方式所建立出來的，最高的壓力 (紅
色區域) 是發生在靠近輪葉前端，而最低的壓力 
(藍色區域) 是發生在靠近輪葉末端。
Photo courtesy of Weir American Hydro Corporation, 
York, PA. Used by permission. 

由圖 14-86 可知。經過三角函數可得 (其結果與輪葉前端相似) 

輪葉末端： 
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frame and the relative reference frame rotating with the runner. Beginning 
with the stationary guide vane (thick black line in Fig. 14–95), the flow 
is turned so that it strik! es the runner blade (thick brown line) at absolute
velocity V2. But the runner blade is rotating counterclockwise, and at radius 
r2 it moves tangentially to the lower left at speed �r2. T!o translate into the 
rotating reference frame, we form the vector sum of V2 and the ! negative
of �r2, as shown in the sketch. The resultant is vector V2, relative, which is 
parallel to the runner blade leading edge (angle �2 from the tangent line of!
circle r2). The tangential component V2, t, of the absolute velocity vector V2 
is required for the Euler turbomachine equation (Eq. 14–39). After some 
trigonometry,

Runner leading edge: V2, t 5 vr2 2
V2, n

tan  b2

(14–45)

 Following the flow along the runner blade in the relative (rotating) ref-
erence frame, we see that the flow is turned such that it exits parallel to 
the trailing edge of the runner blade (angle �1 from the tangent line of 
circle r1). Finally! , to translate back to the absolute reference frame we vec-
torially add V1, relative and blade speed �r1, which acts to the left as sk! etched
in Fig. 14–96. The resultant is absolute vector V1. Since mass must be 
conserved, the normal components of the absolute velocity vectors V1, n 
and V2, n are related through Eq. 14–12, where axial blade widths b1 and 
b2 are defined in Fig. 14–87. After some trigonometry (which turns out to 
be identical to that at the leading edge), we generate an e! xpression for the
tangential component V1, t of absolute velocity vector V1 for use in the Euler 
turbomachine equation,

Runner trailing edge: V1, t 5 vr1 2
V1, n

tan  b1

(14–46)

Alert readers will notice that Eq. 14–46 for a turbine is identical to Eq. 14–23 
for a pump. This is not just fortuitous, but results from the fact that the 
velocity vectors, angles, etc., are defined in the same way for a turbine as 
for a pump except that everything is flowing in the opposite direction.

For some hydroturbine runner applications, high power/high flow opera-
tion can result in V1, t � 0. Here the runner blade turns the flow so much 
that the flow at the runner outlet rotates in the direction opposite to runner 
rotation, a situation called reverse swirl (Fig. 14–97). The Euler turboma-
chine equation predicts that maximum power is obtained when V1, t � 0, 
so we suspect that reverse swirl should be part of a good turbine design. 
In practice, however, it has been found that the best efficiency operation 
of most hydroturbines occurs when the runner imparts a small amount of 
with-rotation swirl to the flow exiting the runner (swirl in the same direc-
tion as runner rotation). This improves draft tube performance. A large 
amount of swirl (either reverse or with-rotation) is not desirable, because it 
leads to much higher losses in the draft tube. (High swirl velocities result in 
“wasted” kinetic energy.) Obviously, much fine tuning needs to be done in 
order to design the most efficient hydroturbine system (including the draft 
tube as an integral component) within imposed design constraints. Also 
keep in mind that the flow is three-dimensional; there is an axial component 
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FIGURE 14–95
Relative and absolute velocity vectors 

and geometry for the outer radius 
of the runner of a Francis turbine. 

Absolute velocity vectors are bold.

FIGURE 14–96
Relative and absolute velocity vectors 

and geometry for the inner radius 
of the runner of a Francis turbine. 

Absolute velocity vectors are bold.
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 (14-46)

警覺的讀者會發現，渦輪機的式 (14-46) 與泵的式 (14-23) 相

同。這並不是一個偶然，這起因於這兩種機械除了運轉方向相

反之外，速度向量、角度⋯⋯等被用相同方式定義。

對於一些水輪機應用中，高功率／高流量操作會導致 

V1, t <0。在這種情況下，輪葉對流體轉向會過多，導致動輪出

口流體的旋轉方向會與輪葉的旋轉方向相反，這種現象稱為反

向渦流 (圖 14-96)。由歐拉旋轉機械方程式中可得知最大的功率

會發生在 V1, t <0 時，所以我們猜測一個有反向渦流現象的渦輪是一個好的設計。

然而在實際上，當流體離開渦輪機時帶有些微的正渦旋於流場中 (旋轉方向與輪葉

旋轉方向相同) 時，被發現會有最大效率。這提高尾水管的性能，大量的渦流 (不

管是正向或反向渦流外) 是不理想的，因為它會導致尾水管中過大的損失 (過高的

旋轉速度會造成動能的損失)。顯然的，為了要設計出高效率的水輪機系統在設計

條件限制內，需要進行大量的微調 (包括尾水管)。要記得流動是三維的，在進入管

流時它有軸向的速度向量，在圓周方向內有速度的差異，你會很快了解到使用電腦

模擬軟體對渦輪機設計是非常有幫助的。事實上，利用 CFD 進行舊水輪機的改造

來提高效率是非常有經濟效益的，圖 14-97 為 CFD 模擬法蘭西混流式渦輪機結果

之範例。

圖 14-96　在一些法蘭西混流式渦輪
機中，高功率、高容量的流量條件

下有時會導致反向旋流，其中流體

以流動方向與輪葉相反的方式離開

渦輪，如圖中描繪所示。
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of the velocity as the flow is turned into the draft tube, and there are differ-
ences in velocity in the circumferential direction as well. It doesn’t take long 
before you realize that computer simulation tools are enormously useful to 
turbine designers. In fact, with the help of modern CFD codes, the efficiency 
of hydroturbines has increased to the point where retrofits of old turbines in 
hydroelectric plants are economically wise and common. An example CFD 
output is shown in Fig. 14–98 for a Francis mixed-flow turbine.

EXAMPLE 14–12     Effect of Component Efficiencies on Plant 
Efficiency

A hydroelectric power plant is being designed. The gross head from the res-
ervoir to the tailrace is 325 m, and the volume flow rate of water through 
each turbine is 12.8 m3/s at 20°C. There are 12 identical parallel turbines, 
each with an efficiency of 95.2 percent, and all other mechanical energy 
losses (through the penstock, etc.) are estimated to reduce the output by 3.5 
percent. The generator itself has an efficiency of 94.5 percent. Estimate the 
electric power production from the plant in MW.

SOLUTION  We are to estimate the power production from a hydroelectric 
plant.
Properties  The density of water at T � 20°C is 998 kg/m3.

Reverse swirl

FIGURE 14–97
In some Francis mixed-flow turbines, 
high-power, high-volume flow rate 
conditions sometimes lead to reverse 
swirl, in which the flow exiting 
the runner swirls in the direction 
opposite to that of the runner itself, 
as sketched here. 

FIGURE 14–98
Contour plot of the static pressure 
distribution on runner blade surfaces 
as calculated by CFD; pressure is in 
pascals. Shown is a 17-blade Francis 
mixed-flow turbine runner that rotates 
counterclockwise about the z-axis. 
Only one blade passage is modeled, 
but the image is reproduced 16 times 
due to the symmetry. The highest 
pressures (red regions) are encountered 
near the leading edges of the pressure 
surfaces of the runner, while the 
lowest pressures (blue regions) occur 
on the suction surface of the runner 
near the trailing edge. 
Photo courtesy of Weir American Hydro 
Corporation, York, PA. Used by permission.
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反向渦流
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 例題 14-12　　元件效率對於電廠效率的影響

設計一水力發電廠。從水庫頂部到尾水道總水頭為 325 m，在 20°C 下通過每個渦輪機的流量體積

為 12.8 m3/s，有 12 個相同並聯的渦輪機，每個具有 95.2% 的效率，而其它的機械能量損失 (引水

管⋯⋯等) 估計為 3.5%。發電機效率為 94.5%。試計算出電廠產生的電功率，以 MW 為單位。

解答：我們估計水力發電廠生產了多少電力。

性質：水在 T =20°C，密度為 998 kg/m3。

分析：一台水輪機生產的理想電功率
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Analysis  The ideal power produced by one hydroturbine is
# #

 Wideal 5 rgVHgross

 5 (998 kg/m3)(9.81 m/s2)(12.8 m3/s)(325 m)

1 N
3 a

l kg·m/s2b a
1 W

1 N·m/s
b a1 MW

106 W
b

 5 40.73 MW

But inefficiencies in the turbine, the generator, and the rest of the system 
reduce the actual electrical power output. For each turbine,
# #

 Welectrical 5 Widealhturbinehgeneratorhother 5 (40.73 MW)(0.952)(0.945)(1 2 0.035)

             5 35.4 MW

Finally, since there are 12 turbines in parallel, the total power produced is
# #

Wtotal electrical 5 12 Welectrical 5 12(35.4 MW) 5 425 MW

Discussion  A small improvement in any of the efficiencies ends up increas-
ing the power output and it thus increases the power company’s profitability.

 

 

 

EXAMPLE 14–13    Hydroturbine Design

A retrofit Francis radial-flow hydroturbine is being designed to replace an 
old turbine in a hydroelectric dam. The new turbine must meet the follow-
ing design restrictions in order to properly couple with the existing setup: 
The runner inlet radius is r2 � 2.50 m and its outlet radius
is r1 � 1.77 m. The runner blade widths are b2 � 0.914 m
and b1 � 2.62 m at the inlet and outlet, respectively. The runner must 

.
rotate at n � 120 rpm (� � 12.57 rad/s) to turn the 60-Hz electric 
generator. The wicket gates turn the flow by angle �2 � 33° from radial 
at the runner inlet, and the flow at the runner outlet is to have angle �1 
between �10° and 10° from radial (Fig. 14–99) for proper flow through 
the draft tube. The volume flow rate at design conditions is 599 m3/s, 
and the gross head provided by the dam is Hgross � 92.4 m.
(a) Calculate the inlet and outlet runner blade angles �2 and �1, respectively, 
and predict the power output and required net head if irreversible losses 
are neglected for the case with �1 � 10° from radial (with-rotation swirl). 
(b) Repeat the calculations for the case with �1 � 0° from radial (no swirl). 
(c) Repeat the calculations for the case with �1 � �10° from radial (reverse 
swirl).

SOLUTION  For a given set of hydroturbine design criteria we are to cal-
culate runner blade angles, required net head, and power output for three 
cases—two with swirl and one without swirl at the runner outlet.
Assumptions  1 The flow is steady. 2 The fluid is water at 20°C. 3 The 
blades are infinitesimally thin. 4 The flow is everywhere tangent to the run-
ner blades. 5 We neglect irreversible losses through the turbine.
Properties  For water at 20°C, � � 998.0 kg/m3.
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FIGURE 14–99
Top view of the absolute velocities and 
flow angles associated with the runner 
of a Francis turbine being designed for 
a hydroelectric dam (Example 14-13). 

The control volume is from the inlet to 
the outlet of the runner.

FIGURE 14–100
Sketch of the runner blade design of 

Example 14-13, top view. A guide 
vane and absolute velocity vectors are 

also shown.
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但是在渦輪機、發電機及該系統其餘部分的效率損失會減少實際的電功率輸出。對每一台渦輪機， 
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Analysis  The ideal power produced by one hydroturbine is
# #

 Wideal 5 rgVHgross

 5 (998 kg/m3)(9.81 m/s2)(12.8 m3/s)(325 m)

1 N
3 a

l kg·m/s2b a
1 W

1 N·m/s
b a1 MW

106 W
b

 5 40.73 MW

But inefficiencies in the turbine, the generator, and the rest of the system 
reduce the actual electrical power output. For each turbine,
# #

 Welectrical 5 Widealhturbinehgeneratorhother 5 (40.73 MW)(0.952)(0.945)(1 2 0.035)

             5 35.4 MW

Finally, since there are 12 turbines in parallel, the total power produced is
# #

Wtotal electrical 5 12 Welectrical 5 12(35.4 MW) 5 425 MW

Discussion  A small improvement in any of the efficiencies ends up increas-
ing the power output and it thus increases the power company’s profitability.
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generator. The wicket gates turn the flow by angle �2 � 33° from radial 
at the runner inlet, and the flow at the runner outlet is to have angle �1 
between �10° and 10° from radial (Fig. 14–99) for proper flow through 
the draft tube. The volume flow rate at design conditions is 599 m3/s, 
and the gross head provided by the dam is Hgross � 92.4 m.
(a) Calculate the inlet and outlet runner blade angles �2 and �1, respectively, 
and predict the power output and required net head if irreversible losses 
are neglected for the case with �1 � 10° from radial (with-rotation swirl). 
(b) Repeat the calculations for the case with �1 � 0° from radial (no swirl). 
(c) Repeat the calculations for the case with �1 � �10° from radial (reverse 
swirl).

SOLUTION  For a given set of hydroturbine design criteria we are to cal-
culate runner blade angles, required net head, and power output for three 
cases—two with swirl and one without swirl at the runner outlet.
Assumptions  1 The flow is steady. 2 The fluid is water at 20°C. 3 The 
blades are infinitesimally thin. 4 The flow is everywhere tangent to the run-
ner blades. 5 We neglect irreversible losses through the turbine.
Properties  For water at 20°C, � � 998.0 kg/m3.
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Top view of the absolute velocities and 
flow angles associated with the runner 
of a Francis turbine being designed for 
a hydroelectric dam (Example 14-13). 
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Sketch of the runner blade design of 

Example 14-13, top view. A guide 
vane and absolute velocity vectors are 

also shown.

787-878_cengel_ch14.indd   845 7/3/13   3:55 PM

最後，12 台並聯的渦輪機產生的總功率是 
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Analysis  The ideal power produced by one hydroturbine is
# #

 Wideal 5 rgVHgross

 5 (998 kg/m3)(9.81 m/s2)(12.8 m3/s)(325 m)

1 N
3 a

l kg·m/s2b a
1 W

1 N·m/s
b a1 MW

106 W
b

 5 40.73 MW

But inefficiencies in the turbine, the generator, and the rest of the system 
reduce the actual electrical power output. For each turbine,
# #

 Welectrical 5 Widealhturbinehgeneratorhother 5 (40.73 MW)(0.952)(0.945)(1 2 0.035)

             5 35.4 MW

Finally, since there are 12 turbines in parallel, the total power produced is
# #

Wtotal electrical 5 12 Welectrical 5 12(35.4 MW) 5 425 MW

Discussion  A small improvement in any of the efficiencies ends up increas-
ing the power output and it thus increases the power company’s profitability.
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A retrofit Francis radial-flow hydroturbine is being designed to replace an 
old turbine in a hydroelectric dam. The new turbine must meet the follow-
ing design restrictions in order to properly couple with the existing setup: 
The runner inlet radius is r2 � 2.50 m and its outlet radius
is r1 � 1.77 m. The runner blade widths are b2 � 0.914 m
and b1 � 2.62 m at the inlet and outlet, respectively. The runner must 
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rotate at n � 120 rpm (� � 12.57 rad/s) to turn the 60-Hz electric 
generator. The wicket gates turn the flow by angle �2 � 33° from radial 
at the runner inlet, and the flow at the runner outlet is to have angle �1 
between �10° and 10° from radial (Fig. 14–99) for proper flow through 
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swirl).

SOLUTION  For a given set of hydroturbine design criteria we are to cal-
culate runner blade angles, required net head, and power output for three 
cases—two with swirl and one without swirl at the runner outlet.
Assumptions  1 The flow is steady. 2 The fluid is water at 20°C. 3 The 
blades are infinitesimally thin. 4 The flow is everywhere tangent to the run-
ner blades. 5 We neglect irreversible losses through the turbine.
Properties  For water at 20°C, � � 998.0 kg/m3.
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討論：對任何一個效率的小改善都能增加功率輸出，從而增加電力公司的獲利。

 例題 14-13　　水輪機設計

一個改造過後的徑流式法蘭西水輪機要用來取代水力發電站的舊

型輪機。新的渦輪機必須滿足以下的設計條件，才能使機器能正

確的運轉：轉輪的入口半徑 r2 =2.50 m，出口半徑 r1 =1.77 m。

輪葉入出口的寬度為 b2 =0.914 m 和 b1 =2.62 m。轉輪的轉速 

n =120 rpm (v =12.57 rad/s)，60 Hz 的發電機頻率。導水葉在動

輪入口處將水流轉向，使其與徑向夾角為 a2 =33°，而在動輪出

口處的水流與徑向的夾角 a1 介於 −10° 到 10° 之間 (圖 14-98)，使

其適當地流入尾水管。設計的體積流率為 599 m3/s，水壩的總水

頭 Hgross =92.4 m。(a) 如果忽略不可逆損失，且角度 a1 =10° (正

向渦旋)，試分別計算動輪葉片入口與出口角度 b2 與 b1，並預估

功率輸出和所需之淨水頭。(b) 對 a1 =0° 重複計算 (沒有渦旋)。

(c) 對 a1 = −10° 重複計算 (有逆渦旋)。

解答：對於一台已知設計條件下的水輪機，計算出三種情況下的

圖 14-98　設計用於水力發電水壩的
法蘭西水輪機其絕對速度與動輪有

關的流動角度之上視圖。控制體積

的選取係自動輪的入口到動輪的出

口區域。
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Analysis  The ideal power produced by one hydroturbine is
# #

 Wideal 5 rgVHgross

 5 (998 kg/m3)(9.81 m/s2)(12.8 m3/s)(325 m)

1 N
3 a

l kg·m/s2b a
1 W

1 N·m/s
b a1 MW

106 W
b

 5 40.73 MW

But inefficiencies in the turbine, the generator, and the rest of the system 
reduce the actual electrical power output. For each turbine,
# #

 Welectrical 5 Widealhturbinehgeneratorhother 5 (40.73 MW)(0.952)(0.945)(1 2 0.035)

             5 35.4 MW

Finally, since there are 12 turbines in parallel, the total power produced is
# #

Wtotal electrical 5 12 Welectrical 5 12(35.4 MW) 5 425 MW

Discussion  A small improvement in any of the efficiencies ends up increas-
ing the power output and it thus increases the power company’s profitability.
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SOLUTION  For a given set of hydroturbine design criteria we are to cal-
culate runner blade angles, required net head, and power output for three 
cases—two with swirl and one without swirl at the runner outlet.
Assumptions  1 The flow is steady. 2 The fluid is water at 20°C. 3 The 
blades are infinitesimally thin. 4 The flow is everywhere tangent to the run-
ner blades. 5 We neglect irreversible losses through the turbine.
Properties  For water at 20°C, � � 998.0 kg/m3.
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控制體積



60 流 體 力 學

動輪葉片角度、所需淨水頭與功率輸出，於動輪出口處之兩種情況有渦旋，一種情況無渦旋。

假設：1. 穩流情況。2. 水溫為 20°C。3. 葉片很薄。4. 水流與動輪葉片平行。5. 可忽略經過水輪機

之不可逆損失。

性質：20°C 水之密度為 r=998.0 kg/m3。

分析：(a) 利用式 (14-12)，對入口速度的垂直分量求解
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Analysis  (a) We solve for the normal component of velocity at the inlet 
using Eq. 14–12,

V2, n 5
V
#

2pr2b2

5
599 m3/s

2p(2.50 m)(0.914 m)
5 41.7 m/s (1)

Using Fig. 14–99 as a guide, the tangential velocity component at the inlet is

V2, t 5 V2, n tan a2 5 (41.7 m/s) tan 338 5 27.1 m/s (2)

We now solve Eq. 14–45 for the runner leading edge angle �2,

b2 5 arctana
V2, n

vr2 2 V2, t

b

5 arctan a 41.7 m/s

(12.57 rad/s)(2.50 m) 2 27.1 m/s
b 5 84.18 (3)

Equations 1 through 3 are repeated for the runner outlet, with the following 
results: 

Runner outlet: V1, n 5 20.6 m/s,  V 1, t 5 3.63 m/s,  b1 5 47.98 (4)

The top view of this runner blade is sketched (to scale) in Fig. 14–100.
 Using Eqs. 2 and 4, the shaft output power is estimated from the Euler 
turbomachine equation, Eq. 14–39,

W
#

shaft 5 rvV
#
(r2V2, t 2 r1V1, t) 5 (998.0 kg/m3)(12.57 rads/s)(599 m3/s)

3 [(2.50 m)(27.2 m/s) 2 (1.77 m)(3.63 m/s)]a MW·s

106 kg·m2/s2b

  5 461 MW 5 6.18 3 105 hp  (5)

Finally, we calculate the required net head using Eq. 14–44, assuming that 
�turbine � 100 percent since we are ignoring irreversibilities,

H5
bhp

rgV
# 5

461 MW

(998.0 kg/m3)(9.81 m/s2)(599 m3/s)
a106 kg·m2/s2

MW·s
b 5 78.6 m (6)

(b) When we repeat the calculations with no swirl at the runner outlet 
(�1 � 0°), the runner blade trailing edge angle reduces to 42.8°, and the 
output power increases to 509 MW (6.83 � 105 hp). The required net head 
increases to 86.8 m.
(c) When we repeat the calculations with reverse swirl at the runner outlet 
(�1 � �10°), the runner blade trailing edge angle reduces to 38.5°, and the 
output power increases to 557 MW (7.47 � 105 hp). The required net head 
increases to 95.0 m. A plot of power and net head as a function of runner 
outlet flow angle �1 is shown in Fig. 14–101. You can see that both bhp and 
H increase with decreasing �1.
Discussion  The theoretical output power increases by about 10 percent by 
eliminating swirl from the runner outlet and by nearly another 10 percent 
when there is 10° of reverse swirl. However, the gross head available from 
the dam is only 92.4 m. Thus, the reverse swirl case of part (c) is clearly 
impossible, since the predicted net head is required to be greater than Hgross. 
Keep in mind that this is a preliminary design in which we are neglect-
ing irreversibilities. The actual output power will be lower and the actual 
required net head will be higher than the values predicted here.
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runner outlet flow angle for the turbine 
of Example 14–13.
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 (1)

利用圖 14-98 來引導，入口速度的切線分量為
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Analysis  (a) We solve for the normal component of velocity at the inlet 
using Eq. 14–12,

V2, n 5
V
#

2pr2b2

5
599 m3/s

2p(2.50 m)(0.914 m)
5 41.7 m/s (1)

Using Fig. 14–99 as a guide, the tangential velocity component at the inlet is

V2, t 5 V2, n tan a2 5 (41.7 m/s) tan 338 5 27.1 m/s (2)

We now solve Eq. 14–45 for the runner leading edge angle �2,

b2 5 arctana
V2, n

vr2 2 V2, t

b

5 arctan a 41.7 m/s

(12.57 rad/s)(2.50 m) 2 27.1 m/s
b 5 84.18 (3)

Equations 1 through 3 are repeated for the runner outlet, with the following 
results: 

Runner outlet: V1, n 5 20.6 m/s,  V 1, t 5 3.63 m/s,  b1 5 47.98 (4)

The top view of this runner blade is sketched (to scale) in Fig. 14–100.
 Using Eqs. 2 and 4, the shaft output power is estimated from the Euler 
turbomachine equation, Eq. 14–39,

W
#

shaft 5 rvV
#
(r2V2, t 2 r1V1, t) 5 (998.0 kg/m3)(12.57 rads/s)(599 m3/s)

3 [(2.50 m)(27.2 m/s) 2 (1.77 m)(3.63 m/s)]a MW·s

106 kg·m2/s2b

  5 461 MW 5 6.18 3 105 hp  (5)

Finally, we calculate the required net head using Eq. 14–44, assuming that 
�turbine � 100 percent since we are ignoring irreversibilities,

H5
bhp

rgV
# 5

461 MW

(998.0 kg/m3)(9.81 m/s2)(599 m3/s)
a106 kg·m2/s2

MW·s
b 5 78.6 m (6)

(b) When we repeat the calculations with no swirl at the runner outlet 
(�1 � 0°), the runner blade trailing edge angle reduces to 42.8°, and the 
output power increases to 509 MW (6.83 � 105 hp). The required net head 
increases to 86.8 m.
(c) When we repeat the calculations with reverse swirl at the runner outlet 
(�1 � �10°), the runner blade trailing edge angle reduces to 38.5°, and the 
output power increases to 557 MW (7.47 � 105 hp). The required net head 
increases to 95.0 m. A plot of power and net head as a function of runner 
outlet flow angle �1 is shown in Fig. 14–101. You can see that both bhp and 
H increase with decreasing �1.
Discussion  The theoretical output power increases by about 10 percent by 
eliminating swirl from the runner outlet and by nearly another 10 percent 
when there is 10° of reverse swirl. However, the gross head available from 
the dam is only 92.4 m. Thus, the reverse swirl case of part (c) is clearly 
impossible, since the predicted net head is required to be greater than Hgross. 
Keep in mind that this is a preliminary design in which we are neglect-
ing irreversibilities. The actual output power will be lower and the actual 
required net head will be higher than the values predicted here.
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 (2)

再來對式 (14-45) 解動輪的輪葉前端角 b2，
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Analysis  (a) We solve for the normal component of velocity at the inlet 
using Eq. 14–12,

V2, n 5
V
#

2pr2b2

5
599 m3/s

2p(2.50 m)(0.914 m)
5 41.7 m/s (1)

Using Fig. 14–99 as a guide, the tangential velocity component at the inlet is

V2, t 5 V2, n tan a2 5 (41.7 m/s) tan 338 5 27.1 m/s (2)

We now solve Eq. 14–45 for the runner leading edge angle �2,

b2 5 arctana
V2, n

vr2 2 V2, t

b

5 arctan a 41.7 m/s

(12.57 rad/s)(2.50 m) 2 27.1 m/s
b 5 84.18 (3)

Equations 1 through 3 are repeated for the runner outlet, with the following 
results: 

Runner outlet: V1, n 5 20.6 m/s,  V 1, t 5 3.63 m/s,  b1 5 47.98 (4)

The top view of this runner blade is sketched (to scale) in Fig. 14–100.
 Using Eqs. 2 and 4, the shaft output power is estimated from the Euler 
turbomachine equation, Eq. 14–39,

W
#

shaft 5 rvV
#
(r2V2, t 2 r1V1, t) 5 (998.0 kg/m3)(12.57 rads/s)(599 m3/s)

3 [(2.50 m)(27.2 m/s) 2 (1.77 m)(3.63 m/s)]a MW·s

106 kg·m2/s2b

  5 461 MW 5 6.18 3 105 hp  (5)

Finally, we calculate the required net head using Eq. 14–44, assuming that 
�turbine � 100 percent since we are ignoring irreversibilities,

H5
bhp

rgV
# 5

461 MW

(998.0 kg/m3)(9.81 m/s2)(599 m3/s)
a106 kg·m2/s2

MW·s
b 5 78.6 m (6)

(b) When we repeat the calculations with no swirl at the runner outlet 
(�1 � 0°), the runner blade trailing edge angle reduces to 42.8°, and the 
output power increases to 509 MW (6.83 � 105 hp). The required net head 
increases to 86.8 m.
(c) When we repeat the calculations with reverse swirl at the runner outlet 
(�1 � �10°), the runner blade trailing edge angle reduces to 38.5°, and the 
output power increases to 557 MW (7.47 � 105 hp). The required net head 
increases to 95.0 m. A plot of power and net head as a function of runner 
outlet flow angle �1 is shown in Fig. 14–101. You can see that both bhp and 
H increase with decreasing �1.
Discussion  The theoretical output power increases by about 10 percent by 
eliminating swirl from the runner outlet and by nearly another 10 percent 
when there is 10° of reverse swirl. However, the gross head available from 
the dam is only 92.4 m. Thus, the reverse swirl case of part (c) is clearly 
impossible, since the predicted net head is required to be greater than Hgross. 
Keep in mind that this is a preliminary design in which we are neglect-
ing irreversibilities. The actual output power will be lower and the actual 
required net head will be higher than the values predicted here.
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 (3)

對動輪出口處重複式 (1) 到 (3)，其結果如下：

動輪出口： 
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Analysis  (a) We solve for the normal component of velocity at the inlet 
using Eq. 14–12,

V2, n 5
V
#

2pr2b2

5
599 m3/s

2p(2.50 m)(0.914 m)
5 41.7 m/s (1)

Using Fig. 14–99 as a guide, the tangential velocity component at the inlet is

V2, t 5 V2, n tan a2 5 (41.7 m/s) tan 338 5 27.1 m/s (2)

We now solve Eq. 14–45 for the runner leading edge angle �2,

b2 5 arctana
V2, n

vr2 2 V2, t

b

5 arctan a 41.7 m/s

(12.57 rad/s)(2.50 m) 2 27.1 m/s
b 5 84.18 (3)

Equations 1 through 3 are repeated for the runner outlet, with the following 
results: 

Runner outlet: V1, n 5 20.6 m/s,  V 1, t 5 3.63 m/s,  b1 5 47.98 (4)

The top view of this runner blade is sketched (to scale) in Fig. 14–100.
 Using Eqs. 2 and 4, the shaft output power is estimated from the Euler 
turbomachine equation, Eq. 14–39,

W
#

shaft 5 rvV
#
(r2V2, t 2 r1V1, t) 5 (998.0 kg/m3)(12.57 rads/s)(599 m3/s)

3 [(2.50 m)(27.2 m/s) 2 (1.77 m)(3.63 m/s)]a MW·s

106 kg·m2/s2b

  5 461 MW 5 6.18 3 105 hp  (5)

Finally, we calculate the required net head using Eq. 14–44, assuming that 
�turbine � 100 percent since we are ignoring irreversibilities,

H5
bhp

rgV
# 5

461 MW

(998.0 kg/m3)(9.81 m/s2)(599 m3/s)
a106 kg·m2/s2

MW·s
b 5 78.6 m (6)

(b) When we repeat the calculations with no swirl at the runner outlet 
(�1 � 0°), the runner blade trailing edge angle reduces to 42.8°, and the 
output power increases to 509 MW (6.83 � 105 hp). The required net head 
increases to 86.8 m.
(c) When we repeat the calculations with reverse swirl at the runner outlet 
(�1 � �10°), the runner blade trailing edge angle reduces to 38.5°, and the 
output power increases to 557 MW (7.47 � 105 hp). The required net head 
increases to 95.0 m. A plot of power and net head as a function of runner 
outlet flow angle �1 is shown in Fig. 14–101. You can see that both bhp and 
H increase with decreasing �1.
Discussion  The theoretical output power increases by about 10 percent by 
eliminating swirl from the runner outlet and by nearly another 10 percent 
when there is 10° of reverse swirl. However, the gross head available from 
the dam is only 92.4 m. Thus, the reverse swirl case of part (c) is clearly 
impossible, since the predicted net head is required to be greater than Hgross. 
Keep in mind that this is a preliminary design in which we are neglect-
ing irreversibilities. The actual output power will be lower and the actual 
required net head will be higher than the values predicted here.
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 (4) 

此動輪葉片之俯視圖繪製於圖 14-99 之中 (依照比例尺)。

利用式 (2) 到 (4)，可從歐拉旋轉機械方程式 (14-39) 計算出轉軸的

輸出功率，
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Analysis  (a) We solve for the normal component of velocity at the inlet 
using Eq. 14–12,

V2, n 5
V
#

2pr2b2

5
599 m3/s

2p(2.50 m)(0.914 m)
5 41.7 m/s (1)

Using Fig. 14–99 as a guide, the tangential velocity component at the inlet is

V2, t 5 V2, n tan a2 5 (41.7 m/s) tan 338 5 27.1 m/s (2)

We now solve Eq. 14–45 for the runner leading edge angle �2,

b2 5 arctana
V2, n

vr2 2 V2, t

b

5 arctan a 41.7 m/s

(12.57 rad/s)(2.50 m) 2 27.1 m/s
b 5 84.18 (3)

Equations 1 through 3 are repeated for the runner outlet, with the following 
results: 

Runner outlet: V1, n 5 20.6 m/s,  V 1, t 5 3.63 m/s,  b1 5 47.98 (4)

The top view of this runner blade is sketched (to scale) in Fig. 14–100.
 Using Eqs. 2 and 4, the shaft output power is estimated from the Euler 
turbomachine equation, Eq. 14–39,
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#
(r2V2, t 2 r1V1, t) 5 (998.0 kg/m3)(12.57 rads/s)(599 m3/s)

3 [(2.50 m)(27.2 m/s) 2 (1.77 m)(3.63 m/s)]a MW·s

106 kg·m2/s2b

  5 461 MW 5 6.18 3 105 hp  (5)

Finally, we calculate the required net head using Eq. 14–44, assuming that 
�turbine � 100 percent since we are ignoring irreversibilities,

H5
bhp

rgV
# 5

461 MW

(998.0 kg/m3)(9.81 m/s2)(599 m3/s)
a106 kg·m2/s2

MW·s
b 5 78.6 m (6)

(b) When we repeat the calculations with no swirl at the runner outlet 
(�1 � 0°), the runner blade trailing edge angle reduces to 42.8°, and the 
output power increases to 509 MW (6.83 � 105 hp). The required net head 
increases to 86.8 m.
(c) When we repeat the calculations with reverse swirl at the runner outlet 
(�1 � �10°), the runner blade trailing edge angle reduces to 38.5°, and the 
output power increases to 557 MW (7.47 � 105 hp). The required net head 
increases to 95.0 m. A plot of power and net head as a function of runner 
outlet flow angle �1 is shown in Fig. 14–101. You can see that both bhp and 
H increase with decreasing �1.
Discussion  The theoretical output power increases by about 10 percent by 
eliminating swirl from the runner outlet and by nearly another 10 percent 
when there is 10° of reverse swirl. However, the gross head available from 
the dam is only 92.4 m. Thus, the reverse swirl case of part (c) is clearly 
impossible, since the predicted net head is required to be greater than Hgross. 
Keep in mind that this is a preliminary design in which we are neglect-
ing irreversibilities. The actual output power will be lower and the actual 
required net head will be higher than the values predicted here.
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FIGURE 14–101
Ideal required net head and brake 
horsepower output as functions of 
runner outlet flow angle for the turbine 
of Example 14–13.
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 (5)

最後，因為忽略不可逆損失，所以假設 hturbine =100%，利用式 

(14-44) 計算所需淨水頭，
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Analysis  (a) We solve for the normal component of velocity at the inlet 
using Eq. 14–12,

V2, n 5
V
#

2pr2b2

5
599 m3/s

2p(2.50 m)(0.914 m)
5 41.7 m/s (1)

Using Fig. 14–99 as a guide, the tangential velocity component at the inlet is

V2, t 5 V2, n tan a2 5 (41.7 m/s) tan 338 5 27.1 m/s (2)

We now solve Eq. 14–45 for the runner leading edge angle �2,

b2 5 arctana
V2, n

vr2 2 V2, t

b

5 arctan a 41.7 m/s

(12.57 rad/s)(2.50 m) 2 27.1 m/s
b 5 84.18 (3)

Equations 1 through 3 are repeated for the runner outlet, with the following 
results: 

Runner outlet: V1, n 5 20.6 m/s,  V 1, t 5 3.63 m/s,  b1 5 47.98 (4)

The top view of this runner blade is sketched (to scale) in Fig. 14–100.
 Using Eqs. 2 and 4, the shaft output power is estimated from the Euler 
turbomachine equation, Eq. 14–39,

W
#

shaft 5 rvV
#
(r2V2, t 2 r1V1, t) 5 (998.0 kg/m3)(12.57 rads/s)(599 m3/s)

3 [(2.50 m)(27.2 m/s) 2 (1.77 m)(3.63 m/s)]a MW·s

106 kg·m2/s2b

  5 461 MW 5 6.18 3 105 hp  (5)

Finally, we calculate the required net head using Eq. 14–44, assuming that 
�turbine � 100 percent since we are ignoring irreversibilities,

H5
bhp

rgV
# 5

461 MW

(998.0 kg/m3)(9.81 m/s2)(599 m3/s)
a106 kg·m2/s2

MW·s
b 5 78.6 m (6)

(b) When we repeat the calculations with no swirl at the runner outlet 
(�1 � 0°), the runner blade trailing edge angle reduces to 42.8°, and the 
output power increases to 509 MW (6.83 � 105 hp). The required net head 
increases to 86.8 m.
(c) When we repeat the calculations with reverse swirl at the runner outlet 
(�1 � �10°), the runner blade trailing edge angle reduces to 38.5°, and the 
output power increases to 557 MW (7.47 � 105 hp). The required net head 
increases to 95.0 m. A plot of power and net head as a function of runner 
outlet flow angle �1 is shown in Fig. 14–101. You can see that both bhp and 
H increase with decreasing �1.
Discussion  The theoretical output power increases by about 10 percent by 
eliminating swirl from the runner outlet and by nearly another 10 percent 
when there is 10° of reverse swirl. However, the gross head available from 
the dam is only 92.4 m. Thus, the reverse swirl case of part (c) is clearly 
impossible, since the predicted net head is required to be greater than Hgross. 
Keep in mind that this is a preliminary design in which we are neglect-
ing irreversibilities. The actual output power will be lower and the actual 
required net head will be higher than the values predicted here.
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Analysis  (a) We solve for the normal component of velocity at the inlet 
using Eq. 14–12,

V2, n 5
V
#

2pr2b2

5
599 m3/s

2p(2.50 m)(0.914 m)
5 41.7 m/s (1)

Using Fig. 14–99 as a guide, the tangential velocity component at the inlet is

V2, t 5 V2, n tan a2 5 (41.7 m/s) tan 338 5 27.1 m/s (2)

We now solve Eq. 14–45 for the runner leading edge angle �2,

b2 5 arctana
V2, n

vr2 2 V2, t

b

5 arctan a 41.7 m/s

(12.57 rad/s)(2.50 m) 2 27.1 m/s
b 5 84.18 (3)

Equations 1 through 3 are repeated for the runner outlet, with the following 
results: 

Runner outlet: V1, n 5 20.6 m/s,  V 1, t 5 3.63 m/s,  b1 5 47.98 (4)

The top view of this runner blade is sketched (to scale) in Fig. 14–100.
 Using Eqs. 2 and 4, the shaft output power is estimated from the Euler 
turbomachine equation, Eq. 14–39,

W
#

shaft 5 rvV
#
(r2V2, t 2 r1V1, t) 5 (998.0 kg/m3)(12.57 rads/s)(599 m3/s)

3 [(2.50 m)(27.2 m/s) 2 (1.77 m)(3.63 m/s)]a MW·s

106 kg·m2/s2b

  5 461 MW 5 6.18 3 105 hp  (5)

Finally, we calculate the required net head using Eq. 14–44, assuming that 
�turbine � 100 percent since we are ignoring irreversibilities,

H5
bhp

rgV
# 5

461 MW

(998.0 kg/m3)(9.81 m/s2)(599 m3/s)
a106 kg·m2/s2

MW·s
b 5 78.6 m (6)

(b) When we repeat the calculations with no swirl at the runner outlet 
(�1 � 0°), the runner blade trailing edge angle reduces to 42.8°, and the 
output power increases to 509 MW (6.83 � 105 hp). The required net head 
increases to 86.8 m.
(c) When we repeat the calculations with reverse swirl at the runner outlet 
(�1 � �10°), the runner blade trailing edge angle reduces to 38.5°, and the 
output power increases to 557 MW (7.47 � 105 hp). The required net head 
increases to 95.0 m. A plot of power and net head as a function of runner 
outlet flow angle �1 is shown in Fig. 14–101. You can see that both bhp and 
H increase with decreasing �1.
Discussion  The theoretical output power increases by about 10 percent by 
eliminating swirl from the runner outlet and by nearly another 10 percent 
when there is 10° of reverse swirl. However, the gross head available from 
the dam is only 92.4 m. Thus, the reverse swirl case of part (c) is clearly 
impossible, since the predicted net head is required to be greater than Hgross. 
Keep in mind that this is a preliminary design in which we are neglect-
ing irreversibilities. The actual output power will be lower and the actual 
required net head will be higher than the values predicted here.
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(6)

(b) 當動輪出口處無渦旋 (a1 =0°) 時，我們重複計算，動輪葉片尾緣角減少為 42.8°，而輸出功率增

加為 509 MW (6.83×105 hp)，所需淨水頭增加為 86.8 m。
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Analysis  The ideal power produced by one hydroturbine is
# #

 Wideal 5 rgVHgross

 5 (998 kg/m3)(9.81 m/s2)(12.8 m3/s)(325 m)

1 N
3 a

l kg·m/s2b a
1 W

1 N·m/s
b a1 MW

106 W
b

 5 40.73 MW

But inefficiencies in the turbine, the generator, and the rest of the system 
reduce the actual electrical power output. For each turbine,
# #

 Welectrical 5 Widealhturbinehgeneratorhother 5 (40.73 MW)(0.952)(0.945)(1 2 0.035)

             5 35.4 MW

Finally, since there are 12 turbines in parallel, the total power produced is
# #

Wtotal electrical 5 12 Welectrical 5 12(35.4 MW) 5 425 MW

Discussion  A small improvement in any of the efficiencies ends up increas-
ing the power output and it thus increases the power company’s profitability.

 

 

 

EXAMPLE 14–13    Hydroturbine Design

A retrofit Francis radial-flow hydroturbine is being designed to replace an 
old turbine in a hydroelectric dam. The new turbine must meet the follow-
ing design restrictions in order to properly couple with the existing setup: 
The runner inlet radius is r2 � 2.50 m and its outlet radius
is r1 � 1.77 m. The runner blade widths are b2 � 0.914 m
and b1 � 2.62 m at the inlet and outlet, respectively. The runner must 

.
rotate at n � 120 rpm (� � 12.57 rad/s) to turn the 60-Hz electric 
generator. The wicket gates turn the flow by angle �2 � 33° from radial 
at the runner inlet, and the flow at the runner outlet is to have angle �1 
between �10° and 10° from radial (Fig. 14–99) for proper flow through 
the draft tube. The volume flow rate at design conditions is 599 m3/s, 
and the gross head provided by the dam is Hgross � 92.4 m.
(a) Calculate the inlet and outlet runner blade angles �2 and �1, respectively, 
and predict the power output and required net head if irreversible losses 
are neglected for the case with �1 � 10° from radial (with-rotation swirl). 
(b) Repeat the calculations for the case with �1 � 0° from radial (no swirl). 
(c) Repeat the calculations for the case with �1 � �10° from radial (reverse 
swirl).

SOLUTION  For a given set of hydroturbine design criteria we are to cal-
culate runner blade angles, required net head, and power output for three 
cases—two with swirl and one without swirl at the runner outlet.
Assumptions  1 The flow is steady. 2 The fluid is water at 20°C. 3 The 
blades are infinitesimally thin. 4 The flow is everywhere tangent to the run-
ner blades. 5 We neglect irreversible losses through the turbine.
Properties  For water at 20°C, � � 998.0 kg/m3.
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FIGURE 14–99
Top view of the absolute velocities and 
flow angles associated with the runner 
of a Francis turbine being designed for 
a hydroelectric dam (Example 14-13). 

The control volume is from the inlet to 
the outlet of the runner.

FIGURE 14–100
Sketch of the runner blade design of 

Example 14-13, top view. A guide 
vane and absolute velocity vectors are 

also shown.
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圖 14-99　例題 14-13 輪葉設計的俯
視圖，導流葉片和絕對速度向量也

顯示於圖中。
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(c) 當動輪出口處具有逆渦旋 (a1 = −10°) 時，我們重複計算，

動輪葉片尾緣角減少為  38.5°，而輸出功率增加至  557 MW 

(7.47×105 hp)，所需淨水頭增加為 95.0 m。功率和淨水頭以動輪

出口流動角度為函數於圖 14-100 所示，你可看到 bhp 與 H 兩者隨 

a1 的減少而增加。

討論：理論上要增加功率輸出 10% 需要消除動輪出口的渦旋，而

當有 10° 的逆渦旋時，大約又增加 10%。然而，從水壩而言可用

總水頭只有 92.4 m，所以我們可清楚知道 (c) 小題的逆渦旋情況

是不可能發生的，因為預測所需淨水頭比 Hgross 還大。要注意到

這只是最初之分析，而我們在此忽略了不可逆的損失，實際的輸

出功率將會更低，而實際所需之淨水頭會高於預測之淨水頭。

圖 14-100　對例題 14-13 的渦輪機
而言，理想所需淨水頭與制動馬力

輸出為動輪輸出流動角之函數。
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Analysis  (a) We solve for the normal component of velocity at the inlet 
using Eq. 14–12,

V2, n 5
V
#

2pr2b2

5
599 m3/s

2p(2.50 m)(0.914 m)
5 41.7 m/s (1)

Using Fig. 14–99 as a guide, the tangential velocity component at the inlet is

V2, t 5 V2, n tan a2 5 (41.7 m/s) tan 338 5 27.1 m/s (2)

We now solve Eq. 14–45 for the runner leading edge angle �2,

b2 5 arctana
V2, n

vr2 2 V2, t

b

5 arctan a 41.7 m/s

(12.57 rad/s)(2.50 m) 2 27.1 m/s
b 5 84.18 (3)

Equations 1 through 3 are repeated for the runner outlet, with the following 
results: 

Runner outlet: V1, n 5 20.6 m/s,  V 1, t 5 3.63 m/s,  b1 5 47.98 (4)

The top view of this runner blade is sketched (to scale) in Fig. 14–100.
 Using Eqs. 2 and 4, the shaft output power is estimated from the Euler 
turbomachine equation, Eq. 14–39,

W
#

shaft 5 rvV
#
(r2V2, t 2 r1V1, t) 5 (998.0 kg/m3)(12.57 rads/s)(599 m3/s)

3 [(2.50 m)(27.2 m/s) 2 (1.77 m)(3.63 m/s)]a MW·s

106 kg·m2/s2b

  5 461 MW 5 6.18 3 105 hp  (5)

Finally, we calculate the required net head using Eq. 14–44, assuming that 
�turbine � 100 percent since we are ignoring irreversibilities,

H5
bhp

rgV
# 5

461 MW

(998.0 kg/m3)(9.81 m/s2)(599 m3/s)
a106 kg·m2/s2

MW·s
b 5 78.6 m (6)

(b) When we repeat the calculations with no swirl at the runner outlet 
(�1 � 0°), the runner blade trailing edge angle reduces to 42.8°, and the 
output power increases to 509 MW (6.83 � 105 hp). The required net head 
increases to 86.8 m.
(c) When we repeat the calculations with reverse swirl at the runner outlet 
(�1 � �10°), the runner blade trailing edge angle reduces to 38.5°, and the 
output power increases to 557 MW (7.47 � 105 hp). The required net head 
increases to 95.0 m. A plot of power and net head as a function of runner 
outlet flow angle �1 is shown in Fig. 14–101. You can see that both bhp and 
H increase with decreasing �1.
Discussion  The theoretical output power increases by about 10 percent by 
eliminating swirl from the runner outlet and by nearly another 10 percent 
when there is 10° of reverse swirl. However, the gross head available from 
the dam is only 92.4 m. Thus, the reverse swirl case of part (c) is clearly 
impossible, since the predicted net head is required to be greater than Hgross. 
Keep in mind that this is a preliminary design in which we are neglect-
ing irreversibilities. The actual output power will be lower and the actual 
required net head will be higher than the values predicted here.
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Ideal required net head and brake 
horsepower output as functions of 
runner outlet flow angle for the turbine 
of Example 14–13.
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a1，度

燃氣渦輪機和蒸氣渦輪機

到目前為止，我們幾乎都是討論水輪機，我們現在來討論

使用氣體的渦輪機，例如燃燒產物或是蒸氣。在煤或核電廠，

鍋爐產生高壓蒸氣，然後再送到蒸氣渦輪機來產生電力，也會

有再熱、再生和其它提高整體效率的方式，而典型的蒸氣渦輪

機可分為兩個階段 (高壓段和低壓段)。大多數發電廠的蒸氣渦

輪機都是多段軸流式的。軸流式渦輪機的分析跟軸流式風機非

常相似，如 14-2 節就有討論過，這裡就不再重複討論。

軸流式渦輪機之應用類似於噴射飛機引擎 (圖 14-62) 和燃

氣渦輪發電機 (圖14-101)。燃氣渦輪發電機跟噴射飛機引擎很

相似，除了提供推力，渦輪機通常被設計於能將更多的燃料能

量轉移到發電機來產生更多的電力，通常用於發電的燃氣渦輪

機會比噴射飛機引擎還要來得大，當然因為它們的基底是建立

在地面上，好像水輪機一樣，當整體渦輪機的尺寸增加時，可

明顯地增加其效率。

風力渦輪機*

全球對於能量的需求越來越多，石化燃料的供應越來越

* 本節大部分材料取自於 Manwell 等人的著作 (2010)，同時本書作者要對 Manwell 教授等人協助審核本
節表示感謝之意。

圖 14-101　MS7001F 燃氣渦輪機的
轉子組件降低到燃氣渦輪機機殼底
部的一半，流體由右至左流動，轉
子葉片 (稱為葉片) 的上方組件包括
多段壓縮機，轉子葉片 (稱為葉片) 
的下方組件包括多段渦輪機。在燃
氣渦輪機外殼底部的一半可以看到
壓縮機定子葉片 (稱為輪葉) 和渦輪
機定子葉片 (稱為噴嘴)，這燃氣渦
輪機的轉速每分鐘 3600 轉，產生的
電力超過 135 MW。
Courtesy of GE Energy.
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Gas and Steam Turbines
Most of our discussion so far has concerned hydroturbines. We now discuss 
turbines that are designed for use with gases, like combustion products or 
steam. In a coal or nuclear power plant, high-pressure steam is produced by 
a boiler and then sent to a steam turbine to produce electricity. Because of 
reheat, regeneration, and other efforts to increase overall efficiency, these 
steam turbines typically have two stages (high pressure and low pressure). 
Most power plant steam turbines are multistage axial-flow devices like that 
shown in Fig. 14–102. Not shown are the stator vanes (called nozzles) that 
direct the flow between each set of turbine blades (called buckets). Analysis 
of axial-flow turbines is very similar to that of axial-flow fans, as discussed 
in Section 14–2, and is not repeated here.
 Similar axial-flow turbines are used in jet aircraft engines (Fig. 14–62) 
and gas turbine generators (Fig. 14–103). A gas turbine generator is similar 
to a jet engine except that instead of providing thrust, the turbomachine is 
designed to transfer as much of the fuel’s energy as possible into the rotat-
ing shaft, which is connected to an electric generator. Gas turbines used 
for power generation are typically much larger than jet engines, of course, 
since they are ground-based. As with hydroturbines, a significant gain in 
efficiency is realized as overall turbine size increases.

Wind Turbines*

As global demand for energy increases, the supply of fossil fuels dimin-
ishes and the price of energy continues to rise. To keep up with global 
energy demand, renewable sources of energy such as solar, wind, wave, 
tidal, hydroelectric, and geothermal must be tapped more extensively. In 
this section we concentrate on wind turbines used to generate electricity. We 
note the distinction between the terms windmill used for mechanical power 
generation (grinding grain, pumping water, etc.) and wind turbine used for 
electrical power generation, although technically both devices are turbines 
since they extract energy from the fluid. Although the wind is “free” and 
renewable, modern wind turbines are expensive and suffer from one obvi-
ous disadvantage compared to most other power generation devices – they 
produce power only when the wind is blowing, and the power output of 
a wind turbine is thus inherently unsteady. Furthermore and equally obvi-
ous is the fact that wind turbines need to be located where the wind blows, 
which is often far from traditional power grids, requiring construction of 
new high-voltage power lines. Nevertheless, wind turbines are expected to 
play an ever-increasing role in the global supply of energy for the foresee-
able future.
 Numerous innovative wind turbine designs have been proposed and tested 
over the centuries as sketched in Fig. 14–104. We generally categorize wind 
turbines by the orientation of their axis of rotation: horizontal axis wind 
turbines (HAWTs) and vertical axis wind turbines (VAWTs). An alterna-
tive way to categorize them is by the mechanism that provides torque to the 
rotating shaft: lift or drag. So far, none of the VAWT designs or drag-type 

* Much of the material for this section is condensed from Manwell et al. (2010), and the
authors acknowledge Professors J. F. Manwell, J. G. McGowan, and A. L. Rogers for their 
help in reviewing this section.

FIGURE 14–103
The rotor assembly of the MS7001F gas 

turbine being lowered into the bottom 
half of the gas turbine casing. Flow is 

from right to left, with the upstream 
set of rotor blades (called blades) 

comprising the multistage compressor 
and the downstream set of rotor 

blades (called buckets) comprising the 
multistage turbine. Compressor stator 

blades (called vanes) and turbine stator 
blades (called nozzles) can be seen in the 

bottom half of the gas turbine casing. 
This gas turbine spins at 3600 rpm and 

produces over 135 MW of power. 
Courtesy of GE Energy. 

FIGURE 14–102
The turbine blades (called buckets) 

of a typical two-stage steam turbine 
used in a coal or nuclear power plant. 

The flow is from left to right, with the 
high-pressure stage on the left and the 

low-pressure stage on the right.
© Brand X Pictures/PunchStock
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低，而能源的價格卻不斷攀升，為了供應全球的能量需求，再生能源，如：太陽

能、風能、波浪、潮汐，水力發電、地熱，必須被更廣泛的發掘。在本節中，將專

注於討論產生電力的風力渦輪機，雖然技術上將風力渦輪機與風車都歸類為渦輪

機，因為都是從流體中提取能量，但我們還是將它們區分為產生機械能的風車 (磨

坊、抽水泵⋯⋯等)，以及產生電能的風力渦輪機兩種。雖然風是“免費”和可再

生的，但現在的風力渦輪機很昂貴，而且比起大多數其它發電機有一個明顯的缺

點，就是只有風吹過來時才會產生電力，這樣風力渦輪機的輸出功率會不太穩定。

除此之外，還有一個明顯的缺點是，風力渦輪機設置的位置必須要在時常有風的地

方，這些地方通常離傳統的電網有距離，所以必須建立新的高壓電網。然而，風力

渦輪機在未來的發展可預期會對於全球能源的供應是日益重要的。

眾多創新的風力渦輪機設計已經被提出，並且經過數百年的測試，如圖  

14-102 描繪的風力渦輪機。一般風力渦輪機是由它們的旋轉軸的方向來分類：水

平軸風力渦輪機 (HAWTs) 和垂直軸風力渦輪機 (VAWTs)。另一種分類的方式是藉

由提供給旋轉軸之力矩的作動機制來分類：升力或阻力，到目前為止，沒有任何阻

力型的垂直軸風力渦輪機能夠達到升力型水平軸風力機的效率與成功，這就是世界

各地絕大多數的風力渦輪機都是 HAWTS 這種類型的原因，通常建造成風力發電場 

(圖 14-103) 的型式。由於這個原因，升力型水平軸風力機是唯一在本節中詳細討論

的風力渦輪機 [Manwell 等人 (2010) 針對為什麼阻力型裝置比起升力型裝置本質上

效率較低有詳細的討論]。

每個風力渦輪機有一條功率特徵曲線，圖 14-104 顯示的是一條典型的曲線，

顯示出渦輪機轉軸高度的風速 V 與電功率輸出的函數關係。在風速座標上，我們

辨識出三個關鍵速度：

• 切入速度是產生可使用功率的最小風速。

• 額定速度是可輸出額定功率，通常是最大功率的風速。

• 切出速度是風力發電機設計來生產動力的最大風速。當風速大於切出風速，渦

輪機葉片會經由某些類型的制動機構而停止旋轉，以避免損壞和安全問題。粗

虛線的線段表示，如果沒有發生切出速度，則可繼續產生功率。

水平軸風力機的渦輪葉片設計成漸縮形並加以扭轉來最大化性能，其性能及設

計原理跟軸流風機 (propellers) 的設計相似，在 14-2 節中有討論過，本節就不再重

複討論。舉例來說，渦輪葉片扭轉的設計，幾乎是跟螺旋槳葉片扭轉的設計相同，

如例題 14-7 所示，葉片的角度隨著輪轂至輪葉前端而減少。風力渦輪機的設計跟

流體力學息息相關，而電動發電機、變速箱和結構的問題也會影響功率性能的曲

線。在所有的機器中，每一個組件都會有低效率的產生。
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圖 14-102　各種風力發電機組的設計和分類。改編自 Manwell 等人 (2010)。
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FIGURE 14–104
Various wind turbine designs and their categorization. Adapted from Manwell et al. (2010).
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圖 14-102　各種風力發電機組的設計和分類。改編自 Manwell 等人 (2010)。(續)
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在風力渦輪機的葉片旋轉過程中，我們定義出風力渦輪機

葉片垂直掃過的圓盤面積 A (如圖 14-105)，在圓盤面積內的可

用風能  
⋅Wavailable 可以用風的動能變化來計算，
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designs has achieved the efficiency or success of the lift-type HAWT. This 
is why the vast majority of wind turbines being built around the world are 
of this type, often in clusters affectionately called wind farms (Fig. 14–105). 
For this reason, the lift-type HAWT is the only type of wind turbine dis-
cussed in any detail in this section. [See Manwell et al. (2010) for a detailed 
discussion as to why drag-type devices have inherently lower efficiency 
than lift-type devices.]
 Every wind turbine has a characteristic power performance curve; a typi-
cal one is sketched in Fig. 14–106, in which electrical power output is plot-
ted as a function of wind speed V at the height of the turbine’s axis. We 
identify three key locations on the wind-speed scale:

• Cut-in speed is the minimum wind speed at which useful power can be
generated.

• Rated speed is the wind speed that delivers the rated power, usually the
maximum power.

• Cut-out speed is the maximum wind speed at which the wind turbine
is designed to produce power. At wind speeds greater than the cut-out
speed, the turbine blades are stopped by some type of braking mecha-
nism to avoid damage and for safety issues. The short section of dashed
blue line indicates the power that would be produced if cut-out were not
implemented.

 The design of HAWT turbine blades includes tapering and twist to maxi-
mize performance and is similar to the design of axial flow fans (propel-
lers), as discussed in Section 14–2 and is not repeated here. The design of 
turbine blade twist, for example, is nearly identical to the design of propel-
ler blade twist, as in Example 14–7, and the blade pitch angle decreases 
from hub to tip in much the same manner as that of a propeller. While the 
fluid mechanics of wind turbine design is critical, the power performance 
curve also is influenced by the electrical generator, the gearbox, and struc-
tural issues. Inefficiencies appear in every component of course, as in all 
machines.
 We define the disk area A of a wind turbine as the area normal to the 
wind direction swept out by the turbine blades as they rotate (Fig. 14–107). 
The available wind power W

.
available in the disk area is calculated as the rate 

of change of kinetic energy of the wind,

W
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rV 3A (14–47)

We notice immediately that the available wind power is proportional to the 
disk area—doubling the turbine blade diameter exposes the wind turbine to 
four times as much available wind power.
 For comparison of various wind turbines and locations, it is more useful 
to think in terms of the available wind power per unit area, which we call 
the wind power density, typically in units of W/m2,

Wind power density: 
W
#

available

A
5

1

2
 rV 3 (14–48)

(a)

(b)

FIGURE 14–105
(a) Wind farms are popping up 
all over the world to help reduce 
the global demand for fossil fuels. 
(b) Some wind turbines are even 
being installed on buildings!  (These 
three turbines are on a building at the 
Bahrain World Trade Center.)
(a) © Digital Vision/Punchstock RF 
(b) © Adam Jam/Getty Images
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 (14-47)

我們立刻注意到，可用風能跟圓盤面 A 成正比，葉片直徑加倍

就可以使風力渦輪機產生四倍的可用風能。

關於比較各種風力渦輪機和位置，使用每單位面積可用風

能是更有效的，我們稱之為風能密度，單位是 W/m2，

風能密度： 
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designs has achieved the efficiency or success of the lift-type HAWT. This 
is why the vast majority of wind turbines being built around the world are 
of this type, often in clusters affectionately called wind farms (Fig. 14–105). 
For this reason, the lift-type HAWT is the only type of wind turbine dis-
cussed in any detail in this section. [See Manwell et al. (2010) for a detailed 
discussion as to why drag-type devices have inherently lower efficiency 
than lift-type devices.]
 Every wind turbine has a characteristic power performance curve; a typi-
cal one is sketched in Fig. 14–106, in which electrical power output is plot-
ted as a function of wind speed V at the height of the turbine’s axis. We 
identify three key locations on the wind-speed scale:

• Cut-in speed is the minimum wind speed at which useful power can be
generated.

• Rated speed is the wind speed that delivers the rated power, usually the
maximum power.

• Cut-out speed is the maximum wind speed at which the wind turbine
is designed to produce power. At wind speeds greater than the cut-out
speed, the turbine blades are stopped by some type of braking mecha-
nism to avoid damage and for safety issues. The short section of dashed
blue line indicates the power that would be produced if cut-out were not
implemented.

 The design of HAWT turbine blades includes tapering and twist to maxi-
mize performance and is similar to the design of axial flow fans (propel-
lers), as discussed in Section 14–2 and is not repeated here. The design of 
turbine blade twist, for example, is nearly identical to the design of propel-
ler blade twist, as in Example 14–7, and the blade pitch angle decreases 
from hub to tip in much the same manner as that of a propeller. While the 
fluid mechanics of wind turbine design is critical, the power performance 
curve also is influenced by the electrical generator, the gearbox, and struc-
tural issues. Inefficiencies appear in every component of course, as in all 
machines.
 We define the disk area A of a wind turbine as the area normal to the 
wind direction swept out by the turbine blades as they rotate (Fig. 14–107). 
The available wind power W

.
available in the disk area is calculated as the rate 

of change of kinetic energy of the wind,
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We notice immediately that the available wind power is proportional to the 
disk area—doubling the turbine blade diameter exposes the wind turbine to 
four times as much available wind power.
 For comparison of various wind turbines and locations, it is more useful 
to think in terms of the available wind power per unit area, which we call 
the wind power density, typically in units of W/m2,

Wind power density: 
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(a)

(b)

FIGURE 14–105
(a) Wind farms are popping up 
all over the world to help reduce 
the global demand for fossil fuels. 
(b) Some wind turbines are even 
being installed on buildings!  (These 
three turbines are on a building at the 
Bahrain World Trade Center.)
(a) © Digital Vision/Punchstock RF 
(b) © Adam Jam/Getty Images
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因此，

• 風能密度跟空氣密度成正比：在相同的速度之下，冷空氣

比熱空氣具有較大的風能密度，但此項不若風速對風能密

度影響之顯著。

• 風能密度正比於風速的三次方：兩倍的風速能增加八倍的

風能密度。這就是為什麼風力發電廠要建立在風速高的地

方！

式 (14-48) 是瞬時的方程式，而大家都知道風在全年中是千變萬

化的。因為這個原因可以全年平均風速 V  定義平均風能密度，

以每小時平均作為基準：

平均風能密度： 
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Thus,

• The wind power density is directly proportional to air density—cold air
has a larger wind power density than warm air blowing at the same speed,
although this effect is not as significant as wind speed.

• The wind power density is proportional to the cube of the wind speed—
doubling the wind speed increases the wind power density by a factor
of 8. It should be obvious then why wind farms are located where the
wind speed is high!

Equation 14–48 is an instantaneous equation. As we all know, however, 
wind speed varies greatly throughout the day and throughout the year. For 
this reason, it is useful to define the average wind power density in 
terms of annual average wind speed V, based on hourly averages as

Average wind power density: 
W
#

available

A
5

1

2
 ravgV 

3Ke (14–49)

where Ke is a correction factor called the energy pattern factor. In prin-
ciple, it is analogous to the kinetic energy factor � that we use in control 
volume analyses (Chap. 5). Ke is defined as

Ke 5
1

NV 3a
N

i51
V i

3 (14–50)

where N � 8760, which is the number of hours in a year. As a general 
rule of thumb, a location is considered poor for construction of wind tur-
bines if the average wind power density is less than about 100 W/m2, good 
if it is around 400 W/m2, and great if it is greater than about 700 W/m2. 
Other  factors affect the choice of a wind turbine site, such as atmospheric 
turbulence intensity, terrain, obstacles (buildings, trees, etc.), environmental 
impact, etc. See Manwell, et al. (2010) for further details.
 For analysis purposes, we consider a given wind speed V and define the 
aerodynamic efficiency of a wind turbine as the fraction of available wind 
power that is extracted by the turbine blades. This efficiency is commonly 
called the power coefficient, CP,

Power coefficient: Cp 5
W
#

rotor shaft output

W
#

available

5
W
#

rotor shaft output

1
2 rV 3 A

(14–51)

It is fairly simple to calculate the maximum possible power coefficient for a 
wind turbine, and this was first done by Albert Betz (1885–1968) in the mid 
1920s. We consider two control volumes surrounding the disk area—a large 
control volume and a small control volume—as sketched in Fig. 14–108, 
with upstream wind speed V taken as V1.
 The axisymmetric stream tube (enclosed by streamlines as drawn on the 
top and bottom of Fig. 14–108) can be thought of as forming an imaginary 
“duct” for the flow of air through the turbine. The control volume momen-
tum equation for the large control volume for steady flow is

aF
S
5 a
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bm# V

S
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S

FIGURE 14–106
Typical qualitative wind-turbine power 
performance curve with definitions of 

cut-in, rated, and cut-out speeds.

•

Welectrical

FIGURE 14–107
The disk area of a wind turbine is 

defined as the swept area or frontal 
area of the turbine as “seen” by the 

oncoming wind, as sketched here 
in red. The disk area is (a) circular 

for a horizontal axis turbine and 
(b) rectangular for a vertical axis turbine.

(a) © Construction Photography/Corbis RF
(b) © VisionofAmerica/Joe Sohm/Photodisc/Getty RF
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(b)
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其中 Ke 為校正因子，稱為能源模樣因子 (energy pattern factor)。

原則上，它類似於我們分析控制體積所使用的動能因子 a (第 5 

章)。Ke 被定義為
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Thus,

• The wind power density is directly proportional to air density—cold air
has a larger wind power density than warm air blowing at the same speed,
although this effect is not as significant as wind speed.

• The wind power density is proportional to the cube of the wind speed—
doubling the wind speed increases the wind power density by a factor
of 8. It should be obvious then why wind farms are located where the
wind speed is high!

Equation 14–48 is an instantaneous equation. As we all know, however, 
wind speed varies greatly throughout the day and throughout the year. For 
this reason, it is useful to define the average wind power density in 
terms of annual average wind speed V, based on hourly averages as

Average wind power density: 
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where Ke is a correction factor called the energy pattern factor. In prin-
ciple, it is analogous to the kinetic energy factor � that we use in control 
volume analyses (Chap. 5). Ke is defined as
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where N � 8760, which is the number of hours in a year. As a general 
rule of thumb, a location is considered poor for construction of wind tur-
bines if the average wind power density is less than about 100 W/m2, good 
if it is around 400 W/m2, and great if it is greater than about 700 W/m2. 
Other  factors affect the choice of a wind turbine site, such as atmospheric 
turbulence intensity, terrain, obstacles (buildings, trees, etc.), environmental 
impact, etc. See Manwell, et al. (2010) for further details.
 For analysis purposes, we consider a given wind speed V and define the 
aerodynamic efficiency of a wind turbine as the fraction of available wind 
power that is extracted by the turbine blades. This efficiency is commonly 
called the power coefficient, CP,

Power coefficient: Cp 5
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It is fairly simple to calculate the maximum possible power coefficient for a 
wind turbine, and this was first done by Albert Betz (1885–1968) in the mid 
1920s. We consider two control volumes surrounding the disk area—a large 
control volume and a small control volume—as sketched in Fig. 14–108, 
with upstream wind speed V taken as V1.
 The axisymmetric stream tube (enclosed by streamlines as drawn on the 
top and bottom of Fig. 14–108) can be thought of as forming an imaginary 
“duct” for the flow of air through the turbine. The control volume momen-
tum equation for the large control volume for steady flow is
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FIGURE 14–106
Typical qualitative wind-turbine power 
performance curve with definitions of 

cut-in, rated, and cut-out speeds.
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FIGURE 14–107
The disk area of a wind turbine is 

defined as the swept area or frontal 
area of the turbine as “seen” by the 

oncoming wind, as sketched here 
in red. The disk area is (a) circular 

for a horizontal axis turbine and 
(b) rectangular for a vertical axis turbine.

(a) © Construction Photography/Corbis RF
(b) © VisionofAmerica/Joe Sohm/Photodisc/Getty RF

(a)

(b)

787-878_cengel_ch14.indd   851 7/3/13   3:57 PM

 (14-50)

圖 14-103　(a) 風力發電廠越來越
多，可以幫助全球減少對石化燃料

的需求。(b) 一些風力渦輪機甚至被
安裝在建築物上！(這三個渦輪機是
建在巴林的世界貿易中心。)
(a) © Digital Vision/Punchstock RF
(b) © Adam Jam/Getty Images
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designs has achieved the efficiency or success of the lift-type HAWT. This 
is why the vast majority of wind turbines being built around the world are 
of this type, often in clusters affectionately called wind farms (Fig. 14–105). 
For this reason, the lift-type HAWT is the only type of wind turbine dis-
cussed in any detail in this section. [See Manwell et al. (2010) for a detailed 
discussion as to why drag-type devices have inherently lower efficiency 
than lift-type devices.]
 Every wind turbine has a characteristic power performance curve; a typi-
cal one is sketched in Fig. 14–106, in which electrical power output is plot-
ted as a function of wind speed V at the height of the turbine’s axis. We 
identify three key locations on the wind-speed scale:

• Cut-in speed is the minimum wind speed at which useful power can be
generated.

• Rated speed is the wind speed that delivers the rated power, usually the
maximum power.

• Cut-out speed is the maximum wind speed at which the wind turbine
is designed to produce power. At wind speeds greater than the cut-out
speed, the turbine blades are stopped by some type of braking mecha-
nism to avoid damage and for safety issues. The short section of dashed
blue line indicates the power that would be produced if cut-out were not
implemented.

 The design of HAWT turbine blades includes tapering and twist to maxi-
mize performance and is similar to the design of axial flow fans (propel-
lers), as discussed in Section 14–2 and is not repeated here. The design of 
turbine blade twist, for example, is nearly identical to the design of propel-
ler blade twist, as in Example 14–7, and the blade pitch angle decreases 
from hub to tip in much the same manner as that of a propeller. While the 
fluid mechanics of wind turbine design is critical, the power performance 
curve also is influenced by the electrical generator, the gearbox, and struc-
tural issues. Inefficiencies appear in every component of course, as in all 
machines.
 We define the disk area A of a wind turbine as the area normal to the 
wind direction swept out by the turbine blades as they rotate (Fig. 14–107). 
The available wind power W

.
available in the disk area is calculated as the rate 

of change of kinetic energy of the wind,
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We notice immediately that the available wind power is proportional to the 
disk area—doubling the turbine blade diameter exposes the wind turbine to 
four times as much available wind power.
 For comparison of various wind turbines and locations, it is more useful 
to think in terms of the available wind power per unit area, which we call 
the wind power density, typically in units of W/m2,

Wind power density: 
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FIGURE 14–105
(a) Wind farms are popping up 
all over the world to help reduce 
the global demand for fossil fuels. 
(b) Some wind turbines are even 
being installed on buildings!  (These 
three turbines are on a building at the 
Bahrain World Trade Center.)
(a) © Digital Vision/Punchstock RF 
(b) © Adam Jam/Getty Images
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圖 14-104　典型風力渦輪機的性能
曲線，圖中包括切入風速、額定風

速和切出風速。
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Thus,

• The wind power density is directly proportional to air density—cold air
has a larger wind power density than warm air blowing at the same speed,
although this effect is not as significant as wind speed.

• The wind power density is proportional to the cube of the wind speed—
doubling the wind speed increases the wind power density by a factor
of 8. It should be obvious then why wind farms are located where the
wind speed is high!

Equation 14–48 is an instantaneous equation. As we all know, however, 
wind speed varies greatly throughout the day and throughout the year. For 
this reason, it is useful to define the average wind power density in 
terms of annual average wind speed V, based on hourly averages as

Average wind power density: 
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where Ke is a correction factor called the energy pattern factor. In prin-
ciple, it is analogous to the kinetic energy factor � that we use in control 
volume analyses (Chap. 5). Ke is defined as
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where N � 8760, which is the number of hours in a year. As a general 
rule of thumb, a location is considered poor for construction of wind tur-
bines if the average wind power density is less than about 100 W/m2, good 
if it is around 400 W/m2, and great if it is greater than about 700 W/m2. 
Other  factors affect the choice of a wind turbine site, such as atmospheric 
turbulence intensity, terrain, obstacles (buildings, trees, etc.), environmental 
impact, etc. See Manwell, et al. (2010) for further details.
 For analysis purposes, we consider a given wind speed V and define the 
aerodynamic efficiency of a wind turbine as the fraction of available wind 
power that is extracted by the turbine blades. This efficiency is commonly 
called the power coefficient, CP,

Power coefficient: Cp 5
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It is fairly simple to calculate the maximum possible power coefficient for a 
wind turbine, and this was first done by Albert Betz (1885–1968) in the mid 
1920s. We consider two control volumes surrounding the disk area—a large 
control volume and a small control volume—as sketched in Fig. 14–108, 
with upstream wind speed V taken as V1.
 The axisymmetric stream tube (enclosed by streamlines as drawn on the 
top and bottom of Fig. 14–108) can be thought of as forming an imaginary 
“duct” for the flow of air through the turbine. The control volume momen-
tum equation for the large control volume for steady flow is
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Typical qualitative wind-turbine power 
performance curve with definitions of 
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FIGURE 14–107
The disk area of a wind turbine is 

defined as the swept area or frontal 
area of the turbine as “seen” by the 

oncoming wind, as sketched here 
in red. The disk area is (a) circular 

for a horizontal axis turbine and 
(b) rectangular for a vertical axis turbine.
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其中 N =8760 是全年的小時數。作為一般的經驗法則，如風

力渦輪機建設在比較差的位置，它的平均風能密度會低於 100 

W/m2，好一點的會有 400 W/m2，更好的會超過 700 W/m2。還

有其它會影響風力渦輪機的因子，例如大氣紊流的強度、地

形、障礙物 (建築物、樹木等) 和環境影響等。想要了解更多，

可參見 Manwell 等人 (2010)。

為了分析的目的，我們考慮一個給定的風速 V，接著定義

出一台風力渦輪機的空氣動力效率。這效率通常稱為功率係

數，CP，

功率係數： 
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Thus,

• The wind power density is directly proportional to air density—cold air
has a larger wind power density than warm air blowing at the same speed,
although this effect is not as significant as wind speed.

• The wind power density is proportional to the cube of the wind speed—
doubling the wind speed increases the wind power density by a factor
of 8. It should be obvious then why wind farms are located where the
wind speed is high!

Equation 14–48 is an instantaneous equation. As we all know, however, 
wind speed varies greatly throughout the day and throughout the year. For 
this reason, it is useful to define the average wind power density in 
terms of annual average wind speed V, based on hourly averages as

Average wind power density: 
W
#

available

A
5

1

2
 ravgV 

3Ke (14–49)

where Ke is a correction factor called the energy pattern factor. In prin-
ciple, it is analogous to the kinetic energy factor � that we use in control 
volume analyses (Chap. 5). Ke is defined as

Ke 5
1

NV 3a
N

i51
V i

3 (14–50)

where N � 8760, which is the number of hours in a year. As a general 
rule of thumb, a location is considered poor for construction of wind tur-
bines if the average wind power density is less than about 100 W/m2, good 
if it is around 400 W/m2, and great if it is greater than about 700 W/m2. 
Other  factors affect the choice of a wind turbine site, such as atmospheric 
turbulence intensity, terrain, obstacles (buildings, trees, etc.), environmental 
impact, etc. See Manwell, et al. (2010) for further details.
 For analysis purposes, we consider a given wind speed V and define the 
aerodynamic efficiency of a wind turbine as the fraction of available wind 
power that is extracted by the turbine blades. This efficiency is commonly 
called the power coefficient, CP,

Power coefficient: Cp 5
W
#

rotor shaft output

W
#

available

5
W
#

rotor shaft output

1
2 rV 3 A

(14–51)

It is fairly simple to calculate the maximum possible power coefficient for a 
wind turbine, and this was first done by Albert Betz (1885–1968) in the mid 
1920s. We consider two control volumes surrounding the disk area—a large 
control volume and a small control volume—as sketched in Fig. 14–108, 
with upstream wind speed V taken as V1.
 The axisymmetric stream tube (enclosed by streamlines as drawn on the 
top and bottom of Fig. 14–108) can be thought of as forming an imaginary 
“duct” for the flow of air through the turbine. The control volume momen-
tum equation for the large control volume for steady flow is

aF
S
5 a
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bm# V

S
2 a
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bm# V

S

FIGURE 14–106
Typical qualitative wind-turbine power 
performance curve with definitions of 

cut-in, rated, and cut-out speeds.

•

Welectrical

FIGURE 14–107
The disk area of a wind turbine is 

defined as the swept area or frontal 
area of the turbine as “seen” by the 

oncoming wind, as sketched here 
in red. The disk area is (a) circular 

for a horizontal axis turbine and 
(b) rectangular for a vertical axis turbine.

(a) © Construction Photography/Corbis RF
(b) © VisionofAmerica/Joe Sohm/Photodisc/Getty RF
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風力渦輪機最大可能功率係數之計算是不難的，Albert Betz 

(1885-1968) 是第一個完成計算的人，時間是在 1920 年間。我

們在圓盤區周邊設定兩個控制體積－一個大控制體積跟一個

小的控制體積－如圖 14-106 中所描述，上游風速 V 表示為 

V1。

在軸對稱流管中 (圖 14-106 中頂部和底部流線圍繞的區

域)，渦輪機的流量可以假想是一個“導管”中通過的空氣流

量。大的控制體積下的穩流動量方程式如下：
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Thus,

• The wind power density is directly proportional to air density—cold air
has a larger wind power density than warm air blowing at the same speed,
although this effect is not as significant as wind speed.

• The wind power density is proportional to the cube of the wind speed—
doubling the wind speed increases the wind power density by a factor
of 8. It should be obvious then why wind farms are located where the
wind speed is high!

Equation 14–48 is an instantaneous equation. As we all know, however, 
wind speed varies greatly throughout the day and throughout the year. For 
this reason, it is useful to define the average wind power density in 
terms of annual average wind speed V, based on hourly averages as

Average wind power density: 
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where Ke is a correction factor called the energy pattern factor. In prin-
ciple, it is analogous to the kinetic energy factor � that we use in control 
volume analyses (Chap. 5). Ke is defined as
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where N � 8760, which is the number of hours in a year. As a general 
rule of thumb, a location is considered poor for construction of wind tur-
bines if the average wind power density is less than about 100 W/m2, good 
if it is around 400 W/m2, and great if it is greater than about 700 W/m2. 
Other  factors affect the choice of a wind turbine site, such as atmospheric 
turbulence intensity, terrain, obstacles (buildings, trees, etc.), environmental 
impact, etc. See Manwell, et al. (2010) for further details.
 For analysis purposes, we consider a given wind speed V and define the 
aerodynamic efficiency of a wind turbine as the fraction of available wind 
power that is extracted by the turbine blades. This efficiency is commonly 
called the power coefficient, CP,

Power coefficient: Cp 5
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It is fairly simple to calculate the maximum possible power coefficient for a 
wind turbine, and this was first done by Albert Betz (1885–1968) in the mid 
1920s. We consider two control volumes surrounding the disk area—a large 
control volume and a small control volume—as sketched in Fig. 14–108, 
with upstream wind speed V taken as V1.
 The axisymmetric stream tube (enclosed by streamlines as drawn on the 
top and bottom of Fig. 14–108) can be thought of as forming an imaginary 
“duct” for the flow of air through the turbine. The control volume momen-
tum equation for the large control volume for steady flow is
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The disk area of a wind turbine is 

defined as the swept area or frontal 
area of the turbine as “seen” by the 

oncoming wind, as sketched here 
in red. The disk area is (a) circular 

for a horizontal axis turbine and 
(b) rectangular for a vertical axis turbine.

(a) © Construction Photography/Corbis RF
(b) © VisionofAmerica/Joe Sohm/Photodisc/Getty RF

(a)

(b)

787-878_cengel_ch14.indd   851 7/3/13   3:57 PM

並且在流向 x- 軸的方向進行分析。在渦輪機中位置 1 和位置 2 

有足夠遠的距離，我們可得 P1 =P2 =Patm，在這控制體積中沒

有淨壓力。入口 1 和 2 的速度 V1 和 V2 是均勻的，而動量校正

因子為 b1 =b2 =1，動量方程式可以簡化為
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and is analyzed in the streamwise (x) direction. Since locations 1 and 2 are 
sufficiently far from the turbine, we take P1 � P2 � Patm, yielding no net 
pressure force on the control volume. We approximate the velocities at the 
inlet (1) and outlet (2) to be uniform at V1 and V2, respectively; and the 
momentum flux correction factors are thus �1 � �2 � 1. The momentum 
equation reduces to

FR 5 m# V2 2 m# V1 5 m# (V2 2 V1) (14–52)

The smaller control volume in Fig. 14–108 encloses the turbine, but 
A3 � A4 � A, since this control volume is infinitesimally thin in the limit 
(we approximate the turbine as a disk). Since the air is considered to be 
incompressible, V3 � V4. However, the wind turbine extracts energy from 
the air, causing a pressure drop. Thus, P3 2 P4. When we apply the streamwise 
component of the control volume momentum equation on the small control 
volume, we get

FR 1 P3A 2 P4A 5 0 S FR 5 (P4 2 P3)A (14–53)

The Bernoulli equation is certainly not applicable across the turbine, since it 
is extracting energy from the air. However, it is a reasonable approximation 
between locations 1 and 3 and between locations 4 and 2:
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In this ideal analysis, the pressure starts at atmospheric pressure far 
upstream (P1 � Patm), rises smoothly from P1 to P3, drops suddenly from 
P3 to P4 across the turbine disk, and then rises smoothly from P4 to P2, 
ending at atmospheric pressure far downstream (P2 � Patm) (Fig. 14–109). 
We add Eqs. 14–52 and 14–53, setting P1 � P2 � Patm and V3 � V4. In 
addition, since the wind turbine is horizontally inclined, z1 � z2 � z3 � z4 
(gravitational effects are negligible in air anyway). After some algebra, this 
yields

V 1
2 2 V 2

2

2
5

P3 2 P4

r
(14–54)

Substituting m# 5 rV3A into Eq. 14–52 and then combining the result with 
Eqs. 14–53 and 14–54 yields

V3 5
V1 1 V2

2
(14–55)

Thus, we conclude that the average velocity of the air through an ideal wind 
turbine is the arithmetic average of the far upstream and far downstream 
velocities. Of course, the validity of this result is limited by the applicability 
of the Bernoulli equation.
 For convenience, we define a new variable a as the fractional loss of 
velocity from far upstream to the turbine disk as

a 5
V1 2 V3

V1

(14–56)

FIGURE 14–108
The large and small control volumes 
for analysis of ideal wind turbine 
performance bounded by an 
axisymmetric diverging stream tube.

V2V1 V3 V4FR

Patm

Patm
A

1

=

3 4 2

FIGURE 14–109
Qualitative sketch of average 
streamwise velocity and pressure 
profiles through a wind turbine.
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 (14-52)

圖  1 4 - 1 0 6  中較小的控制體積包圍著渦輪，但是 

A3 =A4 =A，因為這個控制體積是無限薄 (我們把渦輪近似於當

作一個碟盤)。由於空氣是不可壓縮的，得 V3 =V4。然而，風力

渦輪機從空氣中取得能量，也會造成一些壓降，因此 P3 ≠P4。

當我們在小的控制容積中對流動方向運用了動量方程式可得到
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Thus,

• The wind power density is directly proportional to air density—cold air
has a larger wind power density than warm air blowing at the same speed,
although this effect is not as significant as wind speed.

• The wind power density is proportional to the cube of the wind speed—
doubling the wind speed increases the wind power density by a factor
of 8. It should be obvious then why wind farms are located where the
wind speed is high!

Equation 14–48 is an instantaneous equation. As we all know, however, 
wind speed varies greatly throughout the day and throughout the year. For 
this reason, it is useful to define the average wind power density in 
terms of annual average wind speed V, based on hourly averages as

Average wind power density: 
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where Ke is a correction factor called the energy pattern factor. In prin-
ciple, it is analogous to the kinetic energy factor � that we use in control 
volume analyses (Chap. 5). Ke is defined as

Ke 5
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3 (14–50)

where N � 8760, which is the number of hours in a year. As a general 
rule of thumb, a location is considered poor for construction of wind tur-
bines if the average wind power density is less than about 100 W/m2, good 
if it is around 400 W/m2, and great if it is greater than about 700 W/m2. 
Other  factors affect the choice of a wind turbine site, such as atmospheric 
turbulence intensity, terrain, obstacles (buildings, trees, etc.), environmental 
impact, etc. See Manwell, et al. (2010) for further details.
 For analysis purposes, we consider a given wind speed V and define the 
aerodynamic efficiency of a wind turbine as the fraction of available wind 
power that is extracted by the turbine blades. This efficiency is commonly 
called the power coefficient, CP,

Power coefficient: Cp 5
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It is fairly simple to calculate the maximum possible power coefficient for a 
wind turbine, and this was first done by Albert Betz (1885–1968) in the mid 
1920s. We consider two control volumes surrounding the disk area—a large 
control volume and a small control volume—as sketched in Fig. 14–108, 
with upstream wind speed V taken as V1.
 The axisymmetric stream tube (enclosed by streamlines as drawn on the 
top and bottom of Fig. 14–108) can be thought of as forming an imaginary 
“duct” for the flow of air through the turbine. The control volume momen-
tum equation for the large control volume for steady flow is
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FIGURE 14–106
Typical qualitative wind-turbine power 
performance curve with definitions of 

cut-in, rated, and cut-out speeds.

•

Welectrical

FIGURE 14–107
The disk area of a wind turbine is 

defined as the swept area or frontal 
area of the turbine as “seen” by the 

oncoming wind, as sketched here 
in red. The disk area is (a) circular 

for a horizontal axis turbine and 
(b) rectangular for a vertical axis turbine.
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(b) © VisionofAmerica/Joe Sohm/Photodisc/Getty RF
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圖  14-105　框架所描繪出來的區
域是風力渦輪機輪葉正面所看到迎

面而來的風，也就是輪葉掃過的範

圍，(a) 為水平軸渦輪機和 (b) 矩形
的垂直軸渦輪機。
(a) © Construction Photography/
Corbis RF. (b) © VisionofAmerica/Joe 
Sohm/Photodisc/Getty RF

圖 14-106　軸對稱發散流管內之理
想風力渦輪機性能大小控制容積分

析。

852
TURBOMACHINERY

and is analyzed in the streamwise (x) direction. Since locations 1 and 2 are 
sufficiently far from the turbine, we take P1 � P2 � Patm, yielding no net 
pressure force on the control volume. We approximate the velocities at the 
inlet (1) and outlet (2) to be uniform at V1 and V2, respectively; and the 
momentum flux correction factors are thus �1 � �2 � 1. The momentum 
equation reduces to

FR 5 m# V2 2 m# V1 5 m# (V2 2 V1) (14–52)

The smaller control volume in Fig. 14–108 encloses the turbine, but 
A3 � A4 � A, since this control volume is infinitesimally thin in the limit 
(we approximate the turbine as a disk). Since the air is considered to be 
incompressible, V3 � V4. However, the wind turbine extracts energy from 
the air, causing a pressure drop. Thus, P3 2 P4. When we apply the streamwise 
component of the control volume momentum equation on the small control 
volume, we get

FR 1 P3A 2 P4A 5 0 S FR 5 (P4 2 P3)A (14–53)

The Bernoulli equation is certainly not applicable across the turbine, since it 
is extracting energy from the air. However, it is a reasonable approximation 
between locations 1 and 3 and between locations 4 and 2:
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In this ideal analysis, the pressure starts at atmospheric pressure far 
upstream (P1 � Patm), rises smoothly from P1 to P3, drops suddenly from 
P3 to P4 across the turbine disk, and then rises smoothly from P4 to P2, 
ending at atmospheric pressure far downstream (P2 � Patm) (Fig. 14–109). 
We add Eqs. 14–52 and 14–53, setting P1 � P2 � Patm and V3 � V4. In 
addition, since the wind turbine is horizontally inclined, z1 � z2 � z3 � z4 
(gravitational effects are negligible in air anyway). After some algebra, this 
yields

V 1
2 2 V 2

2

2
5

P3 2 P4

r
(14–54)

Substituting m# 5 rV3A into Eq. 14–52 and then combining the result with 
Eqs. 14–53 and 14–54 yields

V3 5
V1 1 V2

2
(14–55)

Thus, we conclude that the average velocity of the air through an ideal wind 
turbine is the arithmetic average of the far upstream and far downstream 
velocities. Of course, the validity of this result is limited by the applicability 
of the Bernoulli equation.
 For convenience, we define a new variable a as the fractional loss of 
velocity from far upstream to the turbine disk as

a 5
V1 2 V3

V1

(14–56)

FIGURE 14–108
The large and small control volumes 
for analysis of ideal wind turbine 
performance bounded by an 
axisymmetric diverging stream tube.
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FIGURE 14–109
Qualitative sketch of average 
streamwise velocity and pressure 
profiles through a wind turbine.
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and is analyzed in the streamwise (x) direction. Since locations 1 and 2 are 
sufficiently far from the turbine, we take P1 � P2 � Patm, yielding no net 
pressure force on the control volume. We approximate the velocities at the 
inlet (1) and outlet (2) to be uniform at V1 and V2, respectively; and the 
momentum flux correction factors are thus �1 � �2 � 1. The momentum 
equation reduces to

FR 5 m# V2 2 m# V1 5 m# (V2 2 V1) (14–52)

The smaller control volume in Fig. 14–108 encloses the turbine, but 
A3 � A4 � A, since this control volume is infinitesimally thin in the limit 
(we approximate the turbine as a disk). Since the air is considered to be 
incompressible, V3 � V4. However, the wind turbine extracts energy from 
the air, causing a pressure drop. Thus, P3 2 P4. When we apply the streamwise 
component of the control volume momentum equation on the small control 
volume, we get

FR 1 P3A 2 P4A 5 0 S FR 5 (P4 2 P3)A (14–53)

The Bernoulli equation is certainly not applicable across the turbine, since it 
is extracting energy from the air. However, it is a reasonable approximation 
between locations 1 and 3 and between locations 4 and 2:
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In this ideal analysis, the pressure starts at atmospheric pressure far 
upstream (P1 � Patm), rises smoothly from P1 to P3, drops suddenly from 
P3 to P4 across the turbine disk, and then rises smoothly from P4 to P2, 
ending at atmospheric pressure far downstream (P2 � Patm) (Fig. 14–109). 
We add Eqs. 14–52 and 14–53, setting P1 � P2 � Patm and V3 � V4. In 
addition, since the wind turbine is horizontally inclined, z1 � z2 � z3 � z4 
(gravitational effects are negligible in air anyway). After some algebra, this 
yields

V 1
2 2 V 2

2

2
5

P3 2 P4

r
(14–54)

Substituting m# 5 rV3A into Eq. 14–52 and then combining the result with 
Eqs. 14–53 and 14–54 yields

V3 5
V1 1 V2

2
(14–55)

Thus, we conclude that the average velocity of the air through an ideal wind 
turbine is the arithmetic average of the far upstream and far downstream 
velocities. Of course, the validity of this result is limited by the applicability 
of the Bernoulli equation.
 For convenience, we define a new variable a as the fractional loss of 
velocity from far upstream to the turbine disk as

a 5
V1 2 V3

V1

(14–56)

FIGURE 14–108
The large and small control volumes 
for analysis of ideal wind turbine 
performance bounded by an 
axisymmetric diverging stream tube.
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streamwise velocity and pressure 
profiles through a wind turbine.

V

P

0
0

Patm
1

3 4

2

787-878_cengel_ch14.indd   852 7/3/13   3:57 PM

 (14-53)

伯努利方程肯定是不適用在跨越渦輪機的情況，因為它從空氣中取得能量。然而，

在位置 1 和 3 與 4 和 2 會是合理的近似，如下所示：
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and is analyzed in the streamwise (x) direction. Since locations 1 and 2 are 
sufficiently far from the turbine, we take P1 � P2 � Patm, yielding no net 
pressure force on the control volume. We approximate the velocities at the 
inlet (1) and outlet (2) to be uniform at V1 and V2, respectively; and the 
momentum flux correction factors are thus �1 � �2 � 1. The momentum 
equation reduces to

FR 5 m# V2 2 m# V1 5 m# (V2 2 V1) (14–52)

The smaller control volume in Fig. 14–108 encloses the turbine, but 
A3 � A4 � A, since this control volume is infinitesimally thin in the limit 
(we approximate the turbine as a disk). Since the air is considered to be 
incompressible, V3 � V4. However, the wind turbine extracts energy from 
the air, causing a pressure drop. Thus, P3 2 P4. When we apply the streamwise 
component of the control volume momentum equation on the small control 
volume, we get

FR 1 P3A 2 P4A 5 0 S FR 5 (P4 2 P3)A (14–53)

The Bernoulli equation is certainly not applicable across the turbine, since it 
is extracting energy from the air. However, it is a reasonable approximation 
between locations 1 and 3 and between locations 4 and 2:
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In this ideal analysis, the pressure starts at atmospheric pressure far 
upstream (P1 � Patm), rises smoothly from P1 to P3, drops suddenly from 
P3 to P4 across the turbine disk, and then rises smoothly from P4 to P2, 
ending at atmospheric pressure far downstream (P2 � Patm) (Fig. 14–109). 
We add Eqs. 14–52 and 14–53, setting P1 � P2 � Patm and V3 � V4. In 
addition, since the wind turbine is horizontally inclined, z1 � z2 � z3 � z4 
(gravitational effects are negligible in air anyway). After some algebra, this 
yields
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(14–54)

Substituting m# 5 rV3A into Eq. 14–52 and then combining the result with 
Eqs. 14–53 and 14–54 yields

V3 5
V1 1 V2

2
(14–55)

Thus, we conclude that the average velocity of the air through an ideal wind 
turbine is the arithmetic average of the far upstream and far downstream 
velocities. Of course, the validity of this result is limited by the applicability 
of the Bernoulli equation.
 For convenience, we define a new variable a as the fractional loss of 
velocity from far upstream to the turbine disk as

a 5
V1 2 V3

V1

(14–56)
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and is analyzed in the streamwise (x) direction. Since locations 1 and 2 are 
sufficiently far from the turbine, we take P1 � P2 � Patm, yielding no net 
pressure force on the control volume. We approximate the velocities at the 
inlet (1) and outlet (2) to be uniform at V1 and V2, respectively; and the 
momentum flux correction factors are thus �1 � �2 � 1. The momentum 
equation reduces to

FR 5 m# V2 2 m# V1 5 m# (V2 2 V1) (14–52)

The smaller control volume in Fig. 14–108 encloses the turbine, but 
A3 � A4 � A, since this control volume is infinitesimally thin in the limit 
(we approximate the turbine as a disk). Since the air is considered to be 
incompressible, V3 � V4. However, the wind turbine extracts energy from 
the air, causing a pressure drop. Thus, P3 2 P4. When we apply the streamwise 
component of the control volume momentum equation on the small control 
volume, we get

FR 1 P3A 2 P4A 5 0 S FR 5 (P4 2 P3)A (14–53)

The Bernoulli equation is certainly not applicable across the turbine, since it 
is extracting energy from the air. However, it is a reasonable approximation 
between locations 1 and 3 and between locations 4 and 2:
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1 z1 5
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In this ideal analysis, the pressure starts at atmospheric pressure far 
upstream (P1 � Patm), rises smoothly from P1 to P3, drops suddenly from 
P3 to P4 across the turbine disk, and then rises smoothly from P4 to P2, 
ending at atmospheric pressure far downstream (P2 � Patm) (Fig. 14–109). 
We add Eqs. 14–52 and 14–53, setting P1 � P2 � Patm and V3 � V4. In 
addition, since the wind turbine is horizontally inclined, z1 � z2 � z3 � z4 
(gravitational effects are negligible in air anyway). After some algebra, this 
yields

V 1
2 2 V 2

2

2
5

P3 2 P4

r
(14–54)

Substituting m# 5 rV3A into Eq. 14–52 and then combining the result with 
Eqs. 14–53 and 14–54 yields

V3 5
V1 1 V2

2
(14–55)

Thus, we conclude that the average velocity of the air through an ideal wind 
turbine is the arithmetic average of the far upstream and far downstream 
velocities. Of course, the validity of this result is limited by the applicability 
of the Bernoulli equation.
 For convenience, we define a new variable a as the fractional loss of 
velocity from far upstream to the turbine disk as

a 5
V1 2 V3

V1

(14–56)

FIGURE 14–108
The large and small control volumes 
for analysis of ideal wind turbine 
performance bounded by an 
axisymmetric diverging stream tube.
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在這理想的分析中，壓力開始從遠處進入 (P1 =Patm)，P1 到 P3 

平穩的上升，P3 到 P4 經過葉片會有突然的壓損，然後 P4 到 

P2 會平穩的上升，到達 P2 為常態大氣壓力下 (P2 =Patm) 為止 

(如圖 14-107)。我們從式 (14-52) 和 (14-53) 增加了一些設定，

P1 =P2 =Patm，V3 =V4。除此之外，由於渦輪機是水平的，所

以 z1 = z2 = z3 = z4 (在空氣中忽略重力作用)。經過一些代數計算

後，可得到
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and is analyzed in the streamwise (x) direction. Since locations 1 and 2 are 
sufficiently far from the turbine, we take P1 � P2 � Patm, yielding no net 
pressure force on the control volume. We approximate the velocities at the 
inlet (1) and outlet (2) to be uniform at V1 and V2, respectively; and the 
momentum flux correction factors are thus �1 � �2 � 1. The momentum 
equation reduces to

FR 5 m# V2 2 m# V1 5 m# (V2 2 V1) (14–52)

The smaller control volume in Fig. 14–108 encloses the turbine, but 
A3 � A4 � A, since this control volume is infinitesimally thin in the limit 
(we approximate the turbine as a disk). Since the air is considered to be 
incompressible, V3 � V4. However, the wind turbine extracts energy from 
the air, causing a pressure drop. Thus, P3 2 P4. When we apply the streamwise 
component of the control volume momentum equation on the small control 
volume, we get

FR 1 P3A 2 P4A 5 0 S FR 5 (P4 2 P3)A (14–53)

The Bernoulli equation is certainly not applicable across the turbine, since it 
is extracting energy from the air. However, it is a reasonable approximation 
between locations 1 and 3 and between locations 4 and 2:
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In this ideal analysis, the pressure starts at atmospheric pressure far 
upstream (P1 � Patm), rises smoothly from P1 to P3, drops suddenly from 
P3 to P4 across the turbine disk, and then rises smoothly from P4 to P2, 
ending at atmospheric pressure far downstream (P2 � Patm) (Fig. 14–109). 
We add Eqs. 14–52 and 14–53, setting P1 � P2 � Patm and V3 � V4. In 
addition, since the wind turbine is horizontally inclined, z1 � z2 � z3 � z4 
(gravitational effects are negligible in air anyway). After some algebra, this 
yields

V 1
2 2 V 2

2

2
5

P3 2 P4

r
(14–54)

Substituting m# 5 rV3A into Eq. 14–52 and then combining the result with 
Eqs. 14–53 and 14–54 yields

V3 5
V1 1 V2

2
(14–55)

Thus, we conclude that the average velocity of the air through an ideal wind 
turbine is the arithmetic average of the far upstream and far downstream 
velocities. Of course, the validity of this result is limited by the applicability 
of the Bernoulli equation.
 For convenience, we define a new variable a as the fractional loss of 
velocity from far upstream to the turbine disk as

a 5
V1 2 V3

V1

(14–56)
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 (14-54)

將  ⋅m=rV3A 代入式 (14-52) 中，將結果與式 (14-53) 和 (14-54) 結合得到
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and is analyzed in the streamwise (x) direction. Since locations 1 and 2 are 
sufficiently far from the turbine, we take P1 � P2 � Patm, yielding no net 
pressure force on the control volume. We approximate the velocities at the 
inlet (1) and outlet (2) to be uniform at V1 and V2, respectively; and the 
momentum flux correction factors are thus �1 � �2 � 1. The momentum 
equation reduces to

FR 5 m# V2 2 m# V1 5 m# (V2 2 V1) (14–52)

The smaller control volume in Fig. 14–108 encloses the turbine, but 
A3 � A4 � A, since this control volume is infinitesimally thin in the limit 
(we approximate the turbine as a disk). Since the air is considered to be 
incompressible, V3 � V4. However, the wind turbine extracts energy from 
the air, causing a pressure drop. Thus, P3 2 P4. When we apply the streamwise 
component of the control volume momentum equation on the small control 
volume, we get

FR 1 P3A 2 P4A 5 0 S FR 5 (P4 2 P3)A (14–53)

The Bernoulli equation is certainly not applicable across the turbine, since it 
is extracting energy from the air. However, it is a reasonable approximation 
between locations 1 and 3 and between locations 4 and 2:
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In this ideal analysis, the pressure starts at atmospheric pressure far 
upstream (P1 � Patm), rises smoothly from P1 to P3, drops suddenly from 
P3 to P4 across the turbine disk, and then rises smoothly from P4 to P2, 
ending at atmospheric pressure far downstream (P2 � Patm) (Fig. 14–109). 
We add Eqs. 14–52 and 14–53, setting P1 � P2 � Patm and V3 � V4. In 
addition, since the wind turbine is horizontally inclined, z1 � z2 � z3 � z4 
(gravitational effects are negligible in air anyway). After some algebra, this 
yields

V 1
2 2 V 2

2

2
5

P3 2 P4

r
(14–54)

Substituting m# 5 rV3A into Eq. 14–52 and then combining the result with 
Eqs. 14–53 and 14–54 yields

V3 5
V1 1 V2

2
(14–55)

Thus, we conclude that the average velocity of the air through an ideal wind 
turbine is the arithmetic average of the far upstream and far downstream 
velocities. Of course, the validity of this result is limited by the applicability 
of the Bernoulli equation.
 For convenience, we define a new variable a as the fractional loss of 
velocity from far upstream to the turbine disk as

a 5
V1 2 V3

V1

(14–56)
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 (14-55)

因此，我們得出結論，空氣通過一個理想的風力渦輪機的平均速度，是遠上游和遠

下游流速的算術平均。當然，這樣的結果的正確性還是會受限於伯努利方程的適用

範圍。

為了方便，我們定義一個新的變數 a 為從遠處上游至渦輪的速度損失，如下所

示：
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and is analyzed in the streamwise (x) direction. Since locations 1 and 2 are 
sufficiently far from the turbine, we take P1 � P2 � Patm, yielding no net 
pressure force on the control volume. We approximate the velocities at the 
inlet (1) and outlet (2) to be uniform at V1 and V2, respectively; and the 
momentum flux correction factors are thus �1 � �2 � 1. The momentum 
equation reduces to

FR 5 m# V2 2 m# V1 5 m# (V2 2 V1) (14–52)

The smaller control volume in Fig. 14–108 encloses the turbine, but 
A3 � A4 � A, since this control volume is infinitesimally thin in the limit 
(we approximate the turbine as a disk). Since the air is considered to be 
incompressible, V3 � V4. However, the wind turbine extracts energy from 
the air, causing a pressure drop. Thus, P3 2 P4. When we apply the streamwise 
component of the control volume momentum equation on the small control 
volume, we get

FR 1 P3A 2 P4A 5 0 S FR 5 (P4 2 P3)A (14–53)

The Bernoulli equation is certainly not applicable across the turbine, since it 
is extracting energy from the air. However, it is a reasonable approximation 
between locations 1 and 3 and between locations 4 and 2:

P1

rg
1

V 1
2

2g
1 z1 5

P3

rg
1

V 3
2

2g
1 z3 and 

P4

rg
1

V 4
2

2g
1 z4 5

P2

rg
1

V 2
2

2g
1 z2 

In this ideal analysis, the pressure starts at atmospheric pressure far 
upstream (P1 � Patm), rises smoothly from P1 to P3, drops suddenly from 
P3 to P4 across the turbine disk, and then rises smoothly from P4 to P2, 
ending at atmospheric pressure far downstream (P2 � Patm) (Fig. 14–109). 
We add Eqs. 14–52 and 14–53, setting P1 � P2 � Patm and V3 � V4. In 
addition, since the wind turbine is horizontally inclined, z1 � z2 � z3 � z4 
(gravitational effects are negligible in air anyway). After some algebra, this 
yields

V 1
2 2 V 2

2

2
5

P3 2 P4

r
(14–54)

Substituting m# 5 rV3A into Eq. 14–52 and then combining the result with 
Eqs. 14–53 and 14–54 yields

V3 5
V1 1 V2

2
(14–55)

Thus, we conclude that the average velocity of the air through an ideal wind 
turbine is the arithmetic average of the far upstream and far downstream 
velocities. Of course, the validity of this result is limited by the applicability 
of the Bernoulli equation.
 For convenience, we define a new variable a as the fractional loss of 
velocity from far upstream to the turbine disk as

a 5
V1 2 V3

V1

(14–56)
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 (14-56)

通過渦輪機後的速度變為 V3 =V1(1 −a)，通過渦輪機的質量流率為  ⋅m =rAV3 =	

rAV1(1−a)。將 V3 的式子與式 (14-55) 組合產生新的表示式：
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The velocity through the turbine thus becomes V3 � V1(1 � a), and the 
mass flow rate through the turbine becomes m#  � �AV3 � �AV1(1 � a). 
Combining this expression for V3 with Eq. 14–55 yields

V2 5 V1(1 2 2a) (14–57)

For an ideal wind turbine without irreversible losses such as friction, the 
power generated by the turbine is simply the difference between the incom-
ing and outgoing kinetic energies. Performing some algebra, we get

W
#

ideal5 m#
V 1

22 V 2
2

2
5 rAV 1(12 a)

V 1
22 V 1

2(12 2a)2

2
5 2rAV 1

3a(12 a)2 (14–58)

Again assuming no irreversible losses in transferring power from the turbine 
to the turbine shaft, the efficiency of the wind turbine is expressed as the 
power coefficient defined in Eq. 14–51 as

CP 5
W
#

rotor shaft output

1
2 rV 1

3A
5

W
#

ideal
1
2 rV 1

3A
5

2 rAV 1
3a(1 2 a)2

1
2 rV 1

3A
5 4a(1 2 a)2 (14–59)

Finally, as any good engineer knows, we calculate the maximum possible 
value of CP by setting dCP/da � 0 and solving for a (Fig. 14–110). This 
yields a � 1 or 1/3, and the details are left as an exercise. Since a � 1 is 
the trivial case (no power generated), we conclude that a must equal 1/3 for 
maximum possible power coefficient. Substituting a � 1/3 into Eq. 14–59 
gives

CP, max 5 4
1

3
a1 2

1

3
b

2

5
16

27
> 0.5926 (14–60)

This value of CP, max represents the maximum possible power coefficient of 
any wind turbine and is known as the Betz limit. All real wind turbines 
have a maximum achievable power coefficient less than this due to irrevers-
ible losses which have been ignored in this ideal analysis.
 Figure 14–111 shows power coefficient CP as a function of the ratio of 
turbine blade tip speed �R to wind speed V for several types of wind tur-
bines, where � is the angular velocity of the wind turbine blades and R 
is their radius. From this plot, we see that an ideal propeller-type wind 
turbine approaches the Betz limit as �R/V approaches infinity. However, 
the power coefficient of real wind turbines reaches a maximum at some 
finite value of �R/V and then drops beyond that. In practice, three primary 
effects lead to a maximum achievable power coefficient that is lower than 
the Betz limit:

• Rotation of the wake behind the rotor (swirl)

• Finite number of rotor blades and their associated tip losses (tip vortices
are generated in the wake of rotor blades for the same reason they are gen-
erated on finite airplane wings since both produce “lift”) (see Chap. 11)

• Non-zero aerodynamic drag on the rotor blades (frictional drag as well as
induced drag–see Chap. 11)

FIGURE 14–110
The use of derivatives to calculate 

minima or maxima is one of the first 
things that engineers learn.
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 (14-57)

對於無不可逆摩擦損失的理想風力渦輪機而言，能量的產生僅為傳入與傳出的動能

的差值，將其以代數表示，我們可以得到
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and is analyzed in the streamwise (x) direction. Since locations 1 and 2 are 
sufficiently far from the turbine, we take P1 � P2 � Patm, yielding no net 
pressure force on the control volume. We approximate the velocities at the 
inlet (1) and outlet (2) to be uniform at V1 and V2, respectively; and the 
momentum flux correction factors are thus �1 � �2 � 1. The momentum 
equation reduces to

FR 5 m# V2 2 m# V1 5 m# (V2 2 V1) (14–52)

The smaller control volume in Fig. 14–108 encloses the turbine, but 
A3 � A4 � A, since this control volume is infinitesimally thin in the limit 
(we approximate the turbine as a disk). Since the air is considered to be 
incompressible, V3 � V4. However, the wind turbine extracts energy from 
the air, causing a pressure drop. Thus, P3 2 P4. When we apply the streamwise 
component of the control volume momentum equation on the small control 
volume, we get

FR 1 P3A 2 P4A 5 0 S FR 5 (P4 2 P3)A (14–53)

The Bernoulli equation is certainly not applicable across the turbine, since it 
is extracting energy from the air. However, it is a reasonable approximation 
between locations 1 and 3 and between locations 4 and 2:
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In this ideal analysis, the pressure starts at atmospheric pressure far 
upstream (P1 � Patm), rises smoothly from P1 to P3, drops suddenly from 
P3 to P4 across the turbine disk, and then rises smoothly from P4 to P2, 
ending at atmospheric pressure far downstream (P2 � Patm) (Fig. 14–109). 
We add Eqs. 14–52 and 14–53, setting P1 � P2 � Patm and V3 � V4. In 
addition, since the wind turbine is horizontally inclined, z1 � z2 � z3 � z4 
(gravitational effects are negligible in air anyway). After some algebra, this 
yields

V 1
2 2 V 2

2

2
5

P3 2 P4

r
(14–54)

Substituting m# 5 rV3A into Eq. 14–52 and then combining the result with 
Eqs. 14–53 and 14–54 yields

V3 5
V1 1 V2

2
(14–55)

Thus, we conclude that the average velocity of the air through an ideal wind 
turbine is the arithmetic average of the far upstream and far downstream 
velocities. Of course, the validity of this result is limited by the applicability 
of the Bernoulli equation.
 For convenience, we define a new variable a as the fractional loss of 
velocity from far upstream to the turbine disk as

a 5
V1 2 V3

V1

(14–56)
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圖 14-107　通過風力渦輪機的平均
流向速度與壓力的分佈。

渦輪機碟盤
位置V 或 P
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See Manwell, et al. (2010) for further discussion about how to account for 
these losses.
 In addition, mechanical losses due to shaft friction lead to even lower 
maximum achievable power coefficients. Other mechanical and electrical 
losses in the gearbox, generator, etc., also reduce the overall wind turbine 
efficiency, as previously mentioned. As seen in Fig. 14–111, the “best” wind 
turbine is the high-speed HAWT, and that is why you see this type of wind 
turbine being installed throughout the world. In summary, wind turbines 
provide a “green” alternative to fossil fuels, and as the price of fossil fuels 
rises, wind turbines will become more commonplace.

EXAMPLE 14–14 Power Generated by a Wind Turbine

To save money, a school plans to generate some of their own electricity using 
a HAWT wind turbine on top of a hill where it is fairly windy. As a conser-
vative estimate based on the data of Fig. 14–111, they hope to achieve a 
power coefficient of 40 percent. The combined efficiency of the gearbox and 
generator is estimated to be 85 percent. If the diameter of the wind tur-
bine disk is 12.5 m, estimate the electrical power production when the wind 
blows at 10.0 m/s.

SOLUTION  We are to estimate the power generated by a wind turbine.
Assumptions  1 The power coefficient is 0.40 and the combined efficiency 
of the gearbox and generator is 0.85. 2 The air is at 20ºC.
Properties  At 20ºC, the air density is 1.204 kg/m3.
Analysis  From the definition of power coefficient,

W
#

rotor shaft output 5 CP 
1

2
 rV 3 A 5  CP 

1

2
 rV 3(pD2/4)

FIGURE 14–111
Performance (power coefficient) 
of various types of wind turbines 
as a function of the ratio of turbine 
blade tip speed to wind speed. So 
far, no design has achieved better 
performance than the horizontal axis 
wind turbine (HAWT). Adapted from 
Robinson (1981, Ref. 10). 
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貝茲極限：CP = 0.5926

理想
螺旋槳式

高速水平軸式
HAWT

美國
多葉式

薩沃紐斯
轉子

達里厄式
VAWT

德國四臂式

葉尖速度比，vR/V

功率係數，
CP

圖 14-109　不同形式的風力渦輪機
的性能 (功率係數)，以葉尖速度 vR 
與風速 V 比值之方程式表示，到目
前為止，還沒有一種設計的性能能

優於水平軸風力渦輪機的。出自於

Robinson (1981, Ref. 10)。
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The velocity through the turbine thus becomes V3 � V1(1 � a), and the 
mass flow rate through the turbine becomes m

#  � �AV3 � �AV1(1 � a). 
Combining this expression for V3 with Eq. 14–55 yields

V2 5 V1(1 2 2a) (14–57)

For an ideal wind turbine without irreversible losses such as friction, the 
power generated by the turbine is simply the difference between the incom-
ing and outgoing kinetic energies. Performing some algebra, we get

W
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ideal5 m#
V 1

22 V 2
2

2
5 rAV 1(12 a)

V 1
22 V 1

2(12 2a)2

2
5 2rAV 1

3a(12 a)2 (14–58)

Again assuming no irreversible losses in transferring power from the turbine 
to the turbine shaft, the efficiency of the wind turbine is expressed as the 
power coefficient defined in Eq. 14–51 as
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rotor shaft output

1
2 rV 1
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Finally, as any good engineer knows, we calculate the maximum possible 
value of CP by setting dCP/da � 0 and solving for a (Fig. 14–110). This 
yields a � 1 or 1/3, and the details are left as an exercise. Since a � 1 is 
the trivial case (no power generated), we conclude that a must equal 1/3 for 
maximum possible power coefficient. Substituting a � 1/3 into Eq. 14–59 
gives

CP, max 5 4
1

3
a1 2

1

3
b

2

5
16

27
> 0.5926 (14–60)

This value of CP, max represents the maximum possible power coefficient of 
any wind turbine and is known as the Betz limit. All real wind turbines 
have a maximum achievable power coefficient less than this due to irrevers-
ible losses which have been ignored in this ideal analysis.
 Figure 14–111 shows power coefficient CP as a function of the ratio of 
turbine blade tip speed �R to wind speed V for several types of wind tur-
bines, where � is the angular velocity of the wind turbine blades and R 
is their radius. From this plot, we see that an ideal propeller-type wind 
turbine approaches the Betz limit as �R/V approaches infinity. However, 
the power coefficient of real wind turbines reaches a maximum at some 
finite value of �R/V and then drops beyond that. In practice, three primary 
effects lead to a maximum achievable power coefficient that is lower than 
the Betz limit:

• Rotation of the wake behind the rotor (swirl)

• Finite number of rotor blades and their associated tip losses (tip vortices
are generated in the wake of rotor blades for the same reason they are gen-
erated on finite airplane wings since both produce “lift”) (see Chap. 11)

• Non-zero aerodynamic drag on the rotor blades (frictional drag as well as
induced drag–see Chap. 11)
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The velocity through the turbine thus becomes V3 � V1(1 � a), and the 
mass flow rate through the turbine becomes m

#  � �AV3 � �AV1(1 � a). 
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This value of CP, max represents the maximum possible power coefficient of 
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have a maximum achievable power coefficient less than this due to irrevers-
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 Figure 14–111 shows power coefficient CP as a function of the ratio of 
turbine blade tip speed �R to wind speed V for several types of wind tur-
bines, where � is the angular velocity of the wind turbine blades and R 
is their radius. From this plot, we see that an ideal propeller-type wind 
turbine approaches the Betz limit as �R/V approaches infinity. However, 
the power coefficient of real wind turbines reaches a maximum at some 
finite value of �R/V and then drops beyond that. In practice, three primary 
effects lead to a maximum achievable power coefficient that is lower than 
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are generated in the wake of rotor blades for the same reason they are gen-
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最後，身為一個好的工程師，我們應該知道，在 dCP/da =0 時

可以求得 CP 的最大值，並且解出 a (圖 14-108)，求解細節就當

作是練習作業，求得 a =1 或 1/3。然而，在 a =1 時為零解 (沒

有能量產生)，因此可以推斷，在 a 為 1/3 時功率係數有最大

值。將 a=1/3 代入式 (14-59) 得
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have a maximum achievable power coefficient less than this due to irrevers-
ible losses which have been ignored in this ideal analysis.
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is their radius. From this plot, we see that an ideal propeller-type wind 
turbine approaches the Betz limit as �R/V approaches infinity. However, 
the power coefficient of real wind turbines reaches a maximum at some 
finite value of �R/V and then drops beyond that. In practice, three primary 
effects lead to a maximum achievable power coefficient that is lower than 
the Betz limit:

• Rotation of the wake behind the rotor (swirl)

• Finite number of rotor blades and their associated tip losses (tip vortices
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 (14-60)

任何風力渦輪機的最大功率係數 CP, max，稱作貝茲極限 (Betz 

limit)，而任何當前運轉中的風力渦輪機，因不可逆的損失，其最大功率係數皆小

於貝茲極限。

圖 14-109 將不同形式的風力渦輪機的功率係數與葉尖速度比的函數關係，其

中 V 為風速，v 為葉片的角速度、R 為半徑。從圖中我們可以看到，螺旋槳式的風

力渦輪機，在 vR/V 趨近無限大時，最為接近貝茲極限。然而，一般的風力渦輪機

的最大功率係數發生在一有限值的 vR/V，過了最大點之後功率係數呈現下降。實

圖 14-108　使用工具來計算最小值
或最大值，為工程師必須學習的第

一件事之一。
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第 1 天，課程一

為了求 y(x) 的最小
值，令 dy/dx=0，
並解出 x。
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際上，有三個主要的影響使得最大功率係數小於貝茲極限的原因：

• 轉子後的旋轉尾流 (迴旋)。

• 有限的轉子葉片數與其造成的葉尖損失 (葉尖渦流產生在轉子葉片的尾流中，

原因與其在有限長機翼的產生相同，都是因為產生升力造成的，見第 11 章)。

• 轉子葉片上非零的空氣阻力 (摩擦阻力及誘導阻力，見第 11 章)。

以上這些損失更進一步的詳細討論可參見 Manwell 等人的文獻 (2010)。

除此之外，轉軸摩擦所造成的機械損失更會降低最大可達到的功率係數。再

者，變速箱及發電機等所產生的機械損與電力損失，如前所述，會降低風力渦輪機

整體的效率。如圖 14-111，“最好”的風力渦輪機是一種高速的水平軸式風力渦

輪機 (HAWT)，這也是為什麼各地普遍使用這種形式的風力渦輪機。總結來說，比

起石化燃料，風力渦輪機有更好的“綠色”效益，且在價格上，當石化燃料的價格

不斷地上漲，風力渦輪機也就會更加平易近人。

 例題 14-14　　風力渦輪機發電

為了節省經費，某一所學校在一處鮮少颳風的山丘頂上，建造一台水平軸式的風力渦輪機以提供電

力給學校使用。根據圖 14-109 所顯示的資料保守估計，他們希望能夠達到 40% 的功率係數，變速

箱及發電機加總的效率為 85%。若風力渦輪機的直徑為 12.5 m，當風速為 10 m/s 時，計算其產生的

電力。

解答：我們將計算由風力渦輪機所產生的電力。

假設：1. 功率係數為 0.40、變速箱及發電機整體效率為 0.85。2. 空氣溫度為 20°C。

性質：空氣在 20°C 時的密度為 1.204 kg/m3。

分析：功率係數的定義為
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See Manwell, et al. (2010) for further discussion about how to account for 
these losses.
 In addition, mechanical losses due to shaft friction lead to even lower 
maximum achievable power coefficients. Other mechanical and electrical 
losses in the gearbox, generator, etc., also reduce the overall wind turbine 
efficiency, as previously mentioned. As seen in Fig. 14–111, the “best” wind 
turbine is the high-speed HAWT, and that is why you see this type of wind 
turbine being installed throughout the world. In summary, wind turbines 
provide a “green” alternative to fossil fuels, and as the price of fossil fuels 
rises, wind turbines will become more commonplace.

EXAMPLE 14–14 Power Generated by a Wind Turbine

To save money, a school plans to generate some of their own electricity using 
a HAWT wind turbine on top of a hill where it is fairly windy. As a conser-
vative estimate based on the data of Fig. 14–111, they hope to achieve a 
power coefficient of 40 percent. The combined efficiency of the gearbox and 
generator is estimated to be 85 percent. If the diameter of the wind tur-
bine disk is 12.5 m, estimate the electrical power production when the wind 
blows at 10.0 m/s.

SOLUTION  We are to estimate the power generated by a wind turbine.
Assumptions  1 The power coefficient is 0.40 and the combined efficiency 
of the gearbox and generator is 0.85. 2 The air is at 20ºC.
Properties  At 20ºC, the air density is 1.204 kg/m3.
Analysis  From the definition of power coefficient,

W
#

rotor shaft output 5 CP 
1

2
 rV 3 A 5  CP 

1

2
 rV 3(pD2/4)

FIGURE 14–111
Performance (power coefficient) 
of various types of wind turbines 
as a function of the ratio of turbine 
blade tip speed to wind speed. So 
far, no design has achieved better 
performance than the horizontal axis 
wind turbine (HAWT). Adapted from 
Robinson (1981, Ref. 10). 
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但因變速箱及發電機的效率，實際得到的電力會小於上式，
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But the actual electrical power produced is lower than this because of gear-
box and generator inefficiencies,

W
#

electrical output 5 hgearbox/generator 
CPprV  

3D2

8

 5 (0.85)  

(0.40)pa1.204 
kg

m3b a10.0 
m
s
b

3

(12.5 m)2

8
a N

kg·m/s2b a
W

N·m/s
b

 5 25118 W > 25 kW

Discussion  We give the final answer to two significant digits since we  cannot 
expect any better than that, based on the given information and approxima-
tions. To give you a feel for how much electrical power this is, consider that a 
typical hair dryer draws around 1500 W, so this is enough power to run more 
than 16 hair dryers simultaneously. The school would need to do a cost analy-
sis to calculate how long it would take for the wind turbine to pay for itself 
considering the reduction in electricity purchased from the power company.

14–5 ■   TURBINE SCALING LAWS

Dimensionless Turbine Parameters
We define dimensionless groups (Pi groups) for turbines in much the same 
way as we did in Section 14–3 for pumps. Neglecting Reynolds number and 
roughness effects, we deal with the same dimensional variables: gravity times 
net head (gH), volume flow rate (V

. 
), some characteristic diameter of the tur-

bine (D), runner rotational speed (�), output brake horsepower (bhp), and 
fluid density (�), as illustrated in Fig. 14–112. In fact, the dimensional analy-
sis is identical whether analyzing a pump or a turbine, except for the fact that 
for turbines, we take bhp instead of V

.
 as the independent variable. In addition, 

�turbine (Eq. 14–44) is used in place of �pump as the non dimensional efficiency. 
A summary of the dimensionless parameters is provided here:

Dimensionless turbine parameters:

 CH 5 Head coefficient 5
gH

v2D2  CQ 5 Capacity coefficient 5
V
#

vD3

(14–61)

 CP 5 Power coefficient 5
bhp

rv3D5  hturbine 5 Turbine efficiency 5
bhp

rgHV
#

When plotting turbine performance curves, we use CP instead of CQ as the 
independent parameter. In other words, CH and CQ are functions of CP, and 
�turbine is thus also a function of CP, since

hturbine 5
CP

CQCH

5 function of CP (14–62)

The affinity laws (Eqs. 14–38) can be applied to turbines as well as to 
pumps, allowing us to scale turbines up or down in size (Fig. 14–113). 

bhp

Drunner

Ddischarge

•

V

FIGURE 14–112
The main variables used for 

dimensional analysis of a turbine. 
The characteristic turbine diameter D 
is typically either the runner diameter 

Drunner or the discharge diameter 
Ddischarge.

787-878_cengel_ch14.indd   855 7/3/13   3:57 PM

討論：基於此案例所給的資訊及數值不會有更好的答案，我們將最後答案特別標記起來。為了使讀

者了解這樣的電力到底有多少，假設一台吹風機耗電為 1500 W，就可有 16 台同時運轉。學校必須

分析及計算，需要從風力渦輪機中發多少的電，才能達到預估減少的電力使用。
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14-5　渦輪比例定律

無因次渦輪參數

我們對渦輪機定義了無因次參數群 (p 群)，就像是在 14-3 

節當中對泵的做法一樣，忽略了雷諾數和粗糙度效應，我們遭

遇相同的因次變數：重力加速度乘上淨水頭 (gH)、體積流率 

(
⋅
V )、轉輪的直徑 (D)、轉輪的轉速 (v)、輸出制動馬力 (bhp) 與

流體密度 (r)，如圖 14-110 所表示。事實上，對泵或者是渦輪

機的因次分析都是一樣的。對輪機來說，除了以 bhp 取代  
⋅
V  為

獨立變數以外，另外使用 hturbine [式 (14-44)] 取代 hpump 為無因

次效率。以下為無因次參數之摘要：

無因次輪機參數： 
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But the actual electrical power produced is lower than this because of gear-
box and generator inefficiencies,
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pumps, allowing us to scale turbines up or down in size (Fig. 14–113). 
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But the actual electrical power produced is lower than this because of gear-
box and generator inefficiencies,

W
#

electrical output 5 hgearbox/generator 
CPprV  

3D2

8

 5 (0.85)  

(0.40)pa1.204 
kg

m3b a10.0 
m
s
b

3

(12.5 m)2

8
a N

kg·m/s2b a
W

N·m/s
b

 5 25118 W > 25 kW

Discussion  We give the final answer to two significant digits since we  cannot 
expect any better than that, based on the given information and approxima-
tions. To give you a feel for how much electrical power this is, consider that a 
typical hair dryer draws around 1500 W, so this is enough power to run more 
than 16 hair dryers simultaneously. The school would need to do a cost analy-
sis to calculate how long it would take for the wind turbine to pay for itself 
considering the reduction in electricity purchased from the power company.

14–5 ■   TURBINE SCALING LAWS

Dimensionless Turbine Parameters
We define dimensionless groups (Pi groups) for turbines in much the same 
way as we did in Section 14–3 for pumps. Neglecting Reynolds number and 
roughness effects, we deal with the same dimensional variables: gravity times 
net head (gH), volume flow rate (V

. 
), some characteristic diameter of the tur-

bine (D), runner rotational speed (�), output brake horsepower (bhp), and 
fluid density (�), as illustrated in Fig. 14–112. In fact, the dimensional analy-
sis is identical whether analyzing a pump or a turbine, except for the fact that 
for turbines, we take bhp instead of V

.
 as the independent variable. In addition, 

�turbine (Eq. 14–44) is used in place of �pump as the non dimensional efficiency. 
A summary of the dimensionless parameters is provided here:

Dimensionless turbine parameters:

 CH 5 Head coefficient 5
gH

v2D2  CQ 5 Capacity coefficient 5
V
#

vD3

(14–61)

 CP 5 Power coefficient 5
bhp

rv3D5  hturbine 5 Turbine efficiency 5
bhp

rgHV
#

When plotting turbine performance curves, we use CP instead of CQ as the 
independent parameter. In other words, CH and CQ are functions of CP, and 
�turbine is thus also a function of CP, since

hturbine 5
CP

CQCH

5 function of CP (14–62)

The affinity laws (Eqs. 14–38) can be applied to turbines as well as to 
pumps, allowing us to scale turbines up or down in size (Fig. 14–113). 
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But the actual electrical power produced is lower than this because of gear-
box and generator inefficiencies,
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kg
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(12.5 m)2

8
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kg·m/s2b a
W

N·m/s
b

 5 25118 W > 25 kW

Discussion  We give the final answer to two significant digits since we  cannot 
expect any better than that, based on the given information and approxima-
tions. To give you a feel for how much electrical power this is, consider that a 
typical hair dryer draws around 1500 W, so this is enough power to run more 
than 16 hair dryers simultaneously. The school would need to do a cost analy-
sis to calculate how long it would take for the wind turbine to pay for itself 
considering the reduction in electricity purchased from the power company.
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Dimensionless Turbine Parameters
We define dimensionless groups (Pi groups) for turbines in much the same 
way as we did in Section 14–3 for pumps. Neglecting Reynolds number and 
roughness effects, we deal with the same dimensional variables: gravity times 
net head (gH), volume flow rate (V

. 
), some characteristic diameter of the tur-

bine (D), runner rotational speed (�), output brake horsepower (bhp), and 
fluid density (�), as illustrated in Fig. 14–112. In fact, the dimensional analy-
sis is identical whether analyzing a pump or a turbine, except for the fact that 
for turbines, we take bhp instead of V

.
 as the independent variable. In addition, 

�turbine (Eq. 14–44) is used in place of �pump as the non dimensional efficiency. 
A summary of the dimensionless parameters is provided here:

Dimensionless turbine parameters:

 CH 5 Head coefficient 5
gH

v2D2  CQ 5 Capacity coefficient 5
V
#

vD3

(14–61)

 CP 5 Power coefficient 5
bhp

rv3D5  hturbine 5 Turbine efficiency 5
bhp

rgHV
#

When plotting turbine performance curves, we use CP instead of CQ as the 
independent parameter. In other words, CH and CQ are functions of CP, and 
�turbine is thus also a function of CP, since

hturbine 5
CP

CQCH

5 function of CP (14–62)

The affinity laws (Eqs. 14–38) can be applied to turbines as well as to 
pumps, allowing us to scale turbines up or down in size (Fig. 14–113). 
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But the actual electrical power produced is lower than this because of gear-
box and generator inefficiencies,

W
#

electrical output 5 hgearbox/generator 
CPprV  
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kg

m3b a10.0 
m
s
b

3

(12.5 m)2

8
a N

kg·m/s2b a
W

N·m/s
b

 5 25118 W > 25 kW

Discussion  We give the final answer to two significant digits since we  cannot 
expect any better than that, based on the given information and approxima-
tions. To give you a feel for how much electrical power this is, consider that a 
typical hair dryer draws around 1500 W, so this is enough power to run more 
than 16 hair dryers simultaneously. The school would need to do a cost analy-
sis to calculate how long it would take for the wind turbine to pay for itself 
considering the reduction in electricity purchased from the power company.
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Dimensionless Turbine Parameters
We define dimensionless groups (Pi groups) for turbines in much the same 
way as we did in Section 14–3 for pumps. Neglecting Reynolds number and 
roughness effects, we deal with the same dimensional variables: gravity times 
net head (gH), volume flow rate (V

. 
), some characteristic diameter of the tur-

bine (D), runner rotational speed (�), output brake horsepower (bhp), and 
fluid density (�), as illustrated in Fig. 14–112. In fact, the dimensional analy-
sis is identical whether analyzing a pump or a turbine, except for the fact that 
for turbines, we take bhp instead of V

.
 as the independent variable. In addition, 

�turbine (Eq. 14–44) is used in place of �pump as the non dimensional efficiency. 
A summary of the dimensionless parameters is provided here:

Dimensionless turbine parameters:

 CH 5 Head coefficient 5
gH

v2D2  CQ 5 Capacity coefficient 5
V
#

vD3

(14–61)

 CP 5 Power coefficient 5
bhp

rv3D5  hturbine 5 Turbine efficiency 5
bhp

rgHV
#

When plotting turbine performance curves, we use CP instead of CQ as the 
independent parameter. In other words, CH and CQ are functions of CP, and 
�turbine is thus also a function of CP, since

hturbine 5
CP

CQCH

5 function of CP (14–62)

The affinity laws (Eqs. 14–38) can be applied to turbines as well as to 
pumps, allowing us to scale turbines up or down in size (Fig. 14–113). 
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But the actual electrical power produced is lower than this because of gear-
box and generator inefficiencies,

W
#

electrical output 5 hgearbox/generator 
CPprV  

3D2

8

 5 (0.85)  

(0.40)pa1.204 
kg

m3b a10.0 
m
s
b

3

(12.5 m)2

8
a N

kg·m/s2b a
W

N·m/s
b

 5 25118 W > 25 kW

Discussion  We give the final answer to two significant digits since we  cannot 
expect any better than that, based on the given information and approxima-
tions. To give you a feel for how much electrical power this is, consider that a 
typical hair dryer draws around 1500 W, so this is enough power to run more 
than 16 hair dryers simultaneously. The school would need to do a cost analy-
sis to calculate how long it would take for the wind turbine to pay for itself 
considering the reduction in electricity purchased from the power company.

14–5 ■   TURBINE SCALING LAWS

Dimensionless Turbine Parameters
We define dimensionless groups (Pi groups) for turbines in much the same 
way as we did in Section 14–3 for pumps. Neglecting Reynolds number and 
roughness effects, we deal with the same dimensional variables: gravity times 
net head (gH), volume flow rate (V

. 
), some characteristic diameter of the tur-

bine (D), runner rotational speed (�), output brake horsepower (bhp), and 
fluid density (�), as illustrated in Fig. 14–112. In fact, the dimensional analy-
sis is identical whether analyzing a pump or a turbine, except for the fact that 
for turbines, we take bhp instead of V

.
 as the independent variable. In addition, 

�turbine (Eq. 14–44) is used in place of �pump as the non dimensional efficiency. 
A summary of the dimensionless parameters is provided here:

Dimensionless turbine parameters:

 CH 5 Head coefficient 5
gH

v2D2  CQ 5 Capacity coefficient 5
V
#

vD3

(14–61)

 CP 5 Power coefficient 5
bhp

rv3D5  hturbine 5 Turbine efficiency 5
bhp

rgHV
#

When plotting turbine performance curves, we use CP instead of CQ as the 
independent parameter. In other words, CH and CQ are functions of CP, and 
�turbine is thus also a function of CP, since

hturbine 5
CP

CQCH

5 function of CP (14–62)

The affinity laws (Eqs. 14–38) can be applied to turbines as well as to 
pumps, allowing us to scale turbines up or down in size (Fig. 14–113). 
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But the actual electrical power produced is lower than this because of gear-
box and generator inefficiencies,

W
#

electrical output 5 hgearbox/generator 
CPprV  

3D2

8

 5 (0.85)  

(0.40)pa1.204 
kg

m3b a10.0 
m
s
b

3

(12.5 m)2

8
a N

kg·m/s2b a
W

N·m/s
b

 5 25118 W > 25 kW

Discussion  We give the final answer to two significant digits since we  cannot 
expect any better than that, based on the given information and approxima-
tions. To give you a feel for how much electrical power this is, consider that a 
typical hair dryer draws around 1500 W, so this is enough power to run more 
than 16 hair dryers simultaneously. The school would need to do a cost analy-
sis to calculate how long it would take for the wind turbine to pay for itself 
considering the reduction in electricity purchased from the power company.

14–5 ■   TURBINE SCALING LAWS

Dimensionless Turbine Parameters
We define dimensionless groups (Pi groups) for turbines in much the same 
way as we did in Section 14–3 for pumps. Neglecting Reynolds number and 
roughness effects, we deal with the same dimensional variables: gravity times 
net head (gH), volume flow rate (V

. 
), some characteristic diameter of the tur-

bine (D), runner rotational speed (�), output brake horsepower (bhp), and 
fluid density (�), as illustrated in Fig. 14–112. In fact, the dimensional analy-
sis is identical whether analyzing a pump or a turbine, except for the fact that 
for turbines, we take bhp instead of V

.
 as the independent variable. In addition, 

�turbine (Eq. 14–44) is used in place of �pump as the non dimensional efficiency. 
A summary of the dimensionless parameters is provided here:

Dimensionless turbine parameters:

 CH 5 Head coefficient 5
gH

v2D2  CQ 5 Capacity coefficient 5
V
#

vD3

(14–61)

 CP 5 Power coefficient 5
bhp

rv3D5  hturbine 5 Turbine efficiency 5
bhp

rgHV
#

When plotting turbine performance curves, we use CP instead of CQ as the 
independent parameter. In other words, CH and CQ are functions of CP, and 
�turbine is thus also a function of CP, since

hturbine 5
CP

CQCH

5 function of CP (14–62)

The affinity laws (Eqs. 14–38) can be applied to turbines as well as to 
pumps, allowing us to scale turbines up or down in size (Fig. 14–113). 

bhp

Drunner

Ddischarge

•

V

FIGURE 14–112
The main variables used for 

dimensional analysis of a turbine. 
The characteristic turbine diameter D 
is typically either the runner diameter 

Drunner or the discharge diameter 
Ddischarge.

787-878_cengel_ch14.indd   855 7/3/13   3:57 PM

855
CHAPTER 14

But the actual electrical power produced is lower than this because of gear-
box and generator inefficiencies,

W
#

electrical output 5 hgearbox/generator 
CPprV  

3D2
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kg

m3b a10.0 
m
s
b

3

(12.5 m)2

8
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kg·m/s2b a
W

N·m/s
b

 5 25118 W > 25 kW

Discussion  We give the final answer to two significant digits since we  cannot 
expect any better than that, based on the given information and approxima-
tions. To give you a feel for how much electrical power this is, consider that a 
typical hair dryer draws around 1500 W, so this is enough power to run more 
than 16 hair dryers simultaneously. The school would need to do a cost analy-
sis to calculate how long it would take for the wind turbine to pay for itself 
considering the reduction in electricity purchased from the power company.

14–5 ■   TURBINE SCALING LAWS

Dimensionless Turbine Parameters
We define dimensionless groups (Pi groups) for turbines in much the same 
way as we did in Section 14–3 for pumps. Neglecting Reynolds number and 
roughness effects, we deal with the same dimensional variables: gravity times 
net head (gH), volume flow rate (V

. 
), some characteristic diameter of the tur-

bine (D), runner rotational speed (�), output brake horsepower (bhp), and 
fluid density (�), as illustrated in Fig. 14–112. In fact, the dimensional analy-
sis is identical whether analyzing a pump or a turbine, except for the fact that 
for turbines, we take bhp instead of V

.
 as the independent variable. In addition, 

�turbine (Eq. 14–44) is used in place of �pump as the non dimensional efficiency. 
A summary of the dimensionless parameters is provided here:

Dimensionless turbine parameters:

 CH 5 Head coefficient 5
gH

v2D2  CQ 5 Capacity coefficient 5
V
#

vD3

(14–61)

 CP 5 Power coefficient 5
bhp

rv3D5  hturbine 5 Turbine efficiency 5
bhp

rgHV
#

When plotting turbine performance curves, we use CP instead of CQ as the 
independent parameter. In other words, CH and CQ are functions of CP, and 
�turbine is thus also a function of CP, since

hturbine 5
CP

CQCH

5 function of CP (14–62)

The affinity laws (Eqs. 14–38) can be applied to turbines as well as to 
pumps, allowing us to scale turbines up or down in size (Fig. 14–113). 
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渦輪機效率

 (14-61)

當繪製渦輪機性能曲線時，我們使用 CP 取代 CQ 作為獨立參

數，換句話說，CH 和 CQ 是 CP 的函數，所以 hturbine 也是 CP 的

函數，因為
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But the actual electrical power produced is lower than this because of gear-
box and generator inefficiencies,
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 5 25118 W > 25 kW

Discussion  We give the final answer to two significant digits since we  cannot 
expect any better than that, based on the given information and approxima-
tions. To give you a feel for how much electrical power this is, consider that a 
typical hair dryer draws around 1500 W, so this is enough power to run more 
than 16 hair dryers simultaneously. The school would need to do a cost analy-
sis to calculate how long it would take for the wind turbine to pay for itself 
considering the reduction in electricity purchased from the power company.
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Dimensionless Turbine Parameters
We define dimensionless groups (Pi groups) for turbines in much the same 
way as we did in Section 14–3 for pumps. Neglecting Reynolds number and 
roughness effects, we deal with the same dimensional variables: gravity times 
net head (gH), volume flow rate (V

. 
), some characteristic diameter of the tur-

bine (D), runner rotational speed (�), output brake horsepower (bhp), and 
fluid density (�), as illustrated in Fig. 14–112. In fact, the dimensional analy-
sis is identical whether analyzing a pump or a turbine, except for the fact that 
for turbines, we take bhp instead of V

.
 as the independent variable. In addition, 

�turbine (Eq. 14–44) is used in place of �pump as the non dimensional efficiency. 
A summary of the dimensionless parameters is provided here:

Dimensionless turbine parameters:

 CH 5 Head coefficient 5
gH

v2D2  CQ 5 Capacity coefficient 5
V
#

vD3

(14–61)

 CP 5 Power coefficient 5
bhp

rv3D5  hturbine 5 Turbine efficiency 5
bhp

rgHV
#

When plotting turbine performance curves, we use CP instead of CQ as the 
independent parameter. In other words, CH and CQ are functions of CP, and 
�turbine is thus also a function of CP, since

hturbine 5
CP

CQCH

5 function of CP (14–62)

The affinity laws (Eqs. 14–38) can be applied to turbines as well as to 
pumps, allowing us to scale turbines up or down in size (Fig. 14–113). 
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CP 的函數 (14-62)

泵的相似定律 [式 (14-38)] 也可應用於渦輪機，使我們可以把渦

輪機的尺寸放大或縮小 (圖 14-111)；也可以使用相似定律來預

測已知條件的渦輪機在不同的轉速與體積流率下的性能，就如

之前對泵的分析。

應用簡易的相似定律，模型與原型機必須在同值雷諾數下

運轉和完全的幾何相似 (包括相對的表面粗糙度與端部的間隙)，方能成立。然而，

在測試模型的時候，經常不易滿足以上所有的條件，一般而言，在測試模型的時候

所達到之雷諾數會小於原型測試時之雷諾數，而且模型的表面會有較大的相對粗糙

度與端部間隙。因此一般來說原型的性能比較好，尤其當全尺寸的原型比模型還要

圖 14-110　對渦輪機的無因次分析
所使用的主要變數。渦輪機的特徵

直徑通常是轉輪直徑 Drunner 或排出
液體直徑 Ddischarge 兩者之一。

855
CHAPTER 14

But the actual electrical power produced is lower than this because of gear-
box and generator inefficiencies,
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Discussion  We give the final answer to two significant digits since we  cannot 
expect any better than that, based on the given information and approxima-
tions. To give you a feel for how much electrical power this is, consider that a 
typical hair dryer draws around 1500 W, so this is enough power to run more 
than 16 hair dryers simultaneously. The school would need to do a cost analy-
sis to calculate how long it would take for the wind turbine to pay for itself 
considering the reduction in electricity purchased from the power company.
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Dimensionless Turbine Parameters
We define dimensionless groups (Pi groups) for turbines in much the same 
way as we did in Section 14–3 for pumps. Neglecting Reynolds number and 
roughness effects, we deal with the same dimensional variables: gravity times 
net head (gH), volume flow rate (V

. 
), some characteristic diameter of the tur-

bine (D), runner rotational speed (�), output brake horsepower (bhp), and 
fluid density (�), as illustrated in Fig. 14–112. In fact, the dimensional analy-
sis is identical whether analyzing a pump or a turbine, except for the fact that 
for turbines, we take bhp instead of V

.
 as the independent variable. In addition, 

�turbine (Eq. 14–44) is used in place of �pump as the non dimensional efficiency. 
A summary of the dimensionless parameters is provided here:

Dimensionless turbine parameters:

 CH 5 Head coefficient 5
gH

v2D2  CQ 5 Capacity coefficient 5
V
#

vD3

(14–61)

 CP 5 Power coefficient 5
bhp

rv3D5  hturbine 5 Turbine efficiency 5
bhp

rgHV
#

When plotting turbine performance curves, we use CP instead of CQ as the 
independent parameter. In other words, CH and CQ are functions of CP, and 
�turbine is thus also a function of CP, since

hturbine 5
CP

CQCH

5 function of CP (14–62)

The affinity laws (Eqs. 14–38) can be applied to turbines as well as to 
pumps, allowing us to scale turbines up or down in size (Fig. 14–113). 
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圖 14-111　兩個幾何相似渦輪機的
等比例放大或縮小之因次分析是有

用的。如果渦輪機 A 所有的無因次
輪機參數與渦輪機 B 所有的無因次
輪機參數相等，則此兩渦輪機為動

力相似。
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We also use the affinity laws to predict the performance of a given turbine 
operating at different speeds and flow rates in the same way as we did pre-
viously for pumps.
 The simple similarity laws are strictly valid only if the model and the pro-
totype operate at identical Reynolds numbers and are exactly geometrically 
similar (including relative surface roughness and tip clearance). Unfortu-
nately, it is not always possible to satisfy all these criteria when performing 
model tests, because the Reynolds number achievable in the model tests is 
generally much smaller than that of the prototype, and the model surfaces 
have larger relative roughness and tip clearances. When the full-scale pro-
totype is significantly larger than its model, the prototype’s performance is 
generally better, for the same reasons discussed previously for pumps. Some 
empirical equations have been developed to account for the increase in effi-
ciency between a small model and a full-scale prototype. One such equation 
was suggested by Moody (1926), and can be used as a first-order correction,

Moody efficiency correction equation for turbines:

 hturbine, prototype > 1 2 (1 2 hturbine, model)a
Dmodel

Dprototype

b
1/5

 (14–63)

Note that Eq. 14–63 is also used as a first-order correction when scaling 
model pumps to full scale (Eq. 14–34).
 In practice, hydroturbine engineers generally find that the actual increase 
in efficiency from model to prototype is only about two-thirds of the increase 
given by Eq. 14–63. For example, suppose the efficiency of a one-tenth scale 
model is 93.2 percent. Equation 14–63 predicts a full-scale efficiency of 
95.7 percent, or an increase of 2.5 percent. In practice, we expect only about 
two-thirds of this increase, or 93.2 � 2.5(2/3) � 94.9 percent. Some more 
advanced correction equations are available from the International Electro-
technical Commission (IEC), a worldwide organization for standardization.

EXAMPLE 14–15    Application of Turbine Affinity Laws

A Francis turbine is being designed for a hydroelectric dam. Instead of start-
ing from scratch, the engineers decide to geometrically scale up a previously 
designed hydroturbine that has an excellent performance history. The existing 
turbine (turbine A) has diameter DA � 2.05 m, and spins at n

.
A � 120 rpm 

(�A � 12.57 rad/s). At its best efficiency point, V
.
A � 350 m3/s, HA � 75.0 m 

of water, and bhpA � 242 MW. The new turbine (turbine B) is for a larger 
facility. Its generator will spin at the same speed (120 rpm), but its net head 
will be higher (HB � 104 m). Calculate the diameter of the new turbine such 
that it operates most efficiently, and calculate V

.
B, bhpB, and �turbine, B.

SOLUTION  We are to design a new hydroturbine by scaling up an exist-
ing hydroturbine. Specifically we are to calculate the new turbine diameter, 
volume flow rate, and brake horsepower.
Assumptions  1 The new turbine is geometrically similar to the existing tur-
bine. 2 Reynolds number effects and roughness effects are negligible. 3 The 
new penstock is also geometrically similar to the existing penstock so that 
the flow entering the new turbine (velocity profile, turbulence intensity, etc.) 
is similar to that of the existing turbine.
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FIGURE 14–113
Dimensional analysis is useful for 
scaling two geometrically similar 
turbines. If all the dimensionless 
turbine parameters of turbine A are 
equivalent to those of turbine B, the 
two turbines are dynamically similar.
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渦輪機 A

HA =淨水頭

渦輪機 B

HB =淨水頭
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大很多的時候，其原因與先前對泵的討論相同。目前已發展一些經驗公式，處理小

的模型與全尺寸的原型之間效率的增進，其中一個由穆迪 (1926) 所提出，可作為

一階修正的公式如下：

穆迪渦輪機效率修正方程式：  

 

856
TURBOMACHINERY

We also use the affinity laws to predict the performance of a given turbine 
operating at different speeds and flow rates in the same way as we did pre-
viously for pumps.
 The simple similarity laws are strictly valid only if the model and the pro-
totype operate at identical Reynolds numbers and are exactly geometrically 
similar (including relative surface roughness and tip clearance). Unfortu-
nately, it is not always possible to satisfy all these criteria when performing 
model tests, because the Reynolds number achievable in the model tests is 
generally much smaller than that of the prototype, and the model surfaces 
have larger relative roughness and tip clearances. When the full-scale pro-
totype is significantly larger than its model, the prototype’s performance is 
generally better, for the same reasons discussed previously for pumps. Some 
empirical equations have been developed to account for the increase in effi-
ciency between a small model and a full-scale prototype. One such equation 
was suggested by Moody (1926), and can be used as a first-order correction,

Moody efficiency correction equation for turbines:

 hturbine, prototype > 1 2 (1 2 hturbine, model)a
Dmodel

Dprototype

b
1/5

 (14–63)

Note that Eq. 14–63 is also used as a first-order correction when scaling 
model pumps to full scale (Eq. 14–34).
 In practice, hydroturbine engineers generally find that the actual increase 
in efficiency from model to prototype is only about two-thirds of the increase 
given by Eq. 14–63. For example, suppose the efficiency of a one-tenth scale 
model is 93.2 percent. Equation 14–63 predicts a full-scale efficiency of 
95.7 percent, or an increase of 2.5 percent. In practice, we expect only about 
two-thirds of this increase, or 93.2 � 2.5(2/3) � 94.9 percent. Some more 
advanced correction equations are available from the International Electro-
technical Commission (IEC), a worldwide organization for standardization.

EXAMPLE 14–15    Application of Turbine Affinity Laws

A Francis turbine is being designed for a hydroelectric dam. Instead of start-
ing from scratch, the engineers decide to geometrically scale up a previously 
designed hydroturbine that has an excellent performance history. The existing 
turbine (turbine A) has diameter DA � 2.05 m, and spins at n

.
A � 120 rpm 

(�A � 12.57 rad/s). At its best efficiency point, V
.
A � 350 m3/s, HA � 75.0 m 

of water, and bhpA � 242 MW. The new turbine (turbine B) is for a larger 
facility. Its generator will spin at the same speed (120 rpm), but its net head 
will be higher (HB � 104 m). Calculate the diameter of the new turbine such 
that it operates most efficiently, and calculate V

.
B, bhpB, and �turbine, B.

SOLUTION  We are to design a new hydroturbine by scaling up an exist-
ing hydroturbine. Specifically we are to calculate the new turbine diameter, 
volume flow rate, and brake horsepower.
Assumptions  1 The new turbine is geometrically similar to the existing tur-
bine. 2 Reynolds number effects and roughness effects are negligible. 3 The 
new penstock is also geometrically similar to the existing penstock so that 
the flow entering the new turbine (velocity profile, turbulence intensity, etc.) 
is similar to that of the existing turbine.
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FIGURE 14–113
Dimensional analysis is useful for 
scaling two geometrically similar 
turbines. If all the dimensionless 
turbine parameters of turbine A are 
equivalent to those of turbine B, the 
two turbines are dynamically similar.
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 (14-63)

注意當把模型泵放大至全尺寸時，也可使用式 (14-63) 作為一階修正的公式 [式  

(14-34)]。

實際上，水輪機工程師通常會發現，從模型到原型之效率增進，實際上只有

增加大約式 (14-63) 所計算出的三分之二。例如，假設十分之一尺寸的模型的效率

為 93.2%，則式 (14-63) 預測實際全尺寸原型的效率為 97.5%，或增加 2.5%。實際

上，我們預期增量只是此值的三分之二，或是 93 +2.5(2/3) =94.9%。一些更先進

的修正方程式被一個國際標準化機構－國際電力技術委員會 (IEC)，提供給相關

人員使用。

 例題 14-15　　渦輪機相似定律之應用

設計一個水力發電廠所使用的法蘭西渦輪機，而此設計不是從頭開始設計，是將之前所設計之

具有良好性能的水輪機按照幾何尺寸放大。舊有的水輪機 (渦輪機 A) 的直徑為 DA =2.05 m， 

 
⋅nA =120 rpm (vA =12.57 rad/s) 之速度下運轉。此最佳效率點為  ⋅VA =350 m3/s，HA =75.0 m 之水

柱，且 bhpA =242 MW。新的水輪機 (渦輪機 B) 則是用在更大的設施，其發電機以相同之轉速運轉 

(120 rpm)，但其淨水頭更高 (HB =104 m)。試計算新的渦輪機在最佳效率運轉之直徑，⋅VB 與 bhpB。

解答：我們要放大舊有的水輪機來設計出一台新的水輪機。計算新的渦輪機之直徑、體積流率與制

動馬力。

假設：1. 新的渦輪機與現有的渦輪機為幾何相似。2. 忽略雷諾數效應與粗糙度效應。3. 新的進水管

與流入現有渦輪機的進水管也是幾何相似，所以進入新渦輪機的流場 (速度分佈、紊流強度⋯⋯等) 

與現有的流場為相似。

性質：水在 20°C 之密度為 r=998.0 kg/m3。

分析：由於新的渦輪機 (B) 與舊的渦輪機 (A) 為幾何相似，所以我們只注意兩台渦輪機在某一個特

別操作點的一致性，即最佳操作點。利用式 (14-38b) 解 DB，

857
CHAPTER 14

Properties  The density of water at 20°C is � � 998.0 kg/m3.
Analysis  Since the new turbine (B) is dynamically similar to the existing 
turbine (A), we are concerned with only one particular homologous oper-
ating point of both turbines, namely, the best efficiency point. We solve 
Eq. 14–38b for DB,

 DB 5 DAÅ
HB

HA

 
n# A
n# B
5 (2.05m) Å

104 m

75.0 m
 
120 rpm

120 rpm
5 2.41 m

We then solve Eq. 14–38a for V
.
B,

V
#
B 5 V

#
Aa

n
#
B

n# A
b aDB

DA

b
3

5 (350 m3/s)a120 rpm

120 rpm
b a2.41 m

2.05 m
b

3

5 572 m3/s

Finally, we solve Eq. 14–38c for bhpB,

 bhpB 5 bhpAa
rB

rA
b an

#
B

n# A
b

3

aDB

DA

b
5

 5 (242 MW)a998.0 kg/m3

998.0 kg/m3b a
120 rpm

120 rpm
b

3

a2.41 m

2.05 m
b

5

5 548 MW

 As a check, we calculate the dimensionless turbine parameters of 
Eq. 14–61 for both turbines to show that these two operating points are 
indeed homologous, and the turbine efficiency is calculated to be 0.942 for 
both turbines (Fig. 14–114). As discussed previously, however, total dynamic 
similarity may not actually be achieved between the two turbines because 
of scale effects (larger turbines generally have higher efficiency). The diam-
eter of the new turbine is about 18 percent greater than that of the exist-
ing turbine, so the increase in efficiency due to turbine size should not be 
significant. We verify this by using the Moody efficiency correction equation 
(Eq. 14–63), considering turbine A as the “model” and B as the “prototype,”

Efficiency correction:

 hturbine, B > 12 (12 hturbine, A)aDA

DB

b
1/5

5 12 (12 0.942)a2.05 m

2.41 m
b

1/5

5 0.944

or 94.4 percent. Indeed, the first-order correction yields a predicted effi-
ciency for the larger turbine that is only a fraction of a percent greater than 
that of the smaller turbine.
Discussion  If the flow entering the new turbine from the penstock were not 
similar to that of the existing turbine (e.g., velocity profile and turbulence 
intensity), we could not expect exact dynamic similarity.

Turbine Specific Speed
In our discussion of pump scaling laws (Sec. 14–3), we defined another  useful 
dimensionless parameter, pump specific speed (NSp), based on CQ and CH. 
We could use the same definition of specific speed for turbines, but since CP 
rather than CQ is the independent dimensionless parameter for turbines, we 
define turbine specific speed (NSt) differently, namely, in terms of CP and CH,

Turbine specific speed:

 NSt 5
C P

1/2

C H
5/4 5

(bhp/rv3D5)1/2

(gH/v2D2)5/4 5
v(bhp)1/2

r1/2(gH)5/4 (14–64)

CH, A = CH, B = = 1.11
gH

�2D2

CP, A = CP, B = = 3.38
bhp

��3D5

CQ, A = CQ, B = = 3.23
�D3

⋅

�turbine, A = �turbine, B = = 94.2%
bhp

⋅

FIGURE 14–114
Dimensionless turbine parameters 

for both turbines of Example 14–15. 
Since the two turbines operate 

at homologous points, their 
dimensionless parameters must match.
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然後利用式 (14-38a) 解 ⋅VB，
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Properties  The density of water at 20°C is � � 998.0 kg/m3.
Analysis  Since the new turbine (B) is dynamically similar to the existing 
turbine (A), we are concerned with only one particular homologous oper-
ating point of both turbines, namely, the best efficiency point. We solve 
Eq. 14–38b for DB,

 DB 5 DAÅ
HB

HA

 
n
#
A

n
#
B

5 (2.05m) Å
104 m

75.0 m
 
120 rpm

120 rpm
5 2.41 m

We then solve Eq. 14–38a for V
.
B,

V
#
B 5 V

#
Aa

n
#
B

n
#
A

b aDB

DA

b
3

5 (350 m3/s)a120 rpm

120 rpm
b a2.41 m

2.05 m
b

3

5 572 m3/s

Finally, we solve Eq. 14–38c for bhpB,

 bhpB 5 bhpAa
rB

rA
b an

#
B

n
#
A

b
3

aDB

DA

b
5

 5 (242 MW)a998.0 kg/m3

998.0 kg/m3b a
120 rpm

120 rpm
b

3

a2.41 m

2.05 m
b

5

5 548 MW

 As a check, we calculate the dimensionless turbine parameters of 
Eq. 14–61 for both turbines to show that these two operating points are 
indeed homologous, and the turbine efficiency is calculated to be 0.942 for 
both turbines (Fig. 14–114). As discussed previously, however, total dynamic 
similarity may not actually be achieved between the two turbines because 
of scale effects (larger turbines generally have higher efficiency). The diam-
eter of the new turbine is about 18 percent greater than that of the exist-
ing turbine, so the increase in efficiency due to turbine size should not be 
significant. We verify this by using the Moody efficiency correction equation 
(Eq. 14–63), considering turbine A as the “model” and B as the “prototype,”

Efficiency correction:

 hturbine, B > 12 (12 hturbine, A)aDA

DB

b
1/5

5 12 (12 0.942)a2.05 m

2.41 m
b

1/5

5 0.944

or 94.4 percent. Indeed, the first-order correction yields a predicted effi-
ciency for the larger turbine that is only a fraction of a percent greater than 
that of the smaller turbine.
Discussion  If the flow entering the new turbine from the penstock were not 
similar to that of the existing turbine (e.g., velocity profile and turbulence 
intensity), we could not expect exact dynamic similarity.

Turbine Specific Speed
In our discussion of pump scaling laws (Sec. 14–3), we defined another  useful 
dimensionless parameter, pump specific speed (NSp), based on CQ and CH. 
We could use the same definition of specific speed for turbines, but since CP 
rather than CQ is the independent dimensionless parameter for turbines, we 
define turbine specific speed (NSt) differently, namely, in terms of CP and CH,

Turbine specific speed:

 NSt 5
C P

1/2

C H
5/4 5

(bhp/rv3D5)1/2

(gH/v2D2)5/4 5
v(bhp)1/2

r1/2(gH)5/4 (14–64)

CH, A = CH, B = = 1.11
gH

�2D2

CP, A = CP, B = = 3.38
bhp

��3D5

CQ, A = CQ, B = = 3.23
�D3

⋅

�turbine, A = �turbine, B = = 94.2%
bhp

⋅

FIGURE 14–114
Dimensionless turbine parameters 

for both turbines of Example 14–15. 
Since the two turbines operate 

at homologous points, their 
dimensionless parameters must match.
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最後，利用式 (14-38c) 解 bhpB，

857
CHAPTER 14

Properties  The density of water at 20°C is � � 998.0 kg/m3.
Analysis  Since the new turbine (B) is dynamically similar to the existing 
turbine (A), we are concerned with only one particular homologous oper-
ating point of both turbines, namely, the best efficiency point. We solve 
Eq. 14–38b for DB,

 DB 5 DAÅ
HB

HA

 
n
#
A

n
#
B

5 (2.05m) Å
104 m

75.0 m
 
120 rpm

120 rpm
5 2.41 m

We then solve Eq. 14–38a for V
.
B,

V
#
B 5 V

#
Aa

n
#
B

n
#
A

b aDB

DA

b
3

5 (350 m3/s)a120 rpm

120 rpm
b a2.41 m

2.05 m
b

3

5 572 m3/s

Finally, we solve Eq. 14–38c for bhpB,

 bhpB 5 bhpAa
rB

rA
b an

#
B

n
#
A

b
3

aDB

DA

b
5

 5 (242 MW)a998.0 kg/m3

998.0 kg/m3b a
120 rpm

120 rpm
b

3

a2.41 m

2.05 m
b

5

5 548 MW

 As a check, we calculate the dimensionless turbine parameters of 
Eq. 14–61 for both turbines to show that these two operating points are 
indeed homologous, and the turbine efficiency is calculated to be 0.942 for 
both turbines (Fig. 14–114). As discussed previously, however, total dynamic 
similarity may not actually be achieved between the two turbines because 
of scale effects (larger turbines generally have higher efficiency). The diam-
eter of the new turbine is about 18 percent greater than that of the exist-
ing turbine, so the increase in efficiency due to turbine size should not be 
significant. We verify this by using the Moody efficiency correction equation 
(Eq. 14–63), considering turbine A as the “model” and B as the “prototype,”

Efficiency correction:

 hturbine, B > 12 (12 hturbine, A)aDA

DB

b
1/5

5 12 (12 0.942)a2.05 m

2.41 m
b

1/5

5 0.944

or 94.4 percent. Indeed, the first-order correction yields a predicted effi-
ciency for the larger turbine that is only a fraction of a percent greater than 
that of the smaller turbine.
Discussion  If the flow entering the new turbine from the penstock were not 
similar to that of the existing turbine (e.g., velocity profile and turbulence 
intensity), we could not expect exact dynamic similarity.

Turbine Specific Speed
In our discussion of pump scaling laws (Sec. 14–3), we defined another  useful 
dimensionless parameter, pump specific speed (NSp), based on CQ and CH. 
We could use the same definition of specific speed for turbines, but since CP 
rather than CQ is the independent dimensionless parameter for turbines, we 
define turbine specific speed (NSt) differently, namely, in terms of CP and CH,

Turbine specific speed:

 NSt 5
C P

1/2

C H
5/4 5

(bhp/rv3D5)1/2

(gH/v2D2)5/4 5
v(bhp)1/2

r1/2(gH)5/4 (14–64)

CH, A = CH, B = = 1.11
gH

�2D2

CP, A = CP, B = = 3.38
bhp

��3D5

CQ, A = CQ, B = = 3.23
�D3

⋅

�turbine, A = �turbine, B = = 94.2%
bhp

⋅

FIGURE 14–114
Dimensionless turbine parameters 

for both turbines of Example 14–15. 
Since the two turbines operate 

at homologous points, their 
dimensionless parameters must match.
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作為驗證，我們計算兩台渦輪機在式 (14-61) 之中的無因次輪機參

數來證明兩個操作點確實是相似的。結果計算出這兩台渦輪機的

輪機效率確實一樣為 0.942 (圖 14-112)。之前我們有討論過，因為

尺寸的效應 (較大的渦輪機通常具有較高之效率)，所以這兩台渦

輪機之間的總動力相似也許無法達到。新的渦輪機之直徑比舊有

渦輪機的直徑大約大 18%，所以渦輪機尺寸所造成效率的增加應

該不是很明顯，我們使用穆迪效率修正方程式 (14-63) 來計算，考

慮渦輪機 A 為“模型”，而渦輪機 B 為“原型”，

效率修正：
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Properties  The density of water at 20°C is � � 998.0 kg/m3.
Analysis  Since the new turbine (B) is dynamically similar to the existing 
turbine (A), we are concerned with only one particular homologous oper-
ating point of both turbines, namely, the best efficiency point. We solve 
Eq. 14–38b for DB,

 DB 5 DAÅ
HB

HA

 
n
#
A

n
#
B

5 (2.05m) Å
104 m

75.0 m
 
120 rpm

120 rpm
5 2.41 m

We then solve Eq. 14–38a for V
.
B,

V
#
B 5 V

#
Aa

n
#
B

n
#
A

b aDB

DA

b
3

5 (350 m3/s)a120 rpm

120 rpm
b a2.41 m

2.05 m
b

3

5 572 m3/s

Finally, we solve Eq. 14–38c for bhpB,

 bhpB 5 bhpAa
rB

rA
b an

#
B

n
#
A

b
3

aDB

DA

b
5

 5 (242 MW)a998.0 kg/m3

998.0 kg/m3b a
120 rpm

120 rpm
b

3

a2.41 m

2.05 m
b

5

5 548 MW

 As a check, we calculate the dimensionless turbine parameters of 
Eq. 14–61 for both turbines to show that these two operating points are 
indeed homologous, and the turbine efficiency is calculated to be 0.942 for 
both turbines (Fig. 14–114). As discussed previously, however, total dynamic 
similarity may not actually be achieved between the two turbines because 
of scale effects (larger turbines generally have higher efficiency). The diam-
eter of the new turbine is about 18 percent greater than that of the exist-
ing turbine, so the increase in efficiency due to turbine size should not be 
significant. We verify this by using the Moody efficiency correction equation 
(Eq. 14–63), considering turbine A as the “model” and B as the “prototype,”

Efficiency correction:

 hturbine, B > 12 (12 hturbine, A)aDA

DB

b
1/5

5 12 (12 0.942)a2.05 m

2.41 m
b

1/5

5 0.944

or 94.4 percent. Indeed, the first-order correction yields a predicted effi-
ciency for the larger turbine that is only a fraction of a percent greater than 
that of the smaller turbine.
Discussion  If the flow entering the new turbine from the penstock were not 
similar to that of the existing turbine (e.g., velocity profile and turbulence 
intensity), we could not expect exact dynamic similarity.

Turbine Specific Speed
In our discussion of pump scaling laws (Sec. 14–3), we defined another  useful 
dimensionless parameter, pump specific speed (NSp), based on CQ and CH. 
We could use the same definition of specific speed for turbines, but since CP 
rather than CQ is the independent dimensionless parameter for turbines, we 
define turbine specific speed (NSt) differently, namely, in terms of CP and CH,

Turbine specific speed:

 NSt 5
C P

1/2

C H
5/4 5

(bhp/rv3D5)1/2

(gH/v2D2)5/4 5
v(bhp)1/2

r1/2(gH)5/4 (14–64)

CH, A = CH, B = = 1.11
gH

�2D2

CP, A = CP, B = = 3.38
bhp

��3D5

CQ, A = CQ, B = = 3.23
�D3

⋅

�turbine, A = �turbine, B = = 94.2%
bhp

⋅

FIGURE 14–114
Dimensionless turbine parameters 

for both turbines of Example 14–15. 
Since the two turbines operate 

at homologous points, their 
dimensionless parameters must match.
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Properties  The density of water at 20°C is � � 998.0 kg/m3.
Analysis  Since the new turbine (B) is dynamically similar to the existing 
turbine (A), we are concerned with only one particular homologous oper-
ating point of both turbines, namely, the best efficiency point. We solve 
Eq. 14–38b for DB,

 DB 5 DAÅ
HB

HA

 
n
#
A

n
#
B

5 (2.05m) Å
104 m

75.0 m
 
120 rpm

120 rpm
5 2.41 m

We then solve Eq. 14–38a for V
.
B,

V
#
B 5 V

#
Aa

n
#
B

n
#
A

b aDB

DA

b
3

5 (350 m3/s)a120 rpm

120 rpm
b a2.41 m

2.05 m
b

3

5 572 m3/s

Finally, we solve Eq. 14–38c for bhpB,

 bhpB 5 bhpAa
rB

rA
b an

#
B

n
#
A

b
3

aDB

DA

b
5

 5 (242 MW)a998.0 kg/m3

998.0 kg/m3b a
120 rpm

120 rpm
b

3

a2.41 m

2.05 m
b

5

5 548 MW

 As a check, we calculate the dimensionless turbine parameters of 
Eq. 14–61 for both turbines to show that these two operating points are 
indeed homologous, and the turbine efficiency is calculated to be 0.942 for 
both turbines (Fig. 14–114). As discussed previously, however, total dynamic 
similarity may not actually be achieved between the two turbines because 
of scale effects (larger turbines generally have higher efficiency). The diam-
eter of the new turbine is about 18 percent greater than that of the exist-
ing turbine, so the increase in efficiency due to turbine size should not be 
significant. We verify this by using the Moody efficiency correction equation 
(Eq. 14–63), considering turbine A as the “model” and B as the “prototype,”

Efficiency correction:

 hturbine, B > 12 (12 hturbine, A)aDA

DB

b
1/5

5 12 (12 0.942)a2.05 m

2.41 m
b

1/5

5 0.944

or 94.4 percent. Indeed, the first-order correction yields a predicted effi-
ciency for the larger turbine that is only a fraction of a percent greater than 
that of the smaller turbine.
Discussion  If the flow entering the new turbine from the penstock were not 
similar to that of the existing turbine (e.g., velocity profile and turbulence 
intensity), we could not expect exact dynamic similarity.

Turbine Specific Speed
In our discussion of pump scaling laws (Sec. 14–3), we defined another  useful 
dimensionless parameter, pump specific speed (NSp), based on CQ and CH. 
We could use the same definition of specific speed for turbines, but since CP 
rather than CQ is the independent dimensionless parameter for turbines, we 
define turbine specific speed (NSt) differently, namely, in terms of CP and CH,

Turbine specific speed:
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FIGURE 14–114
Dimensionless turbine parameters 

for both turbines of Example 14–15. 
Since the two turbines operate 

at homologous points, their 
dimensionless parameters must match.
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或 94.4%。的確，對於大渦輪用一階修正公式預測的效率比小渦

輪機的效率高出的量遠小於 1%。

討論：如果從進水管進入新的渦輪機之流場，與現有的流場不相

似 (例如速度分佈與紊流強度)，我們無法預期有確實的動力相似。

圖 14-112　對例題 14-15 的兩台渦輪
機之無因次輪機參數。因為這兩台

渦輪機在相同的點運轉，所以它們

之間之無因次參數必須互相匹配。
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Properties  The density of water at 20°C is � � 998.0 kg/m3.
Analysis  Since the new turbine (B) is dynamically similar to the existing 
turbine (A), we are concerned with only one particular homologous oper-
ating point of both turbines, namely, the best efficiency point. We solve 
Eq. 14–38b for DB,

 DB 5 DAÅ
HB

HA
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120 rpm

120 rpm
5 2.41 m
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.
B,

V
#
B 5 V

#
Aa

n
#
B

n# A
b aDB

DA

b
3

5 (350 m3/s)a120 rpm

120 rpm
b a2.41 m
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 As a check, we calculate the dimensionless turbine parameters of 
Eq. 14–61 for both turbines to show that these two operating points are 
indeed homologous, and the turbine efficiency is calculated to be 0.942 for 
both turbines (Fig. 14–114). As discussed previously, however, total dynamic 
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of scale effects (larger turbines generally have higher efficiency). The diam-
eter of the new turbine is about 18 percent greater than that of the exist-
ing turbine, so the increase in efficiency due to turbine size should not be 
significant. We verify this by using the Moody efficiency correction equation 
(Eq. 14–63), considering turbine A as the “model” and B as the “prototype,”

Efficiency correction:
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or 94.4 percent. Indeed, the first-order correction yields a predicted effi-
ciency for the larger turbine that is only a fraction of a percent greater than 
that of the smaller turbine.
Discussion  If the flow entering the new turbine from the penstock were not 
similar to that of the existing turbine (e.g., velocity profile and turbulence 
intensity), we could not expect exact dynamic similarity.
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rather than CQ is the independent dimensionless parameter for turbines, we 
define turbine specific speed (NSt) differently, namely, in terms of CP and CH,
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渦輪機比速度

我們之前對泵的比例定律之討論中 (14-3 節)，定義一個有用的無因次參數，泵

比速率 (NSp)，其基於 CQ 和 CH。我們也可以對渦輪機的比速率使用相同的定義，

渦輪機的獨立無因次參數是 CP 而不是 CQ，因此定義出渦輪機比速率 (NSt)，用 CP 

與 CH 來表示，

渦輪機比速率： 
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 (14-64)

在一些書中，渦輪機比速率也可以稱為功率比速率。可以做一個練習來比較泵比速

率 [式 (14-35)] 與渦輪機比速率 [式 (14-64)] 之定義，
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NSt 與 NSp 之間的關係式： 
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Turbine specific speed is also called power specific speed in some textbooks. 
It is left as an exercise to compare the definitions of pump specific speed 
(Eq. 14–35) and turbine specific speed (Eq. 14–64) in order to show that

Relationship between NSt and NSp: NSt 5 NSp"hturbine (14–65)

Note that Eq. 14–51 does not apply to a pump running backward as a tur-
bine or vice versa. There are applications in which the same turbomachine 
is used as both a pump and a turbine; these devices are appropriately called 
pump–turbines. For example, a coal or nuclear power plant may pump 
water to a higher elevation during times of low power demand, and then run 
that water through the same turbomachine (operating as a turbine) during 
times of high power demand (Fig. 14–115). Such facilities often take advan-
tage of natural elevation differences at mountainous sites and can achieve 
significant gross heads (upward of 300 m) without construction of a dam. 
A photograph of a pump–turbine is shown in Fig. 14–116.
 Note that there are inefficiencies in the pump–turbine when operating as 
a pump and also when operating as a turbine. Moreover, since one turboma-
chine must be designed to operate as both a pump and a turbine, neither 
�pump nor �turbine are as high as they would be for a dedicated pump or tur-
bine. Nevertheless, the overall efficiency of this type of energy storage is 
around 80 percent for a well-designed pump–turbine unit.
 In practice, the pump–turbine may operate at a different flow rate and rpm 
when it is acting as a turbine compared to when it is acting as a pump, since 
the best efficiency point of the turbine is not necessarily the same as that of 
the pump. However, for the simple case in which the flow rate and rpm are the 
same for both the pump and turbine operations, we use Eqs. 14–35 and 14–64 
to compare pump specific speed and turbine specific speed. After some algebra,

Pump–turbine specific speed relationship at same flow rate and rpm:

NSt 5 NSp"hturbine a
Hpump

Hturbine

b
3/4

5 NSp(hturbine)
5/4(hpump)

3/4a
bhppump

bhpturbine

b
3/4

(14–66)

(a)

(b)

FIGURE 14–115
A pump–turbine is used by some 
power plants for energy storage: 
(a) water is pumped by the pump– 
turbine during periods of low demand 
for power, and (b) electricity is 
generated by the pump–turbine during 
periods of high demand for power.

FIGURE 14–116
The runner of a pump–turbine used 
at the Yards Creek pumped storage 
station in Blairstown, NJ. There are 
seven runner blades of outer diameter 
5.27 m. The turbine rotates 
at 240 rpm and produces 112 MW 
of power at a volume flow rate of 
56.6 m3/s from a net head of 221 m.
Courtesy of American Hydro Corporation, York, PA. 
Used by permission.
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 (14-65)

要注意式 (14-51) 無法應用於以反向運轉泵之渦輪機，反之亦

然。在一些應用中，相同的渦輪機械，可以同時當作泵和渦輪

機，這些設備稱為泵 –渦輪機。例如一座火力或核能發電廠在

電力需求較低時，會把水加壓輸送到比較高的水位，然後在需

求高電量的時候，讓水通過相同的旋轉機械 (以渦輪機運轉) (圖  

14-113)。這樣的設備通常可利用在山區，具有天然高度差的優

點，這能在不需建造水壩的情況下，獲得可觀的總水頭 (向上 

300 m)。圖 14-114 為一個泵–渦輪機的照片。

要注意當在以泵運轉或渦輪機運轉時，泵 –渦輪機會有較

低效率的情況，除此之外，因為此旋轉機械必須被設計為可以

泵或渦輪機的方式來進行運轉，所以 hpump 和 hturbine 兩者都不

會比設計精良的泵和渦輪機的效率高。雖然如此，設計優良的

泵–渦輪機設備之能量儲存總效率大約可在 80% 左右。

在實際上，當泵 –渦輪機當作渦輪機運轉時，它的體積流

率與轉速會與當它在當作泵時不同，因為渦輪機的最佳效率點

不必然與泵的最佳效率點相同。但是當以泵和渦輪機運轉時，

在相同的體積流率與轉速的簡單情況下，可使用式 (14-35) 與 (14-64)，比較泵的比

速率與渦輪機比速率，經過一些代數計算後，

在相同的體積流率與轉速下泵–渦輪機比速率關係式： 
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Note that Eq. 14–51 does not apply to a pump running backward as a tur-
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is used as both a pump and a turbine; these devices are appropriately called 
pump–turbines. For example, a coal or nuclear power plant may pump 
water to a higher elevation during times of low power demand, and then run 
that water through the same turbomachine (operating as a turbine) during 
times of high power demand (Fig. 14–115). Such facilities often take advan-
tage of natural elevation differences at mountainous sites and can achieve 
significant gross heads (upward of 300 m) without construction of a dam. 
A photograph of a pump–turbine is shown in Fig. 14–116.
 Note that there are inefficiencies in the pump–turbine when operating as 
a pump and also when operating as a turbine. Moreover, since one turboma-
chine must be designed to operate as both a pump and a turbine, neither 
�pump nor �turbine are as high as they would be for a dedicated pump or tur-
bine. Nevertheless, the overall efficiency of this type of energy storage is 
around 80 percent for a well-designed pump–turbine unit.
 In practice, the pump–turbine may operate at a different flow rate and rpm 
when it is acting as a turbine compared to when it is acting as a pump, since 
the best efficiency point of the turbine is not necessarily the same as that of 
the pump. However, for the simple case in which the flow rate and rpm are the 
same for both the pump and turbine operations, we use Eqs. 14–35 and 14–64 
to compare pump specific speed and turbine specific speed. After some algebra,

Pump–turbine specific speed relationship at same flow rate and rpm:
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Hpump
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3/4

5 NSp(hturbine)
5/4(hpump)
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bhppump
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(a)

(b)

FIGURE 14–115
A pump–turbine is used by some 
power plants for energy storage: 
(a) water is pumped by the pump– 
turbine during periods of low demand 
for power, and (b) electricity is 
generated by the pump–turbine during 
periods of high demand for power.

FIGURE 14–116
The runner of a pump–turbine used 
at the Yards Creek pumped storage 
station in Blairstown, NJ. There are 
seven runner blades of outer diameter 
5.27 m. The turbine rotates 
at 240 rpm and produces 112 MW 
of power at a volume flow rate of 
56.6 m3/s from a net head of 221 m.
Courtesy of American Hydro Corporation, York, PA. 
Used by permission.
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 (14-66)

圖 14-113　一些發電廠使用泵–渦輪
機來儲存能量：(a) 在需求電量較低
時，水會經泵 –渦輪機加壓；(b) 在
需求電量較高時，泵–渦輪機產生電
力。
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圖 14-114　在美國紐澤西州布萊爾
斯鎮的加壓儲存站使用泵–渦輪機的
動輪，有七個動輪葉片，且外徑為 
5.27 m。水輪機自 221 m 的淨水頭，
在 56.6 m3/s 的體積流率下以 240 rpm 
的速度旋轉，並產生 112 MW 的功
率。
Courtesy of American Hydro 
Corporation, York, PA. Used by 
permission.



74 流 體 力 學

之前討論一些泵比速率單位的問題，然而對於渦輪機的比速率我們也遇到同

樣的問題，也就是，雖然 NSt 定義來看是無因次參數，但是許多實務上的工程師之

習性不同，故所使用的單位也會不一致，會把 NSt 轉換成一個繁瑣的因次量。在美

國，大部分的渦輪機工程師將轉速的單位寫 rpm，bhp 的單位為馬力，且 H 的單

位為 ft，他們通常也會忽略 NSt 定義中的重力常數與密度 r。(假設渦輪機在地球運

轉，且工作流體是水。) 其定義為

美國常用單位之渦輪機比速率： 
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 We previously discussed some problems with the units of pump specific 
speed. Unfortunately, these same problems also occur with turbine specific 
speed. Namely, although NSt is by definition a dimensionless parameter, 
practicing engineers have grown accustomed to using inconsistent units that 
transform NSt into a cumbersome dimensional quantity. In the United States, 
most turbine engineers write the rotational speed in units of rotations per 
minute (rpm), bhp in units of horsepower, and H in units of feet. Further-
more, they ignore gravitational constant g and density � in the definition of 
NSt. (The turbine is assumed to operate on earth and the working fluid is 
assumed to be water.) We define

Turbine specific speed, customary U.S. units:

 NSt, US 5
(n# , rpm) (bhp, hp)1/2

(H, ft)5/4  (14–67)

There is some discrepancy in the turbomachinery literature over the con-
versions between the two forms of turbine specific speed. To convert 
NSt,  US to NSt we divide by g5/4 and �1/2, and then use conversion ratios to 
cancel all units. We set g � 32.174 ft/s2 and assume water at density � � 
62.40 lbm/ft3. When done properly by converting � to rad/s, the conversion 
is NSt, US � 0.02301NSt or NSt � 43.46NSt, US. However, some authors convert 
� to rotations per second, introducing a factor of 2� in the conversion, i.e., 
NSt, US � 0.003662NSt or NSt � 273.1NSt, US. The former conversion is more 
common and is summarized in Fig. 14–117.
 There is also a metric or SI version of turbine specific speed that is 
becoming more popular these days and is preferred by many hydroturbine 
designers. It is defined in the same way as the customary U.S. pump spe-
cific speed (Eq. 14–36), except that SI units are used (m3/s instead of gpm 
and m instead of ft),
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We may call this capacity specific speed to distinguish it from power specific 
speed (Eq. 14–64). One advantage is that NSt, SI can be compared more directly 
to pump specific speed and is thus useful for analyzing pump-turbines. It is 
less useful, however, to compare NSt, SI to previously published values of NSt or 
NSt, US because of the fundamental difference between their definitions.
 Technically, turbine specific speed could be applied at any operating con-
dition and would just be another function of CP. That is not how it is typi-
cally used, however. Instead, it is common to define turbine specific speed 
only at the best efficiency point (BEP) of the turbine. The result is a single 
number that characterizes the turbine.

Turbine specific speed is used to characterize the operation of a turbine at 
its optimum conditions (best efficiency point) and is useful for preliminary 
turbine selection.

As plotted in Fig. 14–118, impulse turbines perform optimally for NSt near 
0.15, while Francis turbines and Kaplan or propeller turbines perform best 
at NSt near 1 and 2.5, respectively. It turns out that if NSt is less than about 
0.3, an impulse turbine is the best choice. If NSt is between about 0.3 and 2, 
a  Francis turbine is a better choice. When NSt is greater than about 2, a 
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 (14-67)

在渦輪機械的文獻中，對於兩種形式渦輪機比速率之間的單

位轉換有不一致之處。為了將 NSt,US 轉換為 NSt，我們將 NSt,US 

除上 g5/4 和 r1/2，然後利用轉換比值消去所有的單位，可知 

g=32.174 ft/s2，假設水的密度 r =62.40 lbm/ft3。在將 v 轉換為 

rad/s 的單位之後，可得 NSt,US =0.02301NSt 或 NSt =43.46NSt,US。

但是一些人將 v 轉換為圈數／秒，轉換會導入 2p 的因子，即 

NSt,US =  0.003662NSt 或 NSt =273.1NSt,US。前面的轉換較為常

用，並示於圖 14-115。

現在使用 SI 制來計算渦輪機的比速率已經越來越流行，許

多設計者也樂於選用，以同樣的方式來定義美國泵的比速率 [式 

(14-36)]，SI 制不同的地方是使用單位改變 (m3/s 取代 gpm，m 

取代 ft)，
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 (14-68)

我們稱此為容量比速率 (capacity specific speed) 來與能量比速 [式 (14-64)]，有一個

優點是 NSt, SI 可以更直接與泵比速率比較，這對分析泵–渦輪機是很有用的。但以 

NSt, SI 比較先前公佈的 NSt 和 NSt,US，由於定義的基礎差別就比較無用。

在技術上而言，渦輪機比速率關係式可以在任何的操作條件下使用，且為 CP 

的另一個函數。這不是其典型的應用，然而通常只要在渦輪機最佳效率點 (BEP) 的

條件下定義出渦輪機比速率，此結果就可以表示出渦輪機特性。

渦輪機比速率是用來表示渦輪機在其最佳條件 (最佳效率點) 下運轉的特性，

這對於初步選擇渦輪機的時候是很有用的。

如圖 14-116 所示，對衝擊式渦輪機來說，當 NSt 靠近 0.15 的時候，其運轉效率最

圖 14-115　無因次與傳統美式的渦
輪機比速率之間的轉換，已知數值

有 4 位有效數字。此轉換假設固定
的重力加速度，工作流體為水。
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佳，而對法蘭西渦輪機與卡普蘭渦輪機或螺旋式渦輪機來說，當 NSt 分別靠近 1 和 

2.5 時，其運轉效率最佳。結果發現，當 NSt 小於 0.3 時，最好的選擇是衝擊式渦

輪機；當 NSt 介於 0.3 和 2 之間，則法蘭西渦輪機是比較好的選擇；當 NSt 大於 2 

時，則應使用卡普蘭渦輪機。如圖 14-116 所示 NSt 與 NSt,US 使用之範圍。
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Kaplan or propeller turbine should be used. These ranges are indicated in 
Fig. 14–118 in terms of NSt and NSt, US.

EXAMPLE 14–16    Turbine Specific Speed

Calculate and compare the turbine specific speed for both the small (A) and 
large (B) turbines of Example 14–15.

SOLUTION  The turbine specific speed of two dynamically similar turbines 
is to be compared.
Properties  The density of water at T � 20°C is � � 998.0 kg/m3.
Analysis  We calculate the dimensionless turbine specific speed for turbine A,

 NSt, A 5
vA(bhpA)1/2

rA
1/2(gHA)5/4

 5
(12.57 rad/s)(242 3 106 W)1/2

(998.0 kg/m3)1/2[(9.81 m/s2)(75.0 m)]5/4 a
kg·m/s2

W·s
b

1/2

5 1.615 > 1.62

and for turbine B,

 NSt, B 5
vB(bhpB)1/2

rB
1/2(gHB)5/4

 5
(12.57 rad/s)(548 3 106 W)1/2

(998.0 kg/m3)1/2 [(9.81 m/s2)(104 m)]5/4 a
kg·m/s2

W·s
b

1/2

5 1.615 > 1.62

We see that the turbine specific speeds of the two turbines are the same. As 
a check of our algebra we calculate NSt in Fig. 14–119 a different way using 
its definition in terms of CP and CH (Eq. 14–64). The result is the same 
(except for roundoff error). Finally, we calculate the turbine specific speed in 
customary U.S. units from the conversions of Fig. 14–117,

NSt, US, A 5 NSt, US, B 5 43.46NSt 5 (43.46)(1.615) 5 70.2

Discussion  Since turbines A and B operate at homologous points, it is no 
surprise that their turbine specific speeds are the same. In fact, if they 
weren’t the same, it would be a sure sign of an algebraic or calculation error. 
From Fig. 14–118, a Francis turbine is indeed the appropriate choice for a 
turbine specific speed of 1.6.
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FIGURE 14–118
Maximum efficiency as a function 
of turbine specific speed for the 
three main types of dynamic turbine. 
Horizontal scales show nondimensional 
turbine specific speed (NSt) and turbine 
specific speed in customary U.S. 
units (NSt, US). Sketches of the blade 
types are also provided on the plot for 
reference.

NSt =
CP
CH

=
(3.38)1/2

(1.11)5/4
= 1.61

1/2

5/4

FIGURE 14–119
Calculation of turbine specific speed 
using the dimensionless parameters 
CP and CH for Example 14–16. (See 
Fig. 14–114 for values of CP and CH 
for turbine A and turbine B.)

787-878_cengel_ch14.indd   860 7/3/13   3:58 PM

衝擊式
法蘭西 卡普蘭／螺旋式

圖 14-116　三種主要型式的動力渦
輪機以渦輪機比速率為函數的最

大效率。水平軸為表示無因次的水

輪機比率 (NSt) 且為美國常用單位 
(NSt,US)。圖中也提供葉片型式之
圖形來提供參考。

 例題14-16　　渦輪機比速率

試計算並比較例題 14-15 的小 (A) 與大 (B) 之兩台渦輪機的渦輪機比速率。

解答：比較兩台動力相似渦輪機之渦輪機比速率。

性質：水在 T =20°C 之密度為 r=998.0 kg/m3。

分析：我們計算渦輪機 A 的無因次渦輪機比速率：
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(except for roundoff error). Finally, we calculate the turbine specific speed in 
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與渦輪機 B 的無因次渦輪機比速率：
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Calculate and compare the turbine specific speed for both the small (A) and 
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SOLUTION  The turbine specific speed of two dynamically similar turbines 
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We see that the turbine specific speeds of the two turbines are the same. As 
a check of our algebra we calculate NSt in Fig. 14–119 a different way using 
its definition in terms of CP and CH (Eq. 14–64). The result is the same 
(except for roundoff error). Finally, we calculate the turbine specific speed in 
customary U.S. units from the conversions of Fig. 14–117,
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Discussion  Since turbines A and B operate at homologous points, it is no 
surprise that their turbine specific speeds are the same. In fact, if they 
weren’t the same, it would be a sure sign of an algebraic or calculation error. 
From Fig. 14–118, a Francis turbine is indeed the appropriate choice for a 
turbine specific speed of 1.6.
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a check of our algebra we calculate NSt in Fig. 14–119 a different way using 
its definition in terms of CP and CH (Eq. 14–64). The result is the same 
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surprise that their turbine specific speeds are the same. In fact, if they 
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From Fig. 14–118, a Francis turbine is indeed the appropriate choice for a 
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FIGURE 14–119
Calculation of turbine specific speed 
using the dimensionless parameters 
CP and CH for Example 14–16. (See 
Fig. 14–114 for values of CP and CH 
for turbine A and turbine B.)
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我們發現這兩台渦輪機的渦輪機比速率值是相同的，為了

要檢查，在圖 14-117 中使用以 CP 與 CH 表示 NSt 之定義 [式  

(14-64)] 計算 NSt 作為檢驗，此結果是相同的 (除了進位的誤差)。

最後，從圖 14-115 的轉換比值來計算以美國常用單位的渦輪機比
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Kaplan or propeller turbine should be used. These ranges are indicated in 
Fig. 14–118 in terms of NSt and NSt, US.

EXAMPLE 14–16    Turbine Specific Speed

Calculate and compare the turbine specific speed for both the small (A) and 
large (B) turbines of Example 14–15.

SOLUTION  The turbine specific speed of two dynamically similar turbines 
is to be compared.
Properties  The density of water at T � 20°C is � � 998.0 kg/m3.
Analysis  We calculate the dimensionless turbine specific speed for turbine A,

 NSt, A 5
vA(bhpA)1/2

rA
1/2(gHA)5/4

 5
(12.57 rad/s)(242 3 106 W)1/2

(998.0 kg/m3)1/2[(9.81 m/s2)(75.0 m)]5/4 a
kg·m/s2

W·s
b

1/2

5 1.615 > 1.62

and for turbine B,

 NSt, B 5
vB(bhpB)1/2

rB
1/2(gHB)5/4

 5
(12.57 rad/s)(548 3 106 W)1/2

(998.0 kg/m3)1/2 [(9.81 m/s2)(104 m)]5/4 a
kg·m/s2

W·s
b

1/2

5 1.615 > 1.62

We see that the turbine specific speeds of the two turbines are the same. As 
a check of our algebra we calculate NSt in Fig. 14–119 a different way using 
its definition in terms of CP and CH (Eq. 14–64). The result is the same 
(except for roundoff error). Finally, we calculate the turbine specific speed in 
customary U.S. units from the conversions of Fig. 14–117,

NSt, US, A 5 NSt, US, B 5 43.46NSt 5 (43.46)(1.615) 5 70.2

Discussion  Since turbines A and B operate at homologous points, it is no 
surprise that their turbine specific speeds are the same. In fact, if they 
weren’t the same, it would be a sure sign of an algebraic or calculation error. 
From Fig. 14–118, a Francis turbine is indeed the appropriate choice for a 
turbine specific speed of 1.6.
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types are also provided on the plot for 
reference.
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Calculation of turbine specific speed 
using the dimensionless parameters 
CP and CH for Example 14–16. (See 
Fig. 14–114 for values of CP and CH 
for turbine A and turbine B.)
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圖 14-117　例題 14-16 使用無因次參
數 CP 和 CH 計算渦輪機比速率。(見
圖 14-112 對渦輪機 A 和水輪機 B 的 
CP 和 CH 值。)

渦輪機比速率：
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客座作者：Werner J. A. Dahm，密西根大學

小型燃氣渦輪機以非常高的轉速旋轉，在允許旋轉的離心

霧化器下，所產生液體燃料油滴在燃燒器中燃燒，通常這種高

速運轉可達到 100,000 rpm。注意到此直徑為 10 cm 並以 30,000 

rpm 旋轉的霧化器，可以提供液態燃料 490,000 m/s2 的加速度 

(50,000 g)，這樣就可以使燃料完全霧化產生成為細小的液滴。

液滴的實際尺寸大小是根據流體的性質而定，包括液體與

氣體的密度 rL 和 rG、黏度 mL 和mG 以及液–氣共存的表面張
力 ss。如圖 14-118 所示，這種設計的旋轉式霧化器，其轉速

為 v，在標稱半徑 R ≡ (R1 +R2)/2 邊緣的徑向流道。因為加速

度 vR2，燃料在流入流道後會在壁面上形成一層液膜，較大的

加速度會導致液膜厚度 t 大約只有 10 mm。欲產生所需要的霧

化性能的形狀，是可以從流道的形狀來做選擇的。對於已知

形狀的流道，液滴尺寸可以根據液膜在流道出口之截面流速 

Vc ≡Rv 與液體和氣體性質得到結果。從以上敘述可以知道，

要求出霧化性能總共有四個無因次參數群，液 –氣密度與黏度
比，r ≡ [rL/rG ]  和 m ≡ [mL/mG ]，液膜韋伯數Wet ≡ [rGVc

2t/

ss ]  與歐尼斯奧格數 Oht ≡ [mL/(rLsst)
1/2 ]。

注意 Wet 是氣體在液膜的氣體動力作用力與作用在液面上

的表面張力的比值。而 Oht 是液膜黏滯力與液膜表面張力之比

值。以上表示對霧化過程中所涉及的三個主要物理效應的相對

重要性：慣性、黏滯擴散與表面張力。

圖 14-119 所示，在幾種流道形狀與轉速下液體破裂結果

之例子，是利用 10 ns 脈衝式雷射攝影技術觀察所得。液滴的

尺寸對於歐尼斯奧格數的變化，相對的不是那麼敏感，因為對

於實際的燃料霧化器來說，它的範圍在 Oht << 1，所以黏滯效

應相對來講不是那麼重要。然而韋伯數仍然是至關重要的，因

為表面張力和慣性效應會主導霧化的過程。當 Wet 較小時，液

體會經次臨界的破裂，即表面張力將液膜拉長成為液柱，接著

破裂形成相對較大的液滴。當在超臨界值的 Wet 時，薄的液膜

由於空氣動力的作用力破裂而形成較細微的液滴，其大小約為

應用聚焦燈－旋轉式燃料霧化器

圖 14-118　(a) 旋轉式燃料霧化器和
(b) 沿著流道壁面燃料液膜放大之圖
示。
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The very high rotation rates at which small gas turbine engines operate, often 
approaching 100,000 rpm, allow rotary centrifugal atomizers to create the 
liquid fuel spray that is burned in the combustor. Note that a 10-cm-diameter 
atomizer rotating at 30,000 rpm imparts 490,000 m/s2 of acceleration 
(50,000 g) to the liquid fuel, which allows such fuel atomizers to potentially 
produce very small drop sizes.

The actual drop sizes depend on the fluid properties, including the liquid 
and gas densities �L and �G, the viscosities �L and �G, and the liquid–gas 
surface tension �s. Figure 14–120 shows such a rotary atomizer rotating at 
rate �, with radial channels in the rim at nominal radius R � (R1 � R2)/2. 
Fuel flows into the channels due to the acceleration R�2 and forms a liquid 
film on the channel walls. The large acceleration leads to a typical film thick-
ness t of only about 10 �m. The channel shape is chosen to produce desir-
able atomization performance. For a given shape, the resulting drop sizes 
depend on the cross-flow velocity Vc � R� into which the film issues at the 
channel exit, together with the liquid and gas properties. From these, there 
are four dimensionless groups that determine the atomization performance: 
the liquid–gas density and viscosity ratios r � [�L/�G] and m � [�L/�G], the 
film Weber number Wet � [�GVc

2t/�s], and the Ohnesorge number Oht � 
[�L/(�L�st)

1/2].
 Note that Wet gives the characteristic ratio of the aerodynamic forces 
that the gas exerts on the liquid film to the surface tension forces that act 
on the liquid surface, while Oht gives the ratio of the viscous forces in 
the liquid film to the surface tension forces that act on the film. Together 
these express the relative importance of the three main physical effects 
involved in the atomization process: inertia, viscous diffusion, and surface 
tension.
 Figure 14–121 shows examples of the resulting liquid breakup process for 
several channel shapes and rotation rates, visualized using 10-ns pulsed-laser 
photography. The drop sizes turn out to be relatively insensitive to changes 
in the Ohnesorge number, since the values for practical fuel atomizers are in 
the limit Oht �� 1 and thus viscous effects are relatively unimportant. The 
Weber number, however, remains crucial since surface tension and inertia 
effects dominate the atomization process. At small Wet, the liquid undergoes 
subcritical breakup in which surface tension pulls the thin liquid film into a 
single column that subsequently breaks up to form relatively large drops. At 
supercritical values of Wet, the thin liquid film breaks up aerodynamically 
into fine drop sizes on the order of the film thickness t. From results such as 
these, engineers can successfully develop rotary fuel atomizers for practical 
applications.

Reference
Dahm, W. J. A., Patel, P. R., and Lerg, B. H., “Visualization and Fundamental 

Analysis of Liquid Atomization by Fuel Slingers in Small Gas Turbines,” AIAA 
Paper No. 2002-3183, AIAA, Washington, DC, 2002.

APPLICATION SPOTLIGHT ■ Rotary Fuel Atomizers
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FIGURE 14–120
Schematic diagram of (a) a rotary 

fuel atomizer, and (b) a close-up 
of the liquid fuel film along the 

channel walls.

FIGURE 14–121
Visualizations of liquid breakup 

by rotary fuel atomizers, showing 
subcritical breakup at relatively low 

values of Wet (top), for which surface 
tension effects are sufficiently strong 

relative to inertia to pull the thin 
liquid film into large columns; and 

supercritical breakup at higher values 
of Wet (bottom), for which inertia 

dominates over surface tension and the 
thin film breaks into fine droplets.

Reprinted by permission of Werner J. A. Dahm, 
University of Michigan.
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atomizer rotating at 30,000 rpm imparts 490,000 m/s2 of acceleration 
(50,000 g) to the liquid fuel, which allows such fuel atomizers to potentially 
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that the gas exerts on the liquid film to the surface tension forces that act 
on the liquid surface, while Oht gives the ratio of the viscous forces in 
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 Figure 14–121 shows examples of the resulting liquid breakup process for 
several channel shapes and rotation rates, visualized using 10-ns pulsed-laser 
photography. The drop sizes turn out to be relatively insensitive to changes 
in the Ohnesorge number, since the values for practical fuel atomizers are in 
the limit Oht �� 1 and thus viscous effects are relatively unimportant. The 
Weber number, however, remains crucial since surface tension and inertia 
effects dominate the atomization process. At small Wet, the liquid undergoes 
subcritical breakup in which surface tension pulls the thin liquid film into a 
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圖 14-119　旋轉式燃料霧化器造成
液體破裂的流場可視圖，圖中表示

了在相對較低 Wet 數值次臨界破裂 
(上圖)，此情況下的表面張力效應相
對於慣性作用來說，其力量夠大足

以將液體細膜拉成大的液粒；而較

高 Wet 數值的超臨界破裂 (下圖) 在
此情況下，慣性作用力遠大於表面

張力效應，所以會使液膜破裂，進

而形成細微的液滴。
Reprinted by permission of Werner J. A. 
Dahm, University of Michigan.
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Kaplan or propeller turbine should be used. These ranges are indicated in 
Fig. 14–118 in terms of NSt and NSt, US.

EXAMPLE 14–16    Turbine Specific Speed

Calculate and compare the turbine specific speed for both the small (A) and 
large (B) turbines of Example 14–15.

SOLUTION  The turbine specific speed of two dynamically similar turbines 
is to be compared.
Properties  The density of water at T � 20°C is � � 998.0 kg/m3.
Analysis  We calculate the dimensionless turbine specific speed for turbine A,

 NSt, A 5
vA(bhpA)1/2

rA
1/2(gHA)5/4

 5
(12.57 rad/s)(242 3 106 W)1/2

(998.0 kg/m3)1/2[(9.81 m/s2)(75.0 m)]5/4 a
kg·m/s2

W·s
b

1/2

5 1.615 > 1.62

and for turbine B,

 NSt, B 5
vB(bhpB)1/2

rB
1/2(gHB)5/4

 5
(12.57 rad/s)(548 3 106 W)1/2

(998.0 kg/m3)1/2 [(9.81 m/s2)(104 m)]5/4 a
kg·m/s2

W·s
b

1/2

5 1.615 > 1.62

We see that the turbine specific speeds of the two turbines are the same. As 
a check of our algebra we calculate NSt in Fig. 14–119 a different way using 
its definition in terms of CP and CH (Eq. 14–64). The result is the same 
(except for roundoff error). Finally, we calculate the turbine specific speed in 
customary U.S. units from the conversions of Fig. 14–117,

NSt, US, A 5 NSt, US, B 5 43.46NSt 5 (43.46)(1.615) 5 70.2

Discussion  Since turbines A and B operate at homologous points, it is no 
surprise that their turbine specific speeds are the same. In fact, if they 
weren’t the same, it would be a sure sign of an algebraic or calculation error. 
From Fig. 14–118, a Francis turbine is indeed the appropriate choice for a 
turbine specific speed of 1.6.
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0.5

0.01
NSt

NSt, US

10

0.8

0.9

0.6

0.02 0.05 0.1 0.2 0.5 1

1 2 5 10 20 50 100 200

2 5

�max

FIGURE 14–118
Maximum efficiency as a function 
of turbine specific speed for the 
three main types of dynamic turbine. 
Horizontal scales show nondimensional 
turbine specific speed (NSt) and turbine 
specific speed in customary U.S. 
units (NSt, US). Sketches of the blade 
types are also provided on the plot for 
reference.

NSt =
CP
CH

=
(3.38)1/2

(1.11)5/4
= 1.61

1/2

5/4

FIGURE 14–119
Calculation of turbine specific speed 
using the dimensionless parameters 
CP and CH for Example 14–16. (See 
Fig. 14–114 for values of CP and CH 
for turbine A and turbine B.)
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討論：因為渦輪機 A 和 B 在一致的操作點上運轉，所以它們的渦輪機比速率值是相同的。事實上，

如果它們不一樣，那就是計算中出現錯誤。從圖 14-116 可知，當渦輪機比速率為 1.6 時，最適合的

選擇是法蘭西渦輪機。
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液膜厚度 t。根據以上結果，使工程師能夠成功開發旋轉式燃料霧化器供實際應用。

參考資料
Dahm,W. J. A., Patel, P. R., and Lerg, B. H., “Visualization and Fundamental Analysis of Liquid 

Atomization by Fuel Slingers in Small Gas Turbines,” AIAA Paper No.2002-3183, AIAA,Washington, 

DC, 2002.

我們可以把渦輪機械分為兩類：泵和渦輪機。泵對流體增加能量之流體機械通稱。對幾種形

態的泵設計－正位移泵和動力泵，我們解釋能量是如何傳遞的。而渦輪機是從流體中獲取能量

之流體機械，它也有幾種型式的正位移渦輪機和動力渦輪機。

對於旋轉機械的初步設計，歐拉渦輪方程式為最實用之方程式，
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SUMMARY

We classify turbomachinery into two broad categories, pumps 
and turbines. The word pump is a general term for any fluid 
machine that adds energy to a fluid. We explain how this 
energy transfer occurs for several types of pump designs—
both positive-displacement pumps and dynamic pumps. The 
word turbine refers to a fluid machine that extracts energy 
from a fluid. There are also positive-displacement turbines 
and dynamic turbines of several varieties.
 The most useful equation for preliminary turbomachin-
ery design is the Euler turbomachine equation,

Tshaft 5 rV
#
(r2V 2, t 2 r1V 1, t)

Note that for pumps, the inlet and outlet are at radii r1 and r2, 
respectively, while for turbines, the inlet is at radius r2 and the 
outlet is at radius r1. We show several examples where blade 
shapes for both pumps and turbines are designed based on 
desired flow velocities. Then, using the Euler turbomachine 
equation, the performance of the turbomachine is predicted.
 The turbomachinery scaling laws illustrate a practical 
application of dimensional analysis. The scaling laws are 
used in the design of new turbomachines that are geometri-
cally similar to existing turbomachines. For both pumps and 
turbines, the main dimensionless parameters are head coef-
ficient, capacity coefficient, and power coefficient, defined 
respectively as

CH 5
gH

v2D2  CQ 5
V
#

vD3  CP 5
bhp

rv3D5

In addition to these, we define pump efficiency and turbine 
efficiency as reciprocals of each other,

hpump 5
W
#

water horsepower

W
#

shaft

5
rgV

#
H

bhp

hturbine 5
W
#

shaft

W
#

water horsepower

5
bhp

rgV
#
H

Finally, two other useful dimensionless parameters called 
pump specific speed and turbine specific speed are defined, 
respectively, as

NSp 5
C Q

1/2

C H
3/4 5

vV
#

1/2

(gH)3/4  NSt 5
C P

1/2

C H
5/4 5

v(bhp)1/2

r1/2(gH)5/4

These parameters are useful for preliminary design and for 
selection of the type of pump or turbine that is most appro-
priate for a given application.
 We discuss the basic design features of both hydrotur-
bines and wind turbines. For the latter we derive an upper 
limit to the power coefficient, namely the Betz limit,

CP, max 5 4
1

3
a1 2

1

3
b

2

5
16

27
> 0.5926

 Turbomachinery design assimilates knowledge from sev-
eral key areas of fluid mechanics, including mass, energy, 
and momentum analysis (Chaps. 5 and 6); dimensional 
analysis and modeling (Chap. 7); flow in pipes (Chap. 8); 
differential analysis (Chaps. 9 and 10); and aerodynamics 
(Chap. 11). In addition, for gas turbines and other types of 
turbomachines that involve gases, compressible flow analysis 
(Chap. 12) is required. Finally, computational fluid dynam-
ics (Chap. 15) plays an ever-increasing role in the design of 
highly efficient turbomachines.

 1. ASHRAE (American Society of Heating, Refrigerating and 
Air Conditioning Engineers, Inc.). ASHRAE Fundamentals 
Handbook, ASHRAE, 1791 Tullie Circle, NE, Atlanta, GA, 
30329; editions every four years: 1993, 1997, 2001, etc.

 2. L. F. Moody. “The Propeller Type Turbine,” ASCE Trans., 
89, p. 628, 1926.
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York: Marcel Dekker, Inc., 1995.
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tion Program. Washington, DC, 1994.

 5. D. Japikse and N. C. Baines. Introduction to Turboma-
chinery. Norwich, VT: Concepts ETI, Inc., and Oxford: 
Oxford University Press, 1994.
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注意，對泵來講，入口與出口半徑分別為 r1 和 r2，但對渦輪機來講，入口半徑為 r2 與出口半徑為 

r1。我們顯示幾個例子來說明泵和渦輪機的葉片形狀要基於所需求之流速來設計。然後使用歐拉渦

輪方程式來預測旋轉機械之性能。

渦輪機械比例定律闡述了因次分析之實際應用，在設計旋轉機械時，可使用比例定律來設計

與舊渦輪機為幾何相似的新渦輪機，對於泵和渦輪機來說，主要的無因次參數為水頭係數、容量

係數及功率係數，以下為各個係數之定義：
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SUMMARY

We classify turbomachinery into two broad categories, pumps 
and turbines. The word pump is a general term for any fluid 
machine that adds energy to a fluid. We explain how this 
energy transfer occurs for several types of pump designs—
both positive-displacement pumps and dynamic pumps. The 
word turbine refers to a fluid machine that extracts energy 
from a fluid. There are also positive-displacement turbines 
and dynamic turbines of several varieties.
 The most useful equation for preliminary turbomachin-
ery design is the Euler turbomachine equation,

Tshaft 5 rV
#
(r2V 2, t 2 r1V 1, t)

Note that for pumps, the inlet and outlet are at radii r1 and r2, 
respectively, while for turbines, the inlet is at radius r2 and the 
outlet is at radius r1. We show several examples where blade 
shapes for both pumps and turbines are designed based on 
desired flow velocities. Then, using the Euler turbomachine 
equation, the performance of the turbomachine is predicted.
 The turbomachinery scaling laws illustrate a practical 
application of dimensional analysis. The scaling laws are 
used in the design of new turbomachines that are geometri-
cally similar to existing turbomachines. For both pumps and 
turbines, the main dimensionless parameters are head coef-
ficient, capacity coefficient, and power coefficient, defined 
respectively as
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In addition to these, we define pump efficiency and turbine 
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Finally, two other useful dimensionless parameters called 
pump specific speed and turbine specific speed are defined, 
respectively, as
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These parameters are useful for preliminary design and for 
selection of the type of pump or turbine that is most appro-
priate for a given application.
 We discuss the basic design features of both hydrotur-
bines and wind turbines. For the latter we derive an upper 
limit to the power coefficient, namely the Betz limit,

CP, max 5 4
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3
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3
b

2

5
16

27
> 0.5926

 Turbomachinery design assimilates knowledge from sev-
eral key areas of fluid mechanics, including mass, energy, 
and momentum analysis (Chaps. 5 and 6); dimensional 
analysis and modeling (Chap. 7); flow in pipes (Chap. 8); 
differential analysis (Chaps. 9 and 10); and aerodynamics 
(Chap. 11). In addition, for gas turbines and other types of 
turbomachines that involve gases, compressible flow analysis 
(Chap. 12) is required. Finally, computational fluid dynam-
ics (Chap. 15) plays an ever-increasing role in the design of 
highly efficient turbomachines.
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除此之外，我們也定義了泵效率與輪機效率，兩者為互為倒數之關係，
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SUMMARY

We classify turbomachinery into two broad categories, pumps 
and turbines. The word pump is a general term for any fluid 
machine that adds energy to a fluid. We explain how this 
energy transfer occurs for several types of pump designs—
both positive-displacement pumps and dynamic pumps. The 
word turbine refers to a fluid machine that extracts energy 
from a fluid. There are also positive-displacement turbines 
and dynamic turbines of several varieties.
 The most useful equation for preliminary turbomachin-
ery design is the Euler turbomachine equation,

Tshaft 5 rV
#
(r2V 2, t 2 r1V 1, t)

Note that for pumps, the inlet and outlet are at radii r1 and r2, 
respectively, while for turbines, the inlet is at radius r2 and the 
outlet is at radius r1. We show several examples where blade 
shapes for both pumps and turbines are designed based on 
desired flow velocities. Then, using the Euler turbomachine 
equation, the performance of the turbomachine is predicted.
 The turbomachinery scaling laws illustrate a practical 
application of dimensional analysis. The scaling laws are 
used in the design of new turbomachines that are geometri-
cally similar to existing turbomachines. For both pumps and 
turbines, the main dimensionless parameters are head coef-
ficient, capacity coefficient, and power coefficient, defined 
respectively as
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In addition to these, we define pump efficiency and turbine 
efficiency as reciprocals of each other,
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Finally, two other useful dimensionless parameters called 
pump specific speed and turbine specific speed are defined, 
respectively, as
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These parameters are useful for preliminary design and for 
selection of the type of pump or turbine that is most appro-
priate for a given application.
 We discuss the basic design features of both hydrotur-
bines and wind turbines. For the latter we derive an upper 
limit to the power coefficient, namely the Betz limit,

CP, max 5 4
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 Turbomachinery design assimilates knowledge from sev-
eral key areas of fluid mechanics, including mass, energy, 
and momentum analysis (Chaps. 5 and 6); dimensional 
analysis and modeling (Chap. 7); flow in pipes (Chap. 8); 
differential analysis (Chaps. 9 and 10); and aerodynamics 
(Chap. 11). In addition, for gas turbines and other types of 
turbomachines that involve gases, compressible flow analysis 
(Chap. 12) is required. Finally, computational fluid dynam-
ics (Chap. 15) plays an ever-increasing role in the design of 
highly efficient turbomachines.
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最後，定義另外兩個有用的無因次參數，稱為泵比速率與渦輪機比速率，如下所示：
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SUMMARY

We classify turbomachinery into two broad categories, pumps 
and turbines. The word pump is a general term for any fluid 
machine that adds energy to a fluid. We explain how this 
energy transfer occurs for several types of pump designs—
both positive-displacement pumps and dynamic pumps. The 
word turbine refers to a fluid machine that extracts energy 
from a fluid. There are also positive-displacement turbines 
and dynamic turbines of several varieties.
 The most useful equation for preliminary turbomachin-
ery design is the Euler turbomachine equation,

Tshaft 5 rV
#
(r2V 2, t 2 r1V 1, t)

Note that for pumps, the inlet and outlet are at radii r1 and r2, 
respectively, while for turbines, the inlet is at radius r2 and the 
outlet is at radius r1. We show several examples where blade 
shapes for both pumps and turbines are designed based on 
desired flow velocities. Then, using the Euler turbomachine 
equation, the performance of the turbomachine is predicted.
 The turbomachinery scaling laws illustrate a practical 
application of dimensional analysis. The scaling laws are 
used in the design of new turbomachines that are geometri-
cally similar to existing turbomachines. For both pumps and 
turbines, the main dimensionless parameters are head coef-
ficient, capacity coefficient, and power coefficient, defined 
respectively as
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These parameters are useful for preliminary design and for 
selection of the type of pump or turbine that is most appro-
priate for a given application.
 We discuss the basic design features of both hydrotur-
bines and wind turbines. For the latter we derive an upper 
limit to the power coefficient, namely the Betz limit,
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 Turbomachinery design assimilates knowledge from sev-
eral key areas of fluid mechanics, including mass, energy, 
and momentum analysis (Chaps. 5 and 6); dimensional 
analysis and modeling (Chap. 7); flow in pipes (Chap. 8); 
differential analysis (Chaps. 9 and 10); and aerodynamics 
(Chap. 11). In addition, for gas turbines and other types of 
turbomachines that involve gases, compressible flow analysis 
(Chap. 12) is required. Finally, computational fluid dynam-
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highly efficient turbomachines.
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這些參數對於在初步設計和選擇泵或渦輪機之類型是很有用的，最適合使用在已知的應用上。

我們討論到水力渦輪機和風力渦輪機基本的設計特色，對於後者來說，推導出功率係數的上

限，將其命名為貝茲極限，
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SUMMARY

We classify turbomachinery into two broad categories, pumps 
and turbines. The word pump is a general term for any fluid 
machine that adds energy to a fluid. We explain how this 
energy transfer occurs for several types of pump designs—
both positive-displacement pumps and dynamic pumps. The 
word turbine refers to a fluid machine that extracts energy 
from a fluid. There are also positive-displacement turbines 
and dynamic turbines of several varieties.
 The most useful equation for preliminary turbomachin-
ery design is the Euler turbomachine equation,

Tshaft 5 rV
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(r2V 2, t 2 r1V 1, t)

Note that for pumps, the inlet and outlet are at radii r1 and r2, 
respectively, while for turbines, the inlet is at radius r2 and the 
outlet is at radius r1. We show several examples where blade 
shapes for both pumps and turbines are designed based on 
desired flow velocities. Then, using the Euler turbomachine 
equation, the performance of the turbomachine is predicted.
 The turbomachinery scaling laws illustrate a practical 
application of dimensional analysis. The scaling laws are 
used in the design of new turbomachines that are geometri-
cally similar to existing turbomachines. For both pumps and 
turbines, the main dimensionless parameters are head coef-
ficient, capacity coefficient, and power coefficient, defined 
respectively as

CH 5
gH

v2D2  CQ 5
V
#

vD3  CP 5
bhp

rv3D5

In addition to these, we define pump efficiency and turbine 
efficiency as reciprocals of each other,

hpump 5
W
#

water horsepower

W
#

shaft

5
rgV

#
H

bhp

hturbine 5
W
#

shaft

W
#

water horsepower

5
bhp

rgV
#
H

Finally, two other useful dimensionless parameters called 
pump specific speed and turbine specific speed are defined, 
respectively, as

NSp 5
C Q

1/2

C H
3/4 5

vV
#

1/2

(gH)3/4  NSt 5
C P

1/2

C H
5/4 5

v(bhp)1/2

r1/2(gH)5/4

These parameters are useful for preliminary design and for 
selection of the type of pump or turbine that is most appro-
priate for a given application.
 We discuss the basic design features of both hydrotur-
bines and wind turbines. For the latter we derive an upper 
limit to the power coefficient, namely the Betz limit,
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eral key areas of fluid mechanics, including mass, energy, 
and momentum analysis (Chaps. 5 and 6); dimensional 
analysis and modeling (Chap. 7); flow in pipes (Chap. 8); 
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(Chap. 11). In addition, for gas turbines and other types of 
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有“C”題目是觀念題，學生應儘量作答。

一般問題

14-1C 風扇、鼓風機與壓縮機的基本差異為何？

試以壓升與體積流率討論之。

14-2C 什麼是產生能量渦輪機械的常用名詞？吸

收能量的渦輪機械的常用名詞為何？試說

明此專有名詞，這些名詞是從哪個參考座

標來定義的，流體或周圍環境？

14-3C 試討論正位移式渦輪機械與動力式渦輪機

械之間的基本差異，並對泵與輪機各提出

一個實例。

14-4C 試說明為何在旋轉參考座標的伯努利方程

式中有個“額外的”項目。

14-5C 對渦輪機而言，試討論制動馬力與水馬力

之間的差異，並以這些物理量定義輪機效

率。

14-6C 對泵而言，試討論制動馬力與水馬力之間

的差異，並以這些名詞定義泵效率。

習題

渦輪機械的設計必須要了解流體力學中幾個關鍵領域的知識，其中包含質量、能量和動量分

析 (第 5 章和第 6 章)；因次分析與模型 (第 7 章)；管內流體 (第 8 章)；微分分析 (第 9 章和第10 

章)；與空氣動力學 (第 11 章)。除此之外，對於燃氣渦輪機與其它型式之氣體旋轉機械，需要用到

可壓縮流體分析 (第 12 章)。最後，在設計高效率之旋轉機械時，計算流體力學 (第 15 章) 扮演越

來越重要的角色。
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14-7 空氣經過空氣壓縮機 (圖 P14-7) 時，其壓

力 (Pout >Pin) 與密度 (rout >rin) 增加，在

入口直徑等於出口直徑 (Dout =Din) 的條

件下，經過壓縮機的平均速度如何變化？

特別是 Vout 會小於、等於或大於 Vin？試

說明之。(Answer: 小於)

圖 P14-7

CHAPTER 14
863

General Problems

14–1C  What are the primary differences between fans, 
blowers, and compressors? Discuss in terms of pressure rise 
and volume flow rate.

14–2C  What is the more common term for an energy- 
producing turbomachine? How about an energy-absorbing 
turbomachine? Explain this terminology. In particular, from 
which frame of reference are these terms defined—that of the 
fluid or that of the surroundings?

14–3C  Discuss the primary difference between a positive-
displacement turbomachine and a dynamic turbomachine. 
Give an example of each for both pumps and turbines.

14–4C  Explain why there is an “extra” term in the Ber-
noulli equation in a rotating reference frame.

14–5C  For a turbine, discuss the difference between brake 
horsepower and water horsepower, and also define turbine 
efficiency in terms of these quantities.

14–6C  For a pump, discuss the difference between brake 
horsepower and water horsepower, and also define pump 
efficiency in terms of these quantities.

14–7  An air compressor increases the pressure (Pout � Pin) 
and the density (�out � �in) of the air passing through it 
(Fig. P14–7). For the case in which the outlet and inlet diam-
eters are equal (Dout � Din), how does average air speed 
change across the compressor? In particular, is Vout less than, 
equal to, or greater than Vin? Explain.  Answer: less than

FIGURE P14–7

Pout

�out, Vout

Pin

�in, Vin

Din Dout

14–8  A water pump increases the pressure of the water 
passing through it (Fig. P14–8). The flow is assumed to be 
incompressible. For each of the three cases listed below, how 
does average water speed change across the pump? In par-
ticular, is Vout less than, equal to, or greater than Vin? Show 
your equations, and explain.

(a) Outlet diameter is less than inlet diameter (Dout � Din)

(b) Outlet and inlet diameters are equal (Dout � Din)

(c) Outlet diameter is greater than inlet diameter (Dout � Din)

Pout

Vout

Pin

Vin

Din

Dout

FIGURE P14–8

Pumps

14–9C  Define net positive suction head and required 
net positive suction head, and explain how these two quan-
tities are used to ensure that cavitation does not occur in a 
pump.

14–10C  For each statement about centrifugal pumps, 
choose whether the statement is true or false, and discuss 
your answer briefly:

(a) A centrifugal pump with radial blades has higher 
efficiency than the same pump with backward-inclined 
blades.

(b) A centrifugal pump with radial blades produces a larger 
pressure rise than the same pump with backward- or forward-
inclined blades over a wide range of V

.
.

(c) A centrifugal pump with forward-inclined blades is a 
good choice when one needs to provide a large pressure rise 
over a wide range of volume flow rates.

(d) A centrifugal pump with forward-inclined blades would 
most likely have less blades than a pump of the same size 
with backward-inclined or radial blades.

14–11C  Figure P14–11C shows two possible locations 
for a water pump in a piping system that pumps water from 
the lower tank to the upper tank. Which location is better? 
Why?

PROBLEMS*

* Problems designated by a “C” are concept questions, and students 
are encouraged to answer them all. Problems with the  icon are 
solved using EES, and complete solutions together with paramet-
ric studies are included on the text website. Problems with the 

 icon are comprehensive in nature and are intended to be solved 
with an equation solver such as EES.
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壓縮機

14-8 水通過水泵 (圖 P14-8) 時其壓力增加，假

設水為不可壓縮流體，試說明在以下三種

條件下，如何計算經過泵時之平均速度

變化？特別是 Vout 會小於、等於或大於 

Vin？試證明此方程式並說明之。

 (a)  出口直徑小於入口直徑 (Dout <Din)。

 (b) 出口直徑等於入口直徑 (Dout =Din)。

 (c) 出口直徑大於入口直徑 (Dout >Din)。

圖 P14-8
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General Problems

14–1C  What are the primary differences between fans, 
blowers, and compressors? Discuss in terms of pressure rise 
and volume flow rate.

14–2C  What is the more common term for an energy- 
producing turbomachine? How about an energy-absorbing 
turbomachine? Explain this terminology. In particular, from 
which frame of reference are these terms defined—that of the 
fluid or that of the surroundings?

14–3C  Discuss the primary difference between a positive-
displacement turbomachine and a dynamic turbomachine. 
Give an example of each for both pumps and turbines.

14–4C  Explain why there is an “extra” term in the Ber-
noulli equation in a rotating reference frame.

14–5C  For a turbine, discuss the difference between brake 
horsepower and water horsepower, and also define turbine 
efficiency in terms of these quantities.

14–6C  For a pump, discuss the difference between brake 
horsepower and water horsepower, and also define pump 
efficiency in terms of these quantities.

14–7  An air compressor increases the pressure (Pout � Pin) 
and the density (�out � �in) of the air passing through it 
(Fig. P14–7). For the case in which the outlet and inlet diam-
eters are equal (Dout � Din), how does average air speed 
change across the compressor? In particular, is Vout less than, 
equal to, or greater than Vin? Explain.  Answer: less than

FIGURE P14–7

Pout

�out, Vout

Pin

�in, Vin

Din Dout

14–8  A water pump increases the pressure of the water 
passing through it (Fig. P14–8). The flow is assumed to be 
incompressible. For each of the three cases listed below, how 
does average water speed change across the pump? In par-
ticular, is Vout less than, equal to, or greater than Vin? Show 
your equations, and explain.

(a) Outlet diameter is less than inlet diameter (Dout � Din)

(b) Outlet and inlet diameters are equal (Dout � Din)

(c) Outlet diameter is greater than inlet diameter (Dout � Din)

Pout

Vout

Pin

Vin

Din

Dout

FIGURE P14–8

Pumps

14–9C  Define net positive suction head and required 
net positive suction head, and explain how these two quan-
tities are used to ensure that cavitation does not occur in a 
pump.

14–10C  For each statement about centrifugal pumps, 
choose whether the statement is true or false, and discuss 
your answer briefly:

(a) A centrifugal pump with radial blades has higher 
efficiency than the same pump with backward-inclined 
blades.

(b) A centrifugal pump with radial blades produces a larger 
pressure rise than the same pump with backward- or forward-
inclined blades over a wide range of V

.
.

(c) A centrifugal pump with forward-inclined blades is a 
good choice when one needs to provide a large pressure rise 
over a wide range of volume flow rates.

(d) A centrifugal pump with forward-inclined blades would 
most likely have less blades than a pump of the same size 
with backward-inclined or radial blades.

14–11C  Figure P14–11C shows two possible locations 
for a water pump in a piping system that pumps water from 
the lower tank to the upper tank. Which location is better? 
Why?

PROBLEMS*

* Problems designated by a “C” are concept questions, and students 
are encouraged to answer them all. Problems with the  icon are 
solved using EES, and complete solutions together with paramet-
ric studies are included on the text website. Problems with the 

 icon are comprehensive in nature and are intended to be solved 
with an equation solver such as EES.
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泵

泵

14-9C 試定義淨正吸水頭與所需淨正吸水頭，並

說明如何使用這兩個物理量以確保在泵之

中不會發生空蝕的現象。

14-10C 對以下關於離心式泵的各個說明之中，試

決定其敘述為對或錯，並簡單地討論你的

答案。

 (a)  具有徑向葉片的離心式泵之效率比後

傾葉片的離心式泵之效率高。

 (b)  在大部分的體積流率範圍中，具有徑

向葉片的離心式泵產生的壓升比後傾

葉片或前傾葉片的離心式泵產生的壓

升高。

 (c)  當在大部分的體積流率範圍中需要提

供較大壓升時，具有前傾葉片的離心

式泵為較佳的選擇。

 (d)  具有前傾葉片的離心式泵比相同尺

寸、具有後傾葉片或徑向葉片的離心

式泵所有的葉片還少。

14-11C 圖 P14-11C 顯示從低的水桶加壓至較高

水桶的管路系統中，放置泵的兩個可能位

置。哪個位置比較好？為什麼？

圖 P14-11C
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cavitation in the pump, for the same liquid, temperature, and 
volume flow rate.

14–15C  Consider a typical centrifugal liquid pump. For 
each statement, choose whether the statement is true or false, 
and discuss your answer briefly:

(a) V
.
 at the pump’s free delivery is greater than V

.
 at its best 

efficiency point.

(b) At the pump’s shutoff head, the pump efficiency is zero.

(c) At the pump’s best efficiency point, its net head is at its 
maximum value.

(d) At the pump’s free delivery, the pump efficiency is zero.

14–16C  Explain why it is usually not wise to arrange two 
(or more) dissimilar pumps in series or in parallel.

14–17C  Consider steady, incompressible flow through two 
identical pumps (pumps 1 and 2), either in series or in paral-
lel. For each statement, choose whether the statement is true 
or false, and discuss your answer briefly:

(a) The volume flow rate through the two pumps in series is 
equal to V

.
1 � V

.
2.

(b) The overall net head across the two pumps in series is 
equal to H1 � H2.

(c) The volume flow rate through the two pumps in parallel 
is equal to V

.
1 � V

.
2.

(d) The overall net head across the two pumps in parallel is 
equal to H1 � H2.

14–18C  In Fig. P14–18C is shown a plot of pump net head 
as a function of pump volume flow rate, or capacity. On the 
figure, label the shutoff head, the free delivery, the pump per-
formance curve, the system curve, and the operating point.

H

0
0 •

FIGURE P14–18C

14–19  Suppose the pump of Fig. P14–18C is situated 
between two water tanks with their free surfaces open to the 
atmosphere. Which free surface is at a higher elevation—the 
one corresponding to the tank supplying water to the pump 
inlet, or the one corresponding to the tank connected to the 

FIGURE P14–11

14–12C  There are three main categories of dynamic pumps. 
List and define them.

14–13C  Consider flow through a water pump. For each 
statement, choose whether the statement is true or false, and 
discuss your answer briefly:

(a) The faster the flow through the pump, the more likely 
that cavitation will occur.

(b) As water temperature increases, NPSHrequired also 
increases.

(c) As water temperature increases, the available NPSH also 
increases.

(d) As water temperature increases, cavitation is less likely 
to occur.

14–14C  Write the equation that defines actual (available) 
net positive suction head NPSH. From this definition, dis-
cuss at least five ways you can decrease the likelihood of 
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閥

閥

閥

泵

泵

選擇 (a)

選擇 (b)

14-12C 動力式泵共有三大類，試列舉並定義之。

14-13C 考量經過水泵的流動，對以下各個說明，

試決定其敘述為對或錯，並簡單地討論你

的答案。
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 (a)  經過泵的水流越快，則空蝕現象越可

能發生。

 (b)  當水溫增加時， NPSHrequired 也增加。

 (c)  當水溫增加時，可用的  NPSH 也增

加。

 (d)  當水溫增加時，則空蝕現象越不可能

發生。

14-14C 試寫出定義實際  (可用)  的淨正吸水頭 

NPSH 的方程式，並從此方程式中討論，

對相同的液體、溫度與體積流率的情形

時，你可利用至少五個降低空蝕現象產生

方式的可能性。

14-15C 考量一個典型的離心式液體加壓泵，試決

定以下敘述為對或錯，並簡單地討論你的

答案。

 (a)  在泵的自由輸送之情形時之 ⋅V  比在其

最佳效率點之 ⋅V 來得大。

 (b)  在泵的關閉水頭之情形時之泵效率為

0。

 (c)  在泵的最佳效率點之情況時之淨水頭

為其最大值。

 (d)  在泵的自由輸送情形的泵效率為 0。

14-16C 試說明為何將兩個 (或多個) 不類似的泵

串聯或並聯通常是不明智的。

14-17C 考量穩定不可壓縮經過兩個相同泵 (泵 1 

和 2) 的流體流動，此兩泵可能是並聯，

也可能是串聯。試決定以下敘述為對或

錯，並簡單地討論你的答案。

 (a)  經過串聯的兩個泵時， 其體積流率等

於  ⋅V1 + ⋅V2。

 (b)  經過串聯的兩個泵時，其整體淨水頭

等於 H1 +H2。

 (c)  經過並聯的兩個泵時，其體積流率等

於  ⋅V1 +  ⋅V2。

 (d)  經過並聯的兩個泵時，其整體淨水頭

等於 H1 +H2。

14-18C 圖 P14-18C 顯示以體積流率或容量為函

數的泵淨水頭之圖形。試於圖中標示出關

閉水頭、自由輸送、泵性能曲線、系統曲

線與操作點之位置。

圖 P14-18C

864
TURBOMACHINERY

cavitation in the pump, for the same liquid, temperature, and 
volume flow rate.

14–15C  Consider a typical centrifugal liquid pump. For 
each statement, choose whether the statement is true or false, 
and discuss your answer briefly:

(a) V
.
 at the pump’s free delivery is greater than V

.
 at its best 

efficiency point.

(b) At the pump’s shutoff head, the pump efficiency is zero.

(c) At the pump’s best efficiency point, its net head is at its 
maximum value.

(d) At the pump’s free delivery, the pump efficiency is zero.

14–16C  Explain why it is usually not wise to arrange two 
(or more) dissimilar pumps in series or in parallel.

14–17C  Consider steady, incompressible flow through two 
identical pumps (pumps 1 and 2), either in series or in paral-
lel. For each statement, choose whether the statement is true 
or false, and discuss your answer briefly:

(a) The volume flow rate through the two pumps in series is 
equal to V

.
1 � V

.
2.

(b) The overall net head across the two pumps in series is 
equal to H1 � H2.

(c) The volume flow rate through the two pumps in parallel 
is equal to V

.
1 � V

.
2.

(d) The overall net head across the two pumps in parallel is 
equal to H1 � H2.

14–18C  In Fig. P14–18C is shown a plot of pump net head 
as a function of pump volume flow rate, or capacity. On the 
figure, label the shutoff head, the free delivery, the pump per-
formance curve, the system curve, and the operating point.

H

0
0 •

FIGURE P14–18C

14–19  Suppose the pump of Fig. P14–18C is situated 
between two water tanks with their free surfaces open to the 
atmosphere. Which free surface is at a higher elevation—the 
one corresponding to the tank supplying water to the pump 
inlet, or the one corresponding to the tank connected to the 

FIGURE P14–11

14–12C  There are three main categories of dynamic pumps. 
List and define them.

14–13C  Consider flow through a water pump. For each 
statement, choose whether the statement is true or false, and 
discuss your answer briefly:

(a) The faster the flow through the pump, the more likely 
that cavitation will occur.

(b) As water temperature increases, NPSHrequired also 
increases.

(c) As water temperature increases, the available NPSH also 
increases.

(d) As water temperature increases, cavitation is less likely 
to occur.

14–14C  Write the equation that defines actual (available) 
net positive suction head NPSH. From this definition, dis-
cuss at least five ways you can decrease the likelihood of 
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14-19 假設圖 P14-18C 的泵置於兩個液面與大

氣相通的水箱之間，試問哪一個水箱的自

由液面較高－是供給水給泵入口的水箱

還是與泵出口連接的水箱液面較高？試利

用兩液面之間的能量方程式證實你的答

案。

14-20 假設圖 P14-18C 的泵置於兩個液面與大

氣相通的大水箱之間，試以定性的方式說

明如果出口水箱的自由液面提高時，泵性

能曲線會發生什麼樣的情況。假設其它條

件皆相同。系統曲線又會如何變化？操作

點又會如何？在操作點的體積流率會降

低、增加或維持不變？試於 H 對 ⋅V  的定

性圖上指出其變化，並討論之。(提示：

利用泵上下游兩水箱自由液面之間的能量

方程式。)

14-21 假設圖 P14-18C 的泵置於兩個液面與大

氣相通的大水箱之間，試以定性的方式說

明如果管路系統中的閥門開度從 100% 改

變至 50% 時，泵性能曲線會發生什麼樣

的情況。假設其它條件皆相同。系統曲線

又會如何變化？操作點又會如何？在操作

點的體積流率會降低、增加或維持不變？

試於 H 對 ⋅V  的定性圖上指出其變化，並

討論之。(提示：利用泵上下游兩水箱自

由液面之間的能量方程式。)  

(Answer: 降低)
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14-22 考量繪於圖 P14-22 之中的流動系統。其

中的流體是水，且泵為離心式泵。試對此

系統產生一個定性以泵容量為函數的泵淨

水頭的圖形。在圖中標示出關閉水頭、自

由輸送、泵性能曲線、系統曲線與操作點

之位置。(提示：小心地考慮在體積流率

為 0 的條件之所需淨水頭。)

圖 P14-22

CHAPTER 14
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14–23  Suppose the pump of Fig. P14–22 is operating at free 
delivery conditions. The pipe, both upstream and downstream 
of the pump, has an inner diameter of 2.0 cm and nearly zero 
roughness. The minor loss coefficient associated with the sharp 
inlet is 0.50, each valve has a minor loss coefficient of 2.4, and 
each of the three elbows has a minor loss coefficient of 0.90. 
The contraction at the exit reduces the diameter by a factor of 
0.60 (60% of the pipe diameter), and the minor loss coefficient 
of the contraction is 0.15. Note that this minor loss coefficient 
is based on the average exit velocity, not the average velocity 
through the pipe itself. The total length of pipe is 8.75 m, and 
the elevation difference is (z1 � z2) � 4.6 m. Estimate the vol-
ume flow rate through this piping system.  Answer: 34.4 Lpm

14–24  Repeat Prob. 14–23, but with a rough pipe—pipe 
roughness � � 0.12 mm. Assume that a modified pump is 
used, such that the new pump operates at its free delivery 
conditions, just as in Prob. 14–23. Assume all other dimen-
sions and parameters are the same as in that problem. Do 
your results agree with intuition? Explain.

14–25  Consider the piping system of Fig. P14–22, with 
all the dimensions, parameters, minor loss coef-

ficients, etc., of Prob. 14–23. The pump’s performance follows 
a parabolic curve fit, Havailable � H0 � aV

. 
2, where H0 � 19.8 m 

is the pump’s shutoff head, and a �  0.00426  m/(Lpm)2 is a 
coefficient of the curve fit. Estimate the operating volume 
flow rate V

.
 in Lpm (liters per minute), and compare with that 

of Prob. 14–23. Discuss.

14–26  Repeat Prob. 14–25, but instead of a smooth 
pipe, let the pipe roughness � 0.12 mm.  Com-

pare to the smooth pipe case and discuss—does the result 
agree with your intuition?

14–27  The performance data for a centrifugal water pump 
are shown in Table P14–27 for water at 20°C (Lpm � 
liters per minute). (a) For each row of data, calculate the 
pump efficiency (percent). Show all units and unit conver-
sions for full credit. (b) Estimate the volume flow rate (Lpm) 
and net head (m) at the BEP of the pump.

TABLE P14–27

 V
.
, Lpm H, m bhp, W

  0.0 
  6.0 
 12.0 
 18.0 
 24.0 
 30.0 
 36.0 

47.5 
46.2 
42.5 
36.2 
26.2 
15.0 
 0.0 

133
142
153
164
172
174
174

14–28  For the centrifugal water pump of Prob. 14–27, 
plot the pump’s performance data: H (m), bhp 

(W), and �pump (percent) as functions of V
.
 (Lpm), using symbols 

pump outlet? Justify your answer through use of the energy 
equation between the two free surfaces.

14–20  Suppose the pump of Fig. P14–18C is situated 
between two large water tanks with their free surfaces open 
to the atmosphere. Explain qualitatively what would happen 
to the pump performance curve if the free surface of the out-
let tank were raised in elevation, all else being equal. Repeat 
for the system curve. What would happen to the operating 
point—would the volume flow rate at the operating point 
decrease, increase, or remain the same? Indicate the change 
on a qualitative plot of H versus V

.
, and discuss. (Hint: Use 

the energy equation between the free surface of the tank 
upstream of the pump and the free surface of the tank down-
stream of the pump.)

14–21  Suppose the pump of Fig. P14–18C is situated 
between two large water tanks with their free surfaces open 
to the atmosphere. Explain qualitatively what would hap-
pen to the pump performance curve if a valve in the piping 
system were changed from 100 percent open to 50 percent 
open, all else being equal. Repeat for the system curve. What 
would happen to the operating point—would the volume flow 
rate at the operating point decrease, increase, or remain the 
same? Indicate the change on a qualitative plot of H versus 
V
.
, and discuss. (Hint: Use the energy equation between the 

free surface of the upstream tank and the free surface of the 
downstream tank.)  Answer: decrease

14–22  Consider the flow system sketched in Fig. P14–22. 
The fluid is water, and the pump is a centrifugal pump. Gen-
erate a qualitative plot of the pump net head as a function of 
the pump capacity. On the figure, label the shutoff head, the 
free delivery, the pump performance curve, the system curve, 
and the operating point. (Hint: Carefully consider the required 
net head at conditions of zero flow rate.)

z1

V2

V1  0

z2

1

2

FIGURE P14–22
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14-23 假設圖 P14-22 的泵在自由輸送的條件下

運轉。泵上下游管線之內徑為 2.0 cm，且

粗糙度幾乎為 0。與銳緣入口有關的次要

損失係數為 0.5，每個閥門之次要損失係

數為 2.4，且三個彎管中，每個彎管的次

要損失係數為 0.90。在出口的管徑縮小為

原管徑之 0.60 倍，而且縮小部分的次要

損失係數為 0.15，注意此次要損失係數是

基於出口的平均速度，而非經過管線本身

的平均速度。管線的總長度為 8.75 m，

且高度差為 (z1 − z2) =4.6 m。試估算經

過此管線系統的體積流率。(Answer: 34.4 

Lpm)

14-24 重複習題 14-23，但用較粗糙的管線－

管粗糙度 ε=0.12 mm，假設使用修正過

的泵，使新的泵在其自由輸送條件下運

轉，就像習題 14-23 一樣。假設所有其它

的因次與參數都與上題一樣。你的結果與

直覺一致嗎？試說明之。

14-25 考慮圖 P14-22 的管線系統，所有的尺

寸、參數、次要損失係數等都與習題 14-

23 相同。泵的性能曲線之形狀為拋物

線， Havailable =H0 −a ⋅V 2，其中 H0 =19.8 

m 為泵之關閉水頭且  a =0.00426 m/

(Lpm)2 為曲線趨勢係數。試估算以 Lpm 

為單位的操作體積流率 ⋅V，並與習題 14-

23 的結果比較，並討論之。

14-26 重做習題 14-25，使管粗糙度=0.12 mm 

而不是光滑管。與光滑管作比較，並討論

結果與你直覺判斷相同嗎？

14-27 一個離心式泵對 22°C 水的性能數據列於

表 P14-27 之中。(a) 對每一列的數據，試

計算泵的效率，顯示所有單位與單位換

算。(b) 試估算在泵的 BEP 時的體積流率 

(Lpm) 與淨水頭 (m)。

          

⋅V，Lpm H，m bhp，W

  0.0
  6.0
12.0
18.0
24.0
30.0
36.0

47.5
46.2
42.5
36.2
26.2
15.0
  0.0

133
142
153
164
172
174
174

表 P14-27　

14-28 對習題 14-27 的離心水泵，只用符號 (無

線條) 繪出泵的性能數據：畫出 H (m)、

bhp (W) 與 hpump (%) 三者與  ⋅V  (Lpm) 的

函數關係。對三個參數進行線性最小平方

的多項式曲線擬合，並在相同的圖中， 

以線條畫出配合曲線 (無符號)。為了一致

的緣故，對以  ⋅V 2 為函數的 H 使用一階曲

線擬合， 對以  ⋅V  和 ⋅V 2 為函數的 bhp 使用

二階曲線擬合，對以  ⋅V、⋅V 2 和 ⋅V 3 為函數

的 hpump 使用三階曲線擬合。試列出所有

曲線擬合方程式與係數。根據曲線擬合公

式計算泵之 BEP。
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14-29 假設在一個管線系統中，使用習題  

14-27 和 14-28 的泵。此管線系統之需求

為 H required = (z2 −z1) +b ⋅V 2，其中高度

差 z2 − z1 =21.7 m，且係數 b =0.0185  

m/(Lpm)2。試計算此系統的操作點，即 

 ⋅V operating (Lpm) 與  Hoperating (ft)。

14-30 假設你欲採購一個泵，其性能數據如表 

P14-30 所示。你的上司要求更多有關泵

的資訊，(a) 試計算泵的關閉水頭 H0 與自

由輸送情況的體積流率 ⋅V max。[提示：對

Havailable 與 ⋅V 2 的函數關係進行最小平方曲

線擬合 (迴歸分析)，計算由表 P14-30 之

數據轉換為拋物線公式，Havailable =H0 −
a ⋅V 2，於最佳擬合時的 H0 與 a 之係數值。

從這些算出之係數估計泵的自由輸送流

量。] (b) 實際應用時，經過泵產生 40 kPa 

之壓升時，其流率為 57.0 Lpm。試問此

泵的能力是否符合需求？請解釋。

⋅V，Lpm H，m

20
30
40
50

21
18.4
14
  7.6

表 P14-30　

14-31 一個水泵的性能數據遵循曲線擬合

式，H a v a i l a b l e =H 0 −a ⋅V 2，其中關閉

水頭  H0 =7.46 m，且係數  a =0.0453 

m/(Lpm)2。泵水頭  H 的單位以公尺表

示，且  ⋅V  的單位以公升／分 (Lpm) 表

示。此泵是用來將水從大型蓄水池中加

壓至更高水位的大型蓄水池裡。兩個蓄

水池的液面都曝露於大氣之下，系統曲

線可簡化為  Hrequired = (z2 − z1) +b ⋅V 2，

其中 z2 − z1 =3.52 m，且係數 b =0.0261  

m/(Lpm)2，試計算以適當單位表示泵之

操作點 ( ⋅V operating 與 Hoperating) (分別為 Lpm 

與 m)。(Answer: 7.43 Lpm, 4.96 m)

14-32 於當前的應用，習題 14-31 的流量不適

用。需求至少為 9 Lpm，重複習題 14-31 

需求一更大的馬力的泵滿足 H0 =8.13 m 

及 a =0.0297 m/(Lpm)2。試計算改善後之

流量百分比與原來的泵比較。此泵可以輸

送該需求之流量嗎？

14-33 一個小型泵的製造商對其一系列的泵，以

拋物線趨勢，Havailable =H0 −a ⋅V 2，列出泵

的性能數據。其中 H0 為關閉水頭，且 a 

為係數。對此系列的泵在表中列出 H0、

a 和泵之自由輸送流量。泵水頭的單位以 

m 水柱高表示，且容量以 Lpm 表示。(a) 

係數 a 的單位為何？(b) 試推導以 H0 和 a 

表示  ⋅V max 的公式。(c) 假設製造商有一個

泵是用來將水從大型蓄水池中加壓至更

高水位的蓄水池裡。兩個蓄水池的液面

都曝露於大氣之下，系統曲線可簡化為 

Hrequired = (z2 − z1) +b ⋅V 2，試計算以 H0、

a、b 與高度差 z2 − z1 表示的泵之操作點 

( ⋅V operating 與 Hoperating)。

14-34 一泵是用來將水從大型蓄水池中加壓至更

高水位的大型蓄水池裡。兩個蓄水池的

液面都曝露於大氣之下，如圖 P14-34 所

示，圖中提供尺寸與次要損失係數。泵性

能可由公式 Havailable =H0 −a ⋅V 2 來近似，

其中關閉水頭 H0 =40 m 水柱高，且係數

a=0.053 m/Lpm2。可用的泵水頭 Havailable 

的單位以  m 水柱高表示，且容量以加 

Lpm 表示。試計算由泵所輸送的容量。

(Answer: 24.7 Lpm)
 z2 − z1 =6.7 m (高度差)
 D=3.0 cm (管徑)
 KL, entrance =0.50 (管入口)
 KL, valve 1 =2.0 (閥門 1)
 KL, valve 2 =6.8 (閥門 2)
 KL, elbow =0.34 (每個彎管一共三個)
 KL, exit =0.50 (管出口)
 L =40 m (總管長)
	 ε=0.0028 cm (管粗糙高度)
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圖 P14-34

866
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14–33  A manufacturer of small water pumps lists the per-
formance data for a family of its pumps as a parabolic curve 
fit, Havailable � H0 � aV

. 
2, where H0 is the pump’s shutoff head 

and a is a coefficient. Both H0 and a are listed in a table for the 
pump family, along with the pump’s free delivery. The pump 
head is given in units of meter of water column, and capacity 
is given in units of liters per minute. (a) What are the units 
of coefficient a? (b) Generate an expression for the  pump’s 
free delivery V

. 
max in terms of H0 and a. (c) Suppose one of 

the manufacturer’s pumps is used to pump water from one 
large reservoir to another at a higher elevation. The free sur-
faces of both reservoirs are exposed to atmospheric pressure. 
The system curve simplifies to Hrequired � (z2 � z1) � bV

. 
2. 

Calculate the operating point of the pump (V
. 

operating and 
Hoperating) in terms of H0, a, b, and elevation difference z2 � z1.

14–34  A water pump is used to pump water from one large 
reservoir to another large reservoir that is at a higher elevation. 
The free surfaces of both reservoirs are exposed to atmo-
spheric pressure, as sketched in Fig. P14–34. The dimen-
sions and minor loss coefficients are provided in the figure. 
The pump’s performance is approximated by the expres-
sion Havailable � H0 � aV

. 
2, where the shutoff head H0 � 40 m 

of water column, coefficient a � 0.053 m/Lpm2, available 
pump head Havailable is in units of meter of water column, and 
capacity V

.
 is in units of liters per minute (Lpm). Estimate the 

capacity delivered by the pump.  Answer: 24.7 Lpm

z2 – z1

z1

V1 � 0

 z2 – z1  = 6.7 m (elevation difference)
 D  = 3.0 cm (pipe diameter)
KL, entrance = 0.50 (pipe entrance)
KL, valve 1  = 2.0 (valve 1)
 KL, valve 2  = 6.8 (valve 2)
 KL, elbow  = 0.34 (each elbow—there are 3)
 KL, exit  = 1.05 (pipe exit)
  L  = 40 m (total pipe length)

ε   = 0.0028 cm (pipe roughness)

z2

1

V2 � 02

D

FIGURE P14–34

only (no lines). Perform linear least-squares polynomial curve fits 
for all three parameters, and plot the fitted curves as lines (no 
symbols) on the same plot. For consistency, use a first-order 
curve fit for H as a function of V

. 
2, use a second-order curve fit 

for bhp as a function of both V
.
 and V

. 
2, and use a third-order 

curve fit for �pump as a function of V
.
, V

. 
2, and V

. 
3. List all curve-

fitted equations and coefficients (with units) for full credit. Calcu-
late the BEP of the pump based on the curve-fitted expressions.

14–29  Suppose the pump of Probs. 14–27 and 14–28 is 
used in a piping system that has the system requirement 
 Hrequired � (z2 � z1) � bV

. 
2, where the elevation difference 

z2 � z1 � 21.7 m, and coefficient b � 0.0185 m/(Lpm)2. 
Estimate the operating point of the system, namely, V

.
operating 

(Lpm) and Hoperating (m).

14–30  Suppose you are looking into purchasing a 
water pump with the performance data shown in 

Table P14–30. Your supervisor asks for some more informa-
tion about the pump. (a) Estimate the shutoff head H0 and the 
free delivery V

.
max of the pump. [Hint: Perform a least-squares 

curve fit (regression analysis) of Havailable versus V
. 

2, and calcu-
late the best-fit values of coefficients H0 and a that translate 
the tabulated data of Table P14–30 into the parabolic expres-
sion, Havailable � H0 � aV

. 
2. From these coefficients, estimate 

the free delivery of the pump.] (b) The application requires 
57.0 Lpm of flow at a pressure rise across the pump of 
40 kPa. Is this pump capable of meeting the requirements? 
Explain.

TABLE P14–30

 V
.
, Lpm H, m

 20
30
40
50

 21
18.4
14

7.6

  
  
  

14–31  The performance data of a water pump follow the 
curve fit Havailable � H0 � aV

. 
2, where the pump’s shutoff head 

H0 � 7.46 m, coefficient a � 0.0453 m/(Lpm)2, the units of 
pump head H are meters, and the units of V

.
 are liters per min-

ute (Lpm). The pump is used to pump water from one large res-
ervoir to another large reservoir at a higher elevation. The free 
surfaces of both reservoirs are exposed to atmospheric pressure. 
The system curve simplifies to Hrequired � (z2 � z1) � bV

. 
2, 

where elevation difference z2 � z1 � 3.52 m, and coefficient 
b � 0.0261 m/(Lpm)2. Calculate the operating point of the 
pump (V

.
operating and Hoperating) in appropriate units (Lpm and 

meters, respectively).  Answers: 7.43 Lpm, 4.96 m

14–32  For the application at hand, the flow rate of 
Prob. 14–31 is not adequate. At least 9 Lpm is required. 
Repeat Prob. 14–31 for a more powerful pump with H0 � 8.13 m 
and a � 0.0297 m/(Lpm)2. Calculate the percentage improve-
ment in flow rate compared to the original pump. Is this pump 
able to deliver the required flow rate?
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14-35 對習題 14-34 的泵與管線系統，試繪出以

體積流率  ⋅V  (Lpm) 為函數的所需泵水頭

Hrequired (m 水柱高)。在相同的圖中比較可

用的泵水頭 Havailable 與  ⋅V，並標示出操作
點，試討論之。

14-36 假設習題 14-34 的兩個蓄水池在水平位置

再遠離 300 m，但是高度差仍相同。其它

所有的常數與參數都和習題 14-34 一樣，

除了管線長為 340 m，而不是 40 m。試

計算此情況下的體積流率並與習題 14-34  

的結果比較討論。

14-37 保羅知道在習題 14-34 所使用的泵並非十

分配合此系統，原因是其關閉水頭 (40 m) 

比所需淨水頭 (小於 10 m) 大許多，且其

容量相當低。也就是說，此泵是針對高水

頭、低容量應用設計的，可是目前應用的

水頭很低，需要較高的容量。保羅嘗試說

服上司使用較便宜的泵，其關閉水頭較

低，但是自由輸送的體積流率較高，這樣

可使得兩個蓄水池之間的體積流率明顯增

加。所以保羅從網路的線上型錄中尋找，

並發現在表 P14-37 所示的性能數據。如

果將新的泵取代現有的泵，上司要求他

預估兩個蓄水池之間的體積流率。(a) 對 

Havailable 與  ⋅V 2 曲線進行最小平方曲線擬合 

(迴歸分析)，計算由表 P14-37 之數據轉

換為拋物線的公式，Havailable =H0 −a ⋅V 2，

於最佳擬合時的 H0 與 a 之係數值。將數

據以符號表示，曲線趨勢以線條表示，繪

圖比較之；(b) 如果用新的泵取代現有的

泵，其它條件皆同，試計算新型泵之操作

體積流率。將結果與習題14-34 之結果比

較並討論之，保羅是對的嗎？(c) 繪出以

體積流率為函數的所需淨水頭與可用淨水

頭之圖形，並於圖中指出操作點之位置。

⋅V，Lpm H，m

  0
15
30
45
60
75
90

11.4
11.1
10.2
  8.7
  6.3
  3.6
  0

表 P14-37　

14-38 一泵是用來將水從大型蓄水池中加壓至

更高水位的大型蓄水池裡。兩個蓄水池

的液面都曝露於大氣之下，如圖 P14-38 

所示，圖中提供尺寸與次要損失係數。

泵性能可由公式 Havailable =H0 −a ⋅V 2 來近

似，其中關閉水頭 H0 =24.4 m 水柱高，

且係數 a =0.0678 m/(Lpm)2。可用的泵水

頭Havailable 的單位以 m 水柱高表示，且容

量以 Lpm 表示。試計算由泵所輸送的容

量。(Answer: 11.6 Lpm)
 z2 − z1 = 7.85 m(高度差)
 D= 2.03 cm(管徑)
 KL, entrance = 0.50 (管入口)
 KL, valve1 = 17.5 (閥門1)
 KL, elbow = 0.92 (每個彎管一共五個)
 KL, exit = 1.05 (管出口)
 L= 176.5 m (總管長)
	 ε= 0.25 cm (管粗糙高度)
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圖 P14-38

CHAPTER 14
867

a � 0.0678 m/Lpm2, available pump head Havailable is in units 
of meters of water column, and capacity V

.
 is in units of liters 

per minute (Lpm). Estimate the capacity delivered by the 
pump.  Answer: 11.6 Lpm

z2 – z1

z1

V1 � 0

 z2 – z1  = 7.85 m (elevation difference)
 D  = 2.03 cm (pipe diameter)
KL, entrance = 0.50 (pipe entrance)
KL, valve    = 17.5 (valve)
 KL, elbow  = 0.92 (each elbow—there are 5)
 KL, exit  = 1.05 (pipe exit)
 L  = 176.5 m (total pipe length)
    ε  = 0.25 mm (pipe roughness)

z2

1

V2 � 02

D

FIGURE P14–38

14–39  For the pump and piping system of Prob. 14–38, 
plot required pump head Hrequired (m of water column) as a 
function of volume flow rate V

.
 (Lpm). On the same plot, 

compare available pump head Havailable versus V
.
, and mark the 

operating point. Discuss.

14–40  Suppose that the free surface of the inlet reservoir in 
Prob. 14–38 is 3.0 m lower in elevation, such that z2 � z1 � 
10.85  m. All the constants and parameters are identical to 
those of Prob. 14–38 except for the elevation difference. Cal-
culate the volume flow rate for this case and compare with 
the result of Prob. 14–38. Discuss.

14–41  April’s supervisor asks her to find a replace-
ment pump that will increase the flow rate 

through the piping system of Prob. 14–38 by a factor of 2 or 
greater. April looks through some online brochures, and finds 
a pump with the performance data shown in Table P14–41. 
All dimensions and parameters remain the same as in 
Prob. 14–38—only the pump is changed. (a) Perform a least-
squares curve fit (regression analysis) of Havailable versus V

. 
2, 

and calculate the best-fit values of coefficients H0 and a that 
translate the tabulated data of Table P14–41 into the para-
bolic expression Havailable � H0 � aV

. 
2. Plot the data points as 

symbols and the curve fit as a line for comparison. (b)  Use 
the expression obtained in part (a) to estimate the operating 

14–35  For the pump and piping system of Prob. 14–34, 
plot the required pump head Hrequired (m of water column) 
as a function of volume flow rate V

.
 (Lpm). On the same plot, 

compare the available pump head Havailable versus V
.
, and mark 

the operating point. Discuss.

14–36  Suppose that the two reservoirs in Prob. 14–34 are 
300 m farther apart horizontally, but at the same elevations. 
All the constants and parameters are identical to those of 
Prob. 14–34 except that the total pipe length is 340 m instead 
of 40 m. Calculate the volume flow rate for this case and 
compare with the result of Prob. 14–34. Discuss.

14–37  Paul realizes that the pump being used in Prob. 
14–34 is not well-matched for this application, 

since its shutoff head (40 m) is much larger than its required 
net head (less than 10 m), and its capacity is fairly low. In 
other words, this pump is designed for high-head, low-capac-
ity applications, whereas the application at hand is fairly low-
head, and a higher capacity is desired. Paul tries to convince 
his supervisor that a less expensive pump, with lower shutoff 
head but higher free delivery, would result in a significantly 
increased flow rate between the two reservoirs. Paul looks 
through some online brochures, and finds a pump with the 
performance data shown in Table P14–37. His supervisor 
asks him to predict the volume flow rate between the two res-
ervoirs if the existing pump were replaced with the new 
pump. (a) Perform a least-squares curve fit (regression analy-
sis) of Havailable versus V

. 
2, and calculate the best-fit values of 

coefficients H0 and a that translate the tabulated data of 
Table P14–37 into the parabolic expression Havailable � H0 � 
aV

. 
2. Plot the data points as  symbols and the curve fit as a line 

for comparison. (b) Estimate the operating volume flow rate 
of the new pump if it were to replace the existing pump, all 
else being equal. Compare to the result of Prob. 14–34 and 
discuss. Is Paul correct? (c)  Generate a plot of required net 
head and available net head as functions of volume flow rate 
and indicate the operating point on the plot.

TABLE P14–37

 V
.
, Lpm H, m

  0 
 15 
 30 
 45 
 60 
 75 
 90 

11.4
11.1
10.2
8.7
6.3
3.6
 0

14–38  A water pump is used to pump water from one large 
reservoir to another large reservoir that is at a higher elevation. 
The free surfaces of both reservoirs are exposed to atmospheric 
pressure, as sketched in Fig. P14–38. The dimensions and minor 
loss coefficients are provided in the figure. The pump’s perfor-
mance is approximated by the expression Havailable � H0 � aV

. 
2, 

where shutoff head H0 � 24.4 m of water column, coefficient 
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14-39 對習題 14-38 的泵與管線系統，試繪出以

體積流率  ⋅V  (Lpm) 為函數的所需泵水頭  

Hrequired (m水柱高)。在相同的圖中比較

可用的泵水頭 Habailable 與  ⋅V，並標出操作
點，試討論之。

14-40 假設習題 14-38 的入口蓄水池的高度提高

3.0 m，使得 z2 − z1 =10.85 m 。其它所有

的常數與參數都和習題 14-38 一樣，除了

高度差之外。試計算此情況下的體積流

率，並與習題 14-38 的結果比較討論。

14-41 艾波爾的上司要求她在習題 14-38 的管線

系統中換一個可增加體積流率的泵，使體

積流率可增加兩倍或更大。艾波爾從網路

的線上型錄中尋找，並發現在表 P14-41 

所示的性能數據。所有的因次與參數都與

習題 14-41 相同－只有改變泵。(a) 對 

Havailable 與  ⋅V 2 曲線進行最小平方曲線擬合 

(迴歸分析)，並計算由表 P14-41 之數據

轉換為拋物線公式，Havailable =H0 −a ⋅V 2，

於最佳擬合時 H0 與 a 之係數值。將數據

以符號表示，曲線趨勢以線條表示繪圖比

較之。(b) 如果用新的泵取代現有的泵，

其它條件皆同，試利用 (a) 所得出的公式

計算新型泵之操作體積流率。與習題 14-

38 之結果比較並討論之，艾波爾是對的

嗎？(c) 繪出以體積流率為函數的所需淨

水頭與可用淨水頭之圖形，並於圖中指出

操作點之位置。

⋅V，Lpm H，m

  0
  5
10
15
20
25
30

46.5
46
42
37
29
16.5
  0

表 P14-41　

14-42 重做習題 14-38，但是管線之直徑加倍，

其餘條件則維持一樣，試計算兩個蓄水池

之間的體積流率並討論之。

14-43 比較習題 14-38 與 14-42 之結果，當管線

直徑加倍時，體積流率如預期地增加，也

會預期雷諾數可能增加，是這樣嗎？試解

釋。

14-44 重做習題 14-38，但是忽略所有的次要損

失。試與習題 14-38 的結果比較，在此問

題中次要損失是否重要？試討論之。

14-45 考量習題 14-38 泵與管線系統。假設低

水位的蓄水池非常大，且其液面水位不

變。但是高水位的蓄水池不大，所以當水

池蓄水時，水位會慢慢地升高。試繪出

以 z2 − z1 為函數的體積流率  ⋅V  (Lpm) 曲

線，z2 − z1 的範圍從 0 到泵對水停止加壓

的值為止。試問泵對水停止加壓之 z2 − z1  

值為何？此曲線是否為線性的？為何如

此？如果 z2 − z1 比此值大時會如何？試

解釋之。

14-46 一個局部的通風系統  (排氣罩和管路系

統) 是用來移除製藥實驗室所產生的污

染物 (圖 P14-46)。管路的內徑 (ID) 為 

D=150 mm，其平均粗糙度為 0.15 mm，

且總長為 L =24.5m。沿著管路有三處彎

管，每個彎管的次要損失係數為 0.21，

排氣罩製造商的文獻中列出基於管中流
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速，排氣罩的入口損失係數為  3.3。當

節風門全開時，其損失係數為  1.8。經

過 90° 的 T 形接頭的次要損失為 0.36，

最後裝置一個單向閥以防止污染物從排

氣罩回流至室內。單向閥 (打開) 之次要

損失係數為  6.6，風扇之性能數據符合

拋物線之型式 Havailable =H0 −a ⋅V 2，其中

關閉水頭  H0 =60.0 mm 水柱高，係數 

a =2.50 ×10−7 mm 水柱高/(Lpm)2。可用

的泵水頭 Havailable 的單位以 mm 水柱高表

示，且容量  ⋅V  以空氣之 Lpm 表示。試計

算通常此通風系統以 Lpm 表示的體積流

率。 (Answer: 7090 Lpm)

圖 P14-46

868
TURBOMACHINERY

2.50 � 10�7 mm of water column per (Lpm)2, available head 
Havailable is in units of mm of water column, and capacity V

.
 is 

in units of Lpm of air. Estimate the volume flow rate in Lpm 
through this ventilation system.  Answer: 7090 Lpm

T = 25°C
P = 1 atm

z2

2

90° T 形管

z11

FIGURE P14–46

14–47  For the duct system of Prob. 14–46, plot required fan 
head Hrequired (mm of water column) as a function of volume flow 
rate V

.
 (Lpm). On the same plot, compare available fan head 

Havailable versus V
.
, and mark the operating point. Discuss.

14–48  Repeat Prob. 14–46, ignoring all minor losses. How 
important are the minor losses in this problem? Discuss.

14–49  Suppose the one-way valve of Fig. P14–46 malfunc-
tions due to corrosion and is stuck in its fully closed position 
(no air can get through). The fan is on, and all other condi-
tions are identical to those of Prob. 14–46. Calculate the gage 
pressure (in pascals and in mm of water column) at a point 
just downstream of the fan. Repeat for a point just upstream 
of the one-way valve.

14–50  A local ventilation system (a hood and duct sys-
tem) is used to remove air and contaminants produced by a 
welding operation (Fig. P14–50). The inner diameter (ID) of 
the duct is D � 23 cm, its average roughness is 0.015 cm, 
and its total length is L � 10.4 m. There are three elbows 
along the duct, each with a minor loss coefficient of 0.21. 
Literature from the hood manufacturer lists the hood entry 
loss coefficient as 4.6 based on duct velocity. When the 
damper is fully open, its loss coefficient is 1.8. A squirrel 

volume flow rate of the new pump if it were to replace the 
existing pump, all else being equal. Compare to the result of 
Prob. 14–38 and discuss. Has April achieved her goal? 
(c) Generate a plot of required net head and available net head 
as functions of volume flow rate, and indicate the operating 
point on the plot.

TABLE P14–41

 V
.
, Lpm H, m

  0 
 5 
10 
15 
20 
25 
30 

46.5
46
42
37
29
16.5

0

 
 
 
 
 
 

14–42  Calculate the volume flow rate between the reser-
voirs of Prob. 14–38 for the case in which the pipe diameter 
is doubled, all else remaining the same. Discuss.

14–43  Comparing the results of Probs. 14–38 and 14–42, 
the volume flow rate increases as expected when one dou-
bles the inner diameter of the pipe. One might expect that the 
Reynolds number increases as well. Does it? Explain.

14–44  Repeat Prob. 14–38, but neglect all minor losses. 
Compare the volume flow rate with that of Prob. 14–38. Are 
minor losses important in this problem? Discuss.

14–45  Consider the pump and piping system of 
Prob. 14–38. Suppose that the lower reservoir 

is huge, and its surface does not change elevation, but the 
upper reservoir is not so big, and its surface rises slowly as 
the reservoir fills. Generate a curve of volume flow rate V

.
 

(Lpm) as a function of z2 � z1 in the range 0 to the value of 
z2 � z1 at which the pump ceases to pump any more water. At 
what value of z2 � z1 does this occur? Is the curve linear? 
Why or why not? What would happen if z2 � z1 were greater 
than this value? Explain.

14–46  A local ventilation system (a hood and duct system) 
is used to remove air and contaminants from a pharmaceuti-
cal lab (Fig. P14–46). The inner diameter (ID) of the duct is 
D � 150 mm, its average roughness is 0.15 mm, and its total 
length is L � 24.5 m. There are three elbows along the duct, 
each with a minor loss coefficient of 0.21. Literature from 
the hood manufacturer lists the hood entry loss coefficient as 
3.3 based on duct velocity. When the damper is fully open, 
its loss coefficient is 1.8. The minor loss coefficient through 
the 90° tee is 0.36. Finally, a one-way valve is installed to 
prevent contaminants from a second hood from flowing 
“backward” into the room. The minor loss coefficient of the 
(open) one-way valve is 6.6. The performance data of the fan 
fit a parabolic curve of the form Havailable � H0 � aV

. 
2, where 

shutoff head H0 � 60.0 mm of water column, coefficient a � 
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14-47 對習題14-46 的管路系統，試繪出以體

積流率  ⋅V  (Lpm) 為函數的所需風扇水頭 

Hrequired (mm 水柱高)。在相同的圖中比較

可用的風扇水頭 Havailable 與  ⋅V，並標出操
作點，試討論之。

14-48 重做習題 14-46，忽略所有的次要損失，

試問此在此問題中，次要損失之重要性如

何？試討論之。

14-49 假設圖 P14-46 之中的單向閥由於銹蝕失

效，卡在完全關閉的位置 (沒有空氣可通

過)。當風扇啟動，且其它所有的條件與

習題 14-46 的條件一樣時，試計算風扇

正下游處之錶壓以 Pa 和 mm 水柱高為單

位。重複此問題，但位於單向閥的正上游

處。

14-50 一個局部的通風系統 (排氣罩和管路系統

是用來移除空氣與焊接所產生的污染物)  

(圖 P14-50)。管路的內徑 (ID) 為 D =23 

cm，其平均粗糙度為 0.015 cm，且總長

為 L =10.4 m。沿著管路有三處彎管，每

個彎管的次要損失係數為 0.21，排氣罩製

造商的文獻中列出基於管中流速，排氣

罩的入口損失係數為 4.6。當節風門全開

時，其損失係數為 1.8。現使用一個入口

直徑為 22.9 cm 的葉片離心式風扇，其性

能數據符合拋物線之型式 Havailable =H0 −
a ⋅V 2，其中關閉水頭 H0 =5.8 cm 水柱高，

係數 a =96.9 cm 水柱高/(m3/s)2。可用的

泵水頭 Havailable 的單位以 cm 水柱高表

示，且容量  ⋅V  以標準 m3/s (水溫 25°C) 表

T 形管

圖 P14-50

CHAPTER 14
869

where volume flow rate is in Lpm. Estimate the maximum 
volume flow rate (in units of Lpm) that can be pumped with-
out cavitation.

z2

z1

z2 – z1
1

2

FIGURE P14–53

14–54  Repeat Prob. 14–53, but at a water temperature of 
80°C. Repeat for 90°C. Discuss.

14–55  Repeat Prob. 14–53, but with the pipe diameter 
increased by a factor of 2 (all else being equal). Does the 
volume flow rate at which cavitation occurs in the pump 
increase or decrease with the larger pipe? Discuss.

14–56  The two-lobe rotary pump of Fig. P14–56 moves 
0.42 L of a coal slurry in each lobe volume V

. 
lobe. Calculate 

the volume flow rate of the slurry (in Lpm) for the case 
where n

.
 � 175 rpm.  Answer: 294 Lpm

⋅
 V

⋅
 V

 Vlobe

FIGURE P14–56

14–57  Repeat Prob. 14–56 for the case in which the pump 
has three lobes on each rotor instead of two, and  V

. 
lobe � 

0.312 L.

14–58  A two-lobe rotary positive-displacement pump, simi-
lar to that of Fig. 14–30, moves 3.64 cm3 of tomato paste 
in each lobe volume V

. 
lobe. Calculate the volume flow rate of 

tomato paste for the case where n
.
 � 336 rpm.

14–59  Consider the gear pump of Fig. 14–26c. Suppose 
the volume of fluid confined between two gear teeth is 
0.350 cm3. How much fluid volume is pumped per rotation?  
Answer: 9.80 cm3

cage centrifugal fan with a 22.9 cm inlet is available. Its per-
formance data fit a parabolic curve of the form Havailable � 
H0 � aV

. 
2, where shutoff head H0 � 5.8 cm of water 

column, coefficient a � 96.9 cm of water column per (m3/s)2, 
available head Havailable is in units of cm of water column, 
and capacity V

.
 is in units of m3/s (at 25°C). Estimate the 

volume flow rate in m3/s through this ventilation system.  
Answer: 0.212 m3/s

2

z2

z11

FIGURE P14–50

14–51  For the duct system and fan of Prob. 14–50, partially 
closing the damper would decrease the flow rate. All else 
being unchanged, estimate the minor loss coefficient of the 
damper required to decrease the volume flow rate by a factor 
of 2.

14–52  Repeat Prob. 14–50, ignoring all minor losses. How 
important are the minor losses in this problem? Discuss.

14–53  A self-priming centrifugal pump is used to pump 
water at 25°C from a reservoir whose surface is 2.2 m above 
the centerline of the pump inlet (Fig. P14–53). The pipe is 
PVC pipe with an ID of 24.0 mm and negligible average inner 
roughness height. The pipe length from the submerged pipe 
inlet to the pump inlet is 2.8 m. There are only two minor 
losses in the piping system from the pipe inlet to the pump 
inlet: a sharp-edged reentrant inlet (KL � 0.85), and a flanged 
smooth 90° regular elbow (KL � 0.3). The pump’s required 
net positive suction head is provided by the manufacturer 
as a curve fit: NPSHrequired � 2.2 m �  (0.0013 m/Lpm2)V

. 
2, 

787-878_cengel_ch14.indd   869 7/3/13   3:59 PM

風扇

節風門

排氣罩



86 流 體 力 學

示。試計算通常此通風系統以 m3/s 表示

的體積流率。(Answer: 0.212 m3/s)

14-51 對習題 14-50 的管路系統與風扇，將節風

門部分關閉，以減少體積流率。所有其它

條件都不改變，當體積流率減半時，試計

算節風門的次要損失係數。

14-52 重做習題 14-50，忽略所有的次要損失，

試問此在此問題中，次要損失之重要性如

何？試討論之。

14-53 使用一個自動吸入的離心式泵對水溫 

25°C，水位高於泵入口中心線以上 2.2 

m  蓄水池中的水加壓 (圖 P14-53)。管路

系統為內徑 24.0 mm 的 PVC 管，並忽略

內部平均粗糙高度。從浸入水中的位置

到泵的入口處之管長共 2.8 m，從管路的

入口到泵的入口只有兩個次要損失：一

個銳緣凹入的入口 (KL =0.85) 和一個凸

緣的平滑 90° 普通肘管 (KL =0.3)。泵的

所需淨正吸水頭則由製造商提供之曲線

提供： NPSHrequired =2.2 m + (0.0013 m/

Lpm2 )
⋅V 2，其中體積流率的單位為 Lpm。

試計算不發生空蝕現象時可加壓之最大體

積流率 (單位為 Lpm)。

圖 P14-53

CHAPTER 14
869

where volume flow rate is in Lpm. Estimate the maximum 
volume flow rate (in units of Lpm) that can be pumped with-
out cavitation.

z2

z1

z2 – z1
1

2

FIGURE P14–53

14–54  Repeat Prob. 14–53, but at a water temperature of 
80°C. Repeat for 90°C. Discuss.

14–55  Repeat Prob. 14–53, but with the pipe diameter 
increased by a factor of 2 (all else being equal). Does the 
volume flow rate at which cavitation occurs in the pump 
increase or decrease with the larger pipe? Discuss.

14–56  The two-lobe rotary pump of Fig. P14–56 moves 
0.42 L of a coal slurry in each lobe volume V

. 
lobe. Calculate 

the volume flow rate of the slurry (in Lpm) for the case 
where n

.
 � 175 rpm.  Answer: 294 Lpm

⋅
 V

⋅
 V

 Vlobe

FIGURE P14–56

14–57  Repeat Prob. 14–56 for the case in which the pump 
has three lobes on each rotor instead of two, and  V

. 
lobe � 

0.312 L.

14–58  A two-lobe rotary positive-displacement pump, simi-
lar to that of Fig. 14–30, moves 3.64 cm3 of tomato paste 
in each lobe volume V

. 
lobe. Calculate the volume flow rate of 

tomato paste for the case where n
.
 � 336 rpm.

14–59  Consider the gear pump of Fig. 14–26c. Suppose 
the volume of fluid confined between two gear teeth is 
0.350 cm3. How much fluid volume is pumped per rotation?  
Answer: 9.80 cm3

cage centrifugal fan with a 22.9 cm inlet is available. Its per-
formance data fit a parabolic curve of the form Havailable � 
H0 � aV

. 
2, where shutoff head H0 � 5.8 cm of water 

column, coefficient a � 96.9 cm of water column per (m3/s)2, 
available head Havailable is in units of cm of water column, 
and capacity V

.
 is in units of m3/s (at 25°C). Estimate the 

volume flow rate in m3/s through this ventilation system.  
Answer: 0.212 m3/s

2

z2

z11

FIGURE P14–50

14–51  For the duct system and fan of Prob. 14–50, partially 
closing the damper would decrease the flow rate. All else 
being unchanged, estimate the minor loss coefficient of the 
damper required to decrease the volume flow rate by a factor 
of 2.

14–52  Repeat Prob. 14–50, ignoring all minor losses. How 
important are the minor losses in this problem? Discuss.

14–53  A self-priming centrifugal pump is used to pump 
water at 25°C from a reservoir whose surface is 2.2 m above 
the centerline of the pump inlet (Fig. P14–53). The pipe is 
PVC pipe with an ID of 24.0 mm and negligible average inner 
roughness height. The pipe length from the submerged pipe 
inlet to the pump inlet is 2.8 m. There are only two minor 
losses in the piping system from the pipe inlet to the pump 
inlet: a sharp-edged reentrant inlet (KL � 0.85), and a flanged 
smooth 90° regular elbow (KL � 0.3). The pump’s required 
net positive suction head is provided by the manufacturer 
as a curve fit: NPSHrequired � 2.2 m �  (0.0013 m/Lpm2)V

. 
2, 
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14-54 重做習題 14-53，但是水溫為 80°C ，試

討論之。

14-55 重做習題14-53，但是管線之直徑加倍，

其餘條件則相同，試問利用較大管徑之管

路發生空蝕之體積流率會增加或減少？試

討論之。

14-56 圖 P14-56 的兩瓣旋轉式泵，每個葉瓣體

積  ⋅V lobe 輸送 0.42 L 的煤漿。試於 ⋅n=175 

rpm 時，計算煤漿的體積流率 (以 Lpm  

為單位)。(Answer: 294 Lpm)

圖 P14-56
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where volume flow rate is in Lpm. Estimate the maximum 
volume flow rate (in units of Lpm) that can be pumped with-
out cavitation.

z2

z1

z2 – z1
1

2

FIGURE P14–53

14–54  Repeat Prob. 14–53, but at a water temperature of 
80°C. Repeat for 90°C. Discuss.

14–55  Repeat Prob. 14–53, but with the pipe diameter 
increased by a factor of 2 (all else being equal). Does the 
volume flow rate at which cavitation occurs in the pump 
increase or decrease with the larger pipe? Discuss.

14–56  The two-lobe rotary pump of Fig. P14–56 moves 
0.42 L of a coal slurry in each lobe volume V

. 
lobe. Calculate 

the volume flow rate of the slurry (in Lpm) for the case 
where n

.
 � 175 rpm.  Answer: 294 Lpm

⋅
 V

⋅
 V

 Vlobe

FIGURE P14–56

14–57  Repeat Prob. 14–56 for the case in which the pump 
has three lobes on each rotor instead of two, and  V

. 
lobe � 

0.312 L.

14–58  A two-lobe rotary positive-displacement pump, simi-
lar to that of Fig. 14–30, moves 3.64 cm3 of tomato paste 
in each lobe volume V

. 
lobe. Calculate the volume flow rate of 

tomato paste for the case where n
.
 � 336 rpm.

14–59  Consider the gear pump of Fig. 14–26c. Suppose 
the volume of fluid confined between two gear teeth is 
0.350 cm3. How much fluid volume is pumped per rotation?  
Answer: 9.80 cm3

cage centrifugal fan with a 22.9 cm inlet is available. Its per-
formance data fit a parabolic curve of the form Havailable � 
H0 � aV

. 
2, where shutoff head H0 � 5.8 cm of water 

column, coefficient a � 96.9 cm of water column per (m3/s)2, 
available head Havailable is in units of cm of water column, 
and capacity V

.
 is in units of m3/s (at 25°C). Estimate the 

volume flow rate in m3/s through this ventilation system.  
Answer: 0.212 m3/s

2

z2

z11

FIGURE P14–50

14–51  For the duct system and fan of Prob. 14–50, partially 
closing the damper would decrease the flow rate. All else 
being unchanged, estimate the minor loss coefficient of the 
damper required to decrease the volume flow rate by a factor 
of 2.

14–52  Repeat Prob. 14–50, ignoring all minor losses. How 
important are the minor losses in this problem? Discuss.

14–53  A self-priming centrifugal pump is used to pump 
water at 25°C from a reservoir whose surface is 2.2 m above 
the centerline of the pump inlet (Fig. P14–53). The pipe is 
PVC pipe with an ID of 24.0 mm and negligible average inner 
roughness height. The pipe length from the submerged pipe 
inlet to the pump inlet is 2.8 m. There are only two minor 
losses in the piping system from the pipe inlet to the pump 
inlet: a sharp-edged reentrant inlet (KL � 0.85), and a flanged 
smooth 90° regular elbow (KL � 0.3). The pump’s required 
net positive suction head is provided by the manufacturer 
as a curve fit: NPSHrequired � 2.2 m �  (0.0013 m/Lpm2)V

. 
2, 
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14-57 重做習題 14-56，但是泵的轉子上則具有

三瓣而不是二瓣，且  ⋅V lobe =0.312 L。

14-58 一個兩瓣旋轉排量式泵，類似於圖  

14-30 的泵，在每個葉瓣體積  ⋅V lobe 輸

送 3.64 cm3 的番茄醬。試於  ⋅n =336 rpm 

時，計算番茄醬的體積流率。

14-59 考量圖 14-26c 的齒輪泵，假設兩齒之間

包含流體的體積為 0.350 cm3，試問每轉

一圈所加壓流體之體積為多少？   

(Answer: 9.80 cm3)

14-60 在 ⋅n =750 rpm 旋轉的離心式泵，水進入

動輪時垂直於葉片 (a1 =0°)，並以偏離

徑向方向 35° 的角度離開 (a2 =35°)。入

口半徑為 r1 =12.0 cm，且此處之葉片寬

度為 b1 =18.0 cm。出口半徑為 r2 =24.0 

cm，且此處之葉片寬度為 b2 =14.0 cm。

體積流率為  0 .573  m 3/s。假設效率為  

100%，試計算此泵所產生以 cm 水柱高

所表示之淨水頭，同時計算以 W 表示的

所需制動馬力。

14-61 假設習題 14-60 的泵有逆渦旋在入口處使

角度 a1 =7°。計算淨水頭以及所需制動

馬力並與習題 14-60 比較討論。尤其是，

角度 a 在離心式泵設計中撞擊葉片的流
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體是否為關鍵參數嗎?

14-62 假設習題 14-60 的泵有逆渦旋在入口處使

角度 a1 = −10°。計算淨水頭及所需制動

馬力，並與習題 14-60 比較討論。尤其

是，流體撞擊葉片的角度 a 在離心式泵

設計中是否為關鍵參數？少許的逆渦旋會

增加或減少泵的淨水頭嗎？換句話說，它

是否有好處？注意，這裡忽略損失。

14-63 設計定子葉片置於轉子葉片上游的導葉軸

流式風扇 (圖 P14-63)。為了降低成本，

定子與轉子的葉片以金屬板製作。定子葉

片是簡單的圓弧，其前緣與軸向對齊，

而其後緣角則如圖與軸向呈 bst =26.6°。

(下標表示定子後緣。) 定子葉片共有 18  

片。在設計條件下，經過葉片的軸流速度

為 31.4 m/s，且動輪以 1800 rpm 之轉速旋

轉。在半徑 0.50 m 處，試計算定子葉片

的前緣角與後緣角，並繪出葉片的形狀。

轉子葉片應該有幾片？

圖 P14-63

870
TURBOMACHINERY

coefficient a � 0.0472 m/Lpm2. In either case, the units 
of net pump head H are m, and the units of capacity V

.
 are 

Lpm. Calculate the combined shutoff head and free deliv-
ery of the two pumps working together in series. At what 
volume flow rate should pump 1 be shut off and bypassed? 
Explain.  Answers: 15.6 m, 14.0 Lpm, 10.0 Lpm

14–65  The same two water pumps of Prob. 14–64 are 
arranged in parallel. Calculate the shutoff head and free 
delivery of the two pumps working together in parallel. At 
what combined net head should pump 1 be shut off and 
bypassed? Explain.

Turbines

14–66C  What is a draft tube, and what is its purpose? 
Describe what would happen if turbomachinery designers did 
not pay attention to the design of the draft tube.

14–67C  Name and briefly describe the differences between 
the two basic types of dynamic turbine.

14–68C  Discuss the meaning of reverse swirl in reaction 
hydroturbines, and explain why some reverse swirl may be 
desirable. Use an equation to support your answer. Why is it 
not wise to have too much reverse swirl?

14–69C  Give at least two reasons why turbines often have 
greater efficiencies than do pumps.

14–70C  Briefly discuss the main difference in the way that 
dynamic pumps and reaction turbines are classified as cen-
trifugal (radial), mixed flow, or axial.

14–71  A hydroelectric plant has 14 identical Francis turbines, 
a gross head of 284 m, and a volume flow rate of 13.6 m3/s 
through each turbine. The water is at 25°C. The efficiencies are 
�turbine � 95.9%, �generator � 94.2%, and �other � 95.6%, where 
�other accounts for all other mechanical energy losses. Estimate 
the electrical power production from this plant in MW.

14–72  A Pelton wheel is used to produce hydroelectric 
power. The average radius of the wheel is 1.83 m, and the 
jet velocity is 102 m/s from a nozzle of exit diameter equal 
to 10.0 cm. The turning angle of the buckets is � � 165°. 
(a)  Calculate the volume flow rate through the turbine in 
m3/s. (b)  What is the optimum rotation rate (in rpm) of the 
wheel (for maximum power)? (c)  Calculate the output shaft 
power in MW if the efficiency of the turbine is 82 percent.  
Answers: (a) 0.801 m3/s, (b) 266 rpm, (c) 3.35 MW

14–73  Some engineers are evaluating potential sites for a 
small hydroelectric dam. At one such site, the gross head is 
340 m, and they estimate that the volume flow rate of water 
through each turbine would be 0.95 m3/s. Estimate the ideal 
power production per turbine in MW.

14–74  Prove that for a given jet speed, volume flow rate, 
turning angle, and wheel radius, the maximum shaft power 
produced by a Pelton wheel occurs when the turbine bucket 
moves at half the jet speed.

14–60  A centrifugal pump rotates at n
.
 � 750 rpm. Water enters 

the impeller normal to the blades (�1 � 0°) and exits at an angle 
of 35° from radial (�2 � 35°). The inlet radius is r1 � 12.0 cm, 
at which the blade width b1 � 18.0 cm. The outlet radius is r2 
� 24.0 cm, at which the blade width b2 � 16.2 cm. The volume 
flow rate is 0.573 m3/s. Assuming 100 percent efficiency, calcu-
late the net head produced by this pump in cm of water column 
height. Also calculate the required brake horsepower in W.
14–61  Suppose the pump of Prob. 14–60 has some swirl at 
the inlet such that �1 � 7° instead of 0°. Calculate the net 
head and required horsepower and compare to Prob. 14–60. 
Discuss. In particular, is the angle at which the fluid impinges 
on the impeller blade a critical parameter in the design of 
centrifugal pumps?
14–62  Suppose the pump of Prob. 14–60 has some reverse 
swirl at the inlet such that �1 � �10° instead of 0°. Cal-
culate the net head and required horsepower and compare 
to Prob. 14–60. Discuss. In particular, is the angle at which 
the fluid impinges on the impeller blade a critical parameter 
in the design of centrifugal pumps? Does a small amount of 
reverse swirl increase or decrease the net head of the pump—
in other words, is it desirable? Note: Keep in mind that we 
are neglecting losses here.
14–63  A vane-axial flow fan is being designed with the 
stator blades upstream of the rotor blades (Fig. P14–63). To 
reduce expenses, both the stator and rotor blades are to be 
constructed of sheet metal. The stator blade is a simple cir-
cular arc with its leading edge aligned axially and its trail-
ing edge at angle �st � 26.6° from the axis as shown in the 
sketch. (The subscript notation indicates stator trailing edge.) 
There are 18 stator blades. At design conditions, the axial-
flow speed through the blades is 31.4 m/s, and the impeller 
rotates at 1800 rpm. At a radius of 0.50 m, calculate the lead-
ing and trailing edge angles of the rotor blade, and sketch the 
shape of the blade. How many rotor blades should there be?

? ? ?

�
Vout

→
Vin

�st

→ r

�r

FIGURE P14–63

14–64  Two water pumps are arranged in series. The per-
formance data for both pumps follow the parabolic curve fit 
Havailable � H0 � aV

. 
2. For pump 1, H0 � 6.33 m and coef-

ficient a � 0.0633 m/Lpm2; for pump 2, H0 � 9.25 m and 
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14-64 兩個串聯的水泵，此兩泵之性能數據遵

照拋物線之趨勢：Havailable =H0 −a ⋅V 2。對

泵 1 而言， H0 =6.30 m，係數 a=0.0633  

m/Lpm2；對泵 2 而言，H0 =9.25 m，係

數 a =0.0472 m/Lpm2。泵的淨水頭 H 之

單位為 m，容量  ⋅V  之單位為 Lpm。試計

算此兩個串聯泵的組合關閉水頭與自由

輸送體積流率。在哪個體積流率之下應

關閉泵 1 並旁通之？試說明之。(Answer: 

15.6m, 14.0 Lpm, 10.0 Lpm)

14-65 與習題14-64 相同的兩個泵並聯運轉。試

計算此兩個並聯泵的組合關閉水頭與自由

輸送體積流率。在哪個體積流率之下應關

閉泵 1 並旁通之？試說明之。

渦輪機

14-66C 什麼是尾水管？其目的為何？說明一下如

果旋轉機械的設計師並未注意到設計尾水

管的結果。

14-67C 說出並描述動力式水輪機兩種基本型式之

間的差異。

14-68C 討論在反動式水輪機中逆渦旋的意義，並

說明為何需要一些逆渦旋產生。使用一個

方程式支持你的答案。為什麼有太多的逆

渦旋是不明智的？

14-69C 用兩個以上的理由說明為何通常渦輪機的

效率比泵的效率高。

14-70C 簡單地討論動力式泵與反動式渦輪機分為

離心式、徑向式、混流式或軸流式的主要

差異。

14-71 一個水力發電廠有 14 台相同的法蘭西

渦輪機，從水庫到尾水路的總水頭為 

284 m，且通過每台渦輪機的體積流率

為 13.6 m3/s。水溫在 25°C，有關的效率

為：hturbine =95.9%，hgenerator =94.2% 與 

hother =95.6%，其中 hother 考慮到所有其

它的機械能損失。試估算從這個發電廠所

產生以 MW 表示的電力。

14-72 使用一台佩爾頓水輪機來產生電力。水輪

平均半徑為 1.83 m， 且噴嘴出口直徑為 

10.0 cm，噴流速度為 102 m/s。輪葉的轉

向角 b =165°。(a) 試計算經過水輪機以  

m3/s 表示的體積流率。(b) 水輪的最佳轉

速 (以 rpm 為單位) 為多少 (對最大的功率

而言)？(c) 如果水輪機的效率 82%，試計

算 MW 表示的輸出軸功率。(Answer:  (a) 
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0.801 m3/s, (b) 266 rpm, (c) 3.35 MW)

14-73 某些工程師正在評估一個小型水力發電場

位置的可能性。在某個位置，總水頭為

340 m，而且估計水通過每個水輪機的體

積流率為 0.95 m3/s，試計算每台水輪機所

產生以 MW 表示的理想功率。

14-74 試證明對已知噴流速度、體積流率、轉向

角與水輪半徑時，在水輪機輪葉以噴流速

度的一半速度移動時，由佩爾頓水輪機所

產生的軸功率為最大值。

14-75 風 (r =1.204 kg/m3) 吹過一 HAWT 風力

輪機，輪機直徑 45.0 m。齒輪箱和發電機

的組合效率為 88%。(a) 若實際功率因數

為 0.42，當風速在 7.8 m/s 時，計算其電

能生產量。(b) 使用貝茲極限重做 (a) 小

題，估算在相同齒輪箱和發電機的組合效

率下作比較。

14-76 欲設計一台法蘭西徑流式水輪機，具有

以下尺寸：r2 =2.00 m、r1 =1.42 m、

b2 =0.731 m、b1 =2.20 m。動輪以 ⋅n=180 

rpm 的轉速旋轉，導水葉在動輪入口處

將水流轉向偏離徑向，角度為 a2 =30°，

且水流於動輪出口處偏離徑向，角度為 

a1 =10° (圖 P14-76)。設計條件之體積

流率為 340 m3/s，且水壩提供的總水頭 

Hgross =90.0 m。對初步的設計來說，可

忽略不可逆損失。試分別計算動輪葉片入

口與出口角度 b2 與 b1，以及預估輸出功

率 (MW) 與所需淨水頭 (m)。此設計可行

嗎？

14-77 重複習題 14-76，使用 EES (或其它)  軟

體，探討動輪出口角度 a1 對所需淨水頭

與輸出功率之影響，令動輪出口角度從 

−20° 變化至 20°，每次增加 1°，試繪製

你的結果。求出 a1 避免流體流動違反熱

力學定律的可能最小值。

14-78 一台法蘭西徑流式水輪機具有以下尺寸，

其中位置 2 表示入口；位置 1 表示出口：

r2 =2.00 m、r1 =1.30 m、b2 =0.85 m、

b1 =2.10 m。 動輪葉片角度 b2 =71.4° 與 

b1 =15.3°。動輪以 ⋅n =160 rpm 的轉速旋

轉，設計條件之體積流率為 80.0 m3/s，

對初步的設計來說，可忽略不可逆損失。

試計算導水葉在動輪入口處將水流轉向

偏離徑向的角度 a2 (圖 14-76)，並計算於

動輪出口處偏離徑向之渦旋角度 a1 (圖 

14-76)。此水輪機具有正渦旋或逆渦旋？

並預估輸出功率  (MW) 與所需淨水頭 

(m)。

14-79 設計一台簡單的單級軸流式輪機利用水

通過管中流動來產生動力 (圖 P14-79)。

我們將定子和轉子視為一樣薄 (彎曲金屬

片)。共有 16 片定子葉片，其 bsl =0° 及 

bst =50.3°，下標 “sl” 及 “st” 分別表示定

子前沿和定子後緣。在設計條件下，經

過葉片的軸流速度為 8.31 m/s，且動輪

以 360 rpm 之轉速旋轉，希望的情況是在

輪機下游沒有渦流產生。在半徑 0.324 m  

處，試計算定子葉片的前緣角 brl 與後緣

角 brt，並繪出葉片的形狀。轉子葉片應

該有幾片？

圖 P14-76
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preliminary analysis. Calculate the angle �2 through which 
the wicket gates should turn the flow, where �2 is measured 
from the radial direction at the runner inlet (Fig. P14–76). 
Calculate the swirl angle �1, where �1 is measured from the 
radial direction at the runner outlet (Fig. P14–76). Does this 
turbine have forward or reverse swirl? Predict the power out-
put (MW) and required net head (m).

14–79  A simple single-stage axial turbine is being designed 
to produce power from water flowing through a tube as in 
Fig. P14–79. We approximate both the stator and rotor as 
thin (bent sheet metal). The 16 stator (upstream) blades 
have �sl � 0° and �st � 50.3°, where subscripts “sl” and 
“st” mean stator leading edge and stator trailing edge, respec-
tively. At design conditions, the axial flow speed is 8.31 m/s, 
the rotor turns at 360 rpm, and it is desired that there be no 
swirl downstream of the turbine. At a radius of 0.324 m, 
calculate angles �rl and �rt (rotor leading and trailing edge 
angles), sketch what the rotor vanes should look like, and 
specify how many rotor vanes there should be.

�
VoutVin

r

�r

? ? ?

�st

→ →

FIGURE P14–79

14–80  In the section on wind turbines, an expression was 
derived for the ideal power coefficient of a wind turbine, 
CP � 4a(1 � a)2. Prove that the maximum possible power 
coefficient occurs when a � 1/3.
14–81  A hydroelectric power plant is being designed. 
The gross head from the reservoir to the tailrace is 262 m, 
and the volume flow rate of water through each turbine is 
717 m3/min at 10°C. There are 10 identical parallel turbines, 
each with an efficiency of 96.3 percent, and all other mechan-
ical energy losses (through the penstock, etc.) are estimated 
to reduce the output by 3.6 percent. The generator itself has 
an efficiency of 93.9 percent. Estimate the electric power pro-
duction from the plant in MW.

14–82  The average wind speed at a proposed HAWT wind 
farm site is 12.5 m/s. The power coefficient of each wind tur-
bine is predicted to be 0.41, and the combined efficiency of 
the gearbox and generator is 92 percent. Each wind turbine 
must produce 2.5 MW of electrical power when the wind 
blows at 12.5 m/s. (a) Calculate the required diameter of each 

14–75  Wind (� � 1.204 kg/m3) blows through a HAWT 
wind turbine. The turbine diameter is 45.0 m. The combined 
efficiency of the gearbox and generator is 88 percent. (a) For 
a realistic power coefficient of 0.42, estimate the electrical 
power production when the wind blows at 7.8 m/s. (b) Repeat 
and compare using the Betz limit, assuming the same gear-
box and generator. 

14–76  A Francis radial-flow hydroturbine is being designed 
with the following dimensions: r2 � 2.00 m, r1 � 1.42 m, b2 � 
0.731 m, and b1 � 2.20 m. The runner rotates at n

.
 � 180 rpm. 

The wicket gates turn the flow by angle �2 � 30° from radial 
at the runner inlet, and the flow at the runner outlet is at angle 
�1 � 10° from radial (Fig. P14–76). The volume flow rate at 
design conditions is 340 m3/s, and the gross head provided by 
the dam is Hgross � 90.0 m. For the preliminary design, irre-
versible losses are neglected. Calculate the inlet and outlet run-
ner blade angles �2 and �1, respectively, and predict the power 
output (MW) and required net head (m). Is the design feasible?

�2

�1

r2

r1

V1

�

→

V2
→

V1, n

V1, t

V2, t

V2, n

FIGURE P14–76

14–77  Reconsider Prob. 14–76. Using EES (or other) 
software, investigate the effect of the runner 

outlet angle �1 on the required net head and the output power. 
Let the outlet angle vary from �20° to 20° in increments of 
1°, and plot your results. Determine the minimum possible 
value of �1 such that the flow does not violate the laws of 
thermodynamics.

14–78  A Francis radial-flow hydroturbine has the following 
dimensions, where location 2 is the inlet and location 1 is 
the outlet: r2 � 2.00 m, r1 � 1.30 m, b2 � 0.85 m, and b1 � 
2.10  m. The runner blade angles are �2 � 71.4° and �1 � 
15.3° at the turbine inlet and outlet, respectively. The runner 
rotates at n

.
 � 160 rpm. The volume flow rate at design con-

ditions is 80.0 m3/s. Irreversible losses are neglected in this 
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圖 P14-79
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preliminary analysis. Calculate the angle �2 through which 
the wicket gates should turn the flow, where �2 is measured 
from the radial direction at the runner inlet (Fig. P14–76). 
Calculate the swirl angle �1, where �1 is measured from the 
radial direction at the runner outlet (Fig. P14–76). Does this 
turbine have forward or reverse swirl? Predict the power out-
put (MW) and required net head (m).

14–79  A simple single-stage axial turbine is being designed 
to produce power from water flowing through a tube as in 
Fig. P14–79. We approximate both the stator and rotor as 
thin (bent sheet metal). The 16 stator (upstream) blades 
have �sl � 0° and �st � 50.3°, where subscripts “sl” and 
“st” mean stator leading edge and stator trailing edge, respec-
tively. At design conditions, the axial flow speed is 8.31 m/s, 
the rotor turns at 360 rpm, and it is desired that there be no 
swirl downstream of the turbine. At a radius of 0.324 m, 
calculate angles �rl and �rt (rotor leading and trailing edge 
angles), sketch what the rotor vanes should look like, and 
specify how many rotor vanes there should be.

�
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FIGURE P14–79

14–80  In the section on wind turbines, an expression was 
derived for the ideal power coefficient of a wind turbine, 
CP � 4a(1 � a)2. Prove that the maximum possible power 
coefficient occurs when a � 1/3.
14–81  A hydroelectric power plant is being designed. 
The gross head from the reservoir to the tailrace is 262 m, 
and the volume flow rate of water through each turbine is 
717 m3/min at 10°C. There are 10 identical parallel turbines, 
each with an efficiency of 96.3 percent, and all other mechan-
ical energy losses (through the penstock, etc.) are estimated 
to reduce the output by 3.6 percent. The generator itself has 
an efficiency of 93.9 percent. Estimate the electric power pro-
duction from the plant in MW.

14–82  The average wind speed at a proposed HAWT wind 
farm site is 12.5 m/s. The power coefficient of each wind tur-
bine is predicted to be 0.41, and the combined efficiency of 
the gearbox and generator is 92 percent. Each wind turbine 
must produce 2.5 MW of electrical power when the wind 
blows at 12.5 m/s. (a) Calculate the required diameter of each 

14–75  Wind (� � 1.204 kg/m3) blows through a HAWT 
wind turbine. The turbine diameter is 45.0 m. The combined 
efficiency of the gearbox and generator is 88 percent. (a) For 
a realistic power coefficient of 0.42, estimate the electrical 
power production when the wind blows at 7.8 m/s. (b) Repeat 
and compare using the Betz limit, assuming the same gear-
box and generator. 

14–76  A Francis radial-flow hydroturbine is being designed 
with the following dimensions: r2 � 2.00 m, r1 � 1.42 m, b2 � 
0.731 m, and b1 � 2.20 m. The runner rotates at n

.
 � 180 rpm. 

The wicket gates turn the flow by angle �2 � 30° from radial 
at the runner inlet, and the flow at the runner outlet is at angle 
�1 � 10° from radial (Fig. P14–76). The volume flow rate at 
design conditions is 340 m3/s, and the gross head provided by 
the dam is Hgross � 90.0 m. For the preliminary design, irre-
versible losses are neglected. Calculate the inlet and outlet run-
ner blade angles �2 and �1, respectively, and predict the power 
output (MW) and required net head (m). Is the design feasible?

�2
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r1
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→
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→
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FIGURE P14–76

14–77  Reconsider Prob. 14–76. Using EES (or other) 
software, investigate the effect of the runner 

outlet angle �1 on the required net head and the output power. 
Let the outlet angle vary from �20° to 20° in increments of 
1°, and plot your results. Determine the minimum possible 
value of �1 such that the flow does not violate the laws of 
thermodynamics.

14–78  A Francis radial-flow hydroturbine has the following 
dimensions, where location 2 is the inlet and location 1 is 
the outlet: r2 � 2.00 m, r1 � 1.30 m, b2 � 0.85 m, and b1 � 
2.10  m. The runner blade angles are �2 � 71.4° and �1 � 
15.3° at the turbine inlet and outlet, respectively. The runner 
rotates at n

.
 � 160 rpm. The volume flow rate at design con-

ditions is 80.0 m3/s. Irreversible losses are neglected in this 
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14-80 在風力輪機小節中，推導一用於風力輪機

的理想功率係數 CP =4a(1 −a)2。證明最

大可能功率係數發生在當 a=1/3 時。

14-81 設計一個水力發電廠，從水庫到尾水道

的總水頭為 262 m，且 10°C 的水經過每

個水輪機的體積流率為 717 m3/min，共

有 10 台相同並聯的水輪機，每台水輪機

效率為 96.3%，且所有其它的機械能損失 

(通過引水管等) 預估減少輸出的 3.6%。

發電機本身則具有 93.9% 之效率，試估

算從這個發電廠所產生以 MW 表示的電

力。

14-82 在一個風力發電場的一個建議的 HAWT 

風力機之平均風速為 12.5 m/s，每一風力

輪機之預測的功率係數為 0.41，齒輪箱

和發電機的組合效率為 92%。當風速為 

12.5 m/s 時，每一風力輪機必須產生 2.5 

MW 的電力。(a) 計算每一渦輪機盤所需

之直徑。取平均空氣密度 r =1.2 kg/m3。

(b) 若風場配置 30 個這種風力輪機，且

此一地區的每個家庭約消耗 1.5 kW 的電

力，估計風力發電場可以供電給多少家

庭。假設配電線路的效率為 96%。

泵與輪機之比例定律

14-83C 泵比速率與渦輪機比速率對泵與渦輪機來

說，在比例定律中是不需要的“額外的”

參數。說明它們的目的。

14-84C 決定以下敘述是對或錯，並簡單地討論你

的答案：

 (a)  如果將泵轉速加倍，所有其它的參數

維持相同，則泵的容量隨之增加為二

倍。

 (b)  如果將泵轉速加倍，所有其它的參數

維持相同，則泵的淨水頭隨之增加為

二倍。

 (c)  如果將泵轉速加倍，所有其它的參數

維持相同，則泵的所需軸功率隨之增

加為四倍。

 (d)  如果將渦輪機轉速加倍，所有其它的

參數維持相同，則渦輪機的輸出軸功

率隨之增加為八倍。

14-85C 對於泵討論哪一種無因次性能參數為一般

被用來當作獨立參數。若以輪機取代泵，

重複回答此題，試說明之。

14-86C 在字典中尋找相似 (affinity) 這個詞。為

什麼一些工程師稱渦輪機械的比例定律為

相似定律？

14-87 考量習題 14-46 的風扇，風扇的直徑為

30.0 cm，並以 ⋅n =600 rpm 之轉速運轉。

將泵性能曲線無因次化，繪出 CH 相對於 

CQ 的曲線。寫出在  ⋅V =13,600 Lpm 時，

CH  與 CQ 之計算範例。

14-88 針對習題 14-46 和 14-87 的風扇，計算在

其最佳效率點之風扇比速率，假設最佳效

率點 (BEP) 發生在 13,600 Lpm 的情況。

試以無因次與美國常用單位表示答案。這

是何種型式的風扇呢？

14-89 計算例題 14-11 的泵，在其最佳效率點之

泵比速率。試以無因次與美國常用單位表

示答案。這是何種型式的泵呢？

14-90 主管要求嵐設計一個水族箱使用的小型

水泵。泵在其最佳效率點時，於 1.5 m 的

淨水頭下應輸送 14.0 Lpm 的水，可運用

一個轉速為 1200 rpm 的馬達。嵐應該設
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計哪一型的泵 (離心式、混流式或軸流式)  

呢？利用你所有的計算證明你的選擇，並

估計嵐希望此泵所能達到最大泵效率。

(Answer: 離心式, 81%)

14-91 考量習題 14-90 的泵，假設此泵使用不同

的馬達，其轉速為 1800 rpm。如果泵對

這兩種情況都是在同型點 (即最佳效率點)  

操作，試預估泵的體積流率與淨水頭，並

計算其泵比速率，另與原始的泵比較討

論。

14-92 對核能反應器設計一個大型的水泵，泵在

其最佳效率點時，於 14 m 的淨水頭下應

輸送 9500 Lpm 的水，可使用的馬達轉速

為 300 rpm。應該設計哪一型的泵 (離心

式、混流式或軸流式) 呢？利用你所有的

計算證明你的選擇，並估計此泵所能達到

最大泵效率，以及使泵運轉所需的功率 

(制動馬力)。

14-93 考量習題 14-38 的泵，泵的直徑為 1.80 

cm，並於 ⋅n =4200 rpm 之轉速運轉。將

泵性能曲線無因次化，繪出 CH 相對於 

CQ 的曲線。寫出在  ⋅V =14.0 Lpm 時，CH 

與 CQ  之計算範例。

14-94 計算習題 14-93 的泵，在其最佳效率點

之泵比速率，其最佳效率點發生在 14.0 

Lpm 的情況。試以無因次與美國常用單

位表示答案。這是何種型式的泵呢？  

(Answer: 0.199, 545, 離心式)

14-95 試證明水輪機比速率與泵比速率可用以下

公式相關聯：
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points (namely, at the BEP) for both cases, predict the vol-
ume flow rate and net head of the modified pump. Calculate 
the pump specific speed of the modified pump, and compare 
to that of the original pump. Discuss.

14–92  A large water pump is being designed for a nuclear 
reactor. The pump should deliver 9500 Lpm of water at a net 
head of 14 m at its best efficiency point. A motor that spins at 
300 rpm is available. What kind of pump (centrifugal, mixed, 
or axial) should be designed? Show all your calculations and 
justify your choice. Estimate the maximum pump efficiency 
that can be hoped for with this pump. Estimate the power 
(brake horsepower) required to run the pump.

14–93  Consider the pump of Prob. 14–38. The pump diam-
eter is 1.80 cm, and it operates at n

.
 � 4200 rpm. Nondimen-

sionalize the pump performance curve, i.e., plot CH versus CQ. 
Show sample calculations of CH and CQ at V

.
 � 14.0 Lpm.

14–94  Calculate the pump specific speed of the pump of 
Prob. 14–93 at the best efficiency point for the case in which 
the BEP occurs at 14.0 Lpm. Provide answers in both dimen-
sionless form and in customary U.S. units. What kind of 
pump is it?  Answers: 0.199, 545, centrifugal

14–95  Verify that turbine specific speed and pump specific 
speed are related as follows: NSt 5 NSp!hturbine.

14–96  Consider a pump–turbine that operates both as a 
pump and as a turbine. Under conditions in which the rota-
tional speed � and the volume flow rate V

.
 are the same for 

the pump and the turbine, verify that turbine specific speed 
and pump specific speed are related as

 NSt 5 NSp"hturbine a
Hpump

Hturbine

b
3/4

 

 5 NSp(hturbine)
5/4(hpump)

3/4a
bhppump

bhpturbine

b
3/4

 

14–97  Apply the necessary conversion factors to prove the rela-
tionship between dimensionless turbine specific speed and con-
ventional U.S. turbine specific speed, NSt � 43.46NSt,  US. Note 
that we assume water as the fluid and standard earth gravity.

14–98  Calculate the turbine specific speed of the turbine 
in Prob. 14–76. Provide answers in both dimensionless form 
and in customary U.S. units. Is it in the normal range for a 
Francis turbine? If not, what type of turbine would be more 
appropriate?

14–99  Calculate the turbine specific speed of the Smith 
Mountain hydroturbine of Fig 14–90. Does it fall within the 
range of NSt appropriate for that type of turbine?

14–100  Calculate the turbine specific speed of the Warwick 
hydroturbine of Fig 14–91. Does it fall within the range of 
NSt appropriate for that type of turbine?

14–101  Calculate the turbine specific speed of the turbine of 
Example 14–13 for the case where �1 � 10°. Provide answers 

turbine disk. Take the average air density to be � � 1.2 kg/m3. 
(b) If 30 such turbines are built on the site and an average 
home in the area consumes approximately 1.5 kW of electri-
cal power, estimate how many homes can be powered by this 
wind farm, assuming an additional efficiency of 96 percent to 
account for the powerline losses.

Pump and Turbine Scaling Laws

14–83C  Pump specific speed and turbine specific speed are 
“extra” parameters that are not necessary in the scaling laws 
for pumps and turbines. Explain, then, their purpose.

14–84C  For each statement, choose whether the statement 
is true or false, and discuss your answer briefly:

(a) If the rpm of a pump is doubled, all else staying the same, 
the capacity of the pump goes up by a factor of about 2.

(b) If the rpm of a pump is doubled, all else staying the same, 
the net head of the pump goes up by a factor of about 2.

(c) If the rpm of a pump is doubled, all else staying the same, 
the required shaft power goes up by a factor of about 4.

(d) If the rpm of a turbine is doubled, all else staying the 
same, the output shaft power of the turbine goes up by a fac-
tor of about 8.

14–85C  Discuss which dimensionless pump performance 
parameter is typically used as the independent parameter. 
Repeat for turbines instead of pumps. Explain.

14–86C  Look up the word affinity in a dictionary. Why 
do you suppose some engineers refer to the turbomachinery 
scaling laws as affinity laws?

14–87  Consider the fan of Prob. 14–46. The fan diameter 
is 30.0 cm, and it operates at n

.
 � 600 rpm. Nondimensional-

ize the fan performance curve, i.e., plot CH versus CQ. Show 
sample calculations of CH and CQ at V

.
 � 13,600 Lpm.

14–88  Calculate the fan specific speed of the fan of 
Probs. 14–46 and 14–87 at the best efficiency point for 
the case in which the BEP occurs at 13,600 Lpm. Provide 
answers in both dimensionless form and in customary U.S. 
units. What kind of fan is it?

14–89  Calculate the pump specific speed of the pump of 
Example 14–11 at its best efficiency point. Provide answers 
in both dimensionless form and in customary U.S. units. 
What kind of pump is it?

14–90  Len is asked to design a small water pump for an 
aquarium. The pump should deliver 14.0 Lpm of water at a net 
head of 1.5 m at its best efficiency point. A motor that spins at 
1200 rpm is available. What kind of pump (centrifugal, mixed, 
or axial) should Len design? Show all your calculations and 
justify your choice. Estimate the maximum pump efficiency 
Len can hope for with this pump.  Answers: centrifugal, 81.0%

14–91  Consider the pump of Prob. 14–90. Suppose the 
pump is modified by attaching a different motor, for which 
the rpm is 1800 rpm. If the pumps operate at homologous 
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。

14-96 考量一個泵−水輪機，其作用可同時為泵
和水輪機。在以泵和水輪機相同作用的旋

轉速度 v 與體積流率  ⋅V  的條件下，證明

水輪機比速率與泵比速率可用以下公式相

關聯：
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points (namely, at the BEP) for both cases, predict the vol-
ume flow rate and net head of the modified pump. Calculate 
the pump specific speed of the modified pump, and compare 
to that of the original pump. Discuss.

14–92  A large water pump is being designed for a nuclear 
reactor. The pump should deliver 9500 Lpm of water at a net 
head of 14 m at its best efficiency point. A motor that spins at 
300 rpm is available. What kind of pump (centrifugal, mixed, 
or axial) should be designed? Show all your calculations and 
justify your choice. Estimate the maximum pump efficiency 
that can be hoped for with this pump. Estimate the power 
(brake horsepower) required to run the pump.

14–93  Consider the pump of Prob. 14–38. The pump diam-
eter is 1.80 cm, and it operates at n

.
 � 4200 rpm. Nondimen-

sionalize the pump performance curve, i.e., plot CH versus CQ. 
Show sample calculations of CH and CQ at V

.
 � 14.0 Lpm.

14–94  Calculate the pump specific speed of the pump of 
Prob. 14–93 at the best efficiency point for the case in which 
the BEP occurs at 14.0 Lpm. Provide answers in both dimen-
sionless form and in customary U.S. units. What kind of 
pump is it?  Answers: 0.199, 545, centrifugal

14–95  Verify that turbine specific speed and pump specific 
speed are related as follows: NSt 5 NSp!hturbine.

14–96  Consider a pump–turbine that operates both as a 
pump and as a turbine. Under conditions in which the rota-
tional speed � and the volume flow rate V

.
 are the same for 

the pump and the turbine, verify that turbine specific speed 
and pump specific speed are related as

 NSt 5 NSp"hturbine a
Hpump

Hturbine

b
3/4

 

 5 NSp(hturbine)
5/4(hpump)

3/4a
bhppump

bhpturbine

b
3/4

 

14–97  Apply the necessary conversion factors to prove the rela-
tionship between dimensionless turbine specific speed and con-
ventional U.S. turbine specific speed, NSt � 43.46NSt,  US. Note 
that we assume water as the fluid and standard earth gravity.

14–98  Calculate the turbine specific speed of the turbine 
in Prob. 14–76. Provide answers in both dimensionless form 
and in customary U.S. units. Is it in the normal range for a 
Francis turbine? If not, what type of turbine would be more 
appropriate?

14–99  Calculate the turbine specific speed of the Smith 
Mountain hydroturbine of Fig 14–90. Does it fall within the 
range of NSt appropriate for that type of turbine?

14–100  Calculate the turbine specific speed of the Warwick 
hydroturbine of Fig 14–91. Does it fall within the range of 
NSt appropriate for that type of turbine?

14–101  Calculate the turbine specific speed of the turbine of 
Example 14–13 for the case where �1 � 10°. Provide answers 

turbine disk. Take the average air density to be � � 1.2 kg/m3. 
(b) If 30 such turbines are built on the site and an average 
home in the area consumes approximately 1.5 kW of electri-
cal power, estimate how many homes can be powered by this 
wind farm, assuming an additional efficiency of 96 percent to 
account for the powerline losses.

Pump and Turbine Scaling Laws

14–83C  Pump specific speed and turbine specific speed are 
“extra” parameters that are not necessary in the scaling laws 
for pumps and turbines. Explain, then, their purpose.

14–84C  For each statement, choose whether the statement 
is true or false, and discuss your answer briefly:

(a) If the rpm of a pump is doubled, all else staying the same, 
the capacity of the pump goes up by a factor of about 2.

(b) If the rpm of a pump is doubled, all else staying the same, 
the net head of the pump goes up by a factor of about 2.

(c) If the rpm of a pump is doubled, all else staying the same, 
the required shaft power goes up by a factor of about 4.

(d) If the rpm of a turbine is doubled, all else staying the 
same, the output shaft power of the turbine goes up by a fac-
tor of about 8.

14–85C  Discuss which dimensionless pump performance 
parameter is typically used as the independent parameter. 
Repeat for turbines instead of pumps. Explain.

14–86C  Look up the word affinity in a dictionary. Why 
do you suppose some engineers refer to the turbomachinery 
scaling laws as affinity laws?

14–87  Consider the fan of Prob. 14–46. The fan diameter 
is 30.0 cm, and it operates at n

.
 � 600 rpm. Nondimensional-

ize the fan performance curve, i.e., plot CH versus CQ. Show 
sample calculations of CH and CQ at V

.
 � 13,600 Lpm.

14–88  Calculate the fan specific speed of the fan of 
Probs. 14–46 and 14–87 at the best efficiency point for 
the case in which the BEP occurs at 13,600 Lpm. Provide 
answers in both dimensionless form and in customary U.S. 
units. What kind of fan is it?

14–89  Calculate the pump specific speed of the pump of 
Example 14–11 at its best efficiency point. Provide answers 
in both dimensionless form and in customary U.S. units. 
What kind of pump is it?

14–90  Len is asked to design a small water pump for an 
aquarium. The pump should deliver 14.0 Lpm of water at a net 
head of 1.5 m at its best efficiency point. A motor that spins at 
1200 rpm is available. What kind of pump (centrifugal, mixed, 
or axial) should Len design? Show all your calculations and 
justify your choice. Estimate the maximum pump efficiency 
Len can hope for with this pump.  Answers: centrifugal, 81.0%

14–91  Consider the pump of Prob. 14–90. Suppose the 
pump is modified by attaching a different motor, for which 
the rpm is 1800 rpm. If the pumps operate at homologous 
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14-97 應用必要的轉換係數來證明無因次的水輪

機比速率與傳統的美制單位的水輪機比速

率之間的關係式：NSt =43.46NSt, US。注

意，在此假設工作流體為水且標準的重力

加速度。

14-98 試計算習題 14-76 水輪機的水輪機比速

率，以無因次與美國常用單位型式表示你

的答案。對法蘭西水輪機而言，此值是否

在正常範圍內？如果不是，哪種型式的水

輪機更為適合？

14-99 試計算圖 14-89 水輪機的水輪機比速率。

它是否落在 NSt 使用型式適當的範圍內？

14-100 試計算圖 14-90 水輪機的水輪機比速率。

它是否落在 NSt 使用型式適當的範圍內？

14-101 計算例題 14-13 的水輪機在 a1 =10° 條件

下的水輪機比速率，以無因次與美國常用

單位型式表示你的答案。對法蘭西水輪機

而言，此值是否在正常範圍內？如果不

是，哪種型式的水輪機更為適合？ 

14-102 試計算習題 14-78 水輪機的水輪機比速

率，以無因次與美國常用單位型式表示你

的答案。對法蘭西水輪機而言，此值是否

在正常範圍內？如果不是，哪種型式的水

輪機更為適合？

14-103 試計算圖 14-88 水輪機的水輪機比速率。

它是否落在 NSt 使用型式適當的範圍內？

14-104 在實驗室內以水溫 20°C 的水，測試一個

水輪機五分之一的模型，模型的直徑為 

8.0 cm，其體積流率為 25.5 m³/h，在 1500 

rpm 的轉速旋轉，且運轉之淨水頭為 15.0 

m。在其最佳效率點的情況下，模型傳出 

720 W 軸功率。試計算模型水輪機的效
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率。所測試的水輪機最可能是哪種型式？

(Answer: 69.2%, 衝動式)

14-105 在習題 14-104 中所討論的五分之一模型

水輪機的原型機，要在 50 m 的淨水頭下

運轉，試求在最佳效率情況下，適當的轉

速與體積流率。假設確實的幾何相似條

件，預估原型水輪機的輸出制動馬力。

14-106 比較模型水輪機 (習題 14-104) 與原型水

輪機 (習題 14-105) 之輪機效率與渦輪機

比速率，證明它們在同型點處運轉。

14-107 在習題 14-106 中，我們假設完全的動力

相似，將模型水輪機的測試結果比例放大

作為全尺寸原型的結果。但是如同內文所

討論的，一個大的原型機基本上會得出比

模型更高的效率。試估算原型水輪機的實

際效率，並簡單地說明此較高的效率。

複習題

14-108C 什麼是泵 –水輪機？試討論在何種應用
中是十分有用的。

14-109C 在大部分的家用水錶可視為水輪機的一

種，因為它從流動的水中將能量提出

來轉動連接到體積計數機構的轉軸 (圖 

P14-109C)。但是從管路系統的觀點來看 

(第 8 章)，水錶是哪一種設備？試說明

之。

圖 P14-109C

CHAPTER 14
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(a) A gear pump is a type of positive-displacement pump.

(b) A rotary pump is a type of positive-displacement pump.

(c) The pump performance curve (net head versus capacity) 
of a positive-displacement pump is nearly vertical through-out 
its recommended operating range at a given rotational speed.

(d) At a given rotational speed, the net head of a positive-
displacement pump decreases with fluid viscosity.

14–111  For two dynamically similar pumps, manipu-
late the dimensionless pump parameters to show that 
DB �  DA(HA/HB)1/4(V

. 
B/V

. 
A)1/2. Does the same relationship 

apply to two dynamically similar turbines?

14–112  For two dynamically similar turbines, manipu-
late the dimensionless turbine parameters to show that 
DB �  DA(HA/HB)3/4(�A/�B)1/2(bhpB/bhpA)1/2. Does the same 
relationship apply to two dynamically similar pumps?

14–113  A group of engineers is designing a new hydro-
turbine by scaling up an existing one. The existing tur-
bine (turbine A) has diameter DA � 1.50 m, and spins at 
n
.
A �  150  rpm. At its best efficiency point, V

. 
A � 162 m3/s, 

HA �  90.0  m of water, and bhpA � 132 MW. The new 
turbine (turbine B) will spin at 105 rpm, and its net head will 
be HB �  95  m. Calculate the diameter of the new turbine 
such that it operates most efficiently, and calculate V

. 
B and 

bhpB.  Answers: 2.20 m, 359 m3/h, 308 MW

14–114  Calculate and compare the efficiency of the two 
turbines of Prob. 14–113. They should be the same since we 
are assuming dynamic similarity. However, the larger turbine 
will actually be slightly more efficient than the smaller tur-
bine. Use the Moody efficiency correction equation to predict 
the actual expected efficiency of the new turbine. Discuss.

14–115  Calculate and compare the turbine specific speed 
for both the small (A) and large (B) turbines of Prob. 14–113. 
What kind of turbine are these most likely to be?

Fundamentals of Engineering (FE) Exam Problems

14–116  Which turbomachine is designed to deliver a very 
high pressure rise, typically at low to moderate flow rates?
(a) Compressor 
(b) Blower 
(c) Turbine 
(d ) Pump 
(e) Fan

14–117  In the turbomachinery industry, capacity refers to
(a) Power 
(b) Mass flow rate 
(c) Volume flow rate
(d) Net head 
(e) Energy grade line

14–118  A pump increases the pressure of water from 
100 kPa to 3 MPa at a rate of 0.5 m3/min. The inlet and out-
let diameters are identical and there is no change in elevation 

in both dimensionless form and in customary U.S. units. Is it 
in the normal range for a Francis turbine? If not, what type of 
turbine would be more appropriate?

14–102  Calculate the turbine specific speed of the turbine 
in Prob. 14–78. Provide answers in both dimensionless form 
and in customary U.S. units. Is it in the normal range for a 
Francis turbine? If not, what type of turbine would be more 
appropriate?

14–103  Calculate the turbine specific speed of the Round 
Butte hydroturbine of Fig 14–89. Does it fall within the range 
of NSt appropriate for that type of turbine?

14–104  A one-fifth scale model of a water turbine is tested 
in a laboratory at T � 20°C. The diameter of the model 
is 8.0  cm, its volume flow rate is 25.5 m3/h, it spins at 
1500  rpm, and it operates with a net head of 15.0 m. At its 
best efficiency point, it delivers 720 W of shaft power. Cal-
culate the efficiency of the model turbine. What is the most 
likely kind of turbine being tested?  Answers: 69.2%,impulse

14–105  The prototype turbine corresponding to the one-fifth 
scale model turbine discussed in Prob. 14–104 is to operate across 
a net head of 50 m. Determine the appropriate rpm and volume 
flow rate for best efficiency. Predict the brake horsepower output 
of the prototype turbine, assuming exact geometric similarity.

14–106  Prove that the model turbine (Prob. 14–104) and 
the prototype turbine (Prob. 14–105) operate at homologous 
points by comparing turbine efficiency and turbine specific 
speed for both cases.

14–107  In Prob. 14–106, we scaled up the model tur-
bine test results to the full-scale prototype assuming exact 
dynamic similarity. However, as discussed in the text, a large 
prototype typically yields higher efficiency than does the 
model. Estimate the actual efficiency of the prototype tur-
bine. Briefly explain the higher efficiency.

Review Problems

14–108C  What is a pump–turbine? Discuss an application 
where a pump–turbine is useful.

14–109C  The common water meter found in most homes 
can be thought of as a type of turbine, since it extracts energy 
from the flowing water to rotate the shaft connected to the 
volume-counting mechanism (Fig. P14–109C). From the 
point of view of a piping system, however (Chap. 8), what 
kind of device is a water meter? Explain.

Water meter

FIGURE P14–109C

14–110C  For each statement, choose whether the statement 
is true or false, and discuss your answer briefly:
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水錶

14-110C 決定以下敘述是對或錯，並簡單地討論

你的答案。

 (a) 齒輪泵是正位移式泵的一種。

 (b) 旋轉泵是正位移式泵的一種。

 (c)  正位移式泵的泵性能曲線 (淨水頭與

容量曲線) 在其建議操作轉速的範圍

中，幾乎是垂直的。

 (d)  在已知的轉速下，正位移式泵的淨

水頭隨流體黏度的減少而降低。

14-111 對兩個動力相似的泵，整理其無因次參數

可證明 DB =DA(HA/HB
1/4)( ⋅V B/ ⋅V A)1/2。試

問此相同之關係式可否應用於兩台動力相

似的水輪機？

14-112 對兩台動力相似的水輪機，整理其無因

次參數可證明 DB =DA(HA/HB)3/4(rA/rB)1/2 

(bhpB/bhpA)1/2。試問此相同之關係式可否

應用於兩個動力相似的泵？

14-113 一組工程師比例放大現有水輪機來設計

一台新的水輪機，現有水輪機的直徑 

DA =1.50 m、轉速 ⋅nA =150 rpm、在最佳

效率點  ⋅V A =162 m3/s，淨水頭 HA =90.0 

m 與 bhpA =132 MW。新的水輪機 B 將

以 ⋅nA =105 rpm 旋轉，淨水頭 HB =95 

m，計算新的水輪機直徑使它的運作效率

最高，並計算  ⋅V B 和 bhpB。  

(Answer: 2.20 m, 359 m3/hr, 308 MW)

14-114 試計算並比較習題 14-113 中兩台水輪機

的效率。因為我們假設兩台水輪機為動力

相似，所以其效率應相同。但是較大的水

輪機之效率實際上會比較小水輪機效率稍

微高一些。利用穆迪效率修正方程式來預

估新水輪機實際預期的效率，並討論之。

14-115 對習題 14-113 的兩個大 (B) 與小 (A) 水

輪機計算並比較其輪機比速率。這些水輪

機最可能為哪種型式？

基礎工程學 (FE) 試題

14-116 何種渦輪機的設計可提供非常高的壓力上

升，通常在低到中等流量？

 (a) 壓縮機 (b) 送風機 (c) 渦輪

 (d) 泵浦 (e) 風扇

14-117 在渦輪機械業界，容量是指

 (a) 功率 (b) 質量流率

 (c) 體積流率 (d) 淨水頭

 (e) 能源效率等級線
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14-118 泵將水壓從 100 kPa 增加至 3 MPa，流速

為 0.5 m3/min。入口和出口直徑是相同

的，並且流經泵在位高未發生變化。如果

泵的效率為 77%，則泵浦提供功率是 

 (a) 18.5 kW (b) 21.8 kW

 (c) 24.2 kW (d) 27.6 kW

 (e) 31.4 kW

14-119 一個泵浦增加水壓從 100 kPa 至 900 kPa 在

海拔 35 m，其出口和入口直徑都相同。 

泵浦淨水頭為

 (a) 143 m (b) 117 m (c) 91 m

 (d) 70 m (e) 35 m

14-120 泵的制動馬力和水馬力確定分別為 15 kW

和12 kW，在這些條件下泵的水流量為 

0.05 m3/s，泵的總水頭損失為

 (a) 11.5 m (b) 9.3 m (c) 7.7 m

 (d) 6.1 m (e) 4.9 m

14-121 在泵的性能曲線，淨水頭是零的點被稱為

 (a) 最佳效率點 (b) 自由輸出流量

 (c) 關閉水頭 (d) 工作點

 (e) 執勤點

14-122 電廠需要 940 L/min 的水。所需淨水頭為 

5 m。檢視泵的性能曲線指出兩個不同葉

輪直徑的離心泵可以提供這種流量。葉輪

直徑 203 mm 的泵有 73% 的效率，並提

供淨水頭 10 m。葉輪直徑 111 mm 的泵

有 67% 的泵效率，並提供淨水頭 5 m。

葉輪直徑 203 mm 的泵所需的制動馬力 

(bhp) 與葉輪直徑 111 mm 的制動馬力比

值為多少？

 (a) 0.45 (b) 0.68 (c) 0.86

 (d) 1.84 (e) 2.11

14-123 水在 20 kPa 和 50°C 以 0.15 m3/s 進入蒸

氣動力裝置的泵。該泵入口管的直徑 0.25 

m。在泵入口，淨正吸水頭 (NPSH) 為

 (a) 2.14 m (b) 1.89 m (c) 1.66 m

 (d) 1.42 m (e) 1.26 m

14-124 當兩個泵串聯及並聯時，何量為相加？

 (a) 串聯：壓力變化。並聯：淨水頭

 (b) 串聯：淨水頭。並聯：壓力變化

 (c) 串聯：淨水頭。並聯：流率

 (d) 串聯：流率。並聯：淨水頭

 (e) 串聯：流率。並聯：壓力變化

14-125 三個泵串聯連接。根據泵的性能曲線，每

台泵自由輸送流量的情況如下：

 　 泵 1：1600 L/min

 　泵 2：2200 L/min

 　泵 3：2800 L/min

 如果該泵系統的流率是 2500 L/min，何泵

應關閉？

 (a) 泵 1 (b) 泵 2

 (c) 泵 3 (d) 泵 1 和 2

 (e) 泵 1 和 3

14-126 三泵並聯連接。根據泵的性能曲線，每個

泵的關閉水頭如下：

 泵 1：7 m　泵 2：10 m　泵 3：15 m

 如果該泵的淨水頭為 9 m，何泵應關閉？

 (a) 泵 1 (b) 泵 2

 (c) 泵 3 (d) 泵 1 和 2

 (e) 泵 1 和 3

14-127 雙葉旋轉式正位移泵每個葉片的體積可推

動 0.60 cm3 的機油。軸每轉動 90° 就泵送

一個葉片體積的機油。如果旋轉速度為 

550  rpm 時，油的體積流量是

 (a) 330 cm3/min (b) 660 cm3/min

 (c) 1320 cm3/min (d) 2640 cm3/min

 (e) 3550 cm3/min

14-128 離心泵的蝸牛形殼體被稱為

 (a) 轉子 (b) 渦形 (c) 渦殼

 (d) 葉輪 (e) 側板

14-129 離心風機旋轉  1400 rpm。空氣以垂直 

(a1 =0°) 角度進入葉輪，於相對葉輪 25° 

(a2 =25°) 流出。入口半徑 r1 =6.5 cm，
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進氣葉片寬度 b1 =8.5 cm。出口半徑和葉

片寬分別為 r2 =12 cm 和 b2 =4.5 cm，體

積流量是 0.22 m3/s。該風機產生的淨水頭

為何，以空氣公尺表示？

 (a) 12.3 m (b) 3.9 m (c) 8.8 m

 (d) 5.4 m (e) 16.4 m

14-130 設計一個泵來滿足水頭為 8 m，水流量為 

9500 L/min 的供水需求。泵軸的旋轉速度

為 1500 rpm。泵比速率的無因次數形式

為

 (a) 0.377 (b) 0.540 (c) 1.13

 (d) 1.48 (e) 1.84

14-131 泵轉速為1000 rpm 的淨水頭是 10 m。如

果轉速加倍，傳遞的淨水頭為

 (a) 5 m (b) 10 m (c) 20 m

 (d) 40 m (e) 80 m

14-132 渦輪機的轉動部分被稱為

 (a) 螺旋槳 (b) 渦形 (c) 葉片

 (d) 葉轉 (e) 動輪

14-133 以下選項何者是正確的衝動式和反動式渦

輪機的操作比較？

 (a) 衝動式：較高的流量

 (b) 衝動式：較高的水頭

 (c) 反動式：較高的水頭

 (d) 反動式：較小的流率

 (e) 以上皆非

14-134 以下哪一種渦輪為衝動式水輪機？

 (a) 卡普蘭 (b) 法蘭西 (c) 佩爾頓

 (d) 螺旋槳 (e) 離心式

14-135 渦輪機被放置在 20 m 高的水體底部。水

流通過渦輪的速率為 30 m3/s。如果由渦

輪機輸送的軸功率為 5 MW 時，渦輪機

的效率為

 (a) 85% (b) 79% (c) 88%

 (d) 74% (e) 82%

14-136 一座水力發電廠要建造在總水頭 200 m 

的大壩上，總水門和引水道的水頭損

失估計為 6 m。通過渦輪機流量 18000  

L/min。渦輪機和發電機的效率分別是 

88% 和 96%，從這個渦輪機生產的電力

是

 (a) 6910 kW (b) 6750 kW

 (c) 6430 kW (d) 6170 kW

 (e) 5890 kW

14-137 在水力發電廠，水流過大的管道通過大

壩。該管道被稱為

 (a) 尾水道 (b) 尾水管 (c) 動輪

 (d) 引水道 (e) 螺旋槳

14-138 在風力渦輪機裡，在其中可以產生有用的

功率最小風速被稱為

 (a) 額定轉速 (b) 切入轉速

 (c) 切出轉速 (d) 提供轉速

 (e) 貝茲轉速

14-139 風力渦輪機安裝在一個風速 8 m/s 的位

置，空氣溫度 10°C 和渦輪機葉片直徑

是  30 m。如果整體渦輪發電機效率是 

35%，產生的電功率是

 (a) 79 kW (b) 109 kW (c) 142 kW

 (d) 154 kW (e) 225 kW

14-140 當風速為 5 m/s 時，計算風力渦輪機的可

用功率為 50 kW，如果風速增加一倍，風

的可用的功率變成

 (a) 50 kW (b) 100 kW (c) 200 kW

 (d) 400 kW (e) 800 kW 

14-141 新的水輪機被設計成類似於現有的渦輪

機在其最佳效率點的參數：DA =3 m、
⋅nA =90 rpm、⋅

V A =200 m3/s、HA =55m、

bhpA =100 MW。新的渦輪機將有 110 

rpm 的轉速和揚程將為 40 M。新的渦輪

機的 bhp 是多少，使得它的運作效率最

大？

 (a) 17.6 MW (b) 23.5 MW

 (c) 30.2 MW (d) 40.0 MW

 (e) 53.7 MW
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14-142 水輪機工作在其最佳效率點的參數如下：
⋅n =90 rpm、⋅V =200 m3/s、H =55 m、

bhp =100 MW。這個渦輪機的渦輪比速

率是

 (a) 0.71 (b) 0.18 (c) 1.57

 (d) 2.32 (e) 1.15

設計與小論文題

14-143 試推導一個多用途的電腦程式，利用EES 

或其它軟體，此程式利用相似定律來設

計一個新的泵，其且與已知汞 (A) 為動力

相似。對泵 A 的輸入數據為直徑、淨水

頭、容量、密度、轉速與泵效率。對泵 B 

之輸入則為密度 (rB 可能與 rA 不同)、所

需淨水頭與所需容量。對泵 B 之輸出為

直徑、轉速與所需軸功率。利用以下數據

來測試你的程式：DA =  5.0 cm、HA =120 

cm、⋅V A =400 cm3/s、rA =998.0 kg/m3、
⋅nA =1725 rpm、hpump, A =81%、rB =1226 

kg/m3、HB =  450 cm、V B =2400 cm3/s。

以手算方式確認你的結果。 (Answer : 

DB =8.80 cm, ⋅nB =1898 rpm, bhpB =160 

MW)

14-144 對現存泵 (A) 進行實驗，得出以下BEP 

的數據：DA =10.0 cm、HA =210 cm、
⋅V A =1350 cm3/s、rA =998.0 kg/m3、
⋅nA =1500 rpm、hpump,  A =87%。你要

設計一個新的泵  ( B )，具有以下的條

件：rB =998.0 kg/m3、HB =570 cm、
⋅V B =3670 cm3/s 。應用習題 14-143 所開

發的電腦程式計算 DB (cm)、⋅nB (rpm) 與 

bhpB (W)，並計算泵比速率。該泵最可能

是什麼型式？

14-145 試推導一個多用途的電腦程式，利用 

EES 或其它軟體，此程式之原理係利用

相似定律來設計一個新的且與已知渦輪

機 (A) 為動力相似的渦輪機 (B)。對渦

輪機 A 的輸入數據為直徑、淨水頭、容

量、密度、轉速與制動馬力。對渦輪機 

B 之輸入則為密度 (rB 可能與 rA 不同)、

可用淨水頭與轉速。對渦輪機 B 之輸出

為直徑、容量與制動馬力。試利用以下

數據來測試你的程式：DA =  1.40 m、

HA =80.0 m、⋅V A =162 m3/s、rA =998.0 

kg/m3、 ⋅nA =150 rpm、bhpA =118 MW、

rB =998.0 kg/m3、HB =95.0 m 與  ⋅nB =120 

rpm。以手算方式確認你的結果。

 (Answer: DB =1.91 m,  ⋅
V B =328 m3/s, 

bhpB =283 MW)

14-146 對現有渦輪機  (A)  進行實驗，得出以

下數據：DA =86.0 cm、HA =22.0 m,、
⋅V A =69 .5  m 3/ s、r A =998 .0  kg /m 3、 
⋅nA =240 rpm、bhpA =11.4 MW。你要

設計一個新的渦輪機 (B)，具有以下的

條件：rB =998.0 kg/3、HB =95.0 m 與 
⋅nB =210 rpm。應用於習題 14-145 所開

發的電腦程式計算 DB (m)、⋅V B (m3/s) 與 

bhpB (MW)。計算渦輪機比速率。該渦輪

機最可能是什麼型式？

14-147 計算並比較習題 14-146 中兩台渦輪機的

效率。因為我們假設兩台水輪機為動力相

似，所以其效率應相同，但是較大的渦輪

機之效率實際上會比較小渦輪機效率稍微

高一些。利用穆迪效率修正方程式來預估

新渦輪機實際預期的效率，並討論之。


